
STEAM *TURBINES 




STEAM TURBINES 


EDWIN F. CHURCH, Jr., S B., S.M. 

Professor Emeritus of Mechanical Engineering 
Polytechnic Institute of Brooklyn 


THIRD EDITION 


NEW YORK TORONTO LONDON 

McGRAW-HILL BOOK COMPANY, INC. 

1950 


ALUM lOBttL UWW 



22753 


STEAM TURBINES 

Copyright, 1928, 1935, 1950, by the McGraw-Hill Book Company, Inc. Copy¬ 
right renewed 1956 by E. F. Church, Jr. Printed in the United States of America. 
All rights reserved. This book, or parts thereof, may not be reproduced in any 
form without permission of the publishers. 




THE MAPI.E PRESS COMPANY, YORK, PA. 



PREFACE TO THE THIRD EDITION 

In preparing this third edition, the author has largely rewritten the 
text and made some rearrangement, has deleted much material but as 
added much more, theoretical and otherwise, and has replaced most ol 
those drawings and photographs which represented practice now obsolete 
with examples of modern design and construction in turbine engineering. 
The increased size of the book is to be regretted, but so many requests 
were received for additional material in certain areas of individual interest 
that it was decided to broaden the scope of the book with the expectation 
that the instructor will omit such chapters or sections as he may desire 
in order to adjust the amount of study required to the scheduled length 
of a course. Many of the additions are of a nature to increase the value 
of the book for graduate use. 

In recent years much new material dealing with turbine research and 
developments in both theory and practice has been published in technical 
papers presented before professional engineering societies and in articles 
appearing in the technical press. Among the topic additions and enlarge¬ 
ments in the new text, based in part on selections from these sources, are: 
descriptions of improved experimental methods used, and results obtained 
in tests of nozzles and blades; more general treatment of blading theory 
and performance with various degrees of reaction; variations of fluid flow 
through nozzles and blades at different radii; twisted blades; elementary 
aerodynamic theory and its application to the design of turbine parts; 
effects of sonic or near-sonic velocities on the flow in turbines; vibrations 
of shafts, wheels, and blades, their effects and control; forms taken by 
turbines due to differences in steam and exhaust conditions, magnitude 
of output and use applications; forms taken by turbine structural ele¬ 
ments, and materials used in them to meet the special requirements pre¬ 
sented by high steam pressure and temperature, high speed of rotation, 
and large capacity; forms of governors suitable for turbines of various 
types and sizes; and performance data selected to cover a wide rang^ of 
sizes and types of turbines. .. «• 

The possibility of visits to turbine manufacturing plants, where details 
of turbine design and construction can be studied with satisfaction, is 
available to only a limited number of engineering students due to the 
small number of such plants. The author has therefore felt justified in 
including a considerable number of drawings and photographs showing 
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the construction of turbines and their details and coordinate descriptive 
material. 

Symbols have been brought into agreement with presently recognized 
standards, as far as practicable. 

References to other publications have been collected at the back of the 
book and are arranged by chapters, thereby eliminating them from foot¬ 
notes as well as making them more accessible. References have been 
largely limited to easily obtainable books, proceedings, journals, and 
technical periodicals in the English language. Many new references 
have been added for the benefit of those who wish to undertake more 
extended study in the field. 

Thanks are again due to the turbine manufacturing companies for their 
interested cooperation in supplying photographs and drawings of their 
recent products and in furnishing data and information. They have 
been given credit in the legends of the various figures. Thanks are also 
due to Joseph A. Lambertine and Carl J. Altio for their valuable assistance 
in reading the final manuscript. 

E. F. C., Jr. 

Brooklyn, N. Y. 

September, 1950 



PREFACE TO THE FIRST EDITION 


This book was prepared because the author experienced difficulty in 
finding a published text on steam turbines which was satisfactory for a 
short but thorough course for juniors or seniors in engineering colleges, 
following and applying the study of thermodynamics. Of many excellent 
books on the subject, the majority treat it too exhaustively for such class- 


The subject of thermodynamics is so widely taught today that it was 
not thought necessary to include even a brief review. A working knowl¬ 
edge of the ordinary steam cycles, the ability to use steam tables and 
charts, and familiarity with the ordinary laws of mechanics are assumed 
The opening chapter is intended to acquaint the reader with the general 
form and principal characteristics of a variety of turbines and with the 
meanings of the various terms to be used. Thereafter attention is cen¬ 
tered on the application of thermodynamic principles to the calculation 
of the flow of steam through the nozzles and blade passages of the turbine, 
the changes in its energy, pressure, and volume, and the various factors 
affecting efficiency. Many topics of interest and importance in turbine 
design have had to be omitted for the sake of brevity. 

Owing to the changes probable in steam table values on the completion 
of the work of the A. S. M- E. Committee on Steam Research and Exten¬ 
sion of the Steam Tables, no tables or charts have been included, as is 
usual with turbine texts. Comments on the various facilities now avail¬ 
able are made in Chap. II. 

Illustrative problems have been given at the end of the text, classified 
under chapter headings. Since it has been the author’s experience that 
classes progress most rapidly if problems are assigned sparingly during 
the early part of the text, extensive use is made of design problems only 
when Chap. VIII is reached. 

The author gratefully acknowledges his indebtedness to the General 
Electric Company, the Westinghouse Electric and Manufacturing Com¬ 
pany, the De Laval Steam Turbine Company, the Allis-Chalmers Manu¬ 
facturing Company, the Terry Steam Turbine Company, and the 
Ljungstrom Steam Turbine Company for supplying various data, draw¬ 
ings, and photographs. Many acknowledgments have been included in 
the text for the use of equations and data, and it is hoped that none has 
been overlooked. 

Thanks are also due to Professor Frank D. Carvin of the Polytechnic 
Institute of Brooklyn for his kind assistance in reading the proofs. 


Brooklyn, N. Y. E F C<> j r 

December , 1927 

•• 
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CHAPTER 1 

TYPES AND CHARACTERISTICS 


Turbines have developed to their present forms along various lines 
according to steam conditions, condensing water available, types of serv¬ 
ice, and requirements as to cost and economy; and this process is still 
going on, with all builders changing, experimenting with, and improving 
their product. There has been a growing amount of standardization of 
the smaller sizes of machines, but not until the urgent requirements of 
the Second World War forced it was there a serious attempt to standard¬ 
ize the operating conditions and certain physical characteristics of the 
units in the range from 11,500- to 60,000-kw rating. However, this 
standardization is not so rigid but that further development is continu¬ 
ally taking place, with the use of higher temperatures and pressures and 
improvements in heat rates, paralleling the continued improvements in 
improvement of the electric generator, condenser, and steam-generating 
equipment associated with the steam turbine in power plant use. C. B. 
Campbell of the Westinghouse Company states, “Design of large tur¬ 
bines never has been static and probably never will be.” 

Before studying the theories underlying the design of a steam turbine, 
it is obviously desirable to become acquainted with at least a few of the 
many types that have been evolved and to understand the meanings 
of the many terms that are customarily used to describe the types and 
the constructional details. Some descriptions will therefore be given, 
and as an aid in relating the various terms and for ease in later reference, 
they will be arranged in connection with a series of classifications of 
turbines according to their various characteristics. 

1*1. Definitions 

A steam turbine may be defined as a form of heat engine in which the 
energy of the steam is transformed into kinetic energy by means of 
expansion through nozzles, and the kinetic energy of the resulting jet is 
in turn converted into force doing work on rings of blading mounted on 
a rotating part. 

The usual turbine consists of four fundamental parts: the rotor which 
carries the blades or backets; the stator consisting of cylinder and casing, 
which are often combined and within which the rotor turns; the nozzles 
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or flow passages for the steam, which are generally fixed to the inside of 
the cylinder; and the frame or base for supporting both the stator and 
the rotor, the latter being carried in bearings. Cylinder, casing, and 
frame are often combined, particularly in small turbines. Accessories 
necessary for the successful continuous commercial operation are a con¬ 
trolling or governing system for adjusting the energy supply to the turbine 
to suit the load to be carried and for maintaining constant speed, a 
lubricating system, piping for steam supply and exhaust, and (for econom¬ 
ical power generation in large quantities) a condensing system. 

1-2. Classifications of Steam Turbines 

Steam turbines may be classified in the following ways: 

A. With respect to form of steam passage between the blades (sec Figs. 1*1 to 16): 

a. Impulse 

1. Simple, or single-stage 

2. Velocity-stage, Curtis 

3. Pressure-stage, Ratcau 

4. Combination pressure- and velocity-stage 

b. Reaction, Parsons 

c. Combination impulse and reaction 

B. With respect to general arrangement of flow: 

a. Single-flow 

b. Double-flow 

c. Compound, two- or three-cylinder, cross- or tandem-connected 

d. Divided-flow 

C. With respect to direction of steam flow relative to plane of rotation: 

a. Axial-flow 

b. Radial-flow 

c. Tangential-flow 

O. With respect to repetition of steam flow through blades: 

а. Single-pass 

б . Reentry or repeated flow 

E. With respect to rotational s|Jeed: 

a. For 60-cycle generators 

b. For 50-cycle generators (European practice) 

c. For 25-cycle generators 

d. For geared units and for direct-connected or electric-drive marine units, no 
especial speed requirements 

F. With respect to relative motion of rotor or rotors: 

a. Single-motion 

b. Double-motion 

G. With respect to steam and exhaust conditions (see sketches in Fig. 1*7, correspond¬ 
ingly lettered): 

а. High-pressure condensing 

б . High-pressure noncondensing 

c. Back-pressure 

d. Superposed or topping 

e. Mixed-pressure 
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/. Regenerative 

g . Extraction, single 

h. Extraction, double 

i. Reheating or resuperheating 

j. Low-pressure 

These will now be considered in detail. 

1-3. Turbine Characteristics 

A. With Respect to Form of Blade Passages. Impulse Turbine. 
The complete meaning of this term as applied to turbine blading will be 
considered later; for the present it may be defined as a system in which 
all steam expansion takes place in fixed nozzles and none occurs in pas¬ 
sages among moving blades. 

A single-stage or simple-impulse turbine is one of the simple forms and 
is shown diagrammatically in Fig. M. Here the steam expands from 
its initial to its final pressure in one nozzle (or one set of nozzles, all 
working at the same pressure), resulting in a steam jet of high velocity 
which enters the blade passages and, by exerting a force on them due to 
being deflected in direction, turns the rotor. Energy of all forms remain¬ 
ing in the steam after it leaves the single row of blading is lost. 

In the line diagrams representing the steam actions in this and the 
following types (Figs. 11 to 1-6), different lines represent the drop in 
pressure, the increase in volume, and the variation in velocity. As the 
descriptions are read and the diagrams compared, it will be noted that 
the steam volume increases whenever the pressure decreases, but the 
resulting velocity changes depend on the type of turbine. As a matter 
of fact, these velocity changes are distinguishing characteristics of the 
different types. 

A velocity-stage impulse turbine (illustrated by Figs. 1-10 to 1-14 and 
118 and shown in diagram in Fig. 1*2) has one set of nozzles , with sev¬ 
eral rows of blades following it; two in Fig. 1*18, and three in Fig. 1*2. 
In passing from the nozzle exit through one set of blades, the velocity of 
the steam is lowered by virtue of the work done on the blades but is still 
high. It then passes through a row of fixed guide blades which change 
the direction of the steam until it flows approximately parallel to the 
original nozzle direction, discharging it into a second row of blading 
fixed to the same wheel. This second row again lowers the steam velocity 
by virtue of the work delivered to the wheel. A second set of guide 
blades and a third row of moving blades are sometimes used (Figs. 1-2 
and 1-18). 

In Figs. 110 and 1 11 the steam enters through a steam strainer and 
governor valve into a steam chest supplying the various nozzles spaced 
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around a portion of the periphery. Individual nozzles may be opened 
or closed by a handwheel on the stem of the nozzle-control valve. The 
turbine wheel (Fig. 112a) is mounted on a shaft which passes through 
the casing to hearings outside, carbon packing being used in the shaft 
glands of this turbine to maintain steam tightness. The governor is 
mounted on the right-hand end of the shaft and operates the balanced- 
piston governor valve through a lever and link. On the left end of the 
shaft goes the coupling for attaching the driven machinery. In Fig. 
1-126 are shown details of the nozzle plate and guide vanes, the latter 
in this case being bolted to the inside of the steam chest. In Fig. 6*22 
is shown an equivalent arrangement from a large turbine, the nozzles in 
this case being contained in a curved nozzle plate secured to the face of 
the nozzle chamber; the guide blades are also attached to this chamber 
as shown. Figure l-12a shows the rotor assembly from Fig. 1-11, and 
the form and method of attachment of the blading are indicated. Observe 
also stage 1 in Fig. 4-8, in which N is the nozzle plate and C the guide 
blading. Figure 6-23 shows velocity-stage arrangements in detail. The 
preceding descriptions also apply to Figs. I*13 and 1-14. 

A pressure-stage impulse turbine of three stages is shown in the diagram 
of Fig. 1-3. Each of a series of chambers formed by parallel disc-shaped 
partitions called diaphragms has a simple-impulse turbine inclosed in it, 
all wheels being fastened to the same shaft. Each chamber receives the 
steam in turn through groups of nozzles placed on arcs, the last chamber 
discharging to the condenser. The pressure drop is divided into as 
many steps as there are chambers, each being called a pressure stage. 
The resultant steam velocity in each stage is relatively small, allowing 
reasonably low blade velocities and preventing excessive loss by steam 
friction. Figure 1-3 shows that the steam pressure drops in each stage 
and that the steam volume increases; the steam velocity is high at exit 
from the nozzles and is low at exit from the blades. This arrangement is 
sometimes termed a Rateau turbine, and the separate stages, Rateau stages. 

Turbines with combinations of pressure and velocity staging are widely 
used and are of several sorts. In Fig. 1-3, it is evident that the wheel 
in each pressure stage might have two (or even three) rows of blades 
instead of one; the rotor of such a turbine is shown in Fig. 1-17 and in 
the corresponding diagram in Fig. 1-4. The turbine has as many pressure 
stages as there are wheels, and each pressure stage has as many velocity 
stages as there are rows of blades on the wheel in that stage. This 
arrangement results in a small, short, and cheap turbine, at more or less 
sacrifice of efficiency. Commercial turbines of this type are called Curtis 
turbines, after the original inventor, and the individual pressure stages, 
each with two or more velocity stages, are often called Curtis stages. 
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In Fig- 116 is shown a turbine having four pressure stages, the first 
being provided with Curtis or two-row velocity-stage wheels, and 
the remaining two with single-row wheels. The most widely used com¬ 
bination at the present time has numerous pressure stages, with a two- 
0 w velocity stage on the first wheel only. This wheel may have a 
diameter that is smaller (Fig. 115), equal to (Fig. 1-8), or larger (Figs. 
1-9 and 1-42) than the immediately following single-row wheels. Figures 
18 and 1-42 should be carefully studied as representative of this impor¬ 
tant turbine type. 

Reaction or Parsons Turbine. In the turbines so far described, the 
steam expands only in fixed nozzles and flows through passages between 
blades arranged in rows, transferring its kinetic energy to these rows of 
blades and causing them to rotate against resistance. In the widely 
used reaction turbine proposed and first built by Sir Charles Parsons, 
the steam decreases in pressure and expands while it is passing through 
the moving blades as well as in its passage through the fixed nozzles. 
Just how this is brought about will be studied presently, but it results 
in a radically different form of turbine, as illustrated in the diagram of 
Fig. 1-5 and in Figs. 1-25 to 1-28, 1-32, and 1-35 to 1*36. There are no 
wheels, but blades are set in rows on the surface of a rotor in the form 
of a cone (Figs. 1-25 and 1*35) or in the form of a cylinder combined with 
one or more cones (Fig. 1*32). In any of the forms, the rows of blades 
on the rotor (Fig. 1*26) pass between rows of similar blades (called 
vanes) set on the internal surface of the cylinder or casing (Fig. 1*27). 
As the steam flows from inlet to exhaust it expands greatly; hence both 
moving blades on the rotor and fixed vanes on the stator increase in 
height from row to row, and the diameters of the rows also progressively 
increase. The balancing pistons at the right in Figs. 1-25 and 1-35 and 
near the foreground in Figs. 1-26 and 1-36 are for the purpose of counter¬ 
balancing the axial thrust due to steam pressure, as will be explained later. 

The fixed vanes and the moving blades are often of the same form 
(Figs. 7-1, 7-4), but toward the low-pressure end they usually appear very 
different (Figs. 714 and 715). Figures 712 and 716 show the moving 
blades assembled in the rotor, and the sketch in Fig. 7-13 shows the 
relative position of the moving blades and fixed vanes. The clearance 
between the tips of the blades and the rotor or the cylinder must be kept 
carefully at the minimum allowable value during the process of manu¬ 
facture, and in operation the rotor must be maintained accurately in its 
proper axial position. 

The turbines shown in Figs. 1-25 and 1*35 are both really impulse- 
reaction turbines , since a velocity-stage impulse wheel precedes the reac¬ 
tion stages. This is the usual combination in all central-station turbines 
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except certain machines which handle very large quantities of steam, in 
which case the two-row wheel may be omitted. The principal reasons 
for using the less efficient two-row wheel in place of the appropriate 
number of single-row stages are that it shortens the turbine, decreases 
the portion of the cylinder exposed to high pressure and temperature, 
and offers certain advantages in connection with governing, to be dis¬ 
cussed later. 

B. With Respect to General Arrangement of Flow. In single-flow 
turbines the steam enters at one end, flows once through the blading in 
a direction approximately parallel to the axis, emerges at the other end, 
and enters the condenser. This is the most common arrangement in 
small and moderately large turbines. The turbines of Figs. 1*8 to 1-20, 
1-25, and 1 -35 illustrate this arrangement. 

In double-flow turbines, which are generally low-pressure machines, the 
steam enters at the center and divides, the two portions passing axially 
away from each other through separate sets of blading on the same rotor. 
This type of unit is completely balanced against end thrust and gives 
large area for flow through two sets of low-pressure blading. Figure 
1 *34 shows a view of a large double-flow rotor, and Fig. 1-40 shows a 
section through a double-flow low-pressure turbine unit. In these tur¬ 
bines the two low-pressure exhausts are brought together within the 
casing and led to the condenser; in some cases, separate exhaust connec¬ 
tions are used for the two ends. 

Compound turbine is the term applied to a machine in which the steam 
passes in sequence through two or more separate units, expanding in 
each. Most often the high-pressure and the intermediate-pressure por¬ 
tions are in one casing and the low-pressure portion in another. Two 
units may be arranged tandem compound, in line on the same shaft and 
driving the same electrical unit, or cross compound, on separate shafts 
and driving separate electrical units. In the latter case, the low-pressure 
unit may rotate at a lower speed (Figs. 1 -39 and 1-40), which is advan¬ 
tageous for handling large steam flows, but the speeds must have a 
certain definite relation dictated by generator frequency requirements. 
The two units of the cross-compound turbine are operated as one, being 
held rigidly in step by the electrical phase relation. Figures 1-37, 1-38, 
1-41, and 1-49 show tandem arrangements, and Figs. 1-39 and 1-40 the 
units of a cross compound. A vertical- or steeple-compound machine is 
shown in Fig. 1-52; this 110,000-kw machine was placed in the space made 
available by the removal of one 12,500-kw old machine, in the plant of 
the Ford Motor Company. Tandem-cross-compound arrangements are 
also possible, as in Fig. 13-17, where the high-pressure unit and its gen- 
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erator are on one shaft and the intermediate- and low-pressure units are 
arranged tandem and drive two generators. 

The two units of a cross-compound turbine may be gear-connected to 
a single generator or to a single propeller shaft. In some marine installa¬ 
tions, separate high-, intermediate-, and low-pressure units have been 

gear-connected to a single propeller shaft. , . . , ... 

Various divided-flow arrangements have been used m the past, wit 
splitting of the flow of partially expanded steam from the high or inter¬ 
mediate sections between two other units. These are now little used in 
stationary practice, but in marine installations, where two propellci 
shafts must be driven independently but at approximately equal speeds, 
except when maneuvering, they find application. 

One form of divided flow called Baumann blading was formerly used 
to a limited extent for increasing the effective flow area at the last stage 
without going to the expense of a double-flow low-pressure unit. Refer¬ 
ring to Fig. 1-64, just previous to the final expansion, the flowing stream 
is divided into three annular streams or tubes by ring partitions F, J } and 0. 
The steam in each of these annular streams is expanded successively to 
condenser pressure and passed through blading to the condenser, the 
outermost tube first through /, the middle one through H t K , and N, 
and the innermost one through H, L, M, P, and Q. Some leakage occurs 
through the clearances between the moving blades // and M and the 
annular partitions, but it is of minor consequence on account of the large 
specific volume of the steam flowing. A disadvantage of the construc¬ 
tion is the considerable increase in length of the rotor necessitated by 
it; also the losses accompanying the passage of steam through the inner 
zones proved to be greater than the portion of the leaving loss it was 
intended to obviate. 

C. With Respect to Direction of Steam Flow Relative to Plane of 
Rotation. Axial flow signifies steam flow substantially parallel to the 
axis of rotation, among blades which are set radially. This is the only 
arrangement used in medium and large turbines and is generally used 
in small turbines also. It provides opportunity for almost any desired 
degree of expansion of the steam by increase in the length of the blades 
and the diameter at which they rotate, coupled with increase in the 
number of rows of blades. All of Figs. 1*7 to 1-55, except Figs. 1*21 to 
1-24, are axial-flow turbines. 

Attention may be called here to the fact that in no turbine does the 
steam whirl around with the rotating part, except to a limited degree. 
It is also important to realize that the length of time required for a given 
particle of steam to pass through the turbine is exceedingly brief, being 
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only a few hundredths of a second. Finally, steam turbines cannot be 
reversed in direction of rotation as can reciprocating engines. In loco¬ 
motive and marine propulsion with mechanical drive, separate backing 
or astern turbines must be provided if a shaft is to be capable of reversed 
rotation. 

Radial flow is obtained when the steam enters at or near the shaft and 
flows substantially radially outward among blades which are placed 
parallel to the axis of rotation. In one turbine of this type, the Ljung- 
strom turbine, illustrated in principle in Figs. 1-60 and 1-61, successive 
rings of blades are attached alternately to two discs mounted on separate 
rotors, these rotors turning in opposite directions on the same axis and 
driving separate generators. Figure 1-GO shows sections through the 
blading, and Fig. 163 shows a view of the turbine and the inner or 
commutator ends of the two generators driven by the turbine rotors. 

Steam enters through openings near the axis in the two discs (not 
through hollow shafts as represented in Fig. 1-60) and passes radially 
outward over the whole 3G0 deg through the successive blade rings. At 
first the increase of flow area naturally provided by the increasing cir¬ 
cumference of the blade rings is too great, and the blade lengths have 
to be diminished; then the steam begins to expand at a greater rate, 
requiring longer blades. Figure 1-G2a shows that, for condensing tur¬ 
bines where the steam specific volume is great, the blades tend to become 
so long that they would deflect badly, and in addition the direction of 
steam flow would deviate greatly from the radial direction. Figure 1-626 
shows a method of subdivision which obviates these difficulties. In 
turbines of larger power, the maximum flow area obtainable by this 
method is still insufficient, so that radial blades are necessary and the 
construction becomes still more complicated. 

There are no fixed nozzles, so that expansion takes place in both sets 
of blades and the turbine is almost necessarily of the reaction type. 
Owing to the high relative velocity of the alternate rows of blades rotat¬ 
ing in opposite directions, only a moderate number of rows is required 
for complete expansion with high efficiency. The principle is attractive, 
and the mechanical problems have been ingeniously solved, but the 
elaborate packing required to limit leakage, the high cost of construction, 
and the limitation on the size which can be built, however, have all 
hindered development, and therefore few of these machines are in use 
in this country. 

Tangential flow is the term applied when the steam enters through a 
nozzle placed approximately tangent to the periphery and directed into 
semicircular buckets milled obliquely into the edge of the wheel. Coupled 
with this is the action of a reversing chamber fitted closely to, but not 
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touching, the periphery of the wheel, which has similar buckets milled 
into it (Figs. 1*23 and 1 -24). These latter receive the steam discharged 
from the wheel buckets and return it again a number of times to the 
wheel buckets in the proper direction to produce additional work, the 
steam following an approximately helical path. Any number of nozzles 
may be used, each with its reversing chamber, up to that number which 
will completely fill the periphery. This type of flow is also called helical. 

p With Respect to Repetition of Steam Flow through Blades. Single 
Pass, and Reentry or Repeated Flow. Practically all turbines are single 
pass except the tangential-flow type just described and the reentry 
turbine, illustrated in Figs. 1-21 and 1-22. In Fig. 1-22 the blades are 
set radially, and the steam, after passing through them once, following 
its discharge from the nozzle, is returned by a reversing chamber and 
again sent through them. Figure 1 -21 shows such a turbine wheel driv¬ 
ing a generator by single-reduction gearing; the nozzle and reversing 
chamber appear at the lower right-hand portion of the sectional view. 

Reentry turbines also fall into the velocity-stage classification. 

E. With Respect to Rotational Speed. GO -cycle, 50 -cycle, and 25 -cycle 
Generators, Directly Connected to Turbines. Rotational speed require¬ 
ments are extremely rigid in turbines which are direct-connected to 
electric generators, as these must be a-c units, except in the smallest 
sizes, and must therefore run at speeds corresponding to the standard 
numbers of cycles per second, or 


rpm 


120 X number of cy cles per second 
number of poles 


A two-pole unit for GO-cycle service runs at 3,600 rpm, and this is the 
maximum possible speed, as no generator can have less than two poles. 
A four-pole machine runs at 1,800, a six-pole at 1,200, and an eight-pole 
at 900 rpm. For 25-cycle current, a two-pole machine runs at 1,500 
and a four-pole at 750 rpm. For 50-cycle current, standard in Europe 
and somewhat used in the United States, the speeds would be 3,000, 
1,500, and 750 rpm. 

Geared units may have practically any speed ratio between the turbine 
and the driven machine, so that the turbine may be designed for its own 
most efficient speed. Many small-capacity geared outfits are used to 
drive small generators, fans, pumps, etc., and a few large ones are used 
for electric generators, but practically the only field for the large geared 
unit has been in ship propulsion, where high propeller efficiency requires 
slow or moderate propeller speed (90 rpm for slow-speed ships up to 
450 rpm for those of high speed). Single-reduction gearing, consisting 
of a pinion on the turbine shaft running with a large gear on the propeller 
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shaft, is used for moderate-speed reduction, say, 8 or 9 to 1. In double- 
reduction gearing, another pinion and gear are added in series, allowing 
a speed reduction of 60 or 80 to 1. Figures 116 and 1-18 illustrate 
single-geared arrangements; Fig. 8*19 a double-geared outfit. 

F. With Respect to Relative Motion of Rotor or Rotors. Single¬ 
motion Turbine. All the turbines illustrated in the text except the type 
shown in Figs. 1-60 to 1-63 have only one rotor in each casing or cylinder 
and are single-motion turbines. 

Double-motion Turbines. Besides the radial-flow double-motion tur¬ 
bine having two rotors turning in opposite directions and well illustrated 
by the Ljungstrom turbine shown in Figs. 1-60 to 1*63, axial-flow double¬ 
motion turbines are occasionally used. Two ordinary axial-flow wheels 
carrying single rows of blading pointing in opposite directions are mounted 
separately on concentric shafts, one being hollow. Steam issuing from 
the nozzles passes through the blading on one wheel and on exit imme¬ 
diately enters the blading on the second wheel, which turns in the oppo¬ 
site direction. The arrangement allows large power to be produced by 
a light and compact machine and has been used for propelling naval 
torpedoes, the working fluid being highly compressed and heated air. 
The two propellers turn in opposite directions, one being mounted on 
the hollow shaft and placed slightly ahead of the other. 

G. With Respect to Steam and Exhaust Conditions. High-pressure 
condensing turbines, built in the largest sizes for power-plant use, and 
of the highest efficiency, are supplied with steam of high pressure and 
temperature and small volume and exhaust it at very low pressure and 
large volume. This great increase in steam volume calls for short blades 
at the high-pressure end and very long ones at the low-pressure end 
(Figs. 1 15, 1-20, 1 25, 1-32, 1-35, 1-41, etc.). 

High-pressure noncondensing turbines are used where water for con¬ 
densing purposes is unavailable or where all the exhaust steam at atmos¬ 
pheric pressure can be used for factory processing or for heating. The 
steam volume at exhaust is moderate. These turbines are built in small 
or moderate sizes only (Figs. 1-10, 1*13, 118, 1 -21, 1 -24, and T43). 

Back-pressure turbines are used to furnish large quantities of steam at 
a fixed pressure for industrial purposes, generating as a by-product power 
which is dependent in amount on the demand for heating steam. They 
must operate in parallel with another power source which will make up 
the total amount needed. 

Superposed or Topping Turbines. Another use of high-pressure non¬ 
condensing turbines is for superposition on turbine installations of mod¬ 
erate pressure (Figs. 1-44 to 1-46). For example, an existing plant using 
steam at 400 lb and 750 F and having a 29-in. vacuum might be fur- 



TYPES AND CHARACTERISTICS 


11 


• h-H with a new boiler equipment supplying steam at 1,250 lb and 
"‘ n F d T he new high back-pressure unit would exhaust steam into the 
” • bLk pJuT-iol. »ouk> v«y »ith *■» load bo. 

would be kept safe for the old units. - ... 

Mixed-pressure turbines are supplied with steam not only from ^ h,g 
pressure source but also with low-pressure or exhaust steam, generally 
from another engine or turbine. The low-pressure steam enters and 
joins with the high-pressure steam after the latter has passed a num er 
of rows of blades and has expanded down to the pressure at wh.ch the 
low-pressure steam is ordinarily received. Generally the low-pressure 
steam is expected to furnish most of the energy, the controlling system 
supplying steam from the high-pressure source to the high-pressure end 
only when the load requirements are greater than can be met by the 
low-pressure steam alone. 

Regenerative turbines, practically always condensing, are in one sense 
the reverse of the above; all the steam is received from a high-pressure 
source, but at one or more points before the steam has expanded to 
the lowest pressure it is withdrawn or bled at intermediate pressures. 
Thus several supplies of steam at different temperatures are provided 
which are used for heating feed water by stages, the feed water going 
first through a heater supplied with bled steam at the lowest tempera¬ 
ture, then progressively through heaters that are supplied with steam 
from bleed points at higher and higher temperatures. This is called 
regenerative feed heating , and use of the term should be restricted to the 
cases where all of the bled steam is used for heating, none being with¬ 
drawn for industrial purposes. Practically all large multistage turbines 
operate on the regenerative cycle. 

Extraction turbines are utilized in manufacturing plants where steam 
is required for manufacturing purposes in addition to power production. 
A plain- or nonautomatic-extraction turbine has a bleed or extraction 
opening part way down in the expansion, from which some of the steam 
flow can be drawn, the remainder passing on to the turbine exhaust. 
The pressure of the extracted steam will, however, vary with the load. 
To control the pressure, an automatic valve inside the turbine just below 
the extraction opening controls the flow from that point to the exhaust. 
When much steam is being extracted, the pressure tends to fall; the 
extraction valve automatically moves toward the closed position until 
the reduction of flow past it raises the pressure to the desired point, 
supplying more steam to the extraction line. If less extraction steam 
is used, the pressure rises, and the opening of the automatic valve allows 
more steam to flow to the turbine exhaust. If no steam is extracted, 
the valve is opened wide and the turbine operates as a straight high- 
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pressure condensing unit (Figs. 1*54 to 1*56 and Fig. 1*59). A second 
extraction may he provided, from which steam at a different pressure 
may be drawn. Figure 1 *53 shows a turbine with three extraction open¬ 
ings, but the absence of extraction valves makes this nonautomatic 
extraction. 

The demands on these units are so different from those made on central- 
station turbine generators that they are sometimes called industrial tur¬ 
bines in distinction. Their variety is enormous, owing to differences in 
initial and exhaust conditions, differences in the relative quantity of 
power and process steam needed, and differences in the requirements as 
to constancy of turbine speed and of process-steam pressure. Their 
governing systems in particular become complicated. 

Reheating turbines have been provided to meet the demand for more 
economical power-plant operation. High-pressure steam is expanded 
in a turbine to an intermediate pressure, then is withdrawn and sent 
back to the boiler room for reheating (resuperheating), thus increasing 
its enthalpy at the lower pressure, and is then returned to the turbine 
to complete its expansion. This results in a turbine divided into two 
parts. Figures 1*47 to 1*49 show examples where the two parts are in 
one casing; Fig. 1*52, an example where there are two casings; and Fig. 
13-17, a case where three units, high-pressure, intermediate-pressure, and 
low-pressure, are used, the steam being reheated between the high- 
pressure and the intermediate-pressure units. Provision may be made 
for a second or a third reheating, but at the lower pressures the steam 
volume is so large that the piping and control valves become large and 
expensive and the economic advantage doubtful. 

Low-pressure or exhaust turbines have come into use in several ways. 
First, when very large powers are required from a single machine, it is 
sometimes advisable to divide the total expansion of the steam into two 
stages in separate casings, resulting in a high-pressure and a low-pressure 
unit (Figs. 1-37, 1*38, 1-40, and 1 *49). In some cases, two low-pressure 
units divide between them the steam from one high-pressure turbine. In 
Fig. 13*17 is shown a case where the total expansion is carried out in 
three units, a high, an intermediate, and a low pressure. Second, in the 
stage of transition from reciprocating engines to turbines, low-pressure 
units were installed to receive the exhaust from reciprocating engines at 
about atmospheric pressure and, through their ability to utilize high 
vacua, were able to generate a large amount of additional power at high 
economy. Third, certain power requirements, as in steel-rolling mills, 
are best served by a reversing unit, and, as turbines cannot be reversed, 
a reversing reciprocating engine is used, operating noncondensing. This 
periodically furnishes large quantities of atmospheric exhaust steam 
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which, passed through a heat-storage device called an accumulator , can 
efficiently operate a low-pressure or exhaust turbine. 

Low-pressure turbines are generally, though not necessarily, made 

double flow. 

1-4. Comparison of Impulse and Reaction Turbines 

While distinctions between these, both in principle and applications, 
were originally made the basis of many patents and much competition, 
these restrictive rights have largely expired. The forms of construction 
developed by the proponents of each system have been retained by them 
to a considerable extent, mostly because of the costly and valuable experi¬ 
ence they have acquired in developing their chosen types. However, 
applications of the principles generally called reaction and impulse often 
appear in the same turbine, and either is adopted without hesitation as 
may best suit a particular design, size of unit, or place in a unit. Impulse 
turbines of low output are less costly and more efficient than reaction 
turbines, but with increase of size these differentials disappear, and in 
the large sizes there is little to choose as to efficiency or as to cost for 
equal efficiency. High efficiency is expensive in either type, but it cannot 
be said that either has any absolute superiority. Other bases for com¬ 
parisons of the two types will appear in later sections. 

1-6. Comparison of Steam Turbines with Steam Engines 

The advantages of large steam turbines over large reciprocating engines 
are very great. They occupy less space, permit smaller buildings and 
foundations, their original and maintenance costs are less, their economy 
is greater (in part owing to their ability to use high vacua and high 
superheats), and they may be built in units of far greater output, reduc¬ 
ing greatly the cost of attendance. Engineers engaged in designing small 
plants often find, however, that it is there preferable to use reciprocating 
engines, on account of the better economy of small engines than small 
turbines and the disadvantages of the reduction gearing usually neces¬ 
sary in applying small high-speed turbines to industrial uses. The 
reverse is usually true, however, and reciprocating engines of all sizes 
have been scrapped and replaced by turbines long before their useful 
lives were over. When it is admitted therefore that certain difficulties 
still meet the designer, the builder, and the operator of steam turbines, 
it is not to be understood that- the overwhelming superiority of the tur¬ 
bine to the reciprocating engine for-most power-plant purposes is in any 
way questioned. 

Not all the advantages that the turbine possesses have been secured 
at once, and the improvements in steam-turbine design and construction. 



14 


STEAM TURBINES 


rapid as they have been, have required the development of new methods 
in forge and foundry practice, the design and construction of massive 
shop equipment capable of finishing parts to a degree of accuracy for¬ 
merly thought entirely impracticable, the production of a multitude of 
metals having certain very special properties, and the accumulation of 
a vast amount of information drawn from practical experience, experi¬ 
mental investigation, and scientific research. Experience in operation 
has also been an important factor, and there has been close cooperation 
between the large builders and the large users of steam turbines. The 
result is that the manufacture of turbines, except in the smallest sizes, 
is in the hands of a few large manufacturers who have been able to survive 
the expense of this development work and who, as a result, have in their 
possession an enormous amount of turbine design data. 

1-6. Steam-turbine Operation and Maintenance 

The operator is usually as much interested in reliability as he is in 
economy, and the removals of turbines from service, or “outages” as 
they are called, are due more to “rubs” or their effects than to any 
other cause lying in the turbines themselves. The speed of wheel rims 
relative to the adjacent stationary parts varies from 400 to 1,500 or 
more feet per second; if contact does occur, so much heat is generated 
almost instantaneously that the deflection which caused the initial rub 
is apt to be increased owing to warping of the unevenly heated metal, 
sometimes resulting in the complete destruction of the unit. These rubs 
may result from one of several causes, even in a turbine which is properly 
designed in the first place: (a) improper adjustment of the rotor in its 
axial position; (6) unbalance of the rotor, producing excessive vibration 
and deflection; (c) sudden wear of the thrust bearing which holds the 
rotor in axial location or of the bearings supporting the rotor, caused by 
failure of the lubricating system; and (d) rapid changes in tempera¬ 
ture produced by sudden changes in load conditions, causing unequal 
expansion. 

In improperly designed or constructed turbines, the relative expansion 
of the rotor and casing may be so much that with the clearance originally 
provided, it is impossible to have any adjustment that will surely prevent 
rubbing under all operating conditions. Also the discs or diaphragms 
may be mechanically weak and may deflect under centrifugal force or 
steam pressure, respectively. The wheels particularly will also vibrate 
under certain conditions which must be avoided. 

Corrosion and erosion of the blades and nozzles will usually necessitate 
their replacement after a period of service whose length depends on the 

(Text continued on page 50.) 
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Fio. M. Simple Fio. 1-2. Velocity stage. Flo. 1-3. Pressure stage, 
impulse. ( Curtu .) ( Rateau .) 



Fio. 1-4. Pressure and velocity stage. Fio. 1-5. Reaction. ( Parsoru .) 

(Curtu.) 



Fio. 1 - 6 . Combination velocity stage and reaction. 

Oiaorams Representing Flow through Various Kinds of Blading 
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Conventional arrangement 
Steam Inlet ^_1_ 


(a) High pressure, straight condensing 
Steam inlet 



Exhaust 
to process 
Or heating 

(b) High*pressure # non-condensing 
Steam Inlet 



Steam inlet 


Exhaust 

(c) to processor 

(d) existing equipment 

(c) Back-pressure (d)Superposed 



Exhaust 

Steam bled at desired pressure for to process 
process or existing equipment or heating 
(g) Single extraction 


Steam inlet 


Steam in from 
_ reheater 


Exhaust 

St com bled at desired pressures for to process 

process or existing equipment or heating 

(h) Double extraction 


Steam inlet 




Steam out to Exhaust to Exhaust to 

reheater condenser condenser 

(t) Resuperheafing (j) Low pressure 

Fio. 1-7. Diagrams of internal arrangement and flow sequence. 
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Fio. 1 


. iiii . i . . 

Stage I ' 2 3 4 5 6 7 0 9 10 

Fio. 18. Steam path diagram of typical impulse condensing turbine, axial and tangential 
sections. (General Electric Company.) 


(General Electric Company .) 


Rotor of 13-stage impulse condensing turbine. 
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Emergency stop 


Carbon 

packing 












Fig. 1* 121*. Velocity-stage nozzle plate and intermediate guide vanes. (/)*• Larul Steam 
Turbine Company.) 







Fig. 1 * 16 . Four-stage impulse turbine with geared drive; bottom half and rotor. (TVe«f>n0- 
houae Electric Corporation.) 










I'i(i. 1-18. Velocity-.**!age impulse turbine with seared drive: section. (Moore Slcom 

Turhine f’orporation .» 
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Fio. 1-25. A 15.000-kw 3,600-rpm condensing impulse-reaction turbine; section. The following seven figures show various stages i 
the manufacture of this turbine. ( Allxt-Chalmers Manufacturing Company.) 


















t**y 







20 



I n.. 1-31. A completed installation of the turbine in Fig. 1-25. (.l//iWMm«r* 1 /„„„ 
facturxng Company.) 
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I'm;. KW. Low-pressure u zzlc* for 107.0OO-kw 1.800-rpm condensing tandem-compound 
impulse-reaction steam turbine. (Allii-Chalmer* Manii/acluriuo (’omimny.) 



K,ci - , * 34 ’ Double-flow low-pressure rotor of a 147 . 000 -kw 1 . 800 -rpm condensing tandem 

compound turbine. (Allts-t halmrrg MnnufnHuriny Company.\ 




Flo. 1-35. A 30,000-kw 3,600-rpm single-cylinder turbine. 850 psig. 900 F. 28' ± in. Hg vacuum; section. (Westinghouae Electric Corporation.) 
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Fio. 1-39. A 150,000-kw 850 psig 900 F cross-compound turbine: section of 3,600-rpm high-pressure element. (Weatinghousc Electric 
Corporation.) 








‘//////A 


















Kit*. Ml. A 25.000-kw a.OOO-rpm 21-stage tandcm-compound impulse turbine will 
single-row control stage; rotors in bottom halve* of casing- ((line ml KUcIric Company.) 


In.. I -42. A Prefer red-standard 11.500-kw or 15.000-kw 3.000-rptn impulse turbine; 
section. (General fclrrlric Company.) 
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Fro. 1-43. A 14-stage high hack-pressure turbine; section. (General Electric Company.) 
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Company) ^ 35,00 °' kw 1,800_rpm l9 - sla * e reheating turbine; section. (General Electru • 












Fio. 1-48. A 60,000-kw reheat turbine. 3.600 rpm. tandera-coinpound. double flow; section 
of high-pressure cylinder. Initial conditions, 1.450 psig. 1000 F, reheated to 1000 F. 
Condenser pressure. \'A «n. Hg. (I Vftinghouoc Electric Corporation.) 


Fio. 1 40. An 80.000-kw reheat turbine. 3.600-rpm tandcin-compound; high-pressure 
reheat element reverse flow, and low-pressure element double flow; section. (General 


Electric Company.) 
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L.P. Exhaust L.P Exhaust 

Fio. 1-52. A 110,000-kw 1,800-rpm vertical- or steeple-coinpound reheating-type impulse turbine; section. (General Electric 
Company.) 










Ira. 1-53. A 16-stage nonautomatic-extraction impulse condensing turbine with three extraction points; section. (General Electric 
Company.) 
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Fio. 1-55. A 4,000-kw 3.600-rpm automatic-extraction or mixed-pressure reaction con¬ 
densing turbine; section. (Allis-Chalmers Manufacturing Company.) 
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SECTION A-A 

Fio. 1-56. Details of poppet-type extraction valves and diaphragm of turbine in Fig 1*65. 
( Allis-Chalmers Manufacturing Cum/tany.) 



type ® x ^ctio'n ** - 
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Fio. 1-59. A 12-stage single-autouiatic-extraction impulse condensing turbine; sectiou 
(H'ortAintrfon Pump anti Machinery Corporation .) 
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Diagram of u radiul-flow turbine. 


Diugrum showing radial-flow-turbinc driving generators. 


View of radial-flow turbine 
(Ljungstrom Steam Tut 
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conditions of operation. In some cases, this has not happened within 
the commercial life of the machine; i.e., the machine has become obsolete. 
The economy of units seems to hold up fairly well through years of 
service, corrosion and erosion causing a small reduction with age as does 
the increased leakage due to increased clearance. 

Mechanical losses are small; hence the mechanical efficiency is high; 
and while perfection of the lubricating system is practically essential for 
successful turbine operation, when once it is attained, bearing troubles 
and adjustments are infrequent. Care of the unit resolves itself largely 
into careful watching of the oil temperatures and proper care in cleaning 
and renewing the oil. 

With the steady increase of the initial pressure and temperature of the 
steam supplied to turbines have come difficulties due to clogging of blade 
and nozzle passages by solids carried over from the steam generators. 
More or less effective remedies have been found, but reliable preventa- 
tives are still being sought. 

Turbine repairing usually cannot be done by the operating staff in the 
plant as it requires a considerable number of extra men with special 
technical training; hence service organizations for this purpose are main¬ 
tained by large builders. Extensive repairs require the return of the 
rotor, the cylinder, or the complete machine to the builder’s plant, and 
as these, particularly the rotor, are massive and heavy and at the same 
time have delicate parts and are in size often close to the limits allowed 
by railroad transportation, repairs are costly. If the turbine manu¬ 
facturer’s plant is so located that delivery of large parts can be made 
directly to the power plant by ship or barge, transportation presents few 
difficulties, either in original delivery or in return for repairs. 



CHAPTER 2 


STEAM-TURBINE CYCLES 


Developments of the fundamental principles by means of which the 
relations between work and heat can be calculated for changes in the 
state of the working substance are given in many texts on thermodynam¬ 
ics. The details of these basic processes and of their combinations into 
cycles will not be repeated here, but it will be helpful to review briefly 
the methods of representation and the principal characteristics of the 
most common modifications of the steam cycle and to show the effects 
of modifications of steam pressure and temperature on the work and 
efficiency of the cycles. 


2*1. Rankine Cycle 

The steam turbine, like the reciprocating engine, operates on the 
Rankine cycle or on some modification of it. This cycle is commonly 
represented on one of three forms of diagrams or charts of steam proper¬ 
ties, shown in Fig. 21, each of which displays the changes taking place 



Fio. 21. Rankine cycle on P-V, T-S. and H-S axes. 


in certain of the properties of 1 lb of steam. The diagrams are- Fig 
2-la the pressure-volume diagram, Fig. 2-16 the temperature-entropy 
diagram, and Fig. 2-lc the enthalpy-entropy (or Mollier) diagram The 
diagrams are lettered similarly, and in each there is represented by 
ab, compressing of liquid water by means of the feed pump 
be, raising feed-water temperature in the feed heaters and steam 
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cd , evaporating of water in the steam generator 
de, superheating of vapor in the steam generator 
ef, expanding of steam in the turbine 
fa, condensing of exhaust steam in the condenser 
The distances be on the P-V diagram, and ah on the T-S and H-S dia¬ 
grams have been greatly exaggerated in order to make them visible. 

In the ideal cycle, where each of the individual processes included in 
the cycle is reversible, the cycle is reversible. Then the area included 
within the cycle on the P-V diagram equals the mechanical work in 
foot-pounds; and the area within the cycle on the T-S diagram represents 
the equivalent energy in thermal units. Areas on the H-S diagram have 
no important significance for us; the value of this diagram lies in the 
fact that vertical distances in enthalpy units represent enthalpy changes. 
Thus the distance ef, or h t h/, called the available energy, represents the 
change of enthalpy during reversible expansion in the turbine and, except 
for a small correction for the feed-pump work, is equal to the work of the 
cycle. This feed-pump work is represented by the area between ab and 
the vertical axis on the P-V diagram, or by the enthalpy change ab on 
the H-S diagram. 

The thermal efficiency of the Rankine cycle is 

net work done E, h t — h f - (h b — h a ) 
v,r heat added " Qi h, - h a - (h h - h a ) 


If the feed-pump work is neglected in this equation, the efficiency can 
be written more simply as 


Hit 


h.-Jf 

h, - h a 


( 2 - 2 ) 


The ideal steam rate is 


Wr 


3.413 
h, - hj 


lb per kwhr 


or 


, • lb per hp-hr (2-3) 

he — hf 


The ideal heat rate = ideal steam rate X (h t — h a ) 


3.413 


Vlr 


Btu per kwhr or 


2,545 

Vlr 


Btu per hp-hr (2*4) 


If the actual work done inside the turbine per pound of steam flow is E it * 
then the internal thermal efficiency 

Ei 
Qi 

and the internal engine efficiency is 


(2-5) 


Ei 

* = E, or 


Ei = Hi X E r 


( 2 - 6 ) 
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If the actual work delivered to the turbine coupling (external work) per 
pound of steam flow is E. t then the external thermal or brake thermal 


efficiency 

E e 


(2-7) 


and the external engine efficiency is 


Vb 



or 


E. = Vb X E r 


( 2 - 8 ) 


2-2. Modifications of Pressure and Temperature 

As best shown on the T-S diagram of Fig. 2-16, the work area may be 
increased by raising the initial steam pressure (raising crlc), by raising 



Fio. 2*2. Effect of raiding steam pressure with constant top temperature. 


the initial steam temperature (extending de and moving cf toward the 
right), or by reducing the condenser temperature (lowering ah). The 
last method is especially effective, since the heat rejected (area beneath 
af) is reduced by approximately the same amount that the work is 
increased, with rapid increase in efficiency. Steam turbines are always 
operated at as low a back pressure as possible and are normally con¬ 
densing, noncondensing operation being economical only under excep¬ 
tional conditions. 

The effect of raising the initial steam pressure at constant temperature 
is shown on the T-S and H-S diagrams in Fig. 2-2. The cycle thermal 
efficiency vtr will be found to increase slowly toward a maximum. If the 
engine efficiency 77 ,- were constant, the internal thermal efficiency vn 
would also increase slowly, but owing to the large increase in steam 
moisture accompanying expansion from higher pressures (note change 
from fi to fi), with increase of the fraction of the expansion which takes 
place in the wet region, the engine efficiency Vi falls off considerably, 
resulting in a decrease in internal thermal efficiency. 
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The effect of raising the initial steam temperature at constant pressure 
by increasing the superheat is shown in Fig. 2*3. The cycle thermal 
efficiency will increase slowly with increase in steam temperature, but 
there will simultaneously be a rapid increase in engine efficiency due to 
the decrease of steam moisture and reduction of the fraction of the 
expansion taking place in the wet region. Hence there will be a rapid 
increase in internal thermal efficiency vu up to the condition where the 



Fig. 2-3. Effect of ruisiiiR steam temperature, with constant top pressuro. 


steam is saturated vapor at the end of the expansion as at / 3 . There¬ 
after thermal efficiency will fall off, indicating that there is no advantage 
in sending superheated steam to the condenser. Within this range, plant 
heat rate is reduced about 3 per cent for each 100 F increase of turbine- 
inlet steam temperature at constant pressure. 

It now appears that the expansion should end at a point which is a 
short distance to the left of point h in Fig. 2-1, but this distance is limited 
by the amount of moisture which is allowable at exhaust. Experience 
has shown that there is good and sufficient reason for setting the maximum 
at from 10 to 12}^ per cent. Hence, in Fig. 2-4, if we draw a vertical 
Vine fe' A through / which is taken at x = 0.875, we will have, for an ideal 
turbine, a locus showing the minimum acceptable steam temperature for 
any selected pressure. 

In an actual turbine, expansion is not isentropic but takes place with 
increase of entropy. The dotted line in Fig. 2-4, ending at/, shows such 
an increase of entropy if considered as an expansion starting at e\. A 
line of this sort, drawn through the state points at each stage of a multi¬ 
stage turbine, is called a condition line; it is a broken line made up of the 
short expansion lines for each stage. Its general slope at any pressure 
depends very largely on the efficiency of each stage which in turn depends 
on many factors to be discussed later. However, using well-established 
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methods and data, it is possible to draw a condition line for a proposed 
turbine through the \2% per cent moisture point. For any selected 
initial pressure, the minimum desirable inlet temperature is given by 
the intersection of the pressure line with the condition line. If a lower 
temperature is used, the moisture at exhaust will be excessive; if a higher 



Fig. 2-4. Minimum temperature for given maximum moisture at exhaust. 


temperature is taken, the steam at exhaust will be drier which, within 
limits, is an acceptable advantage as regards efficiency. 

2*3. Reheating Cycle 

Excessive moisture at exhaust can also be avoided without going to 
the extremely high initial temperature shown to be necessary with high 
pressures, by the preceding discussion. In the reheating cycle (Fig. 2-5), 




Fig. 2*5. Effect of reheating. 

after partial expansion in the turbine the steam leaves it and is piped 
back to the boiler room. Here it passes over special heating surface in 
the original boiler or in a special superheater, by means of which it is 
reheated (or resuperheated), generally to its original temperature. It 
then returns to the turbine through other piping and continues its expan¬ 
sion to the exhaust. Both the heat added and the work done is in two 
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parts. The high efficiency accompanying high initial pressure can he 
obtained by reheating, without the neutralizing effect of high moisture 
in the later stages of the turbine and also without the necessity of a very 
high initial temperature. As a basis for determining the advisability of 
reheating, the line e A f in Fig. 2*4 may be looked upon as a boundary. 
The selection of initial pressure and temperature resulting in an initial 
state point to the right of e A f will not result in excessive exhaust moisture, 
and reheat will not be required on account of moisture. However, effi¬ 
ciency does increase with higher temperatures and may be justified if the 
cost of fuel becomes high enough. Selection of an initial point to the 
left of e A J would result in excessive moisture during the later expansion 
stages, and it would require a careful investigation of the economics of 
the case to determine whether the gain in efficiency by reheating would 
be sufficient to compensate for the additional first costs in boiler and 
turbine room. 

Comparing reheat and nonreheat turbines operating under similar con¬ 
ditions as regards initial pressure and temperature, vacuum, and feed¬ 
heating arrangements, a gain in cycle heat rate of from 4 to 6 per cent 
may be expected with reheating. It is apparent that in a reheating 
turbine, the increase in steam volume due to reheating will require an 
increase in flow area in that portion of the turbine below the point of 
readmission, but the reduced steam rate due to the reheating will par¬ 
tially cancel this. Sometimes the two portions of the turbine are sepa¬ 
rated physically into a high-pressure and an intermediate-pressure unit, 
with reheating occurring between them. Reheating adds considerably to 
the initial cost of the plant, in both boiler and turbine room. It is 
usually considered that reheating will prove economical only with units 
of large capacity and only when the turbine is supplied by a single boiler, 
in which the reheating unit can be incorporated. 

2-4. Regenerative Cycle 

The total quantity of heat added to each pound of steam, equal to Q h 
is devoted to heating the feed water, evaporating it, and superheating 
the steam. As the pressure is raised, the fraction of Qi used to heat the 
feed water increases, while the latent heat of evaporation decreases; hence 
the economical heating of the feed becomes of vital importance at high 
pressures. Regenerative feed healing , by which a total of 20 to 30 per cent 
of the throttle steam may be withdrawn from the turbine at various 
points and used to heat the feed water, is the most important means of 
doing this economically, because it brings the actual feed-heating process 
closer to a reversible one. In addition to its economy, the process is of 
enormous importance in its reduction of the quantity of steam going to 
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the condenser, because the maximum output capacity for which a steam 
turbine can be built is limited by the amount of steam that can be passed 
through the blading of the last stage of the machine. The diameter of 
the last wheel and the height of its blades are definitely limited by 



Fio 2-6. Influence of initial pressure and temperature and exhaust pressure on available 
enthalpy and exhaust moisture. The lower curves also show the ratios of the volume of 
exhaust to inlet steam and the reduction of flow to exhaust with regenerative feed heating 
to a fairly high temperature. All curves are based on lj* in. Hg exhaust pressure. (C. U. 
C ampoell.) 


mechanical considerations; these define the dimensions of the final annu¬ 
lar area through which flow takes place, hence the amount of steam that 
can pass through it under exhaust conditions and therefore the turbine 
capacity. With regenerative feed heating, all of the steam withdrawn 
for feed heating, known as bleed or extraction steam, has expanded part 
way through the turbine and has done some work, thus increasing the 
total output, but it does not go to the condenser. 

Regenerative feed heating cannot be represented on simple diagrams 
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like those used thus far, and the student is referred to texts on heat-power 
engineering for more elaborate illustrative diagrams, for the derivation 
of equations showing the amount of steam bled at each point, and for 
the effect on the turbine work, thermal efficiency, and heat rate. It is 
apparent that a turbine designed for regenerative feed heating may have 
less flow area toward the low-pressure end than would be required for 
one in which all of the throttle steam flows through to the condenser. 

Reheating may also be employed in addition to the practically universal 
regenerative feed heating, and the gain in heat rate due to reheating will 
be added to that due to regeneration. 

Figure 2-6 summarizes the relations between initial pressure and tem¬ 
perature, exhaust pressure and moisture, enthalpy drop, steam volume 
ratios, and reduction of steam to exhaust [8:71.' 

For more extended discussion of the effects of increases of pressure 
and temperature, and of the use of regeneration or reheat or both, on 
the heat rate and efficiency of the actual and theoretical cycles of the 
steam turbine, the reader is referred to numerous articles in the proceed¬ 
ings and transactions of professional engineering societies. Among these, 
the following will be found valuable: (2:1) to [2:5]. 

1 These numbers refer to the references at the end of the hook. 



CHAPTER 3 


FLOW OF STEAM IN NOZZLES 

From examination of the illustrations and descriptions of steam tur¬ 
bines in Chap. 1, it is apparent that the primary purpose of a steam 
nozzle in a turbine is to transform the greatest possible portion of the 
available energy of the steam passing through it, into the kinetic energy, 
evidenced by the high velocity of the issuing jet. By available energy 
is meant the maximum work which a perfect steam engine could produce 
when receiving steam at the nozzle inlet pressure, velocity, and tempera¬ 
ture and discharging it at the nozzle exhaust pressure. Our concern in 
this chapter is with the thermodynamic relations involved in the trans¬ 
formation of thermal energy of the steam into mechanical energy of the 
issuing jet and the conditions under which the maximum fraction of the 
available energy may be so transformed. 

3*1. Nature of Process in an Ideal Nozzle 

If the nozzle were to perform the above transformation with perfect 
efficiency, it is evident that there could be no frictional loss due to rub¬ 
bing of the fluid stream along the nozzle walls and that there could be no 
losses due to turbulence. The first requirement would mean walls of 
perfect smoothness and a fluid of zero viscosity; the second, nozzle pro¬ 
portions and curvature such that 
there is perfect streamline flow. Fur¬ 
thermore, there could be no conduc¬ 
tion of heat through the nozzle walls, 
to be lost to external surroundings by 
radiation, and no conduction of heat 
along the nozzle walls, to be given 
back to the steam irreversibly at a 
lower temperature. Under these 
ideal conditions, the action would 
evidently be adiabatic; it may be shown to be reversible also, as follows: 
Assume a chamber A with a nozzle from which steam is issuing with the 
frictionless adiabatic flow just described (Fig. 31). Imagine an exactly 
similar nozzle and chamber B, reversed in position, with its nozzle mouth 
brought close to that of A. The jet issuing from A contains, by virtue 
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of its velocity, all the kinetic energy made available by the drop of 
pressure from p 0 to p x . On passing into the nozzle of B and coming to 
rest in the succeeding chamber, this kinetic energy will be transformed 
into an increase of fluid enthalpy, with rise of pressure; this process is 
termed diffusion. By properly controlling the discharge from B , the 
pressure in B can be made to rise to that in A , and the steam will be 
in its original state. Under these ideal conditions, the whole action is 
adiabatic and reversible, and the entropy therefore remains constant 
throughout the expansion in .4 and the diffusion in B. 

No actual steam channel fulfills these ideal conditions, but it is advan¬ 
tageous to derive the fundamental relations on these assumptions and 
later to introduce such corrections or modifications as may be necessary 
to make them apply to actual working conditions. It is only occasion¬ 
ally that theoretical relations will apply exactly to actual processes. 

In accordance with American custom, the term adiabatic applied to 
flow through a nozzle (or any other channel) will mean simply that no 
energy enters or leaves the fluid in the form of heat during the process. 
If, in addition to being adiabatic, the process is reversible, then it is also 
isentropic. 

3-2. Fundamental Energy Relation 

In order to derive the fundamental energy equation relating the change 
of state of the steam passing through the nozzle to the kinetic energy 

Infinite 
reservoir 

R 


P 0 ' y 0 
To 

V 0 ’O 

Fig. 3-2. Nomenclature for fluid flow. 

developed at its exit, suppose that frietionless adiabatic flow is taking 
place from an infinitely large reservoir R through a large cylinder A 
into a smaller cylinder B (Fig. 3-2), conditions of the steam in the reser¬ 
voir being designated by the subscript 0, in the large cylinder by o, and 
in the small cylinder by 1. If frictionless pistons are imagined in each 
of the cylinders, it is evident that the piston in A will exert a specific 
pressure p„ on the steam in front of it, and each pound of steam passing 
from A may be said to have the work E c = pji c done on it by this 
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piston. Similarly, each pound entering the cylinder B will do the work 
Ei = PiVi on the smaller piston, since the steam in front of it exerts the 
pressure pi on it. Also if V c and V x are the steam velocities in A and B, 
respectively, the corresponding kinetic energies K 0 and K x will be 
Vl/2g and FJ/2 g, in foot-pounds per pound of fluid flowing. 

Summing up the energies on the two sides of C and equating their 
totals, we shall have, for steady flow, 


Internal energy„ + external work, + K 0 


u 0 + 


or 


which is equivalent to 


• internal energyj + external worki + K\ 

(3 1) 

s, in Btu per 

pound, 



PJo , K 0 

j + j 


Ki 

J 

(3-2) 

h 4- V • 
h - + W - 

h ' + WJ 


(3-3) 

(V\ KJ\ 




F \2<7 2 g) 

= h 0 — hi 


(3-4) 


where h Q and A, = enthalpy per pound of steam at beginning and end of 

the isentropic expansion 

h„ - hi = Ah, = available energy, or isentropic decrease of 
enthalpy 

Now let us consider the conditions in the reservoir; here V 0 = zero 
but the values of h 0 , T 0 , and p n are all greater than the corresponding 
values in the cylinder A. The velocity V 9 in A has been produced by 
isentropic expansion from the reservoir state, just as the velocity in B 
was produced by expansion from the state in A, and we may write 


which is equivalent to 


Ao + 0 = A. + Ii 
IgJ 


2 gj ~ h ° ~ and = h* + (3-5) 

The reservoir enthalpy may therefore be obtained by adding the Btu 
equivalent of the kinetic energy to the enthalpy at approach. The 
reservoir pressure, temperature, and volume may then be obtained from 
a steam chart or table. The state in the reservoir is more commonly 
referred to as total, total pressure, total temperature, etc., also as stagnation 
condition, stagnation pressure, etc., since the steam is at rest. 
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Conditions at nozzle entrance will usually be designated by 0 in this 
text, signifying that correction has been made for the entrance velocity. 
In cases where the actual approach conditions are meant, the subscript 
will be o. If the kinetic energy corresponding to the approach condition 
is negligible, then approach and total conditions are identical. In terms 
of total or stagnation conditions, Eq. (3 4) then becomes 

= bo - h x (3-6) 

3*3. Use of Charts of Properties of Steam 

The enthalpy decrease or “drop” during the ideal expansion from p 0 
and To to pi, which has been shown in Sec. 3-2 to be equal to the kinetic 
energy gained by the steam while expanding through a nozzle between 
these pressures, is also identical with the heat equivalent of the work 
done by a steam engine operating on the Rankine cycle between these 
states. In the case of the reciprocating engine, this work is performed 
directly by the pressure acting on the piston and, transmitted by the 
connecting rod and crank, appears as work done in rotating the shaft 
against external resistance. In the turbine, the same work is performed 
by the steam in accelerating the flowing steam itself; 1 as this swiftly 
moving steam passes among the moving blades, its velocity and there¬ 
fore its momentum decrease, the corresponding energy being transferred 
to the blading on the rotating wheel. Many of the conclusions and rela¬ 
tions already derived (in thermodynamics) for the case of the Rankine 
cycle for the steam engine may be applied to turbine calculations. 

Most turbine calculations involve the determination of the enthalpy 
drop from given initial conditions to a specified final pressure; also many 
determinations must be made of steam properties during and after expan¬ 
sions. Charts are especially convenient in such work, and Figs. 3-3 to 
3-5 show portions of well-known charts, each for the same three typical 
expansions from 80 to 30 pounds per square inch absolute (psia); the first, 
C\di, starting and ending with wet steam, the second, c 2 d 2t starting with 
superheated and ending with wet steam, and the third, c 3 d 3} starting and 
ending with superheated steam. The quality of the steam at the end of 
an expansion (using the term quality in a general sense as either the per¬ 
centage of saturated vapor in a wet mixture or the steam temperature 
when this is above the temperature of saturation) is indicated by the 
location of the points d\, d 2 , and d 3 relative to the constant x (or moisture) 
lines, or to the constant temperature lines, of the chart. 

1 Figuratively; actually the work performed by each portion of the expanding steam 
is done on the steam immediately in front of it. 
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The temperature-entropy chart (Fig. 3-3), while inconvenient for the 
designer and calculator largely because the value of Ah, is represented by 
the difference between two areas, is very useful for illustration of funda¬ 
mental principles, and it is assumed that the student can think as easily 
and naturally in terms of this diagram as of any other. At least two 
other forms of vapor charts are preferable for calculation, however. 

On the enthalpy-entropy or Mollier chart, shown in part in Fig. 3*4, 
the same three paths of adiabatic expansion are shown, c\d\, c 2 d 2 , and c 3 d 3 . 
The available energies in the three cases may be obtained by taking the 
differences of the ordinates of the points c and d on the vertical scale. 

Mollier charts are included in many texts on thermodynamics, and 
larger ones are included with all modern steam tables. Numerical 
values of steam properties have varied considerably with different authori¬ 
ties in the past, but with the completion of the extensive program of 
investigation sponsored by the Special Research Committee on the 
Thermal Properties of Steam of the American Society of Mechanical 
Engineers, and the publication of the results in the form of tables [3:1] 
and charts [3:2], there have been made available numerical values of the 
properties that are so consistent and reliable that they can be used with 
full confidence. Tables and charts have also been prepared by other 
authorities, from the results of other competent experimental research 
projects, and the results have been so adjusted by international confer¬ 
ences and agreements that the deviations among them, where existent, 
are of minor importance, and each is satisfactorily consistent in itself. 
It is unwise, however, to take table or chart values from more than one 
authority for use in the same calculation, and it is also unsafe to use 
values from old tables prepared previous to the work of the ASME 
Committee. 

The Mollier chart has the disadvantage of not lending itself well to 
representations of specific volume on account of the great variation of 
volume scale over different regions of the chart; hence in determining the 
volume after an expansion, the quality or superheat is usually read from 
the chart and the volume found by the use of tabular values. Further¬ 
more, the accuracy with which the ordinary folded Mollier charts can be 
read is often insufficient for satisfactory engineering calculations. Some 
companies have prepared large-scale Mollier charts, but they are not gen¬ 
erally available. Steam tables should be used when higher accuracy is 
required and the small charts used only for checking. An accuracy of 0.1 
Btu is generally desirable, and the 10-in. slide rule is often inadequate. 

The enthalpy-volume chart included in Ellenwood and Mackey’s 
“Thermodynamic Charts” is to a satisfactorily large scale, made up in 
sections and bound in book form. All desired data may be read directly 
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without calculations, and the sectional form allows the variation in scale 
from one portion of the chart to another that is requisite for consistent 
accuracy. These charts are probably the most convenient form of steam- 
property data for turbine calculations, although not so suitable for repre¬ 
senting the results of such calculations as the Mollier chart, which is 
generally used for that purpose. In Fig. 3 5 is shown a portion of the 
Ellenwood and Mackey chart, with the same three expansions from 80 to 
30 psia as in Figs. 3-3 and 3-4. Some additional tables included with the 
steam chart will be found very convenient in turbine calculations, par¬ 
ticularly “Jet Velocity in Feet per Second for Various Btu Values” and 
“Squares of Numbers.” 

3-4. Velocity of Flow and Quantity Discharged 

Returning to Eq. (3-6) and solving for V x , 

V, = y/2jjJ y/ho - h, = 223.8 Vho - A, (37) 

If, however, it is desired to use the approach conditions, with velocity 
Vo, then solving Eq. (3-4) for V x will give 


V K - V2gJ ^(h. - h, + Q = 223.8 ^(A. - h>) + (3-8) 

If we multiply Eq. (3-7) by the area A we obtain the volume discharge , 

Qv = AV X = 223.8.4 Vho - h x (3-9) 

then dividing by the specific volume v x gives the weight discharge 

w = ~ = 2238 ~ Vh^nr, (3io) 

Sometimes the mass velocity G in pounds per square foot of cross section 
is desired, or 


G 




223.8 



(3-11) 


To allow for losses and give results agreeing with experiments, the velocity 
K, of (Eq. 3-7) is usually modified by the introduction of a velocity 
coefficient k n in the right-hand member and the weight discharge w bv 
the discharge coefficient B in the right-hand member of Eq. (3-10). 

(rnrinir * ' ' ' 


V, = 223.8*. Vho - h, 

and 


(312) 


» = 223.8 Vh^h[ 


( 3 - 13 ) 
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Values of these coefficients will be discussed in connection with nozzle 
losses. 

The derivation of Eqs. (310) and (311) involves the equation of 
continuity, 

wo — AV 

from which the area A at any cross section, necessary to allow a flow of 
w lb per sec of steam whose specific volume is v, is 


A 



(3-14) 


Note that v is not the specific volume of saturated vapor but of the steam 
as it exists at the particular nozzle section under investigation, and it 
must be determined for each case, from a chart or by calculation (see 
any text on thermodynamics). 

Applying Eq. (3T4) to the case of constant flow of w lb per sec, it 
is evident that the value of A will depend on the ratio v/V. As the 
steam expands through the nozzle toward a region of lower pressure, 
both volume and velocity increase. The two rates of increase will not 
necessarily be equal, and neither of them will be constant, so that further 
investigation is necessary to determine the variation of A along the 
length of the nozzle. 

3-6. Calculations for Nozzle with Ideal Frictionless Steam Flow 

As an illustration, start with steam at a pressure of 100 psia and tempera¬ 
ture 440 F expanding through a nozzle to a lower pressure pi = 90 psia and 
flowing at the rate of 1 lb per sec. From Keenan and Keyes or Ellenwood 
and Mackey will be found the values h 0 = 1248.6 Btu and s 0 = 1.6756. 
The enthalpy, temperature, and specific volume after expansion to 
90 lb will be found to be 1238.2 Btu, 418 F, and 5.62 cu ft, respectively. 
The available energy A h, = h 0 — h\ = 1,248.6 — 1,238.2 = 10.4 Btu; 
the velocity V\ = 721 fps [Eq. (3-7) or Table V in Ellenwood and Mackey). 

1 X 5.62 X 144 _ 

721 

sq in. This is for a flow of 1 lb per sec; for a different rate of flow the 
area would have to be multiplied by the proper value of w. 

If the calculation be repeated, using a drop from 100 to 80 psia, it will 
be found that the area A = 0.864 sq in. In Table 3*1 are given the 
results of similar calculations made with successively lower values of pi. 
The column marked “Diameter” gives the corresponding diameter of a 
circular cross section. 

In Fig. 3-6, the values of hi, volume, velocity, and area are plotted on 


Substituting this velocity in Eq. (3 14) gives A i 
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a base line along which the corresponding values of pi are laid out to 
scale; the total length of this base line may be taken as the length of 
the nozzle. Using the values of the diameter from Table 31, the longi¬ 
tudinal section of the corresponding nozzle may be drawn as shown in 
Fig. 3-7. A nozzle with this profile would expand 1 lb of steam per 
second from 100 to 2 psia, the pressure drop along the nozzle axis being 
uniform as shown by the straight line marked “p x = pressure.” 

In Fig. 3-8 the same data are plotted but with the ordinates so spaced 
as to provide for a uniform increase of available energy per inch of 
distance along the nozzle axis, resulting in a straight h x line; the result 
is (Fig. 3-9) a nozzle of different form from the one in Fig. 3-7 and better, 
since the flare is not so sudden at the exit end. Additional diagrams 
might be plotted; for example, one with uniform increase of velocity or 
one with uniform increase of volume along the nozzle axis, and the 
diagram curves and nozzle profiles would vary with each. 

In Fig. 3-10 are shown the curves resulting if the nozzle profile (Fig. 
311) is made similar in form to one in common use, having an entrance 
opening rounded with a circular arc leading to a flaring portion with a 
straight taper. This form of nozzle is much used because it is easy to 
make and is probably at least as efficient as any other. It will be noted 
that no function varies uniformly along the axis, although the volume 
approaches such a uniform rate of increase. 


Table 31. Nozzle Calculations 
(Po - 100 psia, to - 440 F, it* - 1, s 0 = 1.6756) 


Pi 

hi 

• 

1 

-c 

1 

© 

-c 

Vi 


Area, 
sq in. 

Diam¬ 
eter, in. 

100 

1,248.6 

0.0 

0 

5.20 



90 

1,238 2 

10.4 

721 

5 62 

1.122 

1.195 

80 

1,227 5 

21.1 

1,028 

6.16 

■JI'S 

1.049 

70 

1,215.0 

33.6 

1,296 

6.80 

0 756 

0.981 

60 

1,201.8 

46.8 

1,529 

7.67 

0 722 

0.959 

55 

1,194.2 

54.4 

1,649 

8.20 

0.716 

0.955 

50 

1,186.5 

62.1 

1,763 

8.81 

0 720 

0.958 

40 

1,168.9 

79.7 

1,996 

10 45 

0.755 

0.980 

30 

1,147.1 

101.5 

2,253 

13 50 

0.863 

1.049 

20 

1,117.5 

131.1 

2,561 

19 24 

1.082 

1.174 

10 

1,069.8 

178 8 

2,991 

35.67 

1 718 

1 -47Q 

5 

1,026.1 

222 5 

3,336 

65 6 

2.830 

1 .* 4 ±# V 

1.899 

2 

973 0 

275.6 

3,714 

149 

5.77 

2.711 

1 

936.0 

312.6 

3,956 

279 

10.17 

3.600 
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3-6. Minimum Section or Throat of Nozzle 
However the data of Table 3-1 may be plotted, it will be evident on 
inspection of any of the diagrams that as the steam begins its flow along 
the nozzle length, its velocity increases at a much more rapid rate than 
its volume. Toward the outlet, however, the condition is reversed, the 
volume increasing rapidly and the velocity slowly. Applying these obser¬ 
vations to Eq. (3-14), it is evident that in the beginning A must decrease, 
while toward the end it will increase. Somewhere between, there will be 
a minimum area, v and V there having equal rates of increase. The 
table indicates that this minimum is at 55 lb, approximately. There is, 
therefore, a converging entrance up to the point where the pressure has 
fallen to this value and then a diverging portion for the rest of the 
length. The minimum section is termed the throat. 


3-7. Variation in Nozzle Area and Form, Constant Flow, Variable p, 

The complete nozzle sections shown in Figs. 3-7, 3-9, and 3-11 are 
designed to d.scharge 1 lb of steam per second, the initial pressure being 
100 psia and the pressure into which the nozzle is discharging, 2 lb all 
absolute pressures. If the discharge pressure is raised to 5 lb, the nozzle 
obviously should be cut off at the point where the ordinate to the pressure 
curve is 5 lb as the expansion to this pressure is complete at that point. 
If p, is raised to higher values, the nozzle will require corresponding short¬ 
ening; this is equivalent to saying that with smaller drops of pressure less 
expansion ,s necessary. When p, = 55 lb, all of the divergent portion 
will have been cut away, leaving only the convergent entrance rounding 
,n o the throat. If p, ,s raised still higher, the throat diameter itself 
will be cut away and the exit area of the remaining convergent portion 
must be greater than the throat area if the nozzle is to pass the 1 lb of 
steam per second. Figures 3-7, 3-9, and 3 11 are thus really composite 
drawings of a senes of nozzles, any one of which will discharge 1 lb of 
steam per second when supplied with steam at 100 lb but *5 expand 
the steam exactly to the back pressure only when this back preZe is 

Th r ie de=:: 

quantity of steam and expZdltt 

changes in the conditions (p 0 or p, or both) of operation of an actual 

Z!d or underexpansion ’ which be 

It is important to observe that as long as p, is below 55 lb th„ 

mmssssmssk 
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ever, the flow is no longer independent of it, and the exit area must bo 
larger than the (hypothetical) throat area that would allow the same flow 
(with appropriate p x ). 

3-8. Variation in Flow, Constant Area, and Variable p x 

Viewing the subject from another angle, assume a divided chamber, 
with a small opening in the central partition (Fig. 3-12). I.et there be a 
supply of steam to chamber A adequate to maintain a constant pressure 



Fio. 3-12. Nozzle with variable flow. 



Fio. 3-13. Nozzle stoam flow with variable 
pressure ratio. 


of 100 psia, and assume that the outlet C from B } connected to the 
atmosphere or to a condenser, can be manipulated so as to maintain any 
desired pressure p,. With C closed, there will be no flow, and p, = p 0 . 
If C be partially opened, pi will drop somewhat and a flow of w lb per 
sec will be established. If this be repeated, increased openings of C 
resulting in decreased values of p,, data will be obtained from which 
a curve may be plotted, as in Fig. 313, showing the values of w for 
different values of pi. The abscissas, however, are values of the 
pressure ratio = p,/p 0 = r instead of p x . 

It is evident from Fig. 3T3 that as p x is lowered, the flow of steam at 
first increases very rapidly, then more slowly, and finally, when p, is 
approximately 55 psia, a maximum flow is reached, which is not exceeded 
no matter how low the final pressure is made. If the pressure p 0 in A 
is 200 psia, the flow at all values of p x will be greater than in the previous 
case, but a diagram plotted from tests made with this initial pressure 
will show a curve similar to Fig. 313, and the discharge would reach its 
maximum value at about 110 psia or 0.55 X p 0 . Similar results will be 
found to hold with tests at other pressures, the flow always reaching its 
maximum when p x /p 0 = 0.55, approximately. It must be noted, how¬ 
ever, that the above statements do not apply completely if there is a 
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divergent portion beyond the minimum diameter or if the entrance is not 
well rounded. In particular, if the opening in the inner partition is a 
sharp edged orifice in a thin plate (never used in a turbine nozzle), the 
flow continues to increase as pi is lowered; there is no pressure ratio for 
which the flow reaches a maximum. 


3-9. Flow of an Ideal Gas; Critical Pressure Ratio 

This critical pressure ratio, 1 which marks the value of pi/po below 
which no further increase of w will occur, may be determined analytically 
for an ideal gas. While the results may not be applied to wet steam at 
all and to superheated steam with only a fair degree of approximation, 
yet certain interesting facts appear and valuable inferences may be 
drawn. 

The equation 2 representing the reversible adiabatic (isentropic) expan¬ 
sion of a gas is given by the following, k being the ratio of the specific 
heats: 

pv k = C or p x v\ - pj) k 0 (315) 

If this expansion be assumed to occur during flow through a nozzle, the 
problem resolves itself into finding the value of the ratio r = P\/po for 
which the discharge w is a maximum in the equation w = AVi/vi. The 
final volume v x is determined from Eq. (3-15) as 


Vi 




(316) 


To find Vi, rewrite Eq. (3-2) in terms of the properties of a perfect gas: 


V 2 

uo + p<vo + -~ 
2 9 


V 2 

Ml 4- PiVi + 


(317) 


where u 0 and u 1 = initial and final internal energies, ft-lb. 

Since we start with total or reservoir conditions, V 0 = 0. Rearranging, 
and remembering that u 0 — u x = isentropio work, we obtain 
V 2 

-pA = uo - ui 4- povo ~ pii»i 


. Pol'o — P1V1 , 

-£ _ 1 - r Povo - p 1V1 

= k~l ^o - P,V,) = (, 


Pol'o) 


(3-18) 


‘This use of the term “critical pressure” should not be confused with the same 
term when applied to that pressuie of a saturated vapor at which the latent heat is 
zero. 


* In the thermodynamic equations of Secs. 3-9 and 3 10, 
foot unless otherwise stated. 


P is in pounds per square 
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Substituting for v x /v 0 its value ( Po/p x ) 1/k from Eq. (3-16) and replacing 
Pi/po by r will give 

Vl ~ k Poi'o( 1 - r ( ‘- ,,/ *) (3-19) 


2 g k - 1 


or 


1 Vat — 1 


Poi’o(l - 


(3-20) 

If we substitute the value of v x from Eq. (316) and of V x from Eq. (3-20) 
0.60 


l 0.55 


c 0.50 
o 1 
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Fio. 314. Critical pressure ratio for various values of k. 

in the continuity equation w = AV x /v x we obtain 

whence, for initial conditions p 0 and v 0 , for any specified gas, 


(3-21) 


w = A X constant X y/r 2,k — r <4+1)/ ** (3-22) 

To find the value of the variable r for which w is a maximum, differentiate 
the quantity under the radical with respect to r, equate to zero, and solve 
for r: 

/ 2 y •<*-«) 

r ~ = vmj < 323 ) 

The value of k is theoretically equal to 1.40 for all diatomic gases includ¬ 
ing air but differs slightly for various actual gases. The critical pressure 
ratio r er for maximum discharge can be found for any particular gas by 
substituting the value of k for that gas in Eq. (3-23). Using k = 1.40, 
we find 

r cr = 0.528 for maximum flow of air (3-24) 

Or the value of r er may be found from the curve in Fig. 3-14, which is a 
plot of Eq. (3-23). 

* It will be shown presently that Eqs. (3 21) and (3 22) should not he used with 
values of r < r„. 
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In Eqs. (3-21) and (3-22), the initial conditions are assumed to be the 

reservoir conditions, or if approach conditions are used in the equations, 
it is assumed that the approach velocity is negligible. With approach 
conditions given and approach velocity not negligible, two methods are 
available: First, Eqs. (3-20) and (3-21) may be modified by changing the 
reservoir symbols to approach symbols and adding V\ under the radical, 


giving 

Vi = p*.(l - + VI 


(3-25) 


and 


w 


Vo 

V* - i 


(r** - r (k+l)/i ) + VI 


(3-26) 


Or, second, before using Eqs. (3-20) and (3-21), the total conditions may 
be determined from the given approach conditions by means of the 
following relations: 


ho 

To 

Vo 

vo 


V * 

h, + 2gJ 

V 3 

T ' + 7 Zgfc, 

P -\T.) 

/ rw, \ 1/1 


-(£) 


!/(*-!) 


v* 

because 

A9 


- JW. = Jc p (T 0 - T 0 ) 


(3-27) 

(3-28) 

(3-29) 

(3-30) 


These equations may also be used for calculating stagnation conditions 
at any point where flow velocity is suddenly reduced to zero. 

If it is attempted to apply Eq. (3-23) to superheated steam, there is 
some uncertainty as to the proper value of k to use. From molecular 
theory, I: = 1.28, but there is considerable variation of k with tempera¬ 
ture and pressure of superheated steam, shown for example by Fig. 8 
in Keenan and Keyes’s “Thermodynamic Properties.” For general pur¬ 
poses the value 1.3 will be used in this text, but in cases where use of 
the exponential equations is considered desirable, it is usually expedient 
to select a value of k which will represent the average over the range of 
the actual process under consideration, and thus secure greater accuracy. 
The value 1.3 from the equation pv 13 = constant substituted in Eq. 
(3-23) gives 


Ter = 0.547 for maximum flow of superheated steam (331) 

This value 0.547 for superheated steam should be compared with the 
approximate ratio 0.55 deduced from Table 3.1. In this table the 



74 


STEAM TURBINES 


saturated vapor line is not passed until p\ is approximately 40 lb; hence 
the expansion to the throat is all in the superheated region. 

Since wet steam departs considerably from a perfect gas in its behavior, 
the equation pv k = constant apparently should not apply to an isentropic 
expansion; certainly k is not the ratio of specific heats ( c p = « for wet 
steam). However, tests for the value of k if pv* = constant is assumed 
to represent isentropic expansion of saturated or wet steam show that 
the value k = 1.135 is fairly satisfactory. Substitution of this for k in 
Eq. (3-23) gives 

r er = 0.577 for maximum flow of saturated or wet steam (3*32) 

Comparison of this value of k = 1.135 for wet steam with the value 
k = 1.3 for superheated steam shows that there is apparently a sudden 
change in the index of the exponential equation for isentropic expansion 
from the superheated region to the wet region, which appears worth 
investigating. It will be considered in Sec. 4-12 under the head 
I'ndercooling. 

3*10. Critical Velocity for Flow of an Ideal Gas 

If we substitute the value of r er from Eq. (3-23) for r in Eq. (3*19), we 
obtain the kinetic energy at the throat as 

V tg " FT! PoVo (3 33 > 

whence 

V ” “ ^F+~\ PcVo ( 3 ' 34 ) 

If k = 1.4 and R = 53.34 arc substituted, the throat velocity for flow of 

air is 

Vet = 44.75 VYo (3-35) 

If steam is assumed to be a perfect gas, with k = 1.3 and R = 85, 

V cr = 55.6 y/To (3-36) 

Another important expression for the throat velocity of a gas may be 
obtained by substituting, for the initial conditions p 0 and v 0 in Eq. 
(3-34), the throat conditions, as follows: Since Pc*v k er = Pot’J. 

Povo = p,s>„ (3-37) 

the last expression being obtained from Eq. (3-23). Substituting in 
Eq. (3-34), 
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Vcr = VgkpcJer • V^Rfcr (338. 

which is the same as the expression for the velocity of sound in an ideal 
gas at the pressure and density existing at the throat; V er is therefore 
often called the acoustic or sonic velocity and is represented by C. We 
may therefore write, for air, 

V e r = 49.02 y/T~ tr or in general C = 49.02 ^/T (3-39) 

This acoustic velocity is independent of pressure and is dependent only 
on the local temperature T of the gas. For superheated steam, 

Vcr = 59.6 y/1\ r or C = 59.6 y/T (3-40) 

but this is subject to considerable variation with pressure (see Sec. 3-13 
and Fig. 3T9). 

Acoustic velocity is the velocity with which a small disturbance of any 
kind, such as a small change of pressure, is propagated through the gas. 
Taken in connection with Sec. 3-8, this forms the basis of an explanation 
attributed to Prof. Osborne Reynolds, of the phenomenon of critical 
velocity. In Fig. 3-12 the disturbance produced each time p\ is reduced 
travels with the velocity of sound in all directions; in traveling upstream 
through the orifice, it affects the condition of the portion of the gas in A , 
and more flow results. When the fluid velocity through the opening has 
become equal to the velocity with which the “news” of the reduction of 
pressure travels, the gas in A is not further affected by the reduction of 
pressure in B, and the velocity through the smallest section has reached its 
maximum or critical velocity. 

3*11. Performance of an Ideal Nozzle, with a Perfect Gas 

Figures 3'6 to 3-11 showed the characteristics of frictionless flow of 
steam through a nozzle, calculated by using the properties of steam taken 
from tables or charts. If the flowing medium is a perfect gas, it is 
possible to determine points for similar characteristic curves by means 
of equations derived in the two preceding sections, without the use of 
any tabular data. The curves desired, plotted on pressure ratios as 
abscissas, are those showing the variations in flow velocity V, specific 
volume v, mass flow per unit area of section G, area per unit of mass 
flow l/G, and energy flow per unit of area E FAt as plotted in Fig. 315. 
We have, from Eq. (3*20), 


y = (1 - r,k ~' ,,k) 


(3-41) 
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from Eq. (3-16), v = v 0 /r l,k ; and from Eq. (3*21), 


= To (1 - (3-42) 

Also from Eq. (3-20) |or Eq. (3*41)|, the energy per pound per second 



Fiq. 3-15. Characteristics of frictionless iscntropic flow through a convergent-divergent 
nozzle. 


flow is 

E = Yg = j4*i P** 1 - r < * _,,/ *) 
The energy per square inch flow area per second is 


Ey A = GE 


Po r ' /l V2gRTo (1 - j (3-43) 


For air, with k = 1.4, this reduces to 


E,a = 383 po Wo r ,,fc (l - (3-44) 

The velocity reached in isentropic expansion varies from 7 = 0 when 
r = 1, to V = 7 OJ . when r = 0. From Eq. (3-41), with r = 0, 
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/ / 


I*. 


l'2gkpoi‘o _ [k + 1 

Vt^t ~ y]k - 1 


K cr = 2.45 V, 


109.6 y/To for air (3-45) 


The specific volume becomes infinite when r = 0. The mass flow per 
unit area G is zero when r = 1 because V is then zero; it is also zero 
when r = zero because the terminal velocity is finite and the 

specific volume is infinite. The curve for G has a maximum at r c „ 
shown by Eq. (3-23) to be at 

- = 0.528 for air with k = 1.4 

The reciprocal curve, area per unit flow, has a minimum at this same 
value of r er . A curve for any other than unit flow would have the same 
general form, with a minimum at r 

Since the conditions at the throat V er , Per, v er , and T er} are all fixed 
by the initial condition and are not altered by the increase in the length 
of the divergent portion downstream from the throat which should 
accompany complete expansion to a reduced discharge pressure, the 
weight flow w in pounds per second remains fixed whatever the discharge 
pressure, so long as it is less than p cr . 


3-12. Convergent Nozzle 

The theoretical flow of air through a convergent nozzle extending only 
as far as the parallel throat is shown in Fig. 3-16. With the initial air 
conditions po = 100 psia and t 0 = 65 F, w is calculated by Eq. (3-21) for 
values of r varying from unity to zero, the value of A used (0.42 sq in.) 
having been chosen in a preliminary calculation so that the discharge is 
1.00 lb per sec when r = r cr = 0.528. This particular value of r produces 
the maximum discharge, and the ordinates to the curve therefore repre¬ 
sent percentages of maximum discharge for any area, as well as actual 
discharges for the particular area used. For values of r < r er , points arc 
obtained along the branch w' of the curve, and the zero value when 
r = zero apparently indicates zero discharge into a perfect vacuum, a 
manifest absurdity. The explanation lies in the fact that the pressure 
Pi in the jet at exit is the same as the pressure p t in the exhaust chamber 
only as long as p t is above the critical value; when p t drops below 0.528/>o, 
Pi becomes p er and remains at this critical value. The flow rate w also 
remains the same as at the critical pressure ratio. The discharge into a 
vacuum cannot be less than the maximum, and the portion w' of the 
curve is to be discarded, w being used instead. 
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Velocities calculated by Eq. (3-20) are also plotted in Fig. 3-16. The 
portion V\ represents exit velocities for values of p e between p 0 and 
p er ; the horizontal branch V t , shows the constant velocity through the 
throat for all values of p, less than p f „ and the branch marked “isen- 
tropic TV’ shows the higher values calculated from the equation; these 



1.0 0.9 0.8 0.7 0.6 0.5 0.4 <X3 0.2 0.1 0 

Pressure Ratio 

Fio. 3-16. Theoretical velocity and flow of air through a convergent nozzle. 


could be reached, if at all, only after the jet has issued from the nozzle. 
However, when the jet flows into the space with lower pressure, with no 
restraining walls, sudden expansion takes place with considerable diver¬ 
gence of the jet boundaries. The transverse velocity component becomes 
so large that it carries the divergence to a point where the pressure in 



Fio. 3-17. Effect of exhaust pressure p, on the flow from a convergent nozzle. 

the jet is less than that in the exhaust space, and the excess external 
pressure causes the jet to converge, with an increase of pressure. Expan¬ 
sion then takes place, followed by a repetition of the previous compres¬ 
sion, and the process is repeated a number of times, creating, in the jet, 
enlargements and compressions and zones of high and low pressure, or 
standing waves, which are rapidly damped out by fluid friction with 
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increasing distance from the exit plane, as shown by the sketch in Fig. 
3.17a and the photograph in Fig. 318. The losses due to these irrevers¬ 
ible expansions and compressions cause a reduction in the axial component 
of jet velocity below the theoretical, as indicated by the location of the 
curve in Fig. 316, marked “actual Ki.” A diverging addition to the 

nozzle is obviously needed to control the expansion. 



I’lO. 3*18. Photograph of flow from nozzle with />, < p/. 


On the other hand, if the pressure p, in the exhaust chamber is greater 
than p>, then compression takes place in the jet immediately after it 
issues, followed by expansion, with repetitions of the process as described 
above, and as represented in Fig. 3*176. As p, is raised above p rr , the 
pressure ratio is raised above the critical, and the discharge should fall 
olT along the portion of the curve marked w in Fig. 3-10. Actually the 
discharge remains nearly constant for a small increase of r, to perhaps 
0.7, before it begins to decrease, thus making the actual discharge greater 
than the isentropic and producing a flow coefficient greater than unity 
in this region. 

3*13. Critical or Acoustic Velocity for Steam Flow 

In Sec. 3*9 it was shown that r for superheated steam might be taken 
at 0.547. In Sec. 4*12, under the head of Undercooling, it will appear 
that steam expanding adiabatically from a saturated or slightly super¬ 
heated state does not start to condense as its state point crosses the 
saturation line but remains in a metastable state termed undcrcooled. 
at least until it passes the throat of the nozzle. Its properties are con¬ 
sistent with the properties of superheated steam, and the critical pressure 
ratio r er = 0.547 may be applied to expansions starting with saturated 
steam. The critical or throat velocity may then be calculated for expan¬ 
sion of superheated or saturated steam by the same method, and the 
result of a series of such calculations, covering a wide range of pressures 
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and superheats, is given in Table 3*2. The extreme values of V er arc 
seen to be included in the relatively small range from 1,500 to 2,000 fps, 
although the respective initial conditions vary from 50 lb pressure and 
no superheat to 400 lb and 800 F. The values are not exact of course, 
because k, and hence r er , varies slightly with pressure and temperature 
over the range of expansion. A process of trial and error is necessary for 
accurate determination of p tr . 


Table 3-2. Critical Velocities for Steam 


Initial 

Initial temperature 

pressure 

Saturated 

400 F 

_ 

600 F 

800 F 

50 

1499 

1613 

1820 

1989 

100 

1541 

1603 

1815 

1988 

200 

1578 

1582 

1802 

1975 

400 

1590 

• • • • 

1759 

1932 


The acoustic velocity of superheated steam at a given pressure and 
volume may be calculated by use of Eq. (3 38), written as C = y/gkpv, 
and recent experimental research has demonstrated that the results, 

using data from current tables of 
steam properties, have a high degree 
of accuracy. Figure 3-19, contrib¬ 
uted by G. H. Van Hengel in discuss¬ 
ing the paper by J. Woodburn in [3:3], 
shows such calculated values for a 
wide range of pressure and tempera¬ 
ture of superheated steam. Acoustic 
velocity is not independent of p as 
for a perfect gas (Eq. (3 40)] but 
becomes more nearly so with higher 
temperatures. 

3*14. Comparison of Steam Flow with 
Air Flow 

Fig. 3*19. Velocity of sound in steam. L se of the equation 
(Van I/engrl.) 

V\ = 223.8 VaR 

and Eqs. (3 9) to (3-13) derived from it, in combination with the steam 
tables and charts, usually offer the simplest and most satisfactory solu¬ 
tions of steam flow problems. There are occasions, however, when an 
analytical expression is particularly desired, and the following are the 
more useful forms. 
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A simple equation for the maximum flow of an 
be obtained from Eq. (3-21) by substitut.ng k - 


ideal diatomic gas may 
1.4 and r„ = 0.528 and 


reducing, giving 


uw. = 0.324.4 „ 



(3-4G) 


where A er = area of throat section, sq in. 

vo = initial total pressure, psia T . 

These units hold for this section only; other units as heretofore, lhe 
final pressure p, is understood to be not higher than the critical presbuie 

0 5 For P superheated steam, the general value k - 1.3 may be substituted 
in Eq. (3-21), 

«_-<> < 347 > 

where pi ^ 0.547p<> ••*•11 

This equation will give approximately correct values for steam initially 

saturated. For wet steam, if it be considered at all satisfactory to treat 

it as a perfect gas, the result of substituting « = 1.135 in Eq. (3-23) is 

(3-48) 



- 0.3044.4 ef -/p 


where p 1 ^ 0.577po # . 

While the numerical coefficients for the three cases differ little, the values 

of v 0 are usually markedly different and give different values of w. 

Equation (3*46) for air is satisfactory, provided that the proper dis¬ 
charge coefficient B for the type of orifice or nozzle used is inserted. 
Equation (3-47) is less accurate, because k is not constant; the value 
appropriate for the region of the expansion should be substituted in 
Eq. (3-23). For good accuracy and simplicity, the thermodynamic 
method started in Sec. 3 5 and continued in Sec. 315 should be employed. 
Equation (3-48) must be considered as a rough approximation only; 
methods to be used for wet steam are explained in Sec. 411. 

There is obtained from Eq. (3-46), by substitution from the ideal-gas 
equation 144 poi'o = RTo } 

w = 0 53 ^I' P-° (3-49) 

V i o 


Hence, for constant To, the weight of compressed air discharged is pro¬ 
portional to the initial pressure. From either Eq. (3-46) or Eq. (3-49) 
may be derived 

Q v = volume in cu ft per sec = wv 0 = 0.1964.4 fr y/To (3-50) 
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Hence the volume discharge is dependent only on the initial temperature 
and is independent of the pressure, p t of course still being less than p fr . 
For superheated steam the corresponding equations are 


0.410.4 <- r po 

w - -=— 

y/To 

Q. = wvo = 0.242.4„ s/Wn 


(3 51) 
(3-52) 


Since the ideal-gas equation applies only approximately to superheated 
steam, the last two equations also are less accurate than those for air but 
are of value in general discussions of the flow through a steam turbine. 

All of the foregoing equations hold only where the pressure ratio is 
less than the critical ratio. For cases where it is higher, the result is not 
independent of the pressure ratio r. Modifications of Eq. (3-21) may 
be applied, using k — 1.4 for air and an appropriate value for steam. 
The equation naturally does not reduce to as simple a form as the pre¬ 
ceding ones. For air it becomes 


w - 1.25/1 ^£2 (r' *« - r' ut ) (3-53) 

and for steam with k = 1.3 

u> = 1.39.4 2 (r 1 -*** - r 1 ” 0 ) (3-54) 


3*16. Design of Ideal Steam Nozzles 

Returning to the steam-nozzle calculation begun in Sec. 3-5 and inter¬ 
rupted to establish the theoretical formulas for the flow of ideal gases for 
the sake of comparison, we see that two cases arise in steam-nozzle 
design: (a) small drops of pressure, calling for convergent nozzles and 
(6) large drops to pressures below the critical pressure, resulting in 
convergent-divergent nozzles. 

A. Convergent Nozzle. Suppose that it is desired to determine the 
exit diameter of a nozzle to expand 1.G0 lb of steam per second from 130 
psia and 420 F to 100 psia, friction and other losses being neglected. The 
critical pressure is 

p er = 130 X 0.547 = 71.1 psia 

which is less than 100 psia; the nozzle therefore has no throat* and is 
convergent. From the Ellenwood and Mackey charts, 

Vo = 130 t 0 = 420 F h 0 = 1233.4 s 0 = 1.6312 

Pi = 106 1 1 = 380 F ,h 0 = 1215.5 ,«i = s 0 ,V\ = 4.54 

Available energy = A h. = 17.9 Btu 

• The exit section of a converging nozzle is not ordinarily called a throat. How¬ 
ever, Kraft (Sec. 4-2) has applied the term “negative throat” in such cases. 
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.F, 

iAt 


= 223.8 y/\7S) = 947 fps 

= 16 >< 45 _ 4 X -- = 1.104 sq in 
94/ 


(The subscript i is used here to distinguish ideal quantities from actual 
ones to be discussed presently.) If the nozzle is to be round in cross 
section, sometimes designated a reamed nozzle, from the customary 
method of producing it,_ 

d, = = 1-185 in. diameter 

If square in section, _ 

d , = \/T7i04 = 1.050 in. square 

B. Convergent-Divergent Nozzle. Suppose that the steam is to be 
expanded to 10 psia instead of 100 psia as in the preceding problem and 
that the throat and exit dimensions are to be determined. The throat 
pressure p r r "'as previously found to be 71.1; to obtain the throat area, 

Vo = 130 / = 420 F ho = 1233.4 so = 1.6312 

Vcr * 71.1 iter - 303 F Xr = 1182.3 .s,r = So ,*cr = 6.12 

Available energy = Ah, - 51.1 Btu 


iV tr = 223.8 V 51.1 = 1.000 fps 

l A„ = 16 X 144 = 0.880 sq in. throat area 

= 1.059 in. diameter (round) 

= 0.939 in. square 

To obtain the exit area, 

po - 130 to = 420 F ho = 1233.4 s n = 1.0312 

p, = 10 X\ = 0.910 ih\ = 1 071. 5 iSi = So = 22.7 

Available energy = Ah, = 161.9 Btu 


iV \ 
\A\ 


223.8 y/ 161.9 = 2.847 fps 
1.6 X 22.7 X 144 


2,847 


1.837 sq in. exit area 


= 1.529 in. diameter (round) 
= 1.355 in. square 


In actual nozzles, the sections at the throat and exit are sometimes 
round in the first, or first two, stages, but in the other stages they are 
usually rectangular or trapezoidal, the dimensions being in accordance 
with the necessities of the particular design. 


3*16. Nozzle Friction 

Considering first the convergent portion of the nozzle up to the throat 
section, the effects of the various nonreversible processes accompanying 
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flow through an actual nozzle, as listed in the opening paragraph of 
Sec. 31, will be: 

1 . To increase the entropy of the steam 

2. To decrease the available energy between any given pressure limits 

3. To diminish the velocity of flow at the throat 

4. To increase the volume of the flowing steam 

5. To increase the throat area necessary to discharge a given weight of 
steam or, conversely, to decrease the discharge for a given throat area 

For the straight round-section nozzles used in many experiments and 
in the high-pressure stages of some turbines, these effects are so slight 
that they may almost be neglected. For actual turbine nozzles, which 
are (nominally) square or rectangular in section for the sake of increased 
efficiency of action on the blading and for manufacturing simplicity, and 
which are usually curved and longer than necessary for expansion require¬ 
ments alone, the losses up to the throat are not negligible. 

In the convergent-divergent nozzle, friction in the divergent portion 
beyond the throat will not affect the quantity flowing or the flow condi¬ 
tions at the throat but will further increase the entropy beyond the 
throat. Since some of the energy available with isentropic expansion is 
being diverted to heat the steam and since the velocity is decreased by 
the diversion of this part of the available energy, the density (and pres¬ 
sure) must be greater than the theoretical values. Comparisons of the 
actual pressure at sections along a nozzle with the smaller theoretical 
pressures for the same sections provide data for the determination of the 
frictional loss for various lengths of the divergent portion [4:11]. .The 
loss of available energy is small up to the throat but increases rapidly 
thereafter with each increment of length of the divergent portion. While 
this indicates greater Btu loss for the longer nozzles, the available energy 
is also larger for such nozzles, so that the percentage loss need not 
increase greatly. 

Frictional losses are less with (a) large nozzles, in which the ratio of 
the cross-sectional area to the perimeter (hydraulic mean radius) is 
larger; (6) round cross section as compared with square or rectangular 
sections; (c) straight or slightly curved nozzles as compared with those 
of large curvature or large deflection; and ( d ) superheated steam as com¬ 
pared with saturated or wet steam. 

The effect of losses on the velocity of steam flow in a nozzle is taken 
into account by the use of a velocity coefficient k n which is defined as the 
ratio of the actual exit velocity (as found by observation) to the velocity 
calculated for isentropic expansion from stagnation state at inlet to the 
exhaust-chamber pressure. The effect of losses on the quantity of steam 
flow is included by the use of a flow coefficient or discharge coefficient B, 
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-hirh is defined as the ratio of the measured weight flow to the flo* 
Inflated for isentropic expansion from stagnation state at inlet, either 
♦n (a) the exhaust chamber pressure at the nozzle-exit area in a conver- 
°nt nozzle which has no throat or to (6) the sonic velocity at the nozzle 
fhroat area in a convergent-divergent nozzle. 

These coefficients are affected by other causes than fr.ct.on, such as 
honndarv-layer effects, flow separation when the nozzle does not run 
and steam shocks; these will be discussed in later chapters. The use 
f velocity and discharge coefficients, defined as above, is admittedly a 
°‘de method of determining the total effects from the various causes, 
hut theory is at present incomplete, and the coefficients do give sat.s- 
Ltorv results when based on sufficiently comprehensive experiments. 
Nozzle velocitv coefficients vary from 80 to 98 per cent; discharge 
efficients run from 95 to as high as 105 per cent; reasons for the Iasi 
anoarently impossible conditions will appear later. In most of the 
problems in this text, the discharge coefficient will be assumed as unity. 


3-17. Nozzle Efficiency 

The efficiency of an actual nozzle is less than unity because of the 
effect of fluid friction, which is always to destroy some of the kinetic 
energy, returning its equivalent in enthalpy to the flowing steam at a 
lower temperature than that originally possessed by it. This irreversible 
operation increases the entropy, and a portion of the energy that was 
originally available is rendered unavailable. This is termed reheat, is 
measured in Btu, and is represented by q,. 

Nozzle efficiency r,, is the ratio of the actual kinetic energy of the 
steam at exit to the isentropic kinetic energy. If V, is the actual velocity 
at exit and ,V, is the isentropic velocity, then 


V, = A-„ X ,Vi 


where k „ is the velocity coefficient. Also 


whence 

and 

V\ 



V\ = iV\ X 7, n 


iVi Wn = 223.8 v Vn(h 0 — Mi) = 223.8 Vv* X Ah. (3 55) 


where ho - Jh = Ah, = energy isentropically available for producing 
velocity. 

The quantity 

V»(ho — Mi) = v* Ah, = Ah 
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is the actual work done in producing velocity. Also, since isentropic 
available energy = work done + reheat, or Ah. = Ah + q r , the reheat 
in Btu is 

q r = Ah, — (ij n Ah,) = Ah.(\ — ij n ) = Ah.( 1 — A-*) (3 50) 

If it is considered desirable to use approach instead of reservoir con¬ 
ditions and V. is appreciable, then from Eq. (3-4) we have 

Ideally available energy = h„ — ,hi 4* 

- Ah. + 

and 


223*8^ ] (3 ' 57) 

whence 

7, - 223.8 ^.[a*. + (gg) 1 ] 

= 223.8ft. -JaA. + (J^)’ (3-58) 

which may be written in general terms as 

V J - 2 gJis Ah. + Vn Vl 

This assumes that the same efficiency applies to both portions of energy, 
which may not always be the case. If the two efficiencies differ, Eq. 
(3 58) becomes 

V, - 223.8 yjv.r A h. + QjSgJ’ (3-60) 

where rj n » = efficiency of utilization of the initial kinetic energy 

tjnp = efficiency of utilization of the initial potential energy 
There is reason to believe that q np is generally less than q n „ and as a 
rough guide may be taken as rj np = vh [4:5]. It is probably unnecessary 
to include this refinement in nozzles of high efficiency, unless V 0 is large. 
We also have 

an)*] (360) 

In order to find h lt the enthalpy of the steam at exit from the actual 
nozzle, the reheat from Eq. (3*50) [or Eq. (3-60)] must be added to ,7ii 
the enthalpy that would remain after isentropic expansion, whence 

h\ = ih x + q r = ho — X Ah.) = h Q — Ah (3 01) 


Reheat 


V = (1 ~ Vn) Ah. + f 


Ah = actual work = ij* 


U. + ( 
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From the enthalpy at exit and the exit pressure, the specific volume v t and 
ntroDV si at exit may be found from charts or tables, thus completely 
determining the steam condition at exit. Since 223.8 2 = 50,073.44, it 
is usually satisfactory and convenient to use (V r */50,000) instead of 
i Vo/223. sy. 

Values of the efficiency > 7 . to be used for designing nozzles must be 
found by experiment. Description of the experimental methods used 



Isentropic Velocity ■ jV, 


Fio. 3-20. Nozzle velocity coefficient for superlieuted steam. 


and discussion of the results obtained will be followed more easily after 
more familiarity with the various forms and arrangements of nozzles 
used in steam turbines. However, in order to proceed with the con¬ 
ventional method of calculation of an actual nozzle, we shall accept 
Fig. 3-20 for the present as representing the results of experiments and 
shall use the values of ij n for various isentropic exit velocities /V\ as 
shown by the curve. 

3-18. Design of Nozzle for Actual Conditions 

The calculations of Sec. 3*15 will now be modified by the use of data 
from Fig. 3-20. For the ideal convergent nozzle, ,Fi = 947 fps and 
k n may be taken as 0.965, giving ij n = 0.931. For the throat of the 
convergent-divergent nozzle, ,F cr = 1,600, for which A*„ will be taken 
as 0.965. For the exit of the same nozzle, iV\= 2,847, k n = 0.922; and 
rj n = 0.850. 

A. Convergent Nozzle 

Vi = 0.965 X 947 = 914 fps 

From Eq. (3*61), 

hi = h 0 - vn Ah. = 1,233.4 - 0.931 X 17.9 
= 1,233.4 - 16.7 - 1 0 13.7 B'u 
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from which, at 106 psia, the volume will be found to be 4.56 cu ft per lb. 
This is so little more than % Vi = 4.54 that the latter is sufficiently accu¬ 
rate, and the slight increase in volume for the actual over the isentropic 
conditions is often neglected. The nozzle-exit area is 



1.6 X 4.56 X 144 
914 


1.145 sq in. 


B. Convergent-Divergent Nozzle. At the throat, 

V er = 0.965 X 1,600 = 1,544 fps 

h e r = 1,233.4 - 0.931 X 51.1 = 1,185.9 Btu 

from which, at 71.1 psia, 

v er = 6.19 cu ft (compare % v c , = 6.12) 

A„ - 16 X f - 1 — = 0.924 sq in. (compare ,A„ = 0.880) 

At the exit, 

Vi = 0.922 X 2,847 = 2,624 fps 

hi = 1,233.4 - 0.85 X 161.9 - 1,095.9 Btu 

from which, at 16 psia, 

Vi = 24.20 cu ft (compare ,Vi = 22.7) 

A x = - 2 ^ 024 " ^ ~ ~ = 212 -*sqin. (compare ,At = 1.837 sq in.) 

This is an increase of 0.287 sq in. or over 15 per cent above the exit area 
of the ideal nozzle. 



CHAPTER 4 

NOZZLE PROPORTIONS AND TESTS 


Nozzles used in steam turbines are modified in many respects from 
the elementary forms that were discussed during the development of 
principles in the preceding chapter. These modifications, necessary to 
adapt the elementary nozzle to use in the actual turbine, exert varying 
effects on nozzle efficiency which are difficult to evaluate by theoretical 
analysis. The desirability and necessity for experimental research are 
apparent, and extensive investigations have been carried on for many 
years by various industries and research groups. Some of the recognized 
methods of conducting such research with nozzles which have been 
developed will be discussed, with a brief review of the nature of the 
results obtained. 

44. Nozzle Forms 

The form of nozzle assumed in the calculations that have been made 
thus far, having a round section, with a rounded entrance and a straight 



Fig. 4-2. 


High-pressure nozzle blocks. 

conical enlargement in the divergent portion, and sometimes called a 
reamed nozzle, is used only when high-pressure steam is expanded over 
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a large pressure range, as in a single-stage impulse turbine, or in the first 
high-pressure stage of some pressure-compound turbines. Such nozzles 
are generally formed in a part called the nozzle block or nozzle plale; 
Fig. 41 is a sketch of such a plate, Fig. 4*3 shows two sizes of plates, 
each with four nozzles, and Fig. 6-23 shows a drawing with a plate hav¬ 
ing three nozzles, all reamed. A method of manufacturing these nozzles 
is shown in Fig. 4*4. 



Flo. 4*3. Guide-vane M*ctor and nozzle plates. (Wcstinghouac Electric Corporation.) 

If the nozzles are square or rectangular in section, they are closely 
spaced on a circular arc extending part or all the way around the circum¬ 
ference, so as to deliver a solid belt of steam into the blading. The 
increased nozzle loss due to the greater perimeter of the rectangular 
section of the nozzle is more than counterbalanced by the greater effi¬ 
ciency of the action of the continuous jet on the blading. At one time 
such nozzles, for the first high-pressure stage, were worked out of the 
solid, as in Fig. 4*2, but they are now always assembled from separately 
machined nozzle partitions or vanes, usually curved, and fitted at their 
inner and outer ends into grooves in short annular sections, all being 
welded together as shown in Fig. 6-23. In Fig. 4*5, showing nozzles 
intended for severe service at high pressures, the formation of the nozzle 
passages by assembling machined interlocking blocks (Figs. 4-6 and 4*7) 
is indicated; these are welded together and to the supporting plate. 

The nozzles of high-pressure stages are subject to difficult conditions, 
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because desirable flow patterns require that the partitions have thin 
edges at exit, but if made thin, they deflect under the pressure difference 
on the two sides. The high temperature and high steam velocity also 
limit the durability of the nozzle parts. They are not, however, subject 
to centrifugal force. 

For lower pressures, preformed nozzle partitions are set radially in 
circular diaphragms, welded in the higher pressure stages, and cast in 


Fio. 4-4. 



Manufacture of nozzle plates. (WeMiuykouae Electric Corporation.) 


place in the low-pressure ones (Figs. 4-8, 4-10, and 4-15). In Fig. 411, 
the relative positions of moving blades and nozzle partitions are clearly 
indicated, and in Fig. 412 a method of assembling a diaphragm is shown. 
The diaphragms are set in grooves in the turbine casing (Figs. 1-8 and 
1-15) and extend down to, but do not touch, the shaft; these diaphragms, 
taken in pairs, form the chambers in which the various wheels rotate, 
each chamber or stage having a different pressure. In the high-pressure 
end of a turbine, the nozzles often extend only partially around the 
circumference, giving what is called partial peripheral admission or, 
briefly, partial admission. Toward the intermediate stages, the increas- 
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ing volume of the steam necessitates increasing the arcs occupied by the 
groups until they eventually fill the whole circumference. Thereafter 
increased nozzle area must be obtained by increasing the height of the 
nozzles, all as illustrated in Fig. 4T4. With still further increase in 
steam volume, the diameter of the nozzle ring is increased as well as the 
nozzle height, up to certain limits which will be discussed later. This 



Fio. 4-5. Welded nozzle construction for high temperature and pressure. ( Allis-Chalmer* 
Manufacturing Company.) 


increase in diameter is well illustrated in Fig. T42. A group of dia¬ 
phragms is shown in Fig. 4T3. 

There is a difference in pressure on the two sides of each diaphragm, 
and leakage is prevented (or rather minimized) by the use of labyrinth 
packing to seal the clearance between the inner bore of the diaphragm 
and the shaft (Figs. 4T5 and 13-6). Also, the diaphragms must be stiff 
enough to carry the load due to the pressure difference without serious 
deflection. 

Diaphragms and wheels follow one another in close succession, and 
care is usually taken to conserve the exit velocity from a preceding wheel 
by forming the nozzle entrance in the succeeding diaphragm in such a 
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FlO. 4-7. Interlocked elements of welded nozzle. ( AUia-Chabntrs Manufacturing Com 
pony.) 



Fig. 4-8. Nozzle for low pressure; tangential section. Fio. 4-9. Nozzle for low pres¬ 
sure: transverse section. 



94 


STEAM TURBINES 


way that it will receive this steam entering (with a velocity which has 
been designated by Vo) and turn it in the direction required for delivery 
into the moving blading at the velocity V\. Diaphragm nozzles formed 



F'lO. 4-10. Nozzle partition* in diaphragm. 



Fit;. 1 11. 


Nozzle partitions uml impulse Mades. 


{General Electric Company.) 


by partition plates are therefore always curved and consequently have 
greater length and somewhat more friction than straight nozzles. 

While a sharp entrance edge on a thin nozzle partition would cause 
minimum flow disturbance if the angle were exactly right, the direction 
of flow leaving the previous blading row varies greatly with the load on 
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0(5 

the unit, and in order to receive and guide this flow without increasing 
turbulence, whatever the flow angle, the entrance edges must be thick¬ 
ened and well rounded. It is there¬ 
fore apparent that partitions made 
of flat plate bent to form, while 
simple and cheap, are less efficient 
under some operating conditions 
than those of varying thickness. 

4-2. Divergence of Nozzles 

If a nozzle is of the simple reamed 
type with straight conical flare from 
throat to exit, the divergence should 
not be so great as to make the 
expanding jet lose contact with the 
walls, as experiment shows that this 
causes considerable loss. Rounding 
of the throat into the divergence is 
essential for the same reason; it is 
found that the jet does not fill the 
nozzle if the curvature is too sharp. 
Experiments indicate that the angle 
of divergence may be as great as 20 
deg without appreciable effect on 
nozzle efficiency, probably because 
the shorter nozzle resulting from 
more rapid divergence has less total 
surface friction. A jet so widely 
diverging cannot be efficiently directed into turbine blading, however, 
and a compromise is found in the common use of angles varying from 
(> to 12 deg (total included angle). An angle of 15 deg is recommended 
by one manufacturer for condensing turbines and 10 deg for noncondens¬ 
ing turbines (small impulse units). Figure 416 shows a simple form of 
nozzle with straight flare as used by one company. Occasionally a 
parallel extension is formed beyond the divergent part, as in Fig. 4-17; 
while this directs the jet more accurately, it introduces shock and 
increases loss (Sec. 10-5) and is more expensive to manufacture, espe¬ 
cially if the concave angle is eliminated by curving the wall. The 
desirability of such a form is a matter to be settled by careful tests and 
commercial considerations. 

Experience shows that the entrance to a nozzle should be well rounded, 
so that there shall be no contraction of the stream at the throat. 



Flu. -1-15. IIii’li-priwsuto diaphragm mid 
»liuft piu'king. 
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Turbine nozzles are always cut off on a slant as shown in Figs. 4-10 
and 4-17, in accordance with the angle a made by the nozzle axis with 
the plane of blade rotation. The nozzle nominal length in Fig. 4-16 is 
measured to point c, the intersection of the axis with the same plane, 
and the nominal exit area is the area of a section of the nozzle transverse 
to the axis at the same point. Assuming that the flow' velocity is uniform 
over the cross section of the nozzle, it is apparent that the steam leaving 



Fio. 4-16. Effect of oblique exit on a nozzle. 



the nozzle on side a has expanded less than that leaving on side b. If 
the nozzle is so designed that expansion is complete to the back pressure 
at point c, then at point a the pressure in the steam leaving the nozzle 
is greater than the surrounding pressure, and the free expansion of the 
steam makes it tend to take the direction aa'. Conversely, at b, the 
surrounding pressure is greater than that of the steam leaving the nozzle, 
tending to compress it and make it take the direction W. The result 
is to cause a , the actual effective discharge angle of the jet leaving the 
nozzle, to be greater than a, the geometric angle of the nozzle center 
line. It is evident that this effect will be most pronounced in wide 
nozzles and in nozzles set at a small angle a. It is also most noticeable 
in isolated nozzles, but is still present when nozzles are placed close 
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together in a row. An interesting example of these changes in flow 

direction is mentioned by Rettaliata in discussing a paper by Yellott. 

and Holland (4:16). He presented the sketch of Fig. 418 showing two 

eddies at the oblique exit of an 

experimental nozzle with glass 

walls. These eddies are in the 

region which would be occupied by 

the blading in an actual turbine 

and would evidently distort the 

Flo. 4-18. Eddying flow at oblique csil °f a flow from the desired direction, 
nozzle, i Kelt almt a.) _ 

Other experimenters have found 
that these disturbances vanish at high flow velocities. 

When the nozzles are curved and are formed by the use of nozzle 
partitions, as exemplified by Fig. 4*19 (4:2) and Figs. 4*20 and 4*21 
[4:1], the divergence is not designated by the wall angles and length 




Fio. 4-20. Nozzle with short divergence, or positive thront. (Kraft.) 
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Fig. 4-22. Section of typical high-pressure nozzles, (i General Electric Company.) 



Fio. 4-23. Section of typical intermediate-pressure nozzles. (General Electric Company.) 
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but by the ratio of the nominal exit area as defined above, to the throat 
area, which is termed the nominal divergence ratio by Keenan. A con¬ 
vergent-divergent nozzle has its minimum section upstream from the 
exit edge of the partition on the short side, and the convex back of the 
long partition becomes flat at this minimum section (Fig. 4-20); the 
divergence of the flat walls takes place downstream from this section. 
If the convex curvature of the back ends exactly opposite a partition 
edge, a minimum section or throat exists there, and there is no divergence 
beyond it. If the curvature ends downstream from the partition edge 
(Fig. 4-21), the nozzle is still converging at exit; this is called negative 
throat by Kraft [4: 1), and the two previously described conditions, zero 
throat and positive throat, respectively. As would be expected, the nega¬ 
tive throat or converging nozzle shows its best efficiencies with subsonic 
enthalpy drops, while the positive throat or diverging nozzle does best 
with supersonic enthalpy drops and velocities. 

Figures 4*22 to 4*24, supplied by the General Electric Company, show 
typical sections of nozzles as used in impulse steam turbines by this 
company at the present time. The thick high-pressure partition, with 
well-rounded entrance, is strong and is adapted to receiving highly turbu¬ 
lent steam coming from the admission valve into the nozzle chamber. 
The intermediate-pressure nozzle partition is thinner and has a more 
definitely directed entrance, not far from 90 deg. The low-pressure 
partition is tapered, being wider at the maximum than at the minimum 
radius; note Fig. 1-42 and many other cuts of condensing turbines. 
These radii are usually designated with reference to the moving blade; 
the minimum radius is the root radius of the blade and is also called the 
root radius of the nozzle partition, and the partition section there is 
called the root section. The low-pressure partitions also are twisted; 
the entrance angle at the tip section is distinctly smaller (flow there is 
more nearly parallel to the axis) than at the root, but the nozzle-exit 
angle is approximately constant from root to tip. The purpose of vary¬ 
ing the nozzle-entrance (or sometimes the exit) angle from root to tip is 
discussed in Sec. 7*17. 

4-3. Angle of Nozzle Position 

The angle a, made by the center line of the nozzle passage at exit 
with the plane of rotation of the blading, is determined mainly as a 
compromise between conflicting conditions. High theoretical efficiency 
may be obtained by the use of very small nozzle angles, as will be shown 
later, since the blading work is larger and the exit velocity smaller. 
However, the small exit angle means a large angle of flow deflection in 
the nozzle, with increase in friction losses. The diagonally cut nozzle 
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mouth becomes so wide that steam guidance is poor, the deviation of 
the actual flow from the direction of the nozzle axis, as described in 
Sec. 4-2, is increased, and the good effect of the small nozzle angle is 
more or less neutralized. If small values of a are used, the nozzle height 
b must be increased in order to provide sufficient flow area, and the large 
surface area in such narrow and high flow channels adds to frictional loss. 



If a is made large, these difficulties decrease, but then the loss in the 
blading becomes large as will be shown in Sec. 5-5. The values used in 
practice range from 10 to 30 deg, 12 to 20 deg being common. The larger 
angles are used only when necessary, which is usually at the low-pressure 
end of large turbines. 

The nozzle calculated in Sec. 3-18 will be laid out as follows: 



Area 

Radius, in. 

Exit. 

| 

2.124 

0.822 

0 542 

Throat. 

0 924 

Difference. 


0 280 


If l is the length of the divergent portion of the nozzle and 6 deg is the 
included angle of its sides, 3 deg on each side, then 


whence 


tan 3 deg = 

0.280 

0.0524 - 5 - 5 ,n - 


If 17 deg is selected for the angle a, the expanding portion of the nozzle 
may be drawn, as in Fig. 4-25. A length of throat of 0.200 in. will be 
assumed, and the entrance is rounded to a curve having a radius of 
0.50 in., approximately the radius of the throat section. The length of 
the nozzle opening along the plane of blade rotation is 5.79 in. The 
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small angle, (» deg, was chosen because a preliminary layout showed that 
with 10 deg the nozzle would be so short that it could not be made sep¬ 
arately and inserted but would have to be formed in a nozzle plate. 

When partition plates are assembled to form nozzles, small values of 
a can be used, subject to stiffness limitations of the partitions under 
heavy steam loading. Figures 4-19 to 4-21 show examples of such 
nozzles. 

The fact that the actual angle of the flowing jet at exit is greater than 
the geometric angle of the partition at exit has been mentioned in Sec. 
4-2. This deviation, of the order of magnitude of 1 to 4 deg, increases 
with nozzle pitch and decreases with increase of steam velocity. Allow¬ 
ance must be made for it by using a partition geometric angle smaller 
than the fluid flow angle desired in designing the blading; this has been 
termed “angle exaggeration.” . When nozzles of this form have a height 
more than about 20 per cent of the mean diameter of the nozzle annular, 
exit angles may have to be varied; the reasons and methods will be 
discussed in connection with blading in Sec. 6-2D, and in connection 
with general flow conditions in Sec. 7T7. 

The actual flow angle of a stream leaving a nozzle exit may be observed 
by use of a small vane or a thread held in the stream, the angle being 
read from a graduated arc. This can be done with a model but seldom 
in an actual turbine. It is difficult to make such measurements with 
an accuracy greater than ± deg. 

4-4. Nozzle Pitch, Height, Aspect Ratio, and Partition-edge Thickness 

W'hile steam is passing through a nozzle and expanding, the flow is 
also changing from an approximately axial direction to one making the 
angle a with the plane of rotation, or is turning through the angle 
(90 — a). If the nozzle is one of a group, there is a difference in static 
pressures on the two sides of each partition. This load due to centrifugal 
force will increase with nozzle pitch, since the weight of steam deflected 
per unit of time is increased. Increase of pitch therefore requires 
increase of partition thickness /, for acceptable deflection magnitude. 

Because of the high pressure near the concave face, the steam tends 
to spread in a radial direction but is prevented by the closed ends of the 
flow passage at top and bottom. However, friction at the top and bottom 
surfaces of the passage slows down the steam in its neighborhood, reduc¬ 
ing the centrifugal force there and the consequent pressure rise. Radial 
flow along the partition then takes place, both inward and outward, 
with the formation of vortices and distortion of the flow, as shown in 
Fig. 4-2G. These distortions, termed end effect , reduce the efficiency 
more with low partitions than with high ones; in fact, if the height h is 
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small enough, the end-effect vortices fill the passage section, and the 
efficiency of the nozzle falls off rapidly (Fig. 6*19). A sufficiently large 
value of the ratio h/o, called passage aspect ratio , where o is the throat 
breadth, is therefore desirable. With nozzle height determined by the 
required flow volume, increase in aspect ratio is secured by decreasing 



the nozzle pitch. However, too small a pitch again increases losses due 
to friction on the more numerous wall surfaces. 

The height h of the nozzle is dependent on the volume of steam flow. 
In the early stages where full admission is not required and nozzles can 
be grouped, the height, in combination with the pitch, can be made such 
that reasonably high nozzle efficiency can be attained. In the later 
stages where there is full admission, the nozzle heights become greater, 
usually without notable change of pitch. The greater total load on the 
partition necessitates some increase in thickness. 



The pitch of the nozzles is a compromise; it should be small enough so 
that the steam is adequately guided but not so small that the numerous 
partition surfaces increase friction losses unduly. With small pitches, 
the thickness of the partitions occupies a considerable fraction of the 
gross flow area, and also since there is a wake downstream from each 
partition exit edge, within which the flow is distorted, too small a pitch 
becomes disadvantageous. 

In Fig. 4-27 the exit edges of a row of nozzle partitions set at the 
geometric angle a are shown. The edge thickness t reduces the area for 
flow in the ratio represented by the edge-thickness coefficient m, where 

pitch — tangential edge thickness $ — (//sin a) 

m 


s 


(4-1) 
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and the flow area for a group of nozzles of height h extending for an arc S 
around the periphery is 

A = Smh sin a (4’2) 

For a complete ring of nozzles, S is replaced by tc d m} where d m = mean 
diameter. With constant partition thickness, the clear opening o 
decreases rapidly as a is decreased (Fig. 4-28), until a value is reached 
at which the opening is closed entirely. 

The effect of the turbulent wakes downstream from the nozzle edges 

is to reduce slightly the nozzle effi¬ 
ciency, but, more important, it 
creates a region of fluctuating veloc¬ 
ities in which the blades move; the 
force exerted on the blades therefore 
fluctuates and may initiate vibra- 
These fluctuations decrease down¬ 
stream from the exit edge, with improvement in the uniformity of the 
jet, but the blade must operate as close to the edges as safety will allow 
and hence must be able to withstand the fluctuating force. 

4*6. Nozzle Experiments; Methods 

From the earlier sections of this chapter, it is evident that a number of 
variables can affect the performance of a nozzle as shown by its velocity 
coefficient or efficiency. Some of these variables are: 

1. Velocity of flow 

2. Divergence ratio 

3. Angles of entrance and exit and deflection angle 

4. Radius of curvature of convex wall 

5. Pitch 

6 . Radial height 

7. Width at throat 

8 . Ratio of radial height to width at throat 

9. Exit edge thickness 

10. Number of nozzles in a group and number of groups 
Not all these variables are independent, and it is practically impossible 
to conduct experiments which will determine the effect of each separately. 
However, accurate knowledge of the phenomena accompanying the flow 
of fluids through nozzles and other passages is so essential to good turbine 
design that much experimental work has been carried on by many 
groups of experimenters in many countries and is still in progress. Some 
of the results have been published in connection with descriptions of the 
experimental methods used, and a few papers have furnished considerable 
useful information. The data most desired have been: 



F'o* 4-28. Effect of angle of nozzle par¬ 
titions on net flow area. 


tions of high frequency in them. 
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1 Values of the discharge coefficient B for various initial pressures 
and pressure ratios and for various arrangements, sizes, forms, and 
finishes of nozzles. The usual method is to condense and weigh the 
issuing steam. Values of B thus obtained with straight nozzles having 
well-rounded inlets will run from 0.95 to 1.05. 

2 . Velocity coefficient k n (Secs. 3-16 and 3-17). The square of k n is 
assumed to be the nozzle efficiency 17 *. If the velocity is not uniform 
over the cross section of the jet, the efficiency thus calculated from the 
average velocity will be somewhat low on an energy basis, since 
2 m V\ > (T a ,) 2 2m. However it can be proved (4:3] that the work 
the jet can do on moving blades is proportional to (F OP ) 2 , so that this 
is the proper criterion. 

3 . Angle of stream at exit from the nozzle (see Sec. 4-3). 

4 . Pressure distribution along the length of the nozzle, to be consid¬ 
ered in Sec. 4-10. 

Flow tests may be performed with actual turbine elements, but models 
are ordinarily used and they may be larger or smaller than the original. 
If they are geometrically similar, the same fluid is used, and the Reynolds 
and Mach numbers are the same, complete dynamic similarity is secured, 
and the results of tests on the model can be used for predicting the 
performance of the original (Sec. 9-15). It would therefore be desirable 
to use steam as the medium for testing steam-turbine flow elements, but 
both high temperatures and high pressures are inconvenient, and under¬ 
cooling, or condensation, often appears where it is not wanted. On 
the other hand, air is plentiful, and with it wood models may be used; 
the atmosphere forms an isothermal sink into which air can be discharged 
at constant pressure and in which the operators can move about freely, 
and the initial conditions of pressure and temperature are more easily 
maintained constant than with steam. Air is therefore widely used in 
experimental research for flow problems, and since its density, viscosity, 
and specific heat differ from the same properties with steam, complete 
dynamic similarity is not always obtainable, and the use of test results 
with air for predicting the performance of the original with steam there¬ 
fore requires more care. 

To determine the velocity coefficient experimentally, the following 
methods have been used: 

1. Measurement of weight flow and calculation of velocity 

2. Measurement of jet reaction 

3. Measurement of impulse of jet 

4. Measurement by impact-tube survey 

By method 1, having a knowledge of the weight flow and estimating 
the density at the point of jet exit, the velocity may be calculated. This 
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method is inaccurate because experiments have shown definitely that 
high discharge coefficient is not necessarily associated with high efficiency, 
and conversely. The temperature and quality (of wet steam) at exit 
are also difficult to determine accurately. 

4-6. Measurement of k n by Jet Reaction 

This requires a movable or flexible support for a nozzle or group of 
nozzles and the pipe from which they discharge, so that the reaction of 
the jet can be measured, as indicated in Fig. 4*29 (4:4]. Here, inside a 



Fxo. 4-29. Nozzle-testing machine, reaction method. (Warren and Keenan.) 

large chamber, a nozzle assembly or pack is attached to the lower end 
of a vertical approach pipe, whose upper end connects with a horizontal 
cross pipe, the whole being in the form of a T. The cross pipe is mounted 
in ball bearings at its ends and is supplied with steam; an arm attached 
externally to the T rests on a sensitive scale by means of which the 
reactive force of the steam flowing from the chamber is measured. From 
the nozzle reaction and the weight of steam discharged, the velocity can 
be calculated from the equation V = Fg/w. 

Results obtained by Warren and Keenan [4:4), from a straight, round, 
converging nozzle are shown in Fig. 4*30 and from an impulse nozzle in 
Fig. 4-31. The velocity coefficient rises slightly beyond the velocity of 
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sound but falls off rapidly with further increase, up to 2,500 fps and 


This apparatus is well suited to measuring the velocity from a single 
nozzle, cut off square at exit, and is satisfactory for supersonic velocities. 



Theoretical Velocity, Ft. per Sec.* 


Fio. 4-31. Nozzle velocity coefficients for impulse-turbine nozzle. (Warren and Keenan.) 

However, in turbines, nozzles are seldom used separately but are 
assembled in groups extending around the wheel in an arc. A group of 
nozzles in radial arrangement cannot be tested properly in this type of 
machine, since reaction torque is not measured but merely the single 
component normal to the approach 
pipe. Special nozzle packs must 
therefore be made up, with parallel 
elements. 

Another difficulty with this tester 
in the case of nozzles cut off obliquely 
as in Fig. 4-32 is that variations in 

the steam pressure in the approach F, °- 4 32. Effect of oblique exit from 
pipe cause changes in the direction mome " t °"d 

of the jet at exit. This alters the 

effective moment arm of the jet reaction about the T-pipe axis from R 

t0 v v a t th r fOre introduces an error in the reaction measurement 
which is difficult to appraise. The only way the angle can be determined 
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under actual test conditions is by looking through a window in the wall 
of the containing chamber. Light vanes or threads supported in the jet 
give a fair indication of its direction. 

Another type of reaction tester developed by C. A. Parsons & Co. 
in Great Britain, is described by F. Dollin 14:5]; the principle of the 
tester is shown in Fig. 4-33. It has the advantage that it measures 
torque and therefore permits the testing of radially assembled nozzle 
packs. A flat disc-shaped chamber B is mounted concentrically on, and 
connected to, one end of a cylindrical tube C; the other end of the tube 
is closed by a concentric disc-shaped counterweight W. This member 



P77YA - Y7Z7722 _ 

Flo. 4*33. Parsoiitt-Dollin reaction tester for nozzles. 


does not rotate but floats, being supported at both ends by 45-deg links S. 
The torque is measured by a vertical link at M leading to a balance, and 
the axial thrust is likewise measured by a connection at T to another 
balance. The supporting links and the connections to the balances all 
have thin plate sections incorporated, in two planes, so that their bending 
can exert no appreciable torque or thrust. The friction of ball bearings, 
or even the smaller amount associated with knife edges, is eliminated. 

The nozzle pack to be tested is mounted against the flat end face of 
the chamber B, or on a short approach pipe N projecting from the cham¬ 
ber face, with the nozzles placed at the same angle and radius as in the 
actual turbine. The cylindrical tube of the floating member is sur¬ 
rounded by a second tube D which is rigidly supported on the same base 
as the balances and is supplied with compressed air through a connection 
A at mid-length. The air passes into the floating member through holes 
in its walls and so reaches the nozzles, through which it flows to the 
atmosphere. Flow along the clearance between the two tubes is pre¬ 
vented by labyrinth packing L. The air supplied to the tester is 
measured by passing it through a calibrated flow nozzle. Leakage to the 
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ical Engineers (4:6] and published during 1923-1930. Figure 4-34 shows 
the apparatus used. The nozzle pack is placed on the lower end of a 
vertical approach pipe and discharges vertically downward onto a flat 
circular plate which is supported on a spindle passing through the bottom 
of an enclosing chamber. The force exerted on this spindle is weighed 
on a scale. Friction is eliminated where the spindle passes through the 
chamber bottom by the continuous rotation of a well-lubricated sleeve 
surrounding it. A cage of closely spaced annular rings of sheet aluminum 
is supported on the flat plate to make sure that all the steam passes away 
radially and will therefore exert no vertical force on the plate. The 
exhaust steam is condensed and weighed; air may be used if desired and 
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weighed before entrance. The pressures were limited to 40 psig; ques¬ 
tions of supersaturation were avoided by working entirely in the super¬ 
heated region. Much important information was obtained, and reading 
the reports will repay the interested student. Some difficulties encoun¬ 
tered were that with changes in steam pressure, the jet direction changed 
and was not always normal to the plate (see previous section) and that 
in some instances the jet was unstable, changing direction rapidly. 
Currents of steam in the chamber exerted unknown forces on the plate 
and cage. Moisture could collect on the platform or cage, in spite of 
the superheated steam supplied. Only parallel nozzle packs could be 
tested. 

Another fairly recent set of experiments with an apparatus that is 
similar to that used by the Steam Nozzles Committee, but embodying 
certain improvements, is reported by GifTen and Crang (4:7). This 
apparatus was especially designed to explore the region of low steam 
velocities, since there was some doubt as to the accuracy of the com¬ 
mittee’s results in this region. The axis of the apparatus was horizontal 
to eliminate any possibility of water collecting on the impact platform 
or cage, friction of the spindle was eliminated, and the uncertainty as 

to the jet direction was removed by test¬ 
ing a round nozzle with square end only. 
The results obtained were conclusive and 
showed that many of the committee’s 
results at low steam speeds were too high. 


4-8. Measurement of k n by Impact-tube 
Survey of Jet Cross Section 

The principle of this method is shown in 
Fig. 4-35 and involves blowing air through 
a model of a nozzle passage and measur¬ 
ing the change in total pressure between 
entrance and exit by means of impact tubes 
directed upstream. The two impact tubes are usually connected to a 
differential manometer so as to indicate directly the difference of heads. 
The pressure and temperature at entrance are kept constant; the nozzle 
discharges into the atmosphere which is also at constant pressure. If 
there were no losses in the nozzle, the differential head would be zero 
and the usual equations for the flow of a gas, for a given initial total 
pressure and temperature and final static pressure, could be used to 
calculate the isentropic velocity and the mass G and energy flow per 
unit of discharge area [Eqs. (3-8) to (3*11)]. If there is loss during the 
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. the difference of total heads is shown by the differential manometer 
ead’ing, which is a measure of it. There is a reduction in the discharge 
velocity and in the density (for a convergent nozzle), hence also in the 
mass and energy flows per unit area. With initial temperature and 
pressure constant, both quantities are functions of a single variable, the 
pressure differential. However, if the discharge velocity is supersonic, 
the interpretation of readings is not so simple (see Sec. 410). 

Owing to the enormous number of readings of differential pressure that 
must be taken in order to make an adequate survey of a nozzle section 
and the amount of calculation work required to determine the efficiency 



Theoretical velocity II80 ft per sec. 
(a) Nozzle model No 1 


Zero pressure difference, 100percent efficiency 


Y v v 
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Edge 



(b) Nozzle model No 2 

Fia. 4-36. Instrument records, pressure-transverse recorder. (Kraft and Berry.) 


(or the velocity coefficient), it is essential to have both survey and calcu¬ 
lations made automatically. A method developed for the purpose at an 
early date has been described by H. Loring Wirt (4:8|; a further expan¬ 
sion of the method into an elaborate instrument is the subject of a paper 
by H. Kraft and T. M. Berry [4:9] of the General Electric Company. 
Another solution of the problem, resulting in a somewhat different instru¬ 
ment, has been described by W. R. New [4:10) of the Westinghousc 
Electric Corporation. Study of these papers will repay the interested 
student, but only a brief abstract can be given here, limited to the 
method used in the General Electric instrument. 

The impact tube at inlet is fixed in position. The one at discharge, 
properly oriented with respect to the direction of the discharge jet, is 
swung on an arm about an axis corresponding to the axis of the turbine 
shaft, traversing the nozzle group on the arc of a circle, with the impact- 
tube nose close to the exit edges of the nozzle vanes. The nozzle group 
consists of at least three nozzles. While the power-driven arm is slowly 
traversing the impact tube across the jets issuing from the nozzles, a pen 
draws a record on a chart, representing the differential pressure (Fig. 
4-36a and b). (Two nozzles are compared in these figures.) This line 
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is high in the middle of each nozzle passage, where it approaches more or 
less closely the straight horizontal line AB which represents no loss or 
100 per cent efficiency, and is low when it passes through the wakes 
behind the vanes. While the line is being drawn, the instrument draws 
additional record lines on the chart, calculates automatically, from the 
impact differential, the mass and energy flows per square inch at each 
point, and integrates the values over the whole of a traverse path for 
the group (three nozzles in this case). A sufficient number of these 



Flu. 4-37. Energy and flow integral*. (Kraft and Berry.) 

traverses is taken at different radii to map out definitely conditions over 
the whole of the three nozzles. 

The results of these traverses are summarized on a diagram like 
Fig. 4*37 a and b, with the coordinates energy flow and radial height; one 
of these diagrams is prepared for each theoretical air velocity. The 
integrated value of the actual energy for each traverse is plotted as 
ordinate at the abscissa for the height at which the traverse was taken. 
The theoretical 100 per cent energy is found by multiplying the mass 
flow by the correct factor. The ratio of the actual to the theoretical 
energy is the efficiency at that height, termed “arc efficiency.” The 
ratio of the areas under the actual and the theoretical energy curves is 
the efficiency of the whole nozzle for one theoretical velocity. The slope 
of the integrated energy curve, with higher energies at larger radial 
heights, reflects the greater flow in the areas between the nozzle vanes 
nearer the maximum radius. The irregularities in the energy and the 
arc efficiency curves show the defects of flow; they are more noticeable 
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ar the root and tip and are due to the vortices existing there, with end 
effects mentioned in Sec. 4-4. Whether these defects are more serious 
6 the concave face or convex back of the vane is shown by Fig. 4-36. 

° Finally, a sheet like Fig. 4-38 is prepared, on which are plotted all the 
efficiencies prepared by diagrams like Fig. 4-37, for all the velocities 

ft immediately apparent that this impact-tube-survey method is 
ideal for searching out defects in detail, with their location, and for 
comparing the improvements that 
may result from modifications of 
nozzle form. The method is appli¬ 
cable to testing flow through blading 
passages as well as through nozzles 
and through many other flow ele¬ 
ments important in design. There 
are some disadvantages; it is diffi¬ 
cult to duplicate exactly in the model 
setup the actual approach condi¬ 
tions as to stream turbulence and 
(low direction; also flow leaving the 
nozzle at subsonic velocity is bound 
to be affected somewhat by the 
presence or absence of moving blades 
immediately downstream. These 
are also disadvantages of all meth¬ 
ods of testing except by actual use in a turbine. 

When nozzles are tested in a group, the pressure distributions associ¬ 
ated with the end nozzles are different from those with the intermediate 
ones, and it is therefore inaccurate to apply the results obtained by a 
group test by either the reaction or the impulse method to the design 
of a complete nozzle ring in which there are no end nozzles. In the 
impact-tube method, the group contains at least three nozzles and the 
results from the middle one are normal, or five may be grouped and the 
middle three used; this gives more reliable results because the averaging 
of results from three nozzles tends to minimize the effects of construc¬ 
tional variations. The results of tests from such intermediate nozzles 
are free from the abnormalities of the end nozzles, and this is an important 
advantage of the impact-tube method. 

The tester described in the Kraft and Berry paper is designed to test 
radially assembled nozzle elements, and the impact tube is traversed on 
the arc of a circle. Provision is made for varying the testing radius to 
suit nozzle rings of different radii, so that nozzle groups, or models of 



'hi. 4-38. Comparison of over-all efti- 
ioncy of two nozzles. (Kraft and Berry.) 
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them, can be tested under conditions closely similar to what they would 
be in an actual turbine. In fact, the tester is used for checking the 
performance of actual nozzle blocks or groups, after manufacture and 
before assembly in the turbine. The tester described by New, on the 
other hand, is designed for use with nozzle packs having parallel elements, 
and the impact tube is traversed in parallel lines across the group. The 
nozzle pack is not identical with what is used in a turbine, and results 
of tests with it must be properly modified when applied to a turbine 
design. It is claimed, however, that the elimination of the variable 
radius from tests makes it easier to measure the effects due to other 
variables in nozzle design and to accumulate data which are more funda¬ 
mental in nature and therefore of more general use. 

4-9. Results of Nozzle Experiments 

The amount of published information dealing with the results of nozzle 
tests is not sufficiently extensive to allow broad quantitative generaliza¬ 
tions. However, considerable material derived from tests has been pub¬ 
lished, and many theories have been advanced in the literature to explain 
various phenomena. It is therefore possible to state or show by diagrams 
the effects on nozzle efficiency of variations of the more important fac¬ 
tors, with good qualitative accuracy and fair approximation to the 
actual numerical values. 

Foremost should be considered the pressure ratio. A nozzle is designed 
to produce a certain actual exit velocity V x which is considered to be the 
ideal isentropic velocity .F, multiplied by k nt and requires a certain 
pressure ratio. At times the nozzle may be operating exactly at this 
pressure ratio, but for most of its life the pressure ratio will be something 
different. It is most important to determine how the value of k n and 
hence Vn varies with these different ratios. In Fig. 4-39 are curves show¬ 
ing what may be expected from a number of different nozzles designed 
for different pressure ratios, and each operated over a wide range of 
ratios other than the designed one. Curve .4 is for a nozzle designed for 
slightly subsonic velocity; it is convergent and, in the terminology of 
Sec. 4-2, has a small negative throat. For such a nozzle, k n is usually 
between 0.9G and 0.98 in the subsonic range; it has been drawn with 
maximum k n — 0.968 at sonic velocity, decreasing slowly for decreasing 
velocities and falling away sharply for velocities greater than sonic. 

Nozzle B has a short divergent section, is designed for expansion to 
slightly supersonic velocity, and has a small positive throat. The valu' 
of /.*„ is slightly less for low velocities than curve A but it holds up wo': 
over into the supersonic region before it too falls away sharply. 

Nozzles C, D, E, and F were designed with progressively larger diver- 
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ratios for expansion over progressively greater pressure drops, and 
g ence ratios, to P ye ya , ue Each nozzle has one particular 

with throats of h g P . of km is a maximum and is not far 

LTowThe v C alue/for nozzles A and B, but the peaks become narrower 
below tne values \ c thp nressure drop for which 



lowered velocity coefficient) for operation at other than the correct ratio 
is larger. 

The curves of Fig. 4-39 are based on results of tests performed in a 
reaction tester and discussed in the two 1948 papers by Keenan and 
Kraft. Relative to the velocities at which curves C, D, E, and F show 
maximum Keenan says [4:2], “The velocity coefficient of a con- 
vergent-divergent nozzle passes through a maximum at an iscntropic 
velocity corresponding to a divergence ratio somewhat less than the 
nominal divergence ratio of the nozzle, and through a minimum at an 
isentropic velocity less than sonic, and which minimum decreases with 
increase in divergence ratio.” 

If a nozzle is operated at a higher pressure ratio (smaller drop in 
pressure between supply and exhaust) than that for which it is designed, 
it is said to be overexpanding; the pressure in the jet at the exit tends to 
be lower than the exhaust pressure. Conversely, underexpansion occurs 





116 


STEAM TURBINES 


when a nozzle is operated at a lower pressure ratio than that for which 
it is designed; the pressure in the jet at the exit is higher than the exhaust 
pressure. If any of the nozzles in Fig. 4*39 is operated with a pressure 
ratio producing an isentropic velocity less than that corresponding to 
the peak of its curve (to the left of the peak), there is overexpansion and 
conversely there is underexpansion for points to the right of the peaks. 
It is important to note that overexpansion produces serious reduction 



Fio. 4 40. Variations of efficiency with nozzle angle. formed partition. ( Kraft .) 

in k n for nozzles C, D , E, and F hut not for A and B and that under¬ 
expansion results in reduction of k n for all the nozzles, being especially 
serious for nozzles C to E. We may therefore conclude that nozzles 
A and B (with slightly negative and slightly positive throats, respec¬ 
tively) may be satisfactorily operated over a wide range of pressure 
ratios with a high value of k n but that this is not true for C to E. These 
results would lead to the conclusion that nozzles designed for supersonic 
flow are unsuitable for turbine applications where pressure ratios vary 
to any considerable extent. The change from B to C is notable; there 
is evidently a large difference in flow conditions in these two nozzles. 
Nozzle B is designed for slightly supersonic flow; any modifications of 
its contour which would allow the peak to be extended further into the 
supersonic region without changing over to the unfavorable condition 
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. r would be an important improvement. The change from B to C 
Jill later be shown to be due probably to shock and separat.on of the 

^TheTnlmlTormrdvalues of the curves of Fig. 4-39 are fairly wC, 
Led by many other tests, but the absolute values shown by the 
verified by ma y literally. The five nozzles are not entirely 



ent on many nozzle features beside the iscntropic velocity, as listed at 
the beginning of Sec. 4-5. Figures 4-40 and 4-41, from the Kraft paper 
of 1948 [4:1J, are stated to be an example of the type of information 
which has become available to the designer by systematic experimenta¬ 
tion and analysis and interpolation of the results. 1 wo types of nozzles 
are shown, both with zero throats, and the curves are all for a pressure 
ratio of 0.82, yielding an isentropic velocity of 1,000 fps. The nozzles 
with cast-in partitions are distinctly inferior. The coordinates used are 
nozzle angle and nozzle efficiency rather than isentropic velocity and 
velocity coefficient as in previous figures. The considerable effects on 
efficiency of changes in nozzle angle, aspect ratio, radial height, and 
throat area per inch of pitch are clearly shown. If the designer has 
available a series of diagrams similar to this, for a series of pressure ratios, 
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he can select dimensions for nozzles of a new design with confidence that 
his estimates of efficiency will be correct. 

The physical dimensions of a nozzle also affect its velocity coefficient, 
large nozzles being more efficient than small ones, but this is more satis¬ 
factorily considered in connection with Reynolds number, which will be 
discussed in Chap. 9. The vapor density and viscosity are also involved 
in the Reynolds number. 

4*10. Pressure Distribution in a Convergent-Divergent Nozzle 

In another type of nozzle experimentation, the pressures within the 
jet are measured by a gage connected to a movable search tube passed 



Fig. 4-42. Search-tube method of measuring pressures. 


along the axis of a straight nozzle, with a tiny hole in its wall, as shown 
in Fig. 4-42, or by a series of gages connected to small holes drilled in 
the nozzle wall (Fig. 4-43). While the first method has some advantages, 
the presence of a search tube along the nozzle axis alters flow conditions 
because of the friction of the fluid on its surface, and the experimental 
method is slow. Experiments reported by A. M. Rinnie and M. W. 
Woods (4:11), by the second method, used 31 gages connected to small 
holes along the center line of a special nozzle 10 in. long. The nozzle 
had rectangular sections, with two opposite flat sides 0.38 in. apart. 
The throat was 0.38 X 1.393 in. and was curved with a radius of G in., 
the diverging downstream walls being straight and each at an angle of 
4 deg with the nozzle axis. 

The results of a series of tests designed to show the effects of raising 
the back pressure (causing overexpansion in the nozzle) are shown in 
Fig. 4-44. Initial conditions were between 17.21 and 17.31 psia and 314 
and 327 F. For all except the three uppermost curves, the pressures 
along the expansion line are identical up to a certain point, at which 
recompression commences with a rise of pressure, sudden at first, then 
more gradual, to the exhaust pressure. These curves will be discussed 
presently. At about 7 in. from the nozzle entry in Fig. 4-44 (the 
exact location depending on the initial steam quality), the expan¬ 
sion curve shows a jog upward and then continues approximately 
parallel to its original direction; this is caused by condensation which 
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1'ia. 4-44. Distribution of pressure in a converging-diverging nozzle. (Bxnnie and Woods.) 


throat; from just before the throat to a point 1H in - beyond it the loss 
was 2 per cent, and from the latter point to the nozzle exit, the loss was 
about 20 per cent (Sec. 3-16). The loss really increased gradually with 
the distance, but these figures give an idea of its magnitude. 

In order to determine analytically the pressure distribution along the 
length of a convergent-divergent nozzle, it is convenient to use & j is 
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instead of steam and to derive an equation for the stream-expansion 
ratio, which is the ratio of the area at any section to the area at the 
throat, the latter being the only fixed area suitable for reference. From 
Eq. (3-42) we have 

» = GA = A £ (r’-‘ - r ( * +l,/ *) (4-3) 

If the throat area A er and throat pressure ratio r fT be substituted, 


w 


Q~A„ = A„ - (r„) <t+l,/ *] (4-4) 


Solving these two equations for A and A tr and taking the ratio gives 

( 4_V . (^r)^|l - (r„)<*-»/» ] 

VW r**( 1 - r <*- ,,/4 ) < 4 ’ 5 > 


If we substitute in this equation the value for r er from Eq. (3-23), namely, 


we obtain 


-(fh) 


*/(*-!) 




/ A V _ ((* - l)/2)[2/(ifc 4- 1 )]<*+»>/<*-i> 

\A,J r v *(l - r < *" ,)/ *) (4 ' fi > 

From this equation, or preferably by means of a curve plotted from it 
(Fig. 4*45), the area ratio corresponding to various pressure ratios reached 
by isentropic expansion in the nozzle can be found, also the converse. 
The curve of Mach numbers for various values of r will be discussed 
in Sec. 101. 

If we assume an arbitrarily shaped straight fiat nozzle like that used 
by Rinnie and Woods, then by selecting the area ratios at a number 
of sections along the divergent portion, we may obtain the corresponding 
pressure ratios from Fig. 4-45. Flotting these as ordinates at the arbi¬ 
trarily chosen distances of the sections from the nozzle entry, we obtain 
the expansion curve ac'ftve, shown in Fig. 4-46; the form of this curve 
is obviously dependent on the form of nozzle profile selected (compare 
Figs. 3*0, 3-8, and 3-10 for steam). From this curve can be found the 
value of r at any section distant x from the nozzle entry. If the pressure 
ratio in the exhaust space is maintained at e, then (neglecting friction) 
the flow will be isentropic throughout the nozzle. The velocity at the 
throat will be sonic, the maximum possible there, and full nozzle discharge 
will take place. From throat to exit the flow will be supersonic. 

Suppose, however, that the discharge pressure ratio is raised to that 
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(b) Section of nozzle 


P/Po 


0 (a) Pressure distribution along axis of symmetrical 

nozzle of constant depth 

Fiu. 4-46. Theoretical flow in a symmetrical nozzle. 


at 6, only slightly below 1.0. The nozzle will then behave like a venturi 
tube, with pressure dropping to b' at the throat and rising nearly to the 
original value at the exit; the velocity, initially zero, rises to a maximum 
at the throat and then falls again at exit to a low value, being always 
subsonic. On the H-S diagram (Fig. 4-47), this reversible process is 
represented by ab'b. The flow quantity w will be less than the maximum. 

Again, assume that the discharge pressure is lowered to such a point 
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c that the critical pressure is reached at the throat c'. The velocity 
becomes sonic at c' but decreases again during the partial recompression 
and retardation (a subsonic diffusion process) from c' to c. Since critical 
pressure, density, and velocity are reached at the throat, full quantity 
flow through the nozzle will take place, but the exit velocity will be low. 
On the H-S diagram of Fig. 4-47, the process is represented by ac'c. 
The pressure ratio at c for this condition was found by Binnie and Woods 
[4:11] to be 0.82. 

For any discharge pressure less than that at c, the full quantity will 
flow through the nozzle. Suppose the exhaust pressure is that at h 




Fio. 4-47. Nozzle-flow process on H-S dia- Fio. 4-48. Nozzle-flow process on H-S dia¬ 
gram, isentropic. gram, irreversible, with shock. 

(Fig. 4-46). It might be expected that air which had expanded along 
ac' to some point between c' and /, reaching supersonic velocity, would 
slow down with rising pressure, reaching condition h, as in the cases 
ab'b and ac'c. The situation is different, however, in that, at any point 
beyond c', the velocity is supersonic, the nozzle is divergent, and the 
gas is still trying to expand. Yet presently, before it can get out of 
the nozzle, it must rise to the pressure at h and must therefore be com¬ 
pressed strongly while it is still flowing in a diverging passage. The 
condition is unstable. Analysis by principles of fluid dynamics (Sec. 
10 - 2 ) shows that under these conditions there will occur what is called 
a normal shock, with sudden rise of pressure and decrease of velocity. 
The change is no longer isentropic; the entropy increases. The velocity 
Vi after the shock is always subsonic, and the higher the velocity Vi 
before the shock the lower V 2 , i.e., the stronger will be the shock. The 
analysis provides for the determination of all the fluid properties after 
the shock but does not show the exact degree of instability required to 
initiate it. 
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=sr=sr=S£ si&ts: “r,,^ 

sonicdiffusion to t - s shown on the H -S diagram m Fig. 4-48 

pressure at ^ ^lt J ^ fg Qr shock takes place wth mcrease of 

„vit Diane resulting in a rise of pressure from e to j. 

The foregoing paragraphs outline a process by which supersede veloc¬ 
ity in the nozzle is reduced to subsonic velocity at the exit when this is 
made necessary by imposing a higher exit pressure than that for which 
The nozzle was designed. The explanation does not, however, cover the 
range of exit pressures from j to e or exit pressures below e. The me 
of pressure of gas leaving the nozzle-exit plane with pressure p.,^ some 
external pressure between p, and p. may be accomplished in the jet 
outside the nozzle by an oblique shock wave. (A brief descnption of such 
waves is given in Sec. 10-5, but complete treatment cannot be attempted 
in this text.) This results in a compression ol the jet (as would be 
expected since the external pressure is greater than the pressure inside 
of the jet) up to the external pressure and even higher due to the 
acquired radial component of fluid velocity. The jet then expands until 
its pressure again equals the external pressure and goes below it, is 
compressed again, and so on in a repeating pattern, until fluid viscosity 
damps the fluctuations. The process is similar to that described for a 
convergent jet (Sec. 3-12), but since the flow now being considered is 
supersonic, the particle paths will not be curved or streamlined but will 
be made up of a succession of short straight lines. 

If the exhaust pressure is less than p„ then the jet issuing from the 
exit plane at supersonic velocity diverges through a small angle around 
the corner of the nozzle exit, expands to less than the external pressure, 
is then compressed, reexpanded, etc., in a repeating pattern. 

Shocks within the divergent portion of the nozzle occur only when 
there is overexpansion, and the pressure reached within the nozzle by 
expansion is lower than that in the exhaust. Nozzles cut off at C, D, 
and E (Fig. 4-46) having considerable divergence ratios would experience 
severe shocks if operated in such overexpansion conditions, the actual 
exit velocity would be much less than the isentropic velocity, and k n 
would be reduced. A nozzle cut off at .4 would be converging and could 
have no shock. A nozzle cut off at B would have supersonic velocity 
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at exit, but shock might not be present with overexpansion, even with 
a fair amount of divergence, unless local conditions tended to initiate a 
disturbance; i.c., shock may be pushed well down the expansion line 
toward f by proper design of the nozzle contour. When it does occur, 
however, conditions change over almost instantaneously to those exist¬ 
ing with nozzle C, with its accompanying greater loss. The exact 
amount of divergence allowable, without incurring shock, has to be 
found by experiment. Small variations in nozzle contour may apparently 
produce large changes in nozzle efficiency, under some conditions. 

It is hardly necessary to point out that the conditions in a curved 
nozzle, between formed vanes, as ordinarily used (Figs. 4-40 and 4*41), 
are quite different from those in the straight nozzle. The radii of curva¬ 
ture of the face and back exercise a large influence on the flow. Since 
any change in direction of the wall will initiate a disturbance which, with 
supersonic velocity, becomes a shock, there should be no curvature in 
that portion of the nozzle where, if anywhere, the velocity is supersonic, 
i.e., beyond the throat. Convexity of the back of the vane between 
the throat and the exit edge is almost certain to produce flow separation 
and consequent loss, if the flow velocity is high. 

4-11. Flow of Wet Steam 

While the steam supplied to turbines is nearly always superheated, 
the superheat decreases during flow through the machine, and the last 
few stages practically always operate with wet steam. Also, a few tur¬ 
bines are supplied with steam that is initially saturated or even wet, so 
that consideration of the actual conditions of operation with wet steam 
are important. This special consideration will also prepare the way 
for later explanation of the falling off in efficiency of turbine stages oper¬ 
ating in the wet region. 

In the method of calculation used in the text so far, it was assumed 
that after adiabatic expansion of the steam reduced its condition to 
that of saturation, further expansion was accompanied by condensation, 
and the steam became progressively wetter as the expansion proceeded. 
The mixture was assumed to remain homogeneous, the droplets of water 
that gradually formed being uniformly distributed throughout the trans¬ 
verse sections of the flowing expanding stream and traveling at the same 
speed as the steam. Also, if the steam was initially wet, those water 
droplets were likewise assumed to be uniformly distributed and to main¬ 
tain the same velocity as the steam. This conventional method of 
calculation will be termed the equilibrium method . 

It is reasonably certain that the very small droplets formed during 
adiabatic expansion have the same velocity as the steam in which they 
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Tvefagain a«ain or even approach the velocity of the steam, even 

‘ h j^the"velociUes le theoretU:aUiy t ^^^^ by saturated vapor and by 
* f linuid expanding isentropically through a nozzle be calculated 

they Jn. be found to be very different, as 

3h Assume e'xpi'n.sio'n'from 24 to 12 lb; for saturated vapor, 


Vo 
V i 


24 xo = 100 

12 iX i - 0.9625 


/io 

,*» 

A/i. 


1,159.8 

1 , 110.0 


so = 1.7172 


49.8 Btu 


,V X = 223.8 \/49.8 * 1,578 fps for the steam 


For the saturated liquid, 

Vo = 24 xo = 0.00 

p, = 12 iX i = 0.0361 


/io = 206.14 
,/i» = 205.20 
A h. = 


so = 0.3500 


0.94 Btu 


i V l - 223.8 -n/0.94 = 217 fps for the water 

The ratio of these two ideal velocities attained by self-acceleration is 
217 1 578 = 0 138 Calculations will show that, for expansion to 6, 3, 
and 1.5 lb pressures, the ratios will be 0.189,0.230, and 0.253, respectively. 
Also for drops of equal pressure ratio, such as 24 to 12, 12 to 6, 6 to 3. 
and 3 to 1.5, the velocity ratios are, respectively, 0.14, 0.13, 0.1-3. 

and 0.115. . , ... 

The weight discharge of wet steam through a nozzle, calculated with 

allowance for the differing velocities of the liquid and the vapor, a method 
which will be called the two-phase velocity method, will be greater than if 
the equilibrium method is used, because the volume occupied by the 
liquid and hence the portion of the cross section of the flow stream occu¬ 
pied by it are practically negligible, while the velocity of the vapor is 
actually considerably greater than that indicated by the equilibrium 
method. Using the same initial conditions as in the previous calculation, 
assuming Xo = 0.90, B = coefficient of discharge = 1.00, and r„ = 0.577 
(Sec. 3-9), the weights discharged through an exit area of 1 sq in. 
will be calculated by the two methods and compared. The value of 
p„ = 0.577 X 24 = 13.85 lb. 
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By the two-phase velocity method, the flow of vapor will be 

po = 24 Jo = 1-00 ho = 1,159.8 s 0 = 1.7172 

p er = 13.85 ,j„ = 0.969 = 1,119.0 t v er = 27.5 

Ah, = 40.8 Btu 


hence 


li>2. 


iVtr = 223.8 v'40.8 = 1**129 fps, for the vapor 


B X Vcr X A* 
iV e , X 144 


1 X 1.429 X 1 
27.50 X 144 


0.361 lb per sec 


This gives the weight of vapor flowing through the 1 sq in. throat area 
with a discharge coefficient B of unity. Since the vapor is only 90 
per cent of the total flow, the quality being 0.90, the actual flow is 
w i9 = 0.361/0.90 = 0.401 lb per sec. 

By the equilibrium method, 

po = 24 xo = 0.90 ho = 1,064.4 So = 1.5805 

p er = 13.85 .Jcr = 0.876 At = 1,028.6 .*<, = 24.83 

Ah, = 35.8 Btu 


hence 


iVer = 223.8 \/35.8 = 1,338 fps for the mixture 


w< 


1 X 1,338 X 1 
24.83 X 144 


= 0.374 lb per sec 


The ratio r d = w u /w, = 0.401/0.374 = 1.07 indicates the greater weight 
flow shown by the two-phase velocity method. 

A series of calculations similar to the above shows that, in the range 
of pressures from 1.5 to 48 lb, the value of r d is not materially affected 
by the absolute pressure or the pressure ratio but is dependent on the 
initial quality and can be represented by a single line as shown in 
Fig. 4-49. 

These calculations neglect supersaturation, nozzle friction losses, and 
interference between the vapor and liquid droplets; the effect of the 
last two could be included by inserting a coefficient of discharge which 
should obviously be less than unity. Early experimental work gave 
puzzling coefficients, unexpectedly high and often greater than unity, 
because the actual flow was compared with the ideal flow w e calculated 
by the equilibrium method, which is shown by the above example to 
give results that are too low. Hence, if the discharge coefficient B for 
a nozzle is known for flow of superheated steam, the approximate value 
of the discharge coefficient for wet steam may be found by multiplying 
the former by the ratio from Fig. 4-49 at the proper value of x. If the 
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discharge coefficient for superheated steam is taken as unity, then b . 
449 gives the coefficients of discharge for various degrees of wetness 
The effect of wall friction is to slow down both liquid and vapor in 
the portions o° the stream Cose to the walls. The effect of ^Hereuce 
between the liquid and the vapor is to slow down the vapor slightly and 
to accelerate the liquid, this effect being most pronounced where the 
Lid is most abundant. The amount of this drag on the particles o 
liquid is dependent mainly on their size, and this in turn is d ?P e 
on the viscosity of the steam, the surface tension of the liquid, the densi- 
ties of the liquid and the vapor, and their relative velocities. Surface 



Fio. 4-49. Discharge ratio vs. quality, for wot steam. 

tension tends to hold each drop together, and the drops tend to coalesce, 
but the size cannot increase above a certain diameter because of the 
disruptive effect of the steam stream which is accelerating them. Pro¬ 
fessor G. B. Upton [4:12] gave the following formula for the maximum 
size of the drop: 

d = 233 (4 ‘ 7) 

where <j = surface tension of the liquid, lb per ft 

v f = specific volume of the liquid, cu ft per lb 
V. = velocity of the vapor, fps 
V v = velocity of the liquid, fps 

Using this formula, G. A. Goodenough 14:13] calculated the velocities 
of the steam and water droplets through a nozzle and found that for a 
particular case and a particular set of assumptions which he considered 
justified, the ratio VJV, was nearly constant throughout the length of 
the nozzle and equal to 0.12. He concluded that the range from 0.08 
to 0.20 will cover most cases in turbine conditions. 
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In the same article, Goodenough derived the following expression for 
the nozzle velocity coefficient for wet steam: 

A*nw = k n Vxo + fy (4 8) 

where k n = nozzle velocity coefficient, as previously defined, = V\/iV\ % 
which accounts for the friction between the fluid and the 
walls. If x 0 = 1, or if the steam is superheated, then 
2 - = l- 

x 0 = quality of steam 
y = percentage moisture = \ — x„ 

f - V w /V. _ 

In Fig. 4-50 values of the factor x^x 0 + fy are plotted for values of 
f = 0.1, 0.2, and 0.3. Goodenough showed in the reference mentioned 



Fio. 4-50. Velocity-coefficient factor for wet stoain. 


that / = 0.15 gave results checking closely with a set of tests by the 
General Electric Company. 

Hence, the velocity coefficient A*,, for a nozzle supplied with wet steam 
may be found by taking the coefficient k n from Fig. 3-20 for superheated 
steam and multiplying it by the radical factor from Fig. 4-50 correspond¬ 
ing to the known value of y. 

4-12. Undercooling 

In the final paragraph of Sec. 3 9, it was mentioned that when the 
equation pv n = constant is used to represent the isentropic expansion 
of steam, there is an apparent change in the value of n from 1.3 { = k) 
to 1.135 (= k) when an expansion starting in the superheated region 
crosses the saturation line. It is now known from experiment and 
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theory that there is no change in the character of such an expansion at 
he saturation line, but that the steam follows the laws of superheated 
steam for a considerable distance past it into what is usually though 
of as the wet region. Also, saturated steam, or even steam initially wet, 
expanding suddenly as through a nozzle instead of becoming progressively 
wetter as the expansion proceeds, remains in a metastable state termed 
undercooled (or supersaturated) until a certain lower pressure is reached. 
The equations pv k = constant and pv = wRT* and other relations 
derived from them may be used with satisfactory degrees of approxima¬ 
tion over moderate ratios of expansion, down to the point at which 
condensation starts. The locus of such condensation points, called the 
Wilson line , will be explained presently. The temperature drops much 
more rapidly, for a given pressure drop, than is indicated by an equilib¬ 
rium expansion calculation, and the ratio of the pressure of the under¬ 
cooled vapor Puc to the saturation pressure corresponding to the 
temperature of the undercooled vapor, is known as the degree of under¬ 
cooling Due • Hence 

Due = 2= (4*9) 

P-I 


Since there is no sudden change in passing from the superheated to 
the undercooled state, the properties of undercooled steam at a given 
pressure and temperature can be calculated by substituting the values 
of p and t in available formulas for specific enthalpy, volume, and entropy 
of superheated steam, and the results can be shown in a form like the 
table of the properties of superheated steam [4:13). Or, since the range 
of expansion from saturation pressure is not large, it is much more con¬ 
venient and sufficiently accurate to treat steam as a perfect gas. 

In the following example, the properties of undercooled steam at 
6 psia (= Pi) resulting from isentropic expansion of saturated steam at 
12 psia (= pi) will be calculated by use of the equation pv k = constant. 
Using k = 1.32, we have the following isentropic relations applying with 
undercooled conditions: 



* The values R = 85 and k = 1.30 are average for steam; closer approximation may 
be made by calculation from the superheated steam table in the region of expansion 
under consideration or by selection of an appropriate value from a chart of values such 
as Fig. 8 in Keenan and Keyes’s “Thermodynamic Properties.” In the region of the 
low-pressure stages of a steam turbine, where undercooling becomes of practical 
importance, k « 1.32. 
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From Keenan and Keyes’s tables, 

hi = 1146.6 Btu U = 202.0 T x = 662.0 R v x = 32.40 cu ft 
Applying the above relations, 

v t uc = 32.40(»?g) 0 - 758 = 54.80 cu ft 

This is less than 59.84 cu ft, which would have been the volume if thermal 
equilibrium had existed during the expansion coupled with condensation 
of part of the steam, giving ,x* = 0.9644. Also, 

T iue = 662( 9 ^ 2) 0,7414 - 560.0 R 

and t<i U c = 100.0 F. Under equilibrium conditions, the final temperature 
would have been 170.06 F (saturation temperature for 6 psia); therefore 
the undercooling is 170.1 — 100.0 = 70.0 deg. The saturation pressure 
corresponding to 100.0 F is 0.9492 psia; hence the degree of undercooling 
D U c = 6/0.9492 = 6.33. 

To calculate the enthalpy of the undercooled steam at 6 psia, note 
that the work of accelerating the fluid is [Eq. (3-2)], with V x =0, 

^ = a t4t (p*' - 

and that this is equal to the decrease of enthalpy for the ideal Kankine 
cycle. Hence 

h 

= h , - (p,i>, - p^,) 

= 1,146.6 - X Y^n < 12 X 32 40 “ 6 X 548 > 

- 1,146.6 - 0.763(388.80 - 328.80) = 1100.8 Btu 

We are now in a position to calculate the deduction to be made from 
available energy due to undercooling. For the undercooled expansion, 
the available energy = h x — = 1,146.6 — 1,100.8 = 45.8 Btu. If, 

iiowever, there had been equilibrium expansion, calculation would give 
,<r 2 = 0.9644 and M = 1098.2 Btu, whence the 

Available energy = 1,146.6 — 1,098.2 = 48.4 Btu 

The deduction from available energy is therefore 48.4 — 45.8 = 2.6 Btu. 

A series of calculations like the preceding, with initial qualities from 
1 to 0.85, initial pressures from 48 to 4 psia, and pressure ratios from 
1 to 0.25, shows that the deduction calculated as above is independent 
of the initial quality and nearly independent of the initial pressure, 
decreasing very slightly as the initial pressure is raised. It can there- 
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, . rpr)r esented by a single curve as in Fig. 4-51. The value of p, 

lo^d^Snds on^he pofnt at which the expansion isentrop.c crosses 

th cSrr B trsaa; — *. »■> 

Ind6 psia, even neglecting fluid friction; the reduction .s solely due to 

U Theincre g ase in the discharge coefficient may be calculated as follow.: 
Assume that a nozzle has 1 sq in. area at the throat. For undercooled 
with k = 1.32, r„ 


flow, 
hence 

Vcr - 12 X 0.542 
The value of 


0.542; 


6.504 psia 

v luc = 51.52 cu ft. 
Substituting in Eq. (3-2) as given 
above will give 

Vi»c = 1,437 fps. 









7 







2 







2 





_ 







Fio. 4-51 


Pressure Ratio p 2 /p, 
Undercooling loss for various 


pressure ratios. 

From this and the specific volume, __ u 

w = 0 1938 lb per sec. By the equilibrium method, r er - 0.577; henco 
= 6.924 psia, instead of which 7 is used for convenience. Iscntropic 
expansion gives x„ = 0.9721, whence ft,, = 1,108.7 and Aft. = 3/.7 Btu_ 
From this V,. = 1,375 fps and w. = 0.1829 lb per sec. The value of 
lc» - 1,375/1,437 = 0.958. The ratio of the discharges is 

0.1938 _ nro 
61829 1 060 

showing that if the equilibrium method of calculation is used, a discharge 
coefficient B greater than unity is required. Friction in the nozzle would 
reduce both velocity and discharge coefficients below the values given. 


4-13. Undercooling Limit 

As the steam expanding in the diverging portion of the nozzle reaches 
the pressure corresponding to the Wilson line, condensation suddenly 
takes place in the form of innumerable minute droplets scattered uni¬ 
formly over the cross section. Experiments by Yellott [4:14] in which 
a light beam was passed axially through steam while it expanded in a 
nozzle and was viewed from the side through a glass side wall, showed 
that the entering superheated steam was invisible and that at a certain 
point in the nozzle condensation began definitely and suddenly, showing 
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as a pale blue color. This color he considered due to the scattering of 
light by particles of moisture of nearly uniform size and much smaller 
than the wave length of blue light. When the back pressure was raised 
so that there was recompression of the steam (Sec. 4-10), the droplets 
reevaporated and disappeared, as shown by the disappearance of the blue 
color and return to transparency of the undercooled steam. Since the 
time involved is very short, this is a good indication of the small size of 
the droplets. 



Figure 4-52a, kindly furnished by Yellott, illustrates the above. The 
conditions were po = 20 lb gage, to = 287 F and p x — 15 lb gage; thus 
r = 0.75. The superheated steam entering at the left is clear; just 
beyond the throat the Wilson line condensation begins as shown by the 
change from black to white, the flow front being slightly curved. At 
least two recompressions occur, with partial disappearance of the 
condensation. 

Undercooling is possible because of the fact that the vapor pressure 
of a liquid at a given temperature is greater over a curved surface than 
it is over a plane surface. In Fig. 4-53 compare the molecules at a and b, 
at the same temperature but located on plane and curved liquid surfaces, 
respectively. If conditions are such that the molecule at a just remains 
in equilibrium at the surface, due to forces in the field of influence, then 
it is evident that the one at b will not be in equilibrium, since there are 
fewer molecules in the area (crosshatched) whose attraction helps to 
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hold it in place. Hence the molecule at 6 will tend to pass into the 
vapor, unless the pressure of the vapor is enough greater to prevent i .. 
A molecule in the curved surface of smaller radius, as at c, will eviden v 
require higher vapor pressure to maintain it in equilibrium. Hence wo 
may say that the vapor pressure around a droplet must be greater than 
the saturation pressure corresponding to the temperature if there is to >o 
equilibrium. Expressed otherwise, the vapor temperature will be less 



Fio. 4-53. Effect of droplet-surface curvature on undercooling. 


than the saturation temperature corresponding to the vapor pressure, or 
the vapor will be undercooled. 

The von Helmholtz equation [4:15) gives the degree of undercooling as 
follows: 

lo -fe (4,0) 

where a = surface tension, lb per ft 

v f - specific volume of the liquid 
R = gas constant = 85 approximately 
r = radius of droplet, ft 

The size of droplet which would be in equilibrium with the steam atmos¬ 
phere just as condensation starts and which is the smallest droplet which, 
if formed, could grow in the atmosphere, has been shown to be about 
10 -9 X 1.5 to 2.0 ft radius. With equilibrium, these droplets would 
increase in size gradually and there would be no discontinuity in lhe 
behavior of the flowing fluid. However, tests have shown that clearly 
visible condensation does not start until the degree of undercooling calcu¬ 
lated from the pressure ratio p/p ue and substituted in Eq. (410) indicates 
a droplet radius of the order of 5 X 10" 9 ft and also that there is a small 
sudden rise in pressure at exactly the point where condensation becomes 
visible. This jump in pressure is especially clearly shown in Fig. 4-44. 
and the expansion line from this point to the exit is clearly above any 
continuation of the expansion line before the jump. Tests by other 
experimenters have sometimes failed to show this jump or have concealed 
its magnitude due to using a nozzle of such a contour that the rate of 
change of pressure was very high in the region at which condensation 
started. 

During this sudden condensation, the latent heat released by the change 
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to liquid of some of the vapor heats the remaining vapor. If the process 
is instantaneous, then since the cross section of the channel is fixed, there 
can be no increase in volume and the pressure must rise. Since the con¬ 
densation is probably not instantaneous (the boundary of the condensa¬ 
tion area in photographs is not hard and sharp) there might be a small 
increase in volume due to the axial flow of the vapor while undergoing 
condensation. However, with the pressure increase, there is an increase 
in enthalpy, and a decided decrease in volume would be expected if the 
process were isentropic. Since the entropy probably increases slightly, 
the volume decrease is not so large but it is sufficient to cause a decrease in 
velocity, and the process has some of the characteristics of normal shock 
(Sec. 4-10), which is sometimes called condensation shock; it is, however, 
entirely distinct from the usual normal shock. For a given initial pres¬ 
sure, the location of the condensation point depends on the initial tem¬ 
perature, moving back up the nozzle toward the entrance as it is decreased, 
and conversely. The location is not affected by raising the exhaust 
pressure, in contrast to the dependency of the location of normal shock on 
the magnitude of the exhaust pressure (Sec. 4-10). Yellott and Holland 
(4: 1C>] found that if the initial pressure and temperature were varied so as 
to maintain constant entropy, the absolute pressure at which condensa¬ 
tion started remained the same, within the limits of experimental accuracy. 

In order to define the location of the Wilson line, it is convenient to have 
available a portion of the Mollier chart for steam, modified to show the 
effects of undercooling. Figure 4-54 is such a chart, covering the region 
that is important in condensing steam turbines and in which most of the 
experimental work has been done. Down to the 5 per cent moisture line 
the usual approximately straight constant-pressure lines in the wet region 
are replaced by continuations of the curved constant-pressure lines 
(logarithmic) from the superheated region, values for these lines bein' 
calculated by the method illustrated in the preceding section. Constant 
temperature lines are also continued smoothly from the superheated into 
the undercooled region, instead of turning sharply at the saturation line 
and following the constant-pressure lines. Lines giving constant degrees 
of undercooling would parallel the saturation line below it in the same way 
that lines of constant superheat parallel it above, and the saturation line 
becomes merely the dividing line between superheat and undercooling. 
The Wilson line marks the division between superheat and condensation. 
Steam of a quality between the Wilson line and the saturation line appar¬ 
ently cannot exist in sudden expansion of superheated or dry saturated 
steam. The pressure ratio of an isentropic expansion from the saturation 
to the Wilson line is considerably less than r^, so that undercooling is con¬ 
tinued well beyond the throat of a convergent-divergent nozzle. 
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Xd|Dm u 3 


Enfropy 

Fig. 4-54. Moilier chart for steam, modified in the undercooled region. 



136 


STEAM TURBINES 


Undercooling should not be considered extraordinary; it is merely an 
example of the fact that physical and thermal equilibria are achieved 
relatively slowly. Thus it is possible to have water running along the . 
bottom of a pipe carrying superheated steam or to have a mixture of 
superheated steam and droplets of water supplied to a turbine. As 
another example, when wet steam, a mixture of vapor with droplets of 
considerable size (enormously larger than 2 X 10 -9 ft radius), expands 
through a nozzle to pressure p i, the droplets can evaporate only from 
their surfaces. Surface tension keeps them from “exploding” until there 
has been a considerable drop in pressure; hence they are always hotter 
than the saturation temperature corresponding to the pressure reached. 
Condensation cannot possibly occur on the droplets in rapidly expanding 
steam, and they cannot serve as nuclei. It appears that the vapor in a 
mixture always becomes undercooled during a sudden expansion and 
perhaps is not materially affected by the water droplets present; appreci¬ 
able time is required for complete equalization. Thus it is possible that, 
in each of the stages of a turbine below the saturation line, the vapor may 
become undercooled, followed by condensation, the water droplets being 
dragged along by the steam flow and by the moving blades but without 
having much effect on vapor expansion. There are few data dealing with 
this time element, and views are divergent. Some believe that, as sug¬ 
gested above, the steam remains more or less undercooled throughout the 
last few turbine stages and into the condenser; others believe that equi¬ 
librium is quickly regained, perhaps at exit from the nozzle in which the 
Wilson line is crossed. It is to be noted that attempts to measure the 
temperature of undercooled steam will fail, because vapor in this state 
will condense on any objects placed within it. 

Unfortunately there is a lack of agreement as to the method of locating 
the Wilson line. In Fig. 4-55 which is a small portion of the modified 
Moilier diagram, the methods used by Martin (4:17] and Yellott [4:16] 
arc shown. In an expansion starting from a, superheated steam reaches 
the saturated state at b and is undercooled from b to e , at which point 
restoration of equilibrium takes place, here represented as complete and 
occurring along a constant enthalpy line, which is incorrect, as already 
explained. Expansion continues from g to h with wet steam, and the 
total available energy is ae + gh. If there had been no undercooling and 
restoration of equilibrium, expansion would have continued from e to / 
and the available energy would have been a/, so that there has been the 
loss of available energy ff', practically equal to de, this latter being the 
deduction calculated in Sec. 412. If equilibrium is not regained instan¬ 
taneously, then egh will be replaced by a sloping, irreversible path in the 
general direction eh and with similar loss of availability. 
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The line WW in Fig. 4-55 is the Wilson line as defined by Martin and 
other writers, being the locus of the undercooled state at which 
S ° m <iensation begins, while the line YY, recommended by Yellott and 
shown also in Fig. 4-54, is the locus of equilibrium conditions just after 
condensation has been completed. 

Allowance for the deduction from available energy due to undercooling, 
in an expansion crossing the undercooled region, may therefore be made 




tion. 


by noting the pressure p Mt at which the isentropic path crosses the satura¬ 
tion line and the pressure p ue at which equilibrium take place at point e on 
the Wilson line. From the ratio p uc /p~i, the deduction in Btu may be 
found from Fig. 4-51. This is to be subtracted from the energy Ah, 
ideally available for the nozzle before calculating the exit velocity ,VY 
The results obtained will naturally depend on the exact location of the 
Wilson line, and future experimental work may modify this. With the 
line WW shown on Fig. 4-54, losses will be approximately as in Table 41. 


Table 41. Deduction from Available Enerc.y Due to Undercooling 


Pressure range at satura¬ 
tion line, lb,. 

90-30 30-18 

18-12 

12-8 

8-6 

6-5 

5-4 

4-3 

Loss. Btu.. 

1.5 ! 1.6 

1.7 

1.8 

1.9 

2.0 

2.1 

2.2 
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The method of locating the Wilson line used by Rinnic and Woods is 
shown in Fig. 4-56. The expansion starting at a in the superheated region 
is assumed to continue to the throat b with negligible loss. If jec is the 
pressure at which condensation begins and if, for the enthalpy drop aj , 
the reheat due to nozzle friction jm is estimated, then point e shows the 
state of the undercooled steam as it starts to condense and is a point on 
the Wilson line. Condensation with slight increase of entropy causes the 
rise of enthalpy from e to <j, and the expansion is resumed to /t, gh being 
assumed parallel to be. The loss due to undercooling is the vertical dis¬ 
tance (enthalpy difference) between / and h. This method has the obvi¬ 
ous advantage of allowing for friction and probably furnishes more accu¬ 
rate information as to the actual state of the steam during the process. 
The Wilson line resulting is shown in Fig. 4-54 by BB ; its direction is very 
different from the Martin and Yellott lines. 

Other experiments by Rettaliata (4:18], employing the method and 
some of the experimental equipment used by Yellott and made primarily 
to determine the effect of roughness of the nozzle walls on the location of 
the Wilson line, produced the location marked RR for smooth walls and 
R'R' for roughened walls. 

The lack of harmony in the data so far obtained by the experimenters 
mentioned may be due in part to experimental difficulties, but there is 
considerable evidence that the term “ Wilson zone” should be used instead 
of “Wilson line.” The exact location of the point at which condensation 
will start is as yet uncertain, being influenced by nozzle contour (curva¬ 
ture at the throat, large or small divergence), form of section (round, 
square, rectangular), size, smoothness of surface, etc., and the effect of 
these factors is not yet known even qualitatively. It has, however, been 
established that the time element is important; rapid expansion will lower 
the pressure reached before condensation starts. If, however, expansion 
is slowed down by the use of a long nozzle with small divergence, small 
hydraulic radius, or rough surface, condensation will start sooner at 
higher pressure. 
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The purpose of the blading in a turbine is to receive the steam directed 
into it from the nozzles and, by means of the curved shape of the blade 
surfaces to transform as much as possible of the kinetic energy of the 
incoming steam into useful work, evidenced by the force exerted on the 
blades in the direction of their motion. Ideal blading would offer no 
frictional resistance to the steam flow, would allow streamline flow with 
no eddying, and would absorb all the kinetic energy from the steam which 
would be left with zero exit velocity. None of these conditions can be 
fulfilled completely, and as a consequence the efficiency of the blading, 
while occasionally as high as 95 per cent, is always less than unity. 

6-1. Elementary Forms of Impulse Blading 

Before developing the relations existing with the forms of blades in 
actual use, it is desirable to consider some of the fundamental principles 




Fio. 5-2. Impulse of jet on moving flat 
plate. 


as applied to simplified forms. If a smooth stream of water is delivered 
from a fixed nozzle directly against a flat plate, as in Fig. 5*1, it will spread 
out in all directions over the plate and will exert a steady force on the 
plate, urging it in the direction of the jet; this force is an impulse. The 
water has its velocity V x in the horizontal direction entirely destroyed; if 
w lb of water is discharged per second, the force exerted for a second, or 
impulse = F X t, will be wVJg. No work will be done, since the plate 
is assumed to be at rest. 

If, as in Fig. 5-2, the plate is moving toward the right (in the direction 
of motion of the jet) with a velocity IF, the jet strikes the plate with the 
velocity V\ — W. This is the velocity of the jet relative to the plate or, 
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as it is usually termed, the relative velocity. Since the plate moves away 
from the nozzle, it would be necessary, in order to obtain continuous 
action on a motor, to have a series of plates continually passing in front 
of the nozzle, which is most conveniently done by mounting them on the 
circumference of a wheel. With such an arrangement, since all the water 
discharged from the nozzles reaches the plates, the resulting steady force 
acting on the plates is F = w(V x — W)/g and the work done per second 
= wW(Vi — 1 V)/g. Note that the work is zero when IF is zero and also 
when W = Fi, the latter being true because the force is then zero. To 
find the value of IF (between 0 and F t ) at which the work and efficiency 
will both be maxima, differentiate the expression for work with respect to 
IF and equate to zero. F, — 2 IF = 0, and solving, IF = F,/2, or the 
velocity of the plate should be half that of the jet. With this velocity, 
the amount of work done is 


E bl 



Vi\Vi 
2 / 2 


wV\ 
4 9 


which is evidently half the original kinetic energy of the jet; hence the 
efficiency, the maximum obtainable with this arrangement, is 50 per cent. 



Fio. 5’3. Impulse of jet on moving re¬ 
versing bliule. 


If, instead of a flat plate, a cylindri¬ 
cal plate or blade is used, so shaped 
and placed as to turn the jet through 
180 deg, as in Fig. 5*3, and if this 
blade is fixed in position, the force 
exerted on it is twice as great as in 
Fig. 5T. If the blade is one of a series 
mounted on the rim of a wheel and 


moving with the peripheral velocity IF (tangential to the jet), giving con¬ 
tinuous motion, the velocity with which the jet enters the blades or, 
briefly, the relative entrance velocity is Fi — IF, and, neglecting friction, 
this is the relative exit velocity. It is directed oppositely from the 
original jet, however, so that the absolute velocity of the jet at exit is 
W - (Fj - W) = 2IF - Fi. The total change in absolute velocity 
is then F, - (2IF - Fi) = 2(Fi - IF), and the force exerted is 
F = 2w(Vi — W)/g. The work done per second is 


E bt 


• 2wW 

9 



2wWV i /. W\ 

9 V Vj 


2 "13s a - P ) 

9 


where p = IF/F, = ratio of blade velocity to fluid velocity 

To find the conditions for maximum work, differentiate with respect to p 

and equate to zero as before; whence 
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2v; _ 4 v\p = 0 
g g 

, . _ u showinK that in this case also the blade velocity should be 

U° r,h g ’ fluid velocity for maximum velocity. Substituting this value of 
half the flu ‘ d ' e > , b wV\/2g, which is the total k.net.c energy 

P- th u e W ° Fk 1!, the absolute velocity of the fluid leaving the blade ,s 
°L / 2 ) Je - F,= 0, whence the ideal efficiency of the blading >» »0» per 
felt In general, with the type of blade under consideration, the effi- 

ciency is -x (5 . n 


nw 


(w2Y\p/g)(\ - p) = - p 2 ) 

wV\/2g 


6-2. Reaction and Impulse 

Referring to Fig. 51, we find that a force is evidently necessary to give 
the acceleration to the fluid as it flows through the nozzle. 1 his foice as 




already stated is wVx/g, and there is a corresponding and equal force 
tending to move in the opposite direction the vessel from which the fluid is 
flowing, this force being termed reaction. Other examples of reaction are 
(a) a rocket (Fig. 5*4), in which a fluid is produced within the moving part 
and expelled at high velocity, this velocity generated within the moving 
part being the cause of the reaction; (6) a whirling lawn sprinkler (Fig. 
5-5), where water is led into the moving arm along the axis of rotation and 
therefore exerts no turning effort at entrance but does when leaving at 
right angles to the arm; and (c) a jet leaving a cylindrical blade as 
described in connection with Fig. 5-3. 

The last case merits analysis; the complete action may be divided into 
two parts. While the fluid is entering the blade passage and being turned 
through the first 90 deg, there is a force exerted on the blade toward the 
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right. While the jet is leaving the passage and is being turned through 
the second 90 deg, we may say that the relative velocity V x — IF toward 
the left is being generated within the moving blade and, the jet being 
directed toward the left, that there is a reaction exerted on the blade, urg¬ 
ing it toward the right. The action of the jet on the cylindrical blade is 
therefore a combination of impulse and reaction, although in steam 
turbines the arrangement is termed impulse, and the term reaction is 
reserved for an action more nearly resembling that of the rocket. In the 
reaction turbine, the generation of velocity in the moving-blade passage is 
due to the expansive force of the steam, which can leave a chamber or 
passage at a greater velocity than it had at entrance and thus cause reac¬ 
tion on the chamber. 

It is apparent that the terms reaction and impulse are ambiguous when 
applied to the existence or absence of reactive or impulsive forces on 
turbine blading. The really important distinctions are that there is an 
expansion, with drop of pressure and increase of velocity, while the steam 
is going through the passages in the moving blading in the reaction 
turbine, and that there is no such drop in pressure with increase of velocity 
through the moving-blade passages in the impulse turbine. German 
writers have used the expressive terms unequal-pressure turbines and 
equal-pressure turbines for the two cases. 

6*3. Graphical Representation of Impulse-blading Velocity Relations 

In the cylindrical blade of Fig. 5-3, relations at entrance to the blade 


V __ %'-(K - W) 


Vf-vu, w w v g .»*u, 

a b 

Fio. 5-C a and 6. Analysis of Fir. 5*3. 


are shown in Fig. 5-Ga and at exit in Fig. 5-66. The following nomen¬ 
clature will be used hereafter: 

U i = relative entrance velocity = V x — IF in Fig. 5*6a \ 

U 2 = relative exit velocity = — (V x — IF) in Fig. 5*66 > (5-2) 

V 2 = absolute exit velocity — W — (V x — W) ) 

Note that U 2 = U x numerically only under ideal conditions, when friction 
is neglected and when there is neither expansion nor compression in the 
steam passages through the moving blading. 

There is no successful turbine in which the blades move directly away 
from the nozzle as shown in Fig. 5-3. Figure 5-7 shows the principle of the 
usual arrangement, and Figs. 5-8 and 5-9 show two types of vector dia- 
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rams used for studying the action. In Fig. 5-8 the blade velocity W is 
shown to scale by cb and the velocity of the jet leaving the irozzle b> a , 
ting.: between then, being of the order of .2 to 20 deg. The veloc.y 
of the stream relative to the blade .s therefore ac, marked (/, The a g 
of the blade surface at the point where the steam strikes it should 
dently be parallel to the direction of this relative entrance velocity, or 
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Fio. 5-7. Action of jet on curved moving blade. 

tangent to l/,.* The stream will leave the blade in the direction of a 
tangent at its lower edge* and, if friction is included, with a smaller 
relative velocity than at entrance. Let de = U, represent this relative 
exit velocity. While the stream is leaving the blade at this velocity, the 
blade itself has the absolute velocity ef = IK. The stream at exit, there- 
fore, has the absolute velocity df = V *. 

A little reflection will show that Fig. 5*6a 
is the limiting case of the triangle abc of 
Fig. 5-8 as the nozzle angle is decreased to 
zero; also Fig. 5-6 b is the limiting case for the 
exit triangle def of Fig. 5-8 as the blade-exit 
angle is decreased. A good grasp of the rela¬ 
tive and absolute velocity relations of Figs. 

5-7 and 5-8 is essential. It will assist the 
reader if he imagines himself on a moving 
car throwing objects to a standing person 
and also receiving objects thrown by him. The differences in the direc¬ 
tions of throwing and of receiving , and in the velocities of throwing and 
receiving , are excellent illustrations of the reasons for the differences 



Fio. 5-8. Velocity diagram, ex¬ 
tended form. 


•This is not an absolute requirement, and modifications will be discussed later; it 
is a simplification which it is convenient to adopt until further study has been made of 
flow conditions. However, it is well to keep in mind that the angles in the diagrams 
are those made by the directions of steam flow primarily and are not necessarily 
angles of the physical blade. The diagrams are flow diagrams. 
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between nozzle and blade angles and between absolute and relative 
velocities. 

Figure 5-9 is similar to Fig. 5-8, except that the blade section is omitted, 
points a and d of the triangles are brought together, and additional 
nomenclature is shown. The subscript w signifies the component of a 
velocity in the direction of motion or whirl of the blading; V !u . is the whirl 



component of V x and is called the entrance velocity of whirl; and V 2w is the 
analogous component of V 2 and is called the exit velocity of whirl. The 
subscript / denotes a component perpendicular to the direction of IF; 
Vx/ and V 2J are such components of F, and V 2 , respectively, and are 
called axial components or velocities of axial flow at entrance and exit, 



Fig. 5-10 i ami h. Velocity diagram. extended. 


respectively. The angle made by the entering jet with the direction of 
IF, or the nozzle angle , is marked a\ that made by the relative entrance 
velocity U x with the same line is 0; the relative exit angle 7 * and the 
absolute exit angle are as marked. The angle through which the stream 
is turned while going through the moving blades is marked Xy; the 

• Note that, as defined, 7 is that angle (less than 180 deg) through which \J% must 
be rotated in order to coincide in direction with IF, and likewise for S. The common 
use of the supplementary angle (180 — 7 ) as the angle between U 2 and IF is incon¬ 
sistent with the designation of angles « and 0. 
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,»,1. «.r tow .bough the n«l. » X,- The*, «, M 



b 

“yw. 5 11a and b. Velocity diagram, two pole. 


form of diagram in which the lines cb and ef representing blade velocity 
V in the two triangles are brought into coincidence. The quantity 
» v = Fi„ - F,„, the total change in the velocity of whirl, which is one 
of the factors in the expression for work done on the blading is here shown 
directly. Figure 5-12a shows another condensed form of diagram, in 
which the exit triangle def is rotated about a vertical axis and then placed 




Fiu. 5-12a and b. Velocity diagram, condensed. 


with its apex d coinciding with a of triangle abc. This form has the 
especial advantage of showing immediately any changes in the relative 
velocities Ui or U, or in the relative velocity angles y and 6 in a given case. 
The velocities of the exit triangle are not in their true direction, but this is 
generally not a disadvantage. In this text, the diagram selected will be 
the one having the most useful form for the purpose at hand. 

The effect of variation of p = W/V , is shown by comparing Figs. 510a, 
511a, and 5-12a with Figs. 510b, 5-116, and 5-126. In the latter group 
the value of W is greater and the absolute exit velocity F 2 comes out with 
a whirl component in the same direction as Fi„. It is evident that at 
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some intermediate value of W, V 2 will be perpendicular to W, V 2 „ will be 
zero, 5 = 90 deg, and V 2 = V 2/ , as shown in Figs. 513a and 5-136. 

In all these figures, l r 2 < l 7 h this being the usual method of represent¬ 
ing the loss of velocity due to friction in the blade passages. The proper 




Fig. 5-13a and 6. Velocity diagramM. axial exit. 


velocity coefficient to use will be the subject of a later section; it varie.: 
from 0.80 to 0.97. 

6-4. Work Done by Blading of a Simple Impulse Turbine 

Several methods of calculating blade work are available. 

A. Since it is only the change in the value of the whirl component of the 
jet velocity which is responsible for the driving force on the blades, the 
force exerted at entrance, or impulse, considered plus toward the right, is, 
per pound flow per second, 

F = = — cos a (5-3) 

9 9 

The corresponding force at exit, or the reaction, is 

F = ^ = — 2 cos 6 (5-4) 

9 9 

(This force is plus, i.e., toward the right when the velocity V 2tc is minus 
and directed toward the left; in this case cos 6 is negative. The force is 
exerted toward the left when the velocity V 2ie is directed toward the right.) 
The resultant force is the vector difference of these forces, and the work is 
this difference multiplied by W, or 

\V if aV 

Work = Eu = v (V\* - Vz„) = (5-5) 

9 9 

This is simply applying the principle that work equals change of tangen¬ 
tial momentum. To calculate the work from a diagram, measure V\ w 
and V 2 xc , take their vector difference and multiply by W/g\ this will 
give the work per pound of steam flow. 



IMPULSE-BLADING VELOCITY DIAGRAMS 


147 


B An equivalent relation in terms of absolute steam velocities may be 
derived^y 1 substituting for 7,„ and 7,„ their equivalents V, cos « and 

Vi cos 5, or 

E u = - (V, cos a - V, cos 8) (5 C.) 

9 

r Another equivalent expression in terms of relative velocities may be 
obtained by substituting for V, cos V. cos , + W. and for 7, cos 8, 
Ut cos y + 17, giving 

Eu = y (f/i cos 0 - U, cos y) (5’7) 

D The following method does not require the drawing of a diagram, 
knowledge of the velocity angles, 17 and p, and the velocity coefficient 
only being involved. The relative entrance velocity U,is diminished by 
friction in going through the blade passage to the value Ut, or Ut - k b U>, 
where k b is the velocity coefficient for flow through the blade passage. 

We then have 

(5-8) 


IK - Vt cos 6 — Ut cos y = Vt cos 5 - k b U i cos y 


whence 


and by Eq. (5-6), 


Vt cos b = k b U i cos y + W 


Ek, = — (Ki cos a - k b U i cos y - W) 
9 


(5-9) 

(510) 


But 


. rr V\ cos a — W - n 
Vi cos a - W = (/, cos/3 and U i =-(511) 


Therefore 

.E(r. — F,(.- feajr) *“> 

in foot-pounds per second. If p is substituted for IK/Ki, then 

*-t( ! t s - , )( , - ! £¥ [ ) (514) 

This equation clearly shows the importance of using small values of a and 
large values of y. It is also of interest to note, from Eq. (513), that, for a 
given IK, the output per pound is a linear function of V i (neglecting varia¬ 
tion of k b ). Hence, where large output is required from a small machine 
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and efficiency is secondary, values of p much smaller than the customary 
values 0.4 to 0.5 can be used. 

E. The following method avoids the use of trigonometrical functions 
by dealing with conversion of kinetic energy. Measure the velocities 
from a diagram. Neglecting friction, the energy turned into work in the 
blading is 

= (5-15) 

z 9 

If frictional loss is to be included, the above amount must be diminished 
by the kinetic energy converted back into heat by friction while crossing 
the blade, or by the lost work. 

Lost work = — (U\ — U\) (516) 

whence 

/? M = 1 (V? - U\ + U\ - V|) = 1[(V? - VI) + (U\ - U\)] (517, 

Attention should be called to the fact that the velocity diagrams (Figs. 
5-8 to 513) are really developments, on a plane, of velocities actually 
existing in a curved flow sheet of small thickness. If the flow takes place 
at constant radius, as so far assumed, then the flow sheet is a cylindrical 
tube and the blade velocity is the same at entrance and exit. If, however, 
as is often the case in multistage turbines, the radius at exit is larger, then 
the flow sheet will be a conical tube, and since the blade velocity increases 
with the radius, IF* > IF, and Eq. (5*5) will require modification to 

E u = - (!F,V,» - WtV ,*) (518) 

9 

This may be reduced to a more useful form as follows: Using Fig. 5-10 
with blade velocities IF, and IF* and applying the law of cosines to the 
entrance triangle, we have 

V\ = IF? + V\ - 2IF.F, cos a = IF? 4* F? - 21F,F,„ 

whence 

W l V l . = 'A(.-U\+W\ + V\) 

Also, for the exit triangle, 

{,'! = in + VI - 21V,V S cos & = IV1 + VI - 2IV,V,„ 

whence 

-IV S V,„ = M(-W\ - VI + UD 
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and 


Eu = 1 (V! + IV? -u\-v\- Wi + U\) 

= 1[(V? - VI) + (H - u\) + (IV! - IV!)] 

2g 


(5-19) 


The term (IV? - IV?) in the above equation will be negative if the radius 
^ increasing in the direction of flow, constituting a deduction rom he 
“ 1 , vork which (in impulse turbines) is derived principally from the 
^ a (V t __ Vi) This will be clear if we remember that, at the larger 

Hhis the greater value of IV 5 will absorb energy from the steam, leaving 
less to’ go to the blading. The term (U\ - U\) will be negative in an 
Impulse turbine with friction in the blade passages; hence it also con- 
stitutes a deduction from the blading work, 15.1). 

6-6. Theoretical Efficiency 

To obtain the efficiency of impluse blading, any of the above expressions 
for ^ may be divided by the expression V\/2g for the kinetic energy o 
the jet. Note that this gives w = blading efficiency only and does not 
include nozzle losses. 

Thus, in the form of Eq. (5-5), the efficiency for a single row is 


IfM * “jp ( V*") 


(5-20) 


In the form of Eq. (5*14) it is 


m = 2p(cos <» - p) (l - ^e^y) (5 ' 21) 

% 

From this equation may be found the value of p for which the efficiency is 
a maximum, other conditions remaining constant. Differentiating the 
expression with respect to p and equating to zero, 


from which 


cos a 
P».* “ 2 


k b cos 7 ) 
cos 0 / 

1 (cos a — 2 p) 

(5-22) 

and 

TV V '™ a 

(5-23) 

cos 2 a I. 

2 V 

kb cos y\ 
cos 0 / 

(5-24) 


For this value of p, 
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If 0 = 180 — 7 , or cos y = — cos 0, as for blades of symmetrical 
section, 

(w)~. = (1 + kb) (5 ' 24a> 


Values of k b may vary from 0.80 to 0.97 (Sec. 6 * 8 ). If k b = 1, as in the 
ideal case, 

(»» 6 i)«~ = cos 5 a (5-25) 


If, however, the blading section is not symmetrical but (180 — 7 ) 
is made less than 0 , called decreasing the exit angle , then the fraction 
— (k b cos 7 )/(cos 0 ) is increased and the maximum efficiency is raised. 
Other effects of decreasing the exit angle are discussed in Sec. G-3. For 
values of p other than p™, the blading efficiency must be found from 
Eq. (5-21). It should also be noted that the value of \V in Eq. (5*23) for 
maximum efficiency does not correspond to 6 = 90 deg. 

If, in Eq. (514), we substitute cos 7 = — cos 0, p = (cos oc)/2, and 
k b = 1 , we have, for the work of ideal impulse blading, 


E u 


2W 2 

9 


(5-26) 


Blading efficiency may also be calculated from Eq. (5-17), giving 

V\ - H + r\ - y\ 

V\ 


ribi 


(5-27) 


This method of calculating the efficiency is usually the most satisfactory 
one when the velocity diagrams are drawn to a reasonably large scale, say, 
200 ft to the inch. 

The combined efficiency of nozzles and blading rj nb is obtained by 
multiplying Eq. (5-21) or (5-27) by = *S in the general case. For the 
special case of maximum efficiency, with p m „, = cos a/2, Eq. (5*24a) 
should be used, giving 

(5-28) 


The relative effects of k n and k b on the combined efficiency may be shown 
as follows: Let y n - (1 - *J) and y b = (1 - k* b ) represent the fractional 
energy losses due to nozzle friction and bla de friction, respectively. We 
have, then, fcj = 1 - y.andfc = Vl - V* = 1 “ (W 2 ) approximately; 
substituting gives 

= (1 - y-) (1 - f) cosJ “ < 5 ' 29) 

Hence it appears that y n , the energy loss in the nozzles, is nearly four 
times as serious in reducing the combined efficiency as is y bt the energy 
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, (1SS in the blading. However, the absolute value of y> is so much the 
.or of the two that its effect is the more important, 
the steam flowing through the nozzles and blading under cons.dera- 
,ion is wet, then should be used instead of k. for calculat.ng the 
combined efficiency (Sec. 4-11). For at least one stage in a turbine, there 
ViU be an additional nozzle loss due to undercooling, as explained in 
412 and 413. Finally, throughout the stages operating m the wet 
region, there will be a further loss in the blading due to the presence of 

water,'as will be explained in Sec. 6-2(7. . 

The value of E bt is not the work of the turbine and rjnb is not '^s effi¬ 
ciency, since deductions must be made for various losses which will be 
discussed in later sections. 

6-6. Axial Thrust 

The force F exerted in an axial direction on a blade ring by steam 
flowing through it is dependent on the change in value of the component 
of steam velocity parallel to the axis or, in other words, on the change 
in the velocity of axial flow between entrance and exit, or on U u - U 2 / or 
V t-Vv (Figs. 5-10a and 5106). The resulting force, per pound flow 
per second, is F = (£/„ - U v )/g. This thrust performs no work and 
has to be cared for by some form of thrust bearing on the rotor shaft. 
The total force is small in impulse blading, however, and is not important. 

If friction is neglected, U i = (/*; if in addition the blade is symmetrical, 
or /3 = (180 - 7 ), then Ui, = U u and the axial thrust is zero. Since 
friction always exists, however, reducing U 2 below U i, zero thrust can be 
obtained only by increasing (180 - 7 ) or by decreasing 7 . It usually 
desirable for other reasons to decrease 
(180 - 7 ) below the value of 0, or at least 
not to increase it, so that axial thrust 
always exists (in single-flow turbines). 

Another cause of a small amount of 
thrust called the “suction effect’' will be 
explained in Sec. 6-10. 

6*7. Simple Impulse Turbine 

As an illustration of the foregoing princi¬ 
ples, calculations will be made and a dia¬ 
gram drawn for a simple impulse turbine 
of the De Laval type (Fig. 5-14a) with the following data: 



Fig. 5-14a. Simple impulse tur¬ 
bine. early De Laval type. 


Initial conditions, 150 lb pressure and 400 F temperature 
Exhaust pressure = 2 in. Hg abs 
Nozzle velocity coefficient = k n = 0.90 
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Nozzle angle a => 20 deg 
Blade velocity coefficient = k* - 0.76 
Maximum blade speed = 1,250 fps 
Symmetrical blading 

Referring to the blade speed, the text so far has assumed that it may 
have any value desired; actually, it is decidedly limited, and the value 
given above is about the maximum allowable, even for single wheels of 
special material and construction. 



Fio. 5-14b. Velocity diner um for sinele-Htnee Do Lnvnl turbine. 


From Keenan and Keyes's tables, 

p 0 = 150 lb to = 400 F ho = 1219.4 So = 1.5995 

pi = 2 in. ,Xi = 0.795 Ji\ = 892.2 

Ah. = 327.2 Btu 

,Vi - 223.8 \/327.2 = 4,040 fps (or use Table IV in Ellenwood and 

Mackey) 

V\ = 0.90 X 4,046 = 3,641 fps 

Since the nozzle efficiency may be taken as 0.90 2 , 

Ah = 0.81 X 327.2 = 264.9 Btu 

kinetic energy of jet leaving nozzle. To construct the velocity diagram 
(Fig. 5146), lay off V x = 3,641 ft to scale at an angle a = 20 deg with a 
horizontal base line. Lay off the blade velocity W = 1,250 ft and draw 
and measure the closing side of the triangle, obtaining U x = 2,501 ft 
and 0 = 29.88 deg. Since the blade section is to be symmetrical, 
y = 180 - 0, lay off l\ = 0.75 X 2,501 = 1,876 ft. From the lower 
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o{ the vector, U t , lay off W = 1,250 to the right. The 
feline Vi = 1,007 ft; also i = 111.95 deg, U u = 1,246, U„ = 935, 
J = 3 420 = -377, AV» = 3,420 - (-377) = 3,797 fps. The 

work per pound of steam [Eq. (5-5)] is 


E 


<bi 


3.707 X ■■g O = 189.8 Btu 
778 g 


This Quantity divided by the energy of the jet leavmg the nozzle gives 
the efficiency^of the blading, or w = 189.8/264.9 = 0.717. Divided by 
the ideal available energy it gives the combined nozzle and blade effi- 

Ci The above 'blade Efficiency may be compared with the maximum pos- 
sible blade efficiency by use of Eq. (5-24a): 


(w) 


cos 2 20 


(1 + 0.75) = 0.772 


. t( , ad of 0 717 as found. To achieve this higher efficiency, how- 
“er p would have to be raised to (cos 20)/2 = ^47 resulting m 
W = 0 47 X 3,641 = 1,712 fps, far above the allowable limit of 1,250 
fns The corresponding velocity diagram is shown in dashed lines in the 
figure. However, k b should have been decreased below 0.75 on account 

° f Tc> C determine'the efficiency of the turbine, the value of 0.58 for com¬ 
bined nozzle and blading efficiency would have to be reduced considerably 
to make allowance for disc friction, leakage, bearing friction, governor, 
and oil-pump drive; radiation loss would also be appreciable in a machine 
of such small output. Data on some of these losses will be given later. 


6-8. Staging or Compounding; Object and Methods 

When steam is expanded directly from a usual boiler pressure down to a 
condenser vacuum or even merely to atmospheric pressure, through a 
properly shaped nozzle, the velocity generated is so large that it is prac¬ 
tically impossible to utilize it efficiently in a simple turbine, owing to 
limitations on blade speed, as just illustrated. In addition, large fric¬ 
tional losses must be accepted; therefore there must be a large waste of 
energy in such a turbine. Even if a suitably high blade speed could be 
attained to reduce the loss at exit to a reasonable amount, the resulting 
high speed of rotation may make it necessary to use reduction gearing in 
order to couple the turbine to a generator or other piece of machinery. 
If the attempt is made to attain the high blade speed by increasing wheel 
diameter and reducing rpm, mechanical and economic difficulties arise, 
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due to the increased difficulty of maintaining small clearances and to the 
increased bulk and cost of the turbine with a larger wheel. 

Two methods have been utilized to avoid these difficulties, both 
included under the general terms compounding or staying. In the first, 
called velocity staging (Sec. 1*3 j 4), no attempt is made to absorb all the 
kinetic energy of the steam by passing it through only one set of blading. 
The wheel is usually run at the highest practicable speed and absorbs part 
of the kinetic energy of the jet; the exit steam, still with high velocity, is 
turned parallel to its original direction by fixed guide blades and then sent 
through a second set of blading on the same wheel. This in turn abstracts 
part of the kinetic energy of the steam; the steam leaving this row may 
pass through another guide row to a third moving row, etc. The steam 
from the final row has had its kinetic energy reduced greatly, but this is 
partly due to the considerable friction loss, and the efficiency of the 
arrangement may be notably low. 

In the other method, termed pressure staging , the total pressure drop 
from the boiler pressure to exhaust pressure is broken up into several 
parts (2 to 30) though a series of sets of nozzles. Following each nozzle 
(and pressure drop) is a simple turbine wheel which, running with a 
reasonable blade speed, can utilize efficiently the moderate steam speed 
generated by the small pressure drops. Since steam velocities are low. 
frictional losses are small, but there results a larger, more complicated, 
and more costly turbine. 

These two methods of compounding will be discussed in some detail. 
6-9. Velocity Staging 

Figure 515 shows the extended form of velocity diagram for a one- 
pressure three-velocity-stage turbine, in combination with groups of 
blades at successive stages (see also Fig. 1-2). The blade sections are 
symmetrical, no allowance is made for friction, and the value of W has 
been so chosen that there is zero velocity of whirl at the final stage. 
Note the successive increases in a and (180 — 7 ), resulting in flatter and 
thinner blades toward the final stage. Note also the nomenclature for 
the various stages. 

In producing this diagram, the first two triangles are drawn as explained 
previously. V z is then drawn below the horizontal, symmetrical (in this 
particular case) with V 2 and equal to it (friction being neglected). W is 
laid out to the left, then U z , U A , and finally W again to the right, giving 
V A . The whole operation is again repeated for the third stage. Moving 
blades are crosshatched in full lines, fixed guide blades in broken ones. 

Figure 5-16 shows the same data laid out following the method of 
Fig. 5*1 la. This form displays clearly the values of A7* for the different 
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stages: For the first it is F,„ - F,»; for the second, Fa* - F 4u ,; for the 
third, V bie - 0. Signs of F 2lf and V must he observed (Sec. 5-4). 

The form of diagram used in Figs. 5-12a and 5-126 are especially well 
adapted for representing velocity staging. In tig. 5-18, the same data 
are used as in Fig. 5-15. Figure 5-17 shows the intermediate stage of 
diagram construction before the exit triangles are reversed and super¬ 
imposed on the entrance triangles. 

Allowance for friction may 1m* made conveniently on this diagram, as 
illustrated in Fig. 5*19. Here L\ = A’JC i, Fj = h b l 7 *, etc., the values of 



Three-row velocity-stage; extended diagram and blade sections for Figs. 5-23 and 5-24. 

k b not necessarily being the same for all rows. Figure 5-20 shows the 
same data arranged like Fig. 5-16. 

If, instead of using symmetrical blading, it is decided to make the 
values of (180 - y) < 0 and or < (180 - 5), there result Figs. 5-21 and 
5-22 for the two types of diagrams. 

Finally, Figs. 5-23 and 5-24 show the diagrams resulting when allowance 
is made for friction and the effect of blade-exit angle is also included; they 
should be compared with Figs. 518 and 516, respectively. The extended 
form of velocity diagram using the same data is shown in Fig. 5-25 and 
the forms of blade sections in the various rows in Fig. 5-26; both of these 
should be compared with Fig. 515. Thus the velocity of axial flow V, or 
Uf steadily decreases in Fig. 5*25, and the blade sections in Fig. 5*26 are 
neither so flat nor so thin as in Fig. 5*15. Figure 5*26 corresponds much 
more closely to practice. 
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A S with the simple turbine, there is a most efficient value of p, the 
need ratio, for the velocity-stage turbine. While an expression for this 
JL be derived analytically, a considerable number of conditions must 
he Loosed in order to make the solution determinate. A comparison 
b f F- s %is 5 19 5 21, and 5-23, which have all been drawn with the 
°lme scale and with zero exit velocity of whirl in the final stage, will 
Illustrate what may be expected. To take first the case of symmetrical 
blades and no friction (Fig. 518), it is evident that IF = F, cos o,/2n, 

where n is the number of velocity stages. 

, f frict ion is included, other conditions remaining the same, inspection 
nf Fie 5T9 will show that IF must be decreased from the value used in the 
nrevious case if F. is to remain axial. Here k t was arbitrarily taken at 
0.85 for both blades and guides; actually its value will increase in the 


lat , e f r however, friction is neglected but the exit angles of both blades and 
-uid'es are diminished, other conditions remaining the same, Fig. 5 21 
shows that IF must be increased from its original value if F. is to remain 
axial. Here the exit angle of each blade row [(180 — y) for moving rows, 
a for fixed rows] is arbitrarily made a mean between the angles made by 
the absolute and relative velocities of the previous triangle. 

As the blade-exit angles are generally decreased, and as friction is 
always present, the effects indicated by Figs. 5 19 and 5-21 are both 
present in actual turbines and tend to neutralize each other, the effect of 
friction generally predominating, however. While these diagrams, drawn 
with zero exit velocity of whirl in the final stage, do not represent the 
condition of highest efficiency for each case (see Sec. 5-5), they closely 
approximate it and offer a fair comparison. We may therefore say that 
IF should be slightly less than F, cos a,/2n for maximum efficiency. 


610. Velocity Staging; Efficiency, Distribution of Work 

Equation (5-5) for the work of a single wheel is, per pound of steam, 

E n = y(F„- V») = J AV " 


In the three-velocity-stage turbine shown in Fig. 5-16 the total work is 
the sum of the works of the individual wheels or 


E bl = - (Fi„ - F,„) + ~ (F„ - Ft.) + • • • (5-30) 

Q 9 

= — (F,„* + V»m* + •••) = “ 2AF. (5-311 

Q v 

per pound of steam. The total work per J>ound of steam may therefore 
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be obtained by taking the sum of the values of AF«. for each wheel and 
multiplying by W/g. If the mean radii of the successive blade rings 
differ, each value of AF„ must be multiplied by its own appropriate value 
of W/g (Sec. 5-4), since all blade rings rotate at the same revolutions per 
minute. 

The work done by the blading may also be computed by the method of 
Eq. (5-17), after the velocity diagram is drawn. 

E U -i(V? - (V\ - vi) - (V! - Vi) - (f/i - U\) - (Vi - Vi) 

- (VI - v\) - VJ1 (5-32) 

The efficiency of the blading is either of these quantities |Eq. (5-31) or 
(5-32)1 divided by V\/2y; if divided by 778 A h $ , the available energy in 
the steam entering the nozzle, the result will be the combined efficiency of 
nozzles and blading and will be less. 

For a two-velocity-stage wheel the blading efficiency is 

vi - iu\ - n> - m - vi) - (M - H) - v\ (M8) 

Vbi —- yi v ’ 

It is of interest to determine the distribution of work among the succes¬ 
sive velocity stages. In the ideal case of Figs. 5-Hi and 5-18 for three 
stages, with symmetrical blading and no friction, it is evident that in the 
first stage 

Ex = 

In the second stage, 

= 

In the third stage, 

E l = 

These works are in the proportion 5:3:1; t'.e., the last stage does only one- 
ninth of the total work. In a four-stage turbine, the proportion is 
7:5:3:1, the last wheel doing only one-sixteenth of the work. While 
friction and reduction of the exit angle slightly modify this, it still remains 
substantially true in actual turbines and shows clearly the futility of the 
multiple-velocity stages, as formerly used. Occasionally three stages are 
used (see Fig. 1-2), but the two-stage arrangement, where the second 
wheel does only one-fourth of the total work, is about as far as the prin¬ 
ciple is carried in conventionaUesigns. If lower blade velocities must be 
secured, other means should b # e taken than velocity staging. 


ir ioIF 2 

- (GIF + 4IF) = 

9 y 


— (4IV + 21V) = ^ 
9 9 


(5-34) 


7^+0) = 2 r 
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6-11. Pressure Staging 

Figure 5-27 shows the nozzles and blades of three pressure stages of a 
turbine, also the corresponding velocity diagrams. The entrance velocity 
to stage 1 is Vo, but at the entrance to the nozzles of each of the following 
stages it is designated as V 2 , which is the absolute exhaust velocity from 
the preceding row of moving blades, carried over to the next nozzles. In 
each row of nozzles after the first, the absolute steam velocity is increased 
from V 2 to Vi. In each row of moving blades, the relative velocity is 



M 0 >) * 

Fio. 5*27a and 6. Flow through pressure-stage impulse turbine. 


constant in ideal impulse blading, decreases slightly from V x to U 2 in 
actual impulse turbines due to friction, and increases from U i to in the 
reaction turbine, to be discussed later. The angle of flow deflection X in 
each case should be noted. In pressure staging, the nozzles of each stage 
(except the first) must receive the steam discharged by the preceding 
moving blading and turn it efficiently to a desired discharge angle in 
addition to expanding it to a lower pressure. 

The work done by the whole machine is the sum of the works of the 
separate stages. The division of available energy into the proper por¬ 
tions for each stage, equal or unequal as may be required, is brought about 
by assigning proper areas to the nozzles in the various stages and is 
essentially a problem of thermodynamics; it will be considered in detail 
later. It will be seen that it is the sectional areas and shapes of the flow 
passages through the turbine with which the designer is primarily con¬ 
cerned and not so much the forms of the blade sections and nozzle parti- 
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tions. 1 The pressures that will exist at various locations through the 
turbine result from the energies selected for the stages, and knowledge of 
them is not of great importance in the design. The temperatures at the 
various stages are important in connection with the extraction of steam 
for feed water heating in the regenerative cycle. 

612. Pressure Staging; Carry-over, Work, Efficiency 

Each stage of a pressure-stage impulse turbine is really a simple impulse 
turbine rotating in its own individual chamber between two diaphragms, 
and much that has been said about the simple impulse turbine will have 
application to each stage here. Three gains over the simple turbine may 
be noted. First, with much smaller steam velocities, friction losses are 
considerably reduced. Second, whatever fluid frictional loss there is in a 
stage is passed on in the flowing steam as additional enthalpy and 
increases the available energy for the following stages; each stage benefits 
somewhat by the losses of those preceding it. However, no stage is able 
to convert into work all the waste from a preceding stage, and the impor¬ 
tance of high efficiency of each element is not reduced by staging. Third, 
the kinetic energy in the steam leaving each stage (except the last) is not 
entirely lost as was the case with the simple turbine. The leaving veloc¬ 
ity from one stage mav become the entering velocity for the nozzles of the 
following stage and mav thus be utilized. The carry-over ratio, which is 
the ratio of the kinetic energy actually utilized as entering energy to the 
total kinetic energy of the steam leaving the previous stage, can vary 
from zero to fairly close to unity. For example, in the turbine shown in 
Fig. 115, the stages are separated so much that the carry-over would be 
poor; in Fig. 1-8 it would be poor between stages 1 and 2 and between 
stages 5 and 6; in fact any appreciable distance between a diaphragm and 
the following nozzles, or a sudden change in stage diameter, will destroy 
carry-over at that point. Most of the other multistage turbines illus¬ 
trated, especially the large ones (Figs. 1-42, I 47, 1 52, and 1-57), have the 
wheels and diaphragms packed so closely together that there would be 
little loss of carry-over. 

Velocity diagrams are usually needed for each stage. If all the blade 
rings have the same diameter so that IF is constant, then the nozzles 
should have nearly the same discharge velocities in all stages. If, in 
addition, nozzle and blade angles are all the same, the velocity diagrams 
mav be identical and only one need be drawn. However, there are nearly 
always increases in blade speeds and nozzle angles toward the exhaust 
end of the turbine, and fluid friction losses vary, decreasing with decrease 

, This point of view is somewhat modified if the airfoil method of design is used 
(Sec. 910). 
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of steam density but increasing with increase of steam velocity accom¬ 
panying higher blade speed, so that the velocity diagrams in successive 
stages toward the low-pressure end will vary to such an extent that each 

must be drawn. , ,, , i 

Equation (517) is convenient for determining the blading work and 

Eq. (5 27) for determining blading efficiency. The second form of Eq. 

( 5 - 17 ) shows the blade work to be equal to the sum of the gains of kinetic 

energy in the nozzle and the moving blades, if the blade-exit velocity 

is assumed to be the same as the nozzle-entrance velocity, as would be 

the case for 100 per cent carry-over in a multistage impulse turbine. 

The combined nozzle and blading efficiency of a turbine stage may be 

defined in a nominal way as 




A//. — (< 7 r -f K) 

A/i, 


(5-35) 


where Ah t - isentropic drop for stage 

q r - q* + qb = reheat loss in nozzles and blading 
K = kinetic energy leaving loss 

However, a more comprehensive equation for efficiency, allowing for 
carry-over, may be derived as follows: 

The nozzle process is represented on the H-S diagram as shown in Tig. 
5*28. Here AH is the isentropic enthalpy drop from p A to reheat due 
to losses takes place along the line of constant pressure p u from B to A r , 
the vertical distance between B and N being q n the reheat in the nozzle. 
Let the vertical distance AAo - K„ be the Btu equivalent of the kinetic- 
energy of approach; the horizontal line through Ao is then at the total or 
reservoir enthalpy level corresponding to state point .4. It is to be 
remembered that the reservoir enthalpy remains constant no matter 
what changes take place, reversible or irreversible, as long as there is no 
heat transfer to or from the fluid and no external work done. The 
enthalpy drop from reservoir enthalpy to point .V, or ho — hs , represents 
the transformation of a definite amount of enthalpy into kinetic energy, 
and this vertical distance can be labeled either “kinetic energy” or 
“enthalpy,” in Btu. The velocity corresponding to the kinetic energy is 
of course the nozzle-exit velocity V x . 

The nozzle-blading process is represented on the H-S diagram of Fig. 
5-29. There are added to the nozzle process of Fig. 5-28, the effects of the 
flow of the steam through the curved passages in the moving blades, 
which are: first, to increase the reheat by the amount q the reheat in the 
blade passage, which moves the point AT along the line of constant pres¬ 
sure to point C; and, second, to transfer most of the kinetic energy to the 
moving blades, thus doing work E h i and leaving in the steam only the 
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total enthalpy at the level of F, of which the portion FC = K i is kinetic 
energy of the steam leaving the blading at absolute velocity V 2 . If con¬ 
served, this becomes carry-over for the next stage; if degenerated into 
heat, it increases entropy to point E, at pressure p*. 

The constant-pressure lines at po, Pa, and p B on the H-S diagram 
actually diverge slightly toward the right, but for the present discussion 
they will be assumed parallel. If we assume complete carry-over of the 
kinetic energy K„, then the net available energy, with allowance for the 



process. 


entrance and exit kinetic energies, is A/?, + K„ — K\ and the combined 
nozzle and blading efficiency of the stage for 100 per cent carry-over is 

blading work _ A/<, + K„ — (K\ + q n + Qb) ( 5 . 30 ) 
Vnb ” net available energy A/?, + K„ — K\ 

In most turbines the difference between K 0 and K\ for any one stage 
(except the last) is so small compared with A h, that it can be neglected, 
the denominator becomes A h„ and the equation is 


■Or* 


A h, -f - Kp — (K 1 + qn + gb) 
A h. 


(5-37) 


If the stages are so constructed that there is no carry-over, then K 0 
from the stage ahead, as heat, adds to the enthalpy along pressure line 
p At and K h the blade leaving energy, also becomes reheat, and we have 
the total reheat in the stage = Qn + Qb + K\* The efficiency is then 
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as stated in Eq. (5-35). The end point of the stage is then at point E 
instead of F —the same enthalpy but greater entropy. 

If the carry-over is less than 100 per cent, then K e in the numerator 
of Eq. (5-36) becomes *. X K.. It will be noted that the full kinetic 
energy of the steam leaving the blading is charged against it, but the 
blading benefits by part of the exit-velocity loss of the stage delivering 
steam to it. 



Fio. 5-30. Multistage turbine flow process. 


Extension of the method of representation of Fig. 5-29 to two stages of 
a multistage impulse turbine is shown in Fig. 5-30. The relations for 
zero carry-over are shown by the diagram in dashed lines, AB\C\B 2 C 2 , 
and the blading and nozzle efficiency of stage 1 is E\/(Ah\) t} of stage 2 is 
Et/(Ah 2 )„ etc. 

For 100 per cent carry-over the diagram is in full lines, AB\C[B 2 C 2 , and 
the steam leaving stage 2 is at state F' 2 , with kinetic energy represented by 
the vertical distance F' 2 C 2 in enthalpy Btu. The blading and nozzle 
efficiency of stage 1 is E[/(Ahi)„ of stage 2 is E 2 /(Ah 2 )„ etc., obviously 
greater than for the case with zero carry-over. 

For stage 1 of a turbine, the approach velocity to the nozzle inlet may 
be negligible, in which case the isentropic enthalpy drop assigned to the 
stage by the designer must be increased, if the work of that stage is to be 
the same as for the following stages. 
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If stage 2 of Fig. 5-30 is assumed to represent the final stage of a turbine, 
then the exit kinetic energy K, cannot be utilized; it is called the turbine 
leaving-velocity loss. Assuming the steam comes to rest in the exhaust, 
the kinetic energy will be converted into enthalpy, giving E for the final 
state of the steam; this is called the end point. With zero carry-over, the 
kinetic energy is simply included in the stage reheat, and the end point is 
at C 2 . For a carry-over of less than 100 per cent, the point moves 
along the p , line toward C,, E also moving toward C, and reaching it at 
the same time as C'„ when the carry-over is zero. 

If the stages toward the low-pressure end of the turbine increase in 
diameter, resulting in increasing blade and steam speeds, the blade-exit 
kinetic energy Xi becomes increasingly larger than the entrance kinetic 
energy, and the assumption that K\ = K„, made in connection with Eq. 
(5-36), is no longer a close approximation. The equation for 1 for such 

stages should be . 

+ T) fo X K 0 ~ (K l ( l* 4~ Qb ) /e,oo\ 

**-AA. + K» — Ki K 1 

In the final stage, X, cannot be deducted in the denominator because 
there is no following stage to which it can be credited; it is a total loss. 
Therefore, for the final stage, X, or a large fraction of it is usually charged 
to the turbine as a whole and only a port ion to the final stage. Thus the 
basis on which nozzle and blading efficiency of the last stage is calculated 
is the same as that for the other stages, and it does not suffer from the 
failure of the turbine to utilize the turbine leaving velocity. This is 

given further consideration in Sec. 14-3. 

Determination of the efficiency of a turbine stage involves rotational 
and leakage losses which will be considered in Chap. 13. The over-all 
efficiency of a multistage turbine involves other losses and also considera¬ 
tions relative to the reheat factor and condition line, which will be pre- 
sented in Chap. 14. 



CHAPTER 6 

IMPULSE-BLADING PROPORTIONS 

Beside having a form which will produce the desired angles of fluid flow 
as shown in the velocity diagrams of the preceding chapter the nozzle 
and blading assemblies (often called grids) must prov.de sufficient area 
in the cross sections of their passages to allow the flow of the prope. 
amount of steam to perform the required work. At the high-pressure 
end the steam specific volume is very small; hence the area required is 
small. At the low-pressure end the steam specific volume may be from 
400 to 600 times as great; hence the required flow area is large. 

It is the designer's task to select the number of stages and their blade 
speeds and to adjust the nozzle and 
blade dimensions, angles, and areas, so 
as to secure the correct output and 
maximum efficiency possible within the 
allowed cost and with the maximum 
possible reliability of operation. The 
present chapter deals particularly with 
impulse-blade proportions. 

6-1. Pitch, Radius of Curvature, Draw¬ 
ing Blade Sections 

Since no expansion occurs during 
flow through pure impulse blading, the gi 
area of the f*issage cross section should "|« 
be constant. If the width of the pas- * » 
sage is constant, then the height also |'« 
will be constant, but if, as is often the ^ 
case, the passage width is decreased *£» 

toward exit, then the height must be ^ 

increased correspondingly. 

Figure 6*1 shows the principal fea- Fig. 6 -1. Impulse-blade details, 
tures of one type of steam-turbine 

impulse blade. It is straight (not twisted or warped ) and parallel (not 
tapered ), is attached to the wheel rim by a straddle mounting, and has a 
square (not angular) tip provided with a tenon which is intended for weld- 
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ing or riveting over a band shroud ring (Figs. 12*26 and 7*11). The 
attachment base is tapered radially inward on the flat faces so that all the 
blades in a ring will fit solidly together. Often a portion of the shroud is 
formed integrally with the blades (Figs. 6*39 and 12*23); such shroud 
sections fit closely together when assembled and may have a groove 
turned in the outer face, in which a flat shroud band is welded or brazed. 

The blade height h and section breatlth or chord c are measured as shown; 
the pitch s is measured at mean blade height. The bla^le-hcight ratio is 



h/2r m = h/d m . The blade face is concave, with radius r,; the back is 
convex, with a circular arc of small radius r 6 concentric with the face of 
the adjoining blade ahead, as indicated at a in Fig. 6*3. Two tangents to 
this arc, making the angles 0* and y b * with the tangential Mflocity com¬ 
ponent, complete the back. The leading and trailing edges may have a 
small thickness (measured circumferentially) and be rather sharp, but it is 
better to round them, as sharp thin edges may corrode or erode away 
rapidly and sharpness will also promote destructive cracks if the blades 
are subject to appreciable vibration. 

The blade pitch $ and the curvature of the back r b are closely related 
as will be evident on comparison of the four sets of blades in Fig. 6*2; the 
blades in each vertical row have the same entrance and exit angles, 
widths, and face radii but have different pitches. The passage widths 

• Subscript b for angles designates angles of blade or vane, as distinguished from 
angle made by fluid flow. 
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have been drawn constant for each pitch, but they increase with larger 

^There should be just sufficient blades in a ring to direct the steam flow 
ndeauately; a greater number will introduce unnecessary friction, and a 
smaller number will allow the steam to pass without turning through the 
full deflection angle. The best pitch has to be determined by experi¬ 
ment A pitch of about 65 per cent of the blade width is common. 

In making the sharp turn at high speed, the steam tends to crowd 
toward the concave side, as shown in Fig. 6-36, leaving a void in which 
more or less turbulence may occur. The back of the b ade is therefore 
often filled out, as in Fig. 6-3c, to maintain more orderly flow. Ihe 



Fio. 6-3. Flow through blade passages 


increase in pressure against the concave face of the blade passage due to 
centrifugal force may be calculated as follows (Fig. 6-3d): Let A/l be the 
area in square feet of a small element of the blade face in a region where 
the radius of curvature is r,; let o, the passage width, be the height of a 
small prismatic element of the steam volume on this base, and let U i 
and v be the velocity and specific volume of the flowing steam. Then 
assuming that the mass of the elementary volume is concentrated at its 
base, the centrifugal force of the element will be approximately 

r _mV'- _ LAoU\ 
r/ vgr, 


This is resisted by an increase in pressure against the blade face 
over the area A.4; therefore 


144 Ap A4 


NAoU\ 

vgr/ 


or 


Ap 


144 vg r f 


Ap psi 


(61) 


and it is apparent that the rise of pressure on the concave side of the 
passage is directly proportional to o/r f . For example, if L\ = 1,000 
fps, o/rj = 0.4, and v = 3.408 cu ft, then Ap = 25.3 psi. Note that this 
increased pressure on the concave side of the passage can never be 
eliminated, as it is the force which produces torque on the rotor. How¬ 
ever, it can be reduced for each blade by using more blades, and the 
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total torque depends on the force per blade multiplied by the number of 
blades; this product is the quantity which should have the maximum 
possible value for a given steam flow. 

Flow at high velocity in a curved passage is a complicated process in 
any case, and if the velocity is close to or beyond the acoustic value, 
shocks are bound to occur with conversion of some of the fluid kinetic 
energy into enthalpy and consequent loss of availability. Additional 
consideration is given to such flow in ('haps. 9 and 10; for the present it 
may be sufficient to point out that the compression against the concave 
side is followed by reexpansion in the straight portion following the turn, 
resulting in a pressure wave across the stream. These cross currents and 
rapid changes of pressure, the pattern of which varies with steam speed, 
cause turbulence and losses due to repeated transformations between 
kinetic and thermal energy. Such disturbances are inevitable in curved 
passages, and their existence explains in part the greater loss occurring in 
flow through blade passages as compared with flow through nozzles, 
which are less sharply curved. The losses (other than frictional) are 
minimized by using large radii of curvature of the blade face when the 
steam velocities are large, resulting in wide blades. 

It is important to note that, if the blade edges are sharp, the number 
of blades has no effect on the cross-sectional area of the flow stream. If 
the edges have a finite thickness, however, as is required for maintenance 
of form, the coefficient m is introduced (as with nozzle partitions (Sec. 
4-4)] and 


m 


pitch — edge thickness 
pitch 


( 6 - 2 ) 


pitch and edge thickness both being measured along the arc at mean 
blade height. Thus the flow area at entrance to the blade passages = 
wheel periphery at mean height X blade height X sin 0* X m. At blade 
exit, sin y b would replace sin 06 with perhaps a different blade height or 
value of m. There is a sudden increase in the area of the flow annulus as 
the stream leaves the nozzle exit, due to the thickness of the nozzle trail¬ 
ing edges, and then a sudden decrease in area as the steam enters the 
blade passages, due to blade entrance edge thickness. These alternating 
expansions and recompressions produce turbulence and cause loss, and 
the edge thicknesses are kept as small as will result in acceptable blade life. 

There is no critical relation between the blade pitch and peripheral 
width of the nozzle mouth, the latter being dependent on the form and 
setting of the nozzle. There are generally several blade pitches in the 
arc occupied by one nozzle mouth; one manufacturer suggests that nozzle 
pitch should be about three times blade pitch. If the nozzle mouth is 
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wide it does not direct the steam properly and also requires consider- 
hle excess height in the blading immediately following, as shown in 
Fie 6-4. Here the blading must be high enough to receive the steam 
discharged from the corner x of the nozzle. To assist in this, the nozzle 
is often placed in a slightly oblique position, directed inward (Figs. 1T0. 

1-13, and 8-6). 



Nozzle C.L 


Fio. 6-4. Relation of blade height to nozzle height. 


Drawing Blade Sections. The construction of the blade section for 
symmetrical impulse blading is shown in Fig. 6-5 and presents no diffi¬ 
culty. Note that the face of the second blade and the curved portion of 
the back of the first blade are centered at the same point C' t thus pro¬ 
ducing a blade passage of constant width. 

For the blade with reduced exit angle, the layout is shown in Fig. 6 - 6 . 
The line AG is perpendicular to the plane of the wheel, and the angle 
GAE is laid off equal to [ft, — (180 — 76)1/2. The angles ft, and y b are 
laid off at A and E , respectively, and perpendiculars drawn intersecting 
at C, which will be the center of the face. The blade-edge thickness is 
then laid off at the entrance and exit sides, and the blade-back tangents 
at angles ft and (180 — y b ) are drawn, intersecting at F. Draw CF. 
Lay off the blade passage width o perpendicular to the tangent at 
entrance, locating H. Draw a perpendicular from H to BF, extending it 
to intersect CF at D, the center of curvature of the back, which may then 
be completed. The face of the next blade will not be centered at D. 
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however, but at C', obtained by laying off s = CC = AH on a horizontal 
line through C. This construction produces a blade passage which 
diminishes in width o from entrance to exit, as desired. 

In order to produce a somewhat stronger blade edge, the angle for the 
face is sometimes made a few degrees greater than the angle 0 b for the 
tangent to the back. This will move point C to the left along the line 
FC and will flatten the curvature of the face, resulting in a decrease of 



tion. angle reduced. 

the passage width o near the middle of the blade, which is often desirable 
as stated in connection with Fig. 6-3c. 


6-2. Blading-entrance Angle 0 b 

A. Stream Deviation. Referring to Figs. 511 and 5-12, we see that 


tan 0 


V\ sin a 
Fi COS a - IF 


sin a 
cos a — p 


(6-3) 


If the blade-entrance angle fa is made in accordance with this, the steam 
will enter the blading without deviation. Considerable importance was 
formerly attached to this, but it is now considered that a moderate 
amount of deviation may cause little or no loss or may be actually bene¬ 
ficial. Let the symbol 0 in Eq. (6-3) represent the angle made by the 
relative velocity U h and let fa be the angle at entrance of the actual 
blade. Then if fa < 0, the steam stream will strike the backs of the 
blades at entrance (or the backs of the blades will run against the stream), 
exerting a retarding effect on the blades and causing loss. If 0b > 0 , the 
stream will strike the concave face of the blade and tend to increase the 
impulse. There appears to be little or no loss in this case. 

B. Effect of Change in Blade Speed. Taking another point of view, 
suppose that a turbine has its blade speed increased above that defined 
by Eq. (6-3), sometimes termed the synchronous speed, all other condi- 
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tions remaining the same. The backs of the blades will run against the 
jet as just described. The conditions will be as shown in Fig. 6-7, the 
full-line diagram being one which will give no deviation at entrance to 
the moving blades. The actual blade-entrance angle is that made by 
the line ac, whereas the steam enters along ac '; the component along ac is 
as, and the normal component sc' also has a component qc' in the line of 
motion but opposed to the direction of blade motion, giving a retarding 
effect. In addition, the exit velocity V 2 is changed in direction to V' 2 , 
reducing AV„ and with it the work done by the wheel. 

If the blade speed is reduced below synchronism, as in Fig. G-8, the 



stream will strike the face but the component qc ' is in the direction of 
motion, increasing the impulse. The value of AV„ also increases. 

This effect of deviation must be clearly distinguished from the effect 
of variations in p. Maximum efficiency is obtained when p has the correct 
value, and any change from this will reduce the efficiency; if the blade- 
entrance angle is also incorrect, a further loss will result. The value of 
p may be different from the proper value for maximum efficiency, but the 
value of 0 should be appropriate whatever the value of p. 

A justification often given for increasing 0b over 0, the synchronous 
value, corresponding to underspeeding, is that it tends to straighten out 
the blade passage, allows it to be made shorter, and therefore decreases 
frictional loss within the passage. The blade width can also be made 
less, and this materially aids in decreasing the over-all length of the 
turbine. This in turn allows a reduction in clearances which again 
increases efficiency slightly. 

C. Operation at Part Load. Increase of 0b is also advantageous in con¬ 
stant-speed turbines which operate much of the time at part load. Since 
reduction of output is usually largely obtained by throttling, the steam 
velocities at exit from the nozzles are decreased at part load but the blade 
velocity remains the same. Reference to a velocity diagram will show 
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that this shortening of V x has the effect of increasing 0. Therefore the 
entering steam tends to strike the back of the blades, creat ing conditions 
similar to overspeeding (Fig. 6-7) and causing considerable loss. If, 
however, the angle 0 6 is made larger than indicated by the full-load veloc¬ 
ity diagram, then at full load the action will correspond to underspeeding 
which, as stated above, causes little reduction in efficiency. Under 
partial load the blade-entrance angle is approximately correct (0 = 0 6 ); 
hence the efficiency is good then also. 

The practice of some manufacturers is to make the blade inlet tangent 
to the relative-velocity vector at the maximum blade height rather than 
at mean blade height, for the following reason: Steam issuing from a fixed 
nozzle having considerable radial height may be assumed to have the 
same velocity K, at all points. Assume the nozzle angle a and also the 
blade-entrance angle 06 constant over the entire height. The blade 
velocity W will necessarily vary according to the height considered, since 
it varies directly with the distance from the axis of rotation. Since the 
longest practicable parallel blade may have a height equal to one-fifth of 
the mean diameter, the value of IK may be one-fifth or 20 per cent greater 
at the tip, and 20 per cent less at the root, than at the mean height. 
Considering conditions at the tip, it has already been stated that the 
effect of overspeeding is worse than that of underspeeding; hence in order 
to avoid having the jet strike the back of the blade at entrance at the 
tip, the angle there is made equal to 0. The conditions at the mean 
radius and at the root will then be that of underspeeding, as in Fig. 6-8, 
and there will be higher blade efficiency than if the conditions had been 
made synchronous at the mean height with overspeeding at the tip and 
underspeeding at the root. 

D. Warped or Twisted Blading. The above explanation presupposes 
the ordinary type of parallel blade having uniform sectional area and 
angles throughout its active length. The difficulties described may be 
minimized by the use of warped or twisted blading, having angles that 
vary from root to tip. Such blades may be produced by twisting parallel 
blades, but they are usually drop-forged or machined with the twist in, 
and by this method of manufacture it is also possible to diminish the 
cross section from the root outward. This decreases the stress at the 
root or, if desired, allows the use of a longer blade with the same stress. 
Thus the length of a tapered blade may be 25 to 33 per cent of the blade¬ 
ring mean diameter. Such an increase in length renders twisting still 
more necessary. 

As an illustration, velocity diagrams for the tip, mean height, and root 
sections of a twisted blade having a height equal to one-fourth of the 
mean diameter are shown in Fig. 6*9; the blade speeds at tip and root are 



1MPULSE-BLA DING PROPORTIONS 


173 


then, respectively, 25 per cent greater and 25 per cent less than at mean 
height. The nozzle angle a is taken at 20 deg, the blade-exit angle at 
155 deg, and the velocity coefficient k b =* 0.85 for the blade passages. 

The blade-entrance angles resulting are 43, 35, and 30 deg, indicating 
the amount of twist necessary. The values of 6, the angle made by V it 
are 47, 91, and 126 deg; these are the angles that the succeeding nozzles 
would have to have at tip, mean, and root heights if carry-over is to be 



velocity. 

fully conserved. It will be noted that V 2 , and hence A V both vary con¬ 
siderably, so that the diagram efficiency and work will vary from root to 
tip. Since the flow area between adjacent blades is greatest at the tips, 
high efficiency there is more important than at the roots. Improvements 
over the conditions of Fig. 6-9 can be obtained by suitable variation of 
the nozzle angle a. Further discussion, on a broader basis, of the varia- 



Fio. G-10. Velocity diagram for runaway condition. 


tion of blade form with radius will be given in Sec. 7-17. Examples of 
twisted blades appear in Figs. 1*34, 7-16, 12-26, and 12-28. 

E. Runaway Speed. While few turbines would survive unharmed the 
increase of speed resulting from completely throwing off the load while 
full steam flow was maintained, a brief inquiry into the maximum speed 
that might be attained if governing devices failed is instructive. Con¬ 
sidering one stage of a turbine, if diagrams like Fig. 6*7 are drawn with 
successively greater values of W, using the same constant value of V h a 
condition would be reached like that shown in Fig. 6T0, in which the 
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subscript H refers to runaway conditions. Here #V' 2lr is nearly equal to 
V w , and the blading work |Eq. (5*5)1 

.. _ MWkm Vw ~ mV*) 

H M g 

is only sufficient to overcome the resistances to turning the wheel idle; the 
disc friction especially is greatly increased. In the turbine as a whole, 
only enough work will be developed by the steam to overcome the no-load 
resistances. Owing to the turbulence produced by the great difference 
between *0 and 0, k b would have abnormally low values with increasing 
values of r\V; in Fig. 010 it has been taken at 0.50. With a = 20 deg 
and R W = 2 W, the resulting diagram work is only one-third that of the 
normal (full line) diagram and is probably not far from the amount 
required to overcome the greatly increased fluid friction losses. Other 
methods of investigation also point to twice the running speed as the 
probable runaway speed for this type of turbine. 

F. Stalling. While the action of steam flowing through a turbine that 
is blocked to prevent rotation is not much affected by blading angles, it is 
convenient to discuss it at this point. In stalled condition, it is evident 
that, since the blades are at rest, — V iw is substantially equal to V w \ 
hence = 2V lw approximately, and the torque is very large; however, 
no work is performed. Whether or not there is any great reduction of 
steam flow depends on the type of turbine. The stalled turbine is really 
a series of great nozzles, inefficient because of the partial obstruction 
offered by the blade rows following each set of nozzles; hence k n is low. 
If the turbine is a small one with few stages, so that the pressure drop in 
each is great and the ratio r = pi/po for each is normally considerably 
less than the critical ratio r er , then the obstruction at the exit of each 
nozzle caused by the presence of the blades does not affect the discharge. 
However, the excessive reheating increases the steam specific volume in 
the nozzles of all stages after the first, resulting in increases of pressure 
above normal values throughout the turbine in order to discharge the 
weight admitted by the nozzles of the first stage. This will increase the 
pressure ratio r. 

If, on the other hand, we consider a large turbine of many stages, in 
which all or most of the stages have pressure ratios greater than the 
critical, then under stalled conditions the pressure ratio will be raised still 
further, reducing the weight flow in each stage and hence in the turbine 
as a whole. 

This condition of partial or full steam admission to a turbine that is 
not rotating can occur whenever a turbine starts under load, a good 
example being a locomotive driven by a steam turbine geared to the 
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drivers. At starting, the torque is large with full steam supply, but since 
the speed is small and the steam flow is nearly the same as at rated output, 
the efficiency is low. 

G. Effect of Moisture in Steam. It has so far been assumed in this 
chapter that all particles of steam flowing through the cross section of a 
blade passage have the same velocity along the line of flow. This is not 
true even for stages supplied with superheated steam, on account of (a) 
the effect of friction at the side walls and (6) the compression in the curved 
passage caused by centrifugal force, with resulting reexpansion as 
described in Sec. 61. Allowance for the effects of these variations in 



Flo. 611. Velocity diagram for stcain and water velocities. 

relative velocity U over the section of the passage has been made in a 
rather general way by the use of the blade velocity coefficient k b . In the 
turbine stages receiving wet steam, there is in addition the effect of the 
differing velocities of the water and steam. In Sec. 4T1 it was shown 
that, in flow through nozzles, the velocity of the moisture is much less 
than that of the steam; conditions differ widely, and the ratio might be 
as small as 0.10 or as large as 0.70. For illustration, the velocity diagram 
of Fig. 6T1 is drawn with the water velocity one-half that of the steam. 
The blade-entrance angles being designed to suit the steam vector U i, it 
is evident from the direction of the water vector l \ that the water will 
strike the back of the blades at an angle of approximately 45 deg (in this 
case) from the correct angle. From its direction it is evident that, 
beside spattering, it will exert a retarding effect. Some of the water will 
adhere to the blades, moving outward toward the tips on account of 
centrifugal force. Since this action takes place over the whole length of 
the blade, it results in greater and greater concentration of moisture 
toward the tips of the successive rows of blades, some passing off the 
blade tips and being removed through narrow annular orifices in the 
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cylinder called water catchers (Figs. 6 12 and 7*15). The remainder of 
the water goes through the blade passages with the steam and at exit will 
still have a velocity less than that of the steam, here again assumed at 50 
per cent. Since the entrances to the nozzles of the next stage arc formed 
to receive flow having the direction of the steam vector V 2l they will not 
properly receive the water, which will strike at an angle of approximately 
GO deg (in this case) with V 2 . The water will therefore spatter and lose 
most of its kinetic energy. The moisture in the steam is therefore not 
only a complete loss so far as propulsive effect is concerned but actually 
acts like a brake on the rotating blades. This, with the reduced nozzle 



Flo. fi t 2. Korins of water catcher*. ( WuHnahonnt Electric Corporation.) 

efficiency, largely accounts for the decreased efficiency of turbine stages 
operating below the saturation line. 

Not a great deal has been published as to the magnitude of the moisture 
loss. Soderberg [6:1) states that it is of the same order as the leaving loss 
(Sec. 13*5), even assuming that 25 per cent of the water present is drained 
off at each of the wet stages. He analyzes the moisture loss in the last 
six stages of an 80,000-kw reaction turbine operating at 65,000 kw, the 
most efficient load, and finds that the total loss due to moisture is about 
3.2 per cent of the turbine output. Also, the moisture loss in each stage, 
in per cent of the power developed in the stage, is about 1.3 times the 
moisture percentage itself. Thus, in the last stage, the average per¬ 
centage of moisture is 11.5 and the loss due to this moisture is 15.1 per 
cent of the power output of the last stage. The portion of the moisture 
removed by the water catchers is at maximum about 25 per cent of the 
moisture present, according to Soderberg. Other estimates of the loss 
due to moisture are given in Sec. 14-4. 

An effect of moisture that is perhaps even more serious is the erosion of 
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lh , leading edges .he tat p t 

», that, reblading ."““^'olbX'“vly hard 



backs of the leading edges of the portions of the blades most allotted has 
been especially satisfactory. These shields extend inward from the tip 
one-third to two-thirds of the way to the root, as shown in Figs. 7-16, 
12 -22, and 12-26, and are used for blade-tip speeds above about 900 fps. 
Erosion may also be reduced by lowering the blade-tip speed and by 
reducing the amount of moisture in the turbine stages. The former 
reduces the maximum capacity for which a turbine can be built, since it 
reduces the allowable blade height. The latter requires higher steam 
temperature, reheating, or both, as discussed in Sec. 2-3; it is current 
practice to limit the amount of moisture in the final stage to from 10 to 
12.5 per cent and to tolerate the amount of erosion then resulting. The 
advantage of high blade speed at the last row is so great that it will prob¬ 
ably be increased still further rather than decreased. A tip speed ot 
1,520 fps has been used in a Westinghouse 3,600-rpm turbine, with 23-in. 
blades, giving 40,000 kw from a single cylinder. 
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6*3. Blading-exit Angle y b 

In Fig. 6- 14a is shown an impulse velocity diagram for the case without 
friction; the resulting blade form is also shown. In Fig. 0146 the exit 
angle is decreased 8 deg, resulting in a reduction of V 2 from 410 to 315 fp«, 




with a gain in efficiency as follows: Since there is assumed to be no expan¬ 
sion and no frictional loss in the blading, we have: 


Case 1. 
Case 2. 


Vbi 

Vbi 


V] - V\ 1,200 s -410 s 

~V\ 


1,200 s — 315* 

1,200 s 


1,200 s 

- 0.931 


0.883 


The change in blade forms produced by this reduction of exit angle may 
be seen by comparing the blade sections in cases 1 and 2, and it is evident 
that in the latter there is less breadth of passage for steam flow. There¬ 
fore, to maintain constant cross-sectional area of the passage, the height 
h of the blading at exit must be increased proportionately. If, in seeking 
to increase efficiency by reducing (180 - y b ), this angle is made too small, 
the blade channel becomes so sharply curved that increased loss occurs, 
represented by a reduction in k b . Also, the necessary increase of blade 
height may become inadvisable or even impossible. Values of (180 — y b ) 
in use vary from 15 to 30 deg at high and intermediate stages and from 
30 to 40 deg at the low-pressure end of the turbine, sometimes reaching 
40 to 50 deg in the final stages of large turbines where maximum flow is 
needed. 

Short blades can be increased in height between entrance and exit by a 





Shroud 
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, Ar fraction than long blades, since the axial breadths of blades do not 
greater fraction tna & , n Fie 615, with the same angular 

in single-stage turbines. In multistage turbines, however, the 
exit energy from one stage becomes the approach energy for the nex 
(Sec. 512), and if the carry-over is close to 1 UU pei 
cent" little of this exit energy is lost. There is there¬ 
fore no object in such turbines in greatly reducing 
the exit angle, with its attendant bad effect on k b . 

However, the blading work for each stage is greater 
with the smaller exit angles; therefore a smaller num¬ 
ber of stages may be used, costing less. 

In Secs. 4-2 and 4-3, mention was made oi the 
tendency of a stream leaving a nozzle exit to assume 
an effective discharge angle a greater than the angle of 
the nozzle passage at exit, because of pressure diff- 
erences between the jet and its surroundings. In 
Sec. 6-1 it was shown that the pressure along the con¬ 
cave wall of the passage through impulse blading is 
greater than the average pressure over the section 
of the passage; expansion of this higher pressure steam 
as it passes the trailing edge of a moving blade will 
produce an increase of the effective discharge angle y 
from the blade passage, just as in the nozzle. The 
amount of this increase can be found only by experiment. Further 
mention is made of this increase of effective discharge angle in Secs. 
7-8 and 9-5. 






Fio.615. Effectof 
blade height in limit¬ 
ing exit-angle reduc¬ 
tion. 


6-4. Breadth of Blading 

The optimum breadth of blading depends on the desired flow pattern 
and loading of the blade and involves the angle of flow deflection, the 
relative flow velocity U, blade strength, and blade stiffness, the latter 
two being closely related to the blade height h. 

The deflection angle X tt = 76 - & is the total angle turned through by 
the steam while traveling from entrance to exit through the blade passage. 
A large deflection angle is usually desirable since it increases energy 
transfer and reduces the required number of stages, but it accentuates the 
effects of centrifugal force in producing variations of velocity over the 
cross section, thereby increasing turbulence and decreasing the velocity 
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coefficient k b . Reference to Eq. (5-21) will show that this decrease of lc b 
tends to neutralize the increase of blading efficiency ijm that should result 
from reducing the exit angle (180 - y h ). Exact information on the rela¬ 
tion is not available; Fig. 0-28 shows Stodola’s suggestion as to how k h 
may be expected to vary with the angle of deflection. Satisfactory blad¬ 
ing efficiency can be maintained even with a large angle of deflection, if a 
large radius of curvature r, is used; this requires lil>cral breadth. Also if 
the relative velocity U is high, large radius of curvature and small passage 
width are advisable in order to reduce o/r, and improve efficiency. 

The steady stress at any section of a parallel blade in a turbine is a 
combination of direct tension due to centrifugal force and bending due to 
steam force, the former predominating. Increase in section dimensions 
has little effect on blade centrifugal stress but does decrease the stress due 
to steam force. While blades are often heavily loaded, it has been shown 
that breakages of them are primarily due to their repeated passage 
through fields of nonuniform discharge from the nozzles (Sec. 4-8 and 
Fig. 4-36). The resultant pulsations tend to set up vibrations and if the 
period of the pulsation closely approaches the natural vibration frequency 
of the blade, amplitudes will build up with the creation of large stresses 
repeated with great frequency, often leading to speedy destruction. This 
must be prevented by adequate stiffness in the blades, meaning primarily 
the use of blades sufficiently wide for their height. General consideration 
is given to vibrations in Chap. 11 and to stresses in blades in Sec. 12-9. 

In large impulse turbines, the blades arc almost never less than % in. 
wide; they usually range (in single-row stages) from 1 Vi or 2 in. at the 
high-pressure end to 6 in. or more at the low-pressure end, especially in 
1,800-rpm turbines. The first row of a high-pressure velocity-stage wheel 
may be 3 to 4 in. wide. However, recent investigation |11:8, 11:9, and 
11 : 13 ] has shown that, with proper design to reduce the effect of vibra¬ 
tions, such large widths are unnecessary so far as strength is concerned. 

Fixed nozzle partitions or vanes are not subject to centrifugal force and 
in addition are secured in the diaphragms at both ends; hence they are 
not subject to severe stress conditions. In order to save weight of costly 
metals, nozzle partitions are occasionally made hollow toward the low- 
pressure end; hollow blades have also been used. 

It is important to note that the total of the axial breadths of blades and 
nozzle partitions constitute the primary factor in determining the span 
between bearings of a turbine rotor, and any unnecessary increase of 
breadths may result in a reduction in the number of stages possible in a 
turbine or in an excessively long rotor and a sacrifice of efficiency due to 
inability to maintain satisfactorily small clearances (see Sec. 6-10). 
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6-6. Height of Blading 

The height of impulse blading is dependent on the weight of steam 
• thp steam specific volume, the velocity of flow, th 

ELSS:"A? JSSSS - or b,* .h,„u E h which flow 

tlkine place The heights in multistage turbines generally increase 

m»y be equally above and below the = 
bllde ring diameter or may take place partly or entirely above the mean 
diameter giving a constantly increasing mean diameter for each succes 
Sp ring (Figs. 1-8, 1-15, and 1-43). The ratio of the blade he.ght 
to the mean diameter is called the blade-height latio. 

The following symbols will be used: 


S = arc over which nozzles extend, in. 
h n = height of nozzles at exit 
hi = height of blades at entrance 
h 2 = height of blades at exit 

m , and m, = coefficients to allow for thickness of nozzle walls at 
exit, and blade-edge thicknesses at entrance and exit, 
respectively (see Sec. 61) 

Vl = specific volume of steam at nozzle exit and blade 
entrance, assumed the same 
Vi = specific volume of steam at blade exit 
V x , Ui, and Ui = velocities from the diagram (Fig. 5-10a) 

= blade-entrance angle, where it differs from the syn¬ 
chronous direction of ( i on the diagram 
w = weight flow, lb per sec 


Referring to Fig. 6-16 we sec that, if the nozzles extend for a distance .S' 
around the periphery, here developed into a straight line, the total cross- 
sectional area for exit flow from them is the sum of areas like those shown 
crosshatched in the nozzle mouths and is, allowing for nozzle wall 
thickness, 


An — mJinS sin a 


Similarly, the total cross-sectional area of the corresponding portion of 
the blade ring at entrance is the sum of the areas shown crosshatched in 
the blade entrance and is Ai = m x hiS sin 0b- In impulse blading, there 
is no drop in pressure after leaving the nozzle, so that, neglecting frictional 
reheating, the volume of steam leaving the nozzle equals that entering the 
blading, or 


wv\ = 7n n h n ViS sin a = mihiUiS sin 0b 


(6-4) 
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Therefore 

h\ _ m n Vi sin a _ V\ sin a 
h n m\Ui sin fi b U\ sin fi b 


(6-5) 


the last equality being true if the coefficients m n and m x are equal. 
If fi = fib , the angle made by f’i, then 

Vi sin a = U\ sin fi = V\ f (Fig. 5-10a) 

and 

h x = h n 


If, as is often the case, fi b > fi, then, by Eq. (6*5), hi < h n . That is, the 
height of the blading at entrance could be less than the height of the 



nozzle exit. This is never advisable, since some of the steam jet would 
spill, and the blade heights at entrance are always made slightly more 
than the nozzle height at exit (Fig. 6-4). This increase varies from a 
minimum of He in. at the high-pressure end of small turbines up to H in. 
or more at the low-pressure ends of large turbines. 

Similarly, when a ring of nozzles follows closely after the exit from a 
blade ring, the height of the nozzles at entrance must be somewhat greater 
than that of the immediately preceding blading at exit. This intentional 
increase in radial height at each entrance over the preceding exit is called 
cover or overlap; it is easily arranged in parts of the turbine where the 
diameters are rapidly increasing in the direction of steam flow, but at the 
entrance end, where diameters are small and neither they nor the blade 
heights increase rapidly, it is often necessary to decrease the height of the 
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nozzle from entrance to exit in order to bring the nozzle height at exit 

h^^e^l^lsVdiagmm showing how the necessity for overlap com- 
nlicates nozzle contours. Each of the three nozzles has the same exit 
Ltrht h The first blade-entrance height is hi, overlapping A,. The 
entrance"height for nozzle -V, overlaps the exit height h, of blade B,; 
similarly the entrance height for nozzle N, overlaps of blade B 2 , which 
has increased height at exit, but bringing this he.ght back to A. in_nozrie 
N, requires a reverse curve in the nozzle contour. It is apparent that the 


Cylinder 



' Wheel Diaphragm Wheel Diaphragm 

Fio. 6-17. Nozzle and blade heights, illustrating cover or overlap. 


path of steam from stage to stage near cither roots or shrouds of the 

blades is by no means smooth. . 

If the blade-entrance height thus overlaps the nozzle-exit height and 
the blade height is maintained constant from entrance to exit (a simpler 
manufacturing proposition), then the exit height and hence the exit 
area will be greater than required for the quantity of fluid flowing. 
There is, then, opportunity for the reduction of the exit angles by an 
amount sufficient to bring the exit area down to the required area, without 
necessitating angular blade tips and conical shroud bands. 

Considering now the flow through the blade passages, the volume 
entering is 

wv i = m\h\V\S sin /3 b 

whence 


hi = 


The volume leaving is 


miUiS sin 


wvt = m 2 hiU 2 S sin (180 — 7&) 
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whence 


Therefore 


; _ _ WVi _ 

2 “ m,U,S sin (180 - 7 *) 

hi _ miVjU i sin fib 
hi iriiV\Ui sin (180 — 7 b) 


( 6 * 6 ) 


By combining Eqs. (6-5) and (6-6) the blade-exit height may be obtained 

directly from the nozzle height, thus 
/ A \T avoiding complications which may 



be introduced by arbitrary increases 
of blade-entrance height and angle. 
Thus 

h 7 _ m n VjV \ sin a 
h n miV\Ui sin (180 — 7b) K ' rn 

Reheating due to friction causes an 
increase of volume of the steam pass¬ 
ing through the blades, so that t> 2 > V\. 
If this increase is neglected and if it 
is also assumed that the edge-thick- 
cqual, which is usually approximately 

( 6 - 8 ) 


ness coefficients m„, mi, and m 2 are 
true, then Eq. (6*6) reduces to 

hi _ V i sin fo 
hi Ui sin (180 - 76) 


and Eq. (6-7) reduces to 

hi _ v ' sin a = V\ sin 0 
h n l't sin (180 - 75) l T t sin (180 — 7*) 

Reference to Fig. 6-18 will show that these ratios are the reciprocals of 
the ratios of the velocities of axial flow. Use of these two equations in 
calculating heights, thus neglecting volume increase, will result in a slight 
drop in pressure occurring through the blade passage or in the introduc¬ 
tion of a slight amount of reaction, which will be discussed later in Sec. 
912. 

If the nozzle section at exit is round, its diameter (plus overlap) deter¬ 
mines the necessary height hi at blade entrance. However, the blade 
height hi at exit cannot be determined from this or from the nozzle height 
h n at exit but must be calculated from the nozzle-exit area. The dis¬ 
charge from a single nozzle flow's through blading extending over an arc 
equal to the nozzle pitch s. For equal weight flows at nozzle exit and 
blade exit, we have 



whence 
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Nozzle-exit area X Vi _ blade-exit ar ea^J/, 

- Vi ** 

hjsm sin y X b 2 

Vi 


nozzle-exit area x Yl x — 
sm sin y Vl 
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The blade-entrance ^sq^i^tipp^'blacte^he*resulting value* of 

J n t 3usually’bring about a reduction of blade-exit angle, which is 

ad M£um Height- At the high-pressure end of a turbine the steam 
specific volume is obviously small; if the turbine output is small, the 



Fio. 6-19. Effect on efficiency of varying nozzle and bludc height. (Kraft.) 

steam volume will also be small, resulting in a low value for the nozzle 
area Assuming admission completely around the periphery, the nozzle 
height may come out very small, and experience has shown that such 
short nozzles, combined with short blades, result in low stage efficiency. 
Figure 6-19, from Kraft (6:2], stated to be from American sources, shows 
the nozzle efficiency k* and stage efficiency ij.* as affected by nozzle height. 
Stage efficiency is always less than the combined nozzle and blading 
efficiency i m on account of disc friction, fanning, and leakage losses, but 
Fig. 6-19 indicates a far more rapid decrease of stage efficiency at low 
blade heights than can be accounted for by decrease in nozzle efficiency 
alone. Thus, comparing nozzles 4 in. and 0.4 in. high, the nozzle effi¬ 
ciencies given by the curve are 0.97 and 0.92, respectively, while the cor¬ 
responding stage efficiencies are 0.85 and 0.70. Ihe flow disturbances 
due to the blade ends increase relatively as the blade height decreases; the 
nature of these disturbances will be discussed in Sec. 9-13. Since allow¬ 
ance for these losses is made by using k b , the value of this factor should be 
reduced when the blades are very short. 
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Every effort should therefore be made in turbine design to avoid short, 
blades and nozzles at the high-pressure end. Nozzle angles and blade- 
exit angles will be made as small as practicable. In small multistage 
turbines, partial admission at the first or the first few stages is almost 
obligatory, as only by this means can the desirable minimum height be 
maintained in the nozzles over the remaining periphery. For turbines of 
moderate output, partial admission may not be required after the first 
stage. The use of small diameters for the first few stages is an effective 
means of making possible reasonably high nozzles and improving the 
efficiency. However, such small wheels develop little power on account 



Flo. G-20. Wheels nnd blades for a 50.000-kw 1.800-rpm turbine. 


of the low blade speed, so that many such stages arc required; the resulting 
turbine, although decidedly more efficient, is longer and more costly. In 
turbines of large output this is common practice, since the increased cost 
is of less relative importance m large units. Figure 6-20, drawn to scale, 
illustrates the great difference in blade-ring diameters of the first and last 
stages of a typical turbine. 

The use of a two-row velocity-stage wheel with partial admission, to 
replace effectively the first four to six (or more) full-admission single-row 
stages with their small blade heights, will be discussed in later sections. 

The minimum satisfactory height of impulse blading is from % to 1 in. 
in small turbines and from \\4 to 2 in. in large turbines, or 1^ to 2 per 
cent of the blade-ring mean diameter at the high-pressure end. Nozzle- 
exit heights are somewhat less. One firm says that \4~\n. nozzle height is 
the absolute minimum, and that ^4 in. is much better. 

If the steam supplied to the turbine is at very high pressure and partial 
admission is used at the first row, there is a maximum to the blade height 
allowable in this row, due to excessive vibration of a long blade when it 
runs in and out of the high-velocity steam jet from the nozzles (see Sec. 
11*5). 

Maximum Height. From considerations mentioned briefly in Sec. 6-2 
as well as from mechanical considerations of strength and stiffness, 20 
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. nf the blade-ring mean diameter is the approximate limit for the 
height of straight parallel blades. In designing turbines that approach 
,he maximum limit in size, it usually happens that with the steam flo« 
Lired there is insufficient flow area through the nozzles and blade 
nassaees of the last stage if this height limitat.on is followed and if the 
pviTangles are kept the same as in the earlier stages. The first remedy is 
to increase the angles «, ft, and (180 - y.); the result,ng decrease in 
blading efficiency places a sharp limit on this, but the value of (180 y b ) 
at the fast wheel may reach 40 to 50 deg. Next the designer may increase 
the blade heights if he is able to accept the additional cost of: 

1 Warped blades (Sec. 6-2D) 

2 Tapered blades, thicker at the root where the stress is greatest 
The limiting height possible with these devices is at present one-third of 
the mean blade-ring diameter. With it, the turbine is passing the 
maximum possible volume of steam, under the conditions imposed, 
through a single low-pressure end. Any further increase of flow must be 
obtained by modifying some of the conditions imposed or by using addi¬ 
tional low-pressure ends. These relations will receive further considera¬ 
tion in Chap. 8. 

Table 61. Dimensions of Final Stage, Large Steam Turbines_ 


Diameter 

Blade speed 

Blade 

Blade- 

height 

ratio 

Annular 
area, sq f' 

Mean blade 
height, in. 

Blade 
tip, in. 

Mean blade 
height, fps 

Blade 
tip, fps 

height, 

in. 




1,800 rpm 




93 

114 

703 

895 

21 


42.6 

99 

126 

778 

990 

27 

MEM 

62.0 

104 

134 

816 

1,076 

30 

0.288 

68.1 

110 

145 

864 

1,139 

35 

0.318 

83.5 

115 

153 

903 

1,202 

38 

0 330 

95.3 

120 

160 

1,130 

1,508 

40 

0 333 

104.6 


3,600 rpm 


56 

72 

878 

1,130 

16 

IB 

19.5 

56.3 

73.3 

884 

1,150 

17 

mem 

20.8 

58 

76.5 

910 

1,202 

18 

0 310 

23.0 

60.5 

80.5 


1,264 

rev 

0.330 

26.4 

60 

80 

942 

1,256 

K9 

0.333 

26.2 

64 

87 


1,370 

23 

0.359 

32.1 

73.7 

96.7 

1,156 

1,520 

23 

0.312 

33.6 
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The figures of Table li l illustrate recent practice in the dimensions of 
the final stage of a number of turbines of large capacity. The annular 
area may be easily calculated from the equation, for 3,600 rpm, 


Annular area = 


Wirn 

3,000* 


where W m is the velocity at mean blade height and r h is the blade-height 
ratio. If the net annular area is desired, this quantity must be multiplied 
by the edge-thickness coefficient m. 

6 -6. Velocity-stage Blading; Use and Operating Conditions 

The various types of diagrams for representing velocity relations in a 
two-row velocity stage were presented in Sec. 5-9 and should be reviewed 



Fio. 6-21. Two-row velocity-stage 
wheel and blades. (General Electric 
Company.) 





Fio. 6-22. Nozzle block, nozzle plate, 
and guide blades. (Westinghoute Elec¬ 
tric Corporation.) 


at this point; also the representations of two-row wheels in figures in 
Chap. 1, especially Figs. 1*10 to 117. 

In Fig. 6*21 is shown a section of a wheel rim with two rows of blades 
mounted on it and in Fig. 6-22 a nozzle block with attached guide blades. 
When assembled in the turbine, the guide blades stand between the two 
rows of blading, and steam emerging from the openings in the nozzle 
plate passes through the first row of moving blades, then through the 
guide blades, and finally through the second row of blades. 




Ed 
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In Fig. 6-23 two different methods of constructing the nozzles for a 
two-row stage are shown, also characteristic sections of blading, and the 
method of shielding blading around the inactive portion of the periphery. 
Figure 81 shows a section of a nozzle block and wheel rim with two rows 
of blades, for high steam pressure and temperature, and Fig. 6-24 shows 
a view of blading for such an application. Figure (>*25 shows, in addition 
to blade and nozzle sections, a typical velocity diagram. 



Fig. 6-24. Typical high-pressure velocity-stage blading. ( Allis-Chalmcrt Manufacturing 
Company.) 


In Fig. 0*20 appears a useful comparison of one- and two-row velocity 
diagrams, both having symmetrical blades, no friction, and equal values 
of a and W. Comparing the values of V it is evident that the nozzles 
of the two-row velocity stage must discharge steam at twice the velocity 
needed for the single row having the same W and that the enthalpy drop 
will be four times that required for the single row. A two-row wheel can 
therefore develop as much power as four single-row stages of the same 
diameter. If the diameter of the two-row wheel is increased, its power 
will increase as the square of the diameter; hence to develop the same 
power as five single-row wheels, the diameter would be y/% = 1.118 
times the diameter of the single-row wheel. To equal six single-row 
wheels, the diameter ratio would be y/% = 1.225, for eight, 1.414, etc. 
These figures are theoretical; friction, reduction of exit angles of the 
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hladine and use of values of p other than the ideal one will modify the 
ntios but they still indicate what might be expected. Examination of 
the representations of the large turbines in Chap. 1 will show that most of 
them use a two-row wheel in the first stage and that it is nearly always 
considerably larger than the following single-row wheels. 

When a two-row wheel is used at the high-pressure end of a turbine to 
replace a number of single-row wheels, the considerable increase in steam 



(b) 

Fio. 6-25. Two-row velocity-stage blading and diagram. 


(b) Single row wheel 

Fio. 6-26. Comparison of velocity diagrams for two-row and one-row velocity stages. 




volume after passing through it will usually allow the use of nozzles and 
blades above the minimum height for good efficiency, on the first of the 
single-row wheels, without necessitating partial admission there. Partial 
admission is concentrated in this two-row wheel, which develops a con¬ 
siderable fraction of the power of the turbine and is very conveniently 
used for governing. The nozzles supplying steam to it are arranged in 
groups, each group receiving steam through a valve which is under the 
control of the governor; such an arrangement is appropriately called a 
control stage and is widely used. The valves are opened in succession, and 
only as many are opened at any instant as are required to carry the load 
on the turbine and maintain constant speed. As the load increases, more 
nozzles are opened, increasing the total flow and raising the pressure 
downstream from the two-row wheel, since higher pressure is required to 
force the increased steam quantity through the remainder of the turbine. 
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Thus the nozzles of the two-row stage will operate with a large pressure 
drop at light loads, but only a few nozzles will be open. At heavy loads, 
many nozzles will be open, but the pressure drop across them will be 
smaller, since the first-stage pressure is higher. 

Another advantage of a two-row control stage is the large drop of 
pressure and temperature occurring in it. The only parts of the turbine 
exposed to full initial conditions are the valve chests and nozzle block; 
after the steam has passed through the nozzles and into the casing con¬ 
taining the two-row wheel, its temperature and pressure are both greatly 
reduced. This has become an exceedingly important matter with the 
advent of elevated steam conditions, since high pressure requires espe¬ 
cially strong construction and high temperature makes most metals less 
suitable for sustaining high pressures, owing to creep and relaxation, 
which will be explained in Sec. 12-1. 

A two-row stage is inherently less efficient than the equivalent group of 
single-row stages with full admission, but in those sizes of turbine which 
would require partial admission for several of the early stages or else the 
use of nozzles and blades below the efficient minimum in height, the 
efficiencies of such stages would not be especially high. Also, the elimina¬ 
tion of a number of small-diameter stages by the use of a two-row wheel 
allows the turbine rotor to be shortened, making it stiffer and allowing 
the maintenance of smaller clearances, which improves efficiency. The 
decreased length also reduces expansion troubles and shortens the space 
occupied by the turbine. Thus the many advantages of the two-row 
wheel more than compensate for its somewhat lower efficiency. 

To avoid steam shock and consequent losses (discussed more fully in 
Chap. 10) at entrance to the first row of blading of a two-row stage, the 
relative entrance velocity Ux should be subsonic; Fig. 6-26a shows that 
this is possible, even if the nozzle-exit velocity V x is somewhat larger 
than sonic. It was shown in the discussion of nozzle tests in Sec. 4-9 
that it is possible to achieve high nozzle efficiency with supersonic exit 
velocity but that, as the supersonic velocity is increased, it becomes more 
important that the nozzle be operated at nearly the exhaust pressure 
ratio for which it was designed. This cannot always be done, since 
variable loads must be carried, involving variation in the number of 
nozzle groups that are active and in the stage pressure, as outlined above. 
It is therefore apparent that the nozzles of a tw’o-row stage are best 
designed for only slightly supersonic velocity, since the nozzle efficiency 
will then vary only slightly with change of load, being high at high back 
pressure when the total steam flow' is large and falling off only moderately 
at low' back pressures, corresponding to light loads, few open nozzles, 
and small total steam flow. 
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6 .7. Velocity-stage Blading; Angles, Widths, and Heights 

The relation of the heights at exit in the successive rows of blades 
v be shown as follows: By the methods of Eqs. (6-4) to (6-7), assuming 
equality of edge-thickness coefficients and dividing through by S, which 



is equivalent to assuming constancy of blade-ring mean diameter, we 
have, with the nomenclature of Fig. (6-27), 

h n Vi sin at = hti't sin 71 = ^aF s sin a 2 = hil\ sin 72 (6*10) 

From the first two expressions, \ 

, Ft, constant \ 

ht “ ,U Vv “ I 

From the first and third expressions, f 

V X f constant) (611) 

lit — li n .. — y I 

*3/ 1 */ l 

From the first and fourth expressions, \ 

, Ft/ constant | 

h ' = h 'T,, 

The blade height at any stage is therefore equal to the nozzle height times 
the initial velocity of axial flow divided by the velocity of axial flow at 
the point under consideration. The ratio hjh n is termed the stage-height 
ratio and its usual range of values, for two-row stages, is from 2.5 to 3.0, 
with a tendency to be less in more recent designs. 

It should be noted that, if there is no reduction of exit angle and no 
friction, there need be no increase of blade height, since in Fig. 6-20a, 
Vi/ = V 2f = Vi/ = V 4 /. With friction, the steam velocity is decreased 
and its volume increased; hence there would be a small increase of heights 
even without exit-angle reduction. 

Two-row velocity stages may have (180 — y b ) = 18 to 24 deg in the 
first-moving and guide rows and 25 to 40 deg in the second-moving row, 
the larger values being for lower pressures. Axial-flow reentry wheels 
(Fig. 1 *22) should have symmetrical blades, or (180 — y b ) = 0b, since the 
steam returns through the same blade passages in the reverse direction. 
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It has become fairly common practice to introduce a small amount of 
reaction into the flow through two-row wheels by keeping the blade-exit 
area below the values calculated with the assumption of constant specific 
volume, thus causing small drops of pressure in each of the passages. 
The resulting improvement in efficiency is due to nozzle action or to 
expansion of the steam as it traverses the passages. Separation of the 
flow from the walls is reduced (Sec. 9-12), and the steam fills the blade 
passage more completely. This necessitates seal strips as shown in Figs. 
fi-23 and 81 (and further discussed in Sec. 12-11). 

In Fig. 6-25 is shown another two-row velocity-stage diagram, in 
which, as in Fig. 6-27, the slowing down of the steam speed is especially 
evident; note that V A <V%<Vt<V\. All passage areas therefore 
increase rapidly. All the blade-exit angles in the figure are reduced, 
those in the first-moving and guide rows to equality with the nozzle 
angle. This necessitates considerable increase in exit heights, resulting 
in rather excessively radially diverging flow, as shown in Fig. 6*256. Any 
radial-velocity component in the flow stream denotes a certain amount of 
loss, since its changes contribute nothing to blade work. A flow path of 
better proportions is shown in Fig. 6-23, where at section BB, the diver¬ 
gence appears very moderate and indicates little reduction of exit angles. 
This is also true of Fig. 8-1. 

Blades are usually made broader at locations where the steam velocity 
is high, as in the first row of a velocity stage. Proportions that formerly 
represented good practice in two-row construction are blade widths of 
1/4 or 1 y A) and 1 in. for the first-moving, fixed, and second-moving 
rows, respectively. Figure 6-25 illustrates this narrowing of the blades. 
In more modern turbines, the first row may be 3 in. or more in width, as 
experience has shown that this gives increased efficiency; also there is 
less width reduction in the succeeding rows (Fig. 6-23). The kind of 
variation of losses that may be expected with blades of varying widths is 
indicated in Fig. 6-29. 

Difficulties have arisen in modern turbines receiving steam at high 
pressure and temperature and governing by partial admission to a two- 
row wheel. Excessive vibration of the blades may occur, as described 
in Sec. 11*5, causing early failure due to repeated stress. Heights of such 
blades are strictly limited, the maximum height of the port or flow opening 
at entrance being in the neighborhood of \ l /± in. 

Lead. In impulse turbines, whenever there is partial admission, the 
guide blades for the next row of moving blades in a velocity stage, or the 
next set of nozzles in a pressure stage, must be displaced slightly around 
the circumference in the direction of rotation so that the steam will be 
received properly by them. While the steam is flowing through the 
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nassaees in the moving row, the passages themselves are moving and 
rarrving the steam along with them. This displacement, measured in 
inches of arc, is termed lead. This action causes the general flow direc¬ 
tion of the steam to be a helix of long pitch. The amount of lead for 
each moving row may be obtained by calculating, from the length of the 
blade passage and the relative steam velocity, the time required for the 
steam to flow the length of the passage and across the clearance For 
this time interval, the distance traveled by the blade can then be found. 

The whirl component of the velocity in this helical path gives rise to 
centrifugal force on the steam in both nozzles and blades, tending to 
make the steam move radially outward. The effect of this centrifugal 
force on the flow in the blading at different radii is considered in Sec. 7-17. 


6 -8. Velocity Coeflicient k b 

When steam flows through a passage between blades, there are losses 
of kinetic energy (U\/2g) due to friction and turbulence, similar to, but 
greater than, those occurring in a nozzle. Turbulence is introduced by: 

1. An improper value of the entrance angle 0* (Sec. 6-2A), which always 
exists except at one particular set of operating conditions 

2. The finite thickness of the nozzle vanes at exit from the nozzles 

3. The edge thickness at entrance to the blades 

4. The sharp curvature of the passage between the blades, giving rise to 
compression of the steam against the concave face of the blade (Sec. 6-1) 
and to boundary-layer separation from the convex face (Sec. 9-12) 

Values of k b will therefore be lower than those already discussed for 
nozzle velocity coefficients (Secs. 3*17 and 4-9) and furthermore will be 
subject to wider variations. It is evident that a great deal of experi¬ 
mentation will be needed to determine the separate values of each of the 
many factors affecting &»; and on account of the fact that the blade 
passages themselves are moving at high velocity while flow is taking 
place, direct determinations of k h are nearly or quite impossible. How¬ 
ever, considerable experimental investigation has been carried out on 
flow through blade passages and is discussed in Sec. 7*18. 

The following are generally accepted as facts: 

1. Assuming that synchronous conditions exist, Sec. (6-2A), k b will 
decrease as V i increases, especially at high velocities, in much the 
same way as in flow through nozzles. 

2. The higher the pressure and hence the denser the steam the lower 
the value of k b . 

3. The greater the excess pressure due to curvature of the blade passage 
(Ap, Sec. 61) the smaller the value of k b . The radius of curvature 
Tj of the passage is determined by a combination of two factors: 
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a. The total change of direction of the steam while flowing through 
the passage = X = 7 — 0, called the angle of deflection 

b. The width of the blade or chord, since for fixed values of 0 and 7 , r, 
increases with the width 

The effect of the angle of deflection on k b is shown in Fig. 6-28 from 
Stodola. The diagram in Fig. 6-29, from an American manufacturer, 
shows the variation in energy loss with relative velocity and with width 
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of blades. Since Atf - 1 — y, this diagram indicates an inverse variation 
of kb with U 1 as stated in 1 above. It also shows an increase of k b as the 
width increases. 

The following equation given by Belluzo (6:3) and stated by him to 
represent the results of his experiments, combines a number of the above 
factors in an apparently rational way and may be used if more directly 
applicable data are unavailable. The equation is 

k„ = 0.95 - 1.828 X |g ^ x ( 6 -12) 


(6-13) 


Substituting from Eq. (61) for Ap and simplifying the constant, 

0 . 026841 /, Jg/F, 

*» = 0 95 “ iso-x yhr 

where X = 7 — 0, deg 

U 1 = velocity of steam at entrance 
v = specific volume of steam at entrance 
0/77 = ratio of passage width to radius of blade face (Fig. 6*2) 

As an example, using the data in the problem following Eq. (6-1) and 
assuming that 0 = 180 — 7 = 40 deg, 


k b = 0.95 - 


0.02684 X 1,000 
80 


f~0T 

\3.408 


0.835 
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Or the value of A p previously found may be substituted in Eq. (612), 

divine the same result. . . 

Equation (6* 13) limits the maximum value of k b to 0.95; this is not in 
accord with Fig.’6-28, which shows values approaching 0.97 for wide 
hi a des and low velocities. Soderberg 10:4] states that the basic effi¬ 
ciency of a reaction stage of great height can probably be brought as high 
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as above 95 per cent; this would require that k b be considerably above that 
figure. Another defect of Eq. (613) is that it gives excessively low values 
for cases where L\ is large and v very small, this being especially pro¬ 
nounced in calculations of velocity stages. For use in this text, the equa¬ 
tion has therefore been modified by substituting \/u for y/v in the 
denominator of the subtracted term and then altering the numerical 
constant so as to preserve satisfactory values of k b when v is large. The 
resulting equation is 


k b = 0.97 - 


0.0093 U x VoJ7f 
(180 - X) ^ 


(614) 


This may be written 


k b = 0.97 - 


(180 - X) 


X K 


(615) 
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where K has been calculated for various values of v and o/r, and plotted 
in Fig. 6-30. With these values of k h , calculations of the blading effi¬ 
ciency of single wheels and of velocity stages both give satisfactory 
results. Values of o/r, of 0.4 to 0.5 should be used in general, a value as 
small as 0.3 being appropriate only in high-pressure stages with high 
steam velocity. The equation take no account of loss due to moisture. 

At the beginning of a design, sufficient data are seldom available to 
allow a direct determination of k b at once. Preliminary assumptions 
have to be made, and for this purpose, Fig. G-29 gives useful results; use 
of the line for 1-in. widths is suggested. 

6-9. Speed Ratio, Efficiency, and Blade Speed 

The theoretical value of blading efficiency t?m may be found from Eq. 
(5-21) for any value of p; Eqs. (5-24), (5*25), and (5-26) give maximum 



Fio. 6-31. Blading efficiency for various Flo. 6-32. Velocity diagrams, with 
speed ratios, symmetrical blades. and without friction. 


blading efficiencies for several specified conditions. In Fig. G-31 are 
shown curves of and p for symmetrical blading; curve A shows the 
case for zero friction, the diagram being given in Fig. 6-32<z. Curve A 
is a parabola with its vertex upward, as may be shown by assuming sym¬ 
metrical blading and putting k b = 1 in Eq. (5-21); the equation then 
becomes 

7761 = 4p cos a — 4p 2 

which is a parabolic equation in rj b i and p, of the form y = ax — bx 2 . 

Curve B (diagram in Fig. 6-326) shows the case with friction; Vi is 
taken as 1,000 fps, and the value of k b is taken from Fig. 6-29, blade width 
being 1 in. Curve C is similar, except that V\ = 2,000 fps, decreasing 
the value of k b and with it the efficiency. 
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T pj K . 6-33, the corresponding efficiency curves are shown for reduced 
.. angles (180 — y) being arbitrarily taken as (a + 0)/2. A typical 
diagram is shown in Fig. 6-34a for the case without friction and in Fig. 
fi.34b with friction. 

In Fig- 6-35 are shown blading-efficiency curves for two-row velocity- 
face impulse blading with reduced exit angles. The data for calculating 
the efficiencies shown in the curves were found by drawing diagrams like 
Fiir 5-21 for the case with no friction (curve A) and like Fig. 5-23 for the 
case with friction (curve B), V 1 = 2,000 being used in the latter case. 



Fio 0-33. Blading efficiency for various Fig. 0-34. Velocity diagrams, with 
speed ratios, reduced exit angles. and without friction. 


The value of p for maximum efficiency is seen to be approximately 0.26. 
An American manufacturer states that the maximum obtainable com¬ 
bined nozzle and blade efficiency for a two-row impulse stage is about 0.80. 

Stage efficiency is less than blading efficiency for two reasons. First, 
there is some leakage from stage to stage through the clearance space, of 
steam which does no work, leading to the term leakage efficiency; the value 
of this is high, usually from 90 to 98 per cent. Second, there is loss of 
mechanical energy due to the resistance of the steam atmosphere to the 
rapid rotation of the wheel disc and blading, represented by the term 
rotational efficiency. This also usually has a high value, secured by design¬ 
ing the turbine with small diameters and low blade speeds in regions where 
the steam pressures are high. Thus, in the expression for efficiency, 

‘ = Eh 

energy available 

the stage work of the active steam is diminished by the rotational loss, 
but the total energy available must be based on the total amount of 
steam passing through the stage, part of which performs no blading work 
and is inactive. 
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The relations of internal and over-all efficiencies to stage efficiency 
involve other considerations for multistage turbines and will be con¬ 
sidered in Chap. 14. 

Figure 0-36 is taken from a paper by K. Baumann [6:5|. The curves 
show the average values of the stage efficiencies from actual practice, for 
single- and two-row impulse turbines. The dotted curves indicate ij nhl 
the combined nozzle and blading efficiencies, leaving out rotational losses. 
It is important to note that the value of p for maximum stage efficiency is 
distinctly less than that for maximum r) nh for the single-row arrangement 



Flo. 0-35. Blading efficiency for two-row 
wheel, with and without friction. 


Flo. O SG. Stage efficiency for dingle- and 
two-row wheels. 


and considerably less for the two-row arrangement, owing to the rapid 
decrease of rotational losses with decrease of blade speed. This indicates 
that, for maximum ij. h which is the thing desired, p should be reduced 
below the value dictated by highest ijm- 

According to Fig. 6 36, for one row, the best value of p is 0.43 to 0.48 
and for two rows, 0.22 to 0.24, close adherence to the best value being 
more important with two rows of blading than with one, since the curve 
for two rows peaks more sharply. 

Values of ij 6 i taken from Figs. 6-31, 6-33, and 6-35 would have to be 
multiplied by nozzle efficiency and would require deductions to allow for 
rotational and leakage losses before yielding stage efficiencies. 

The value of p finally selected- for a machine is usually a compromise 
between the value giving high thermodynamic efficiency, in line with 
principles just discussed, and a somewhat lower value, sacrificing some¬ 
thing in efficiency but resulting in a smaller, lighter, and cheaper unit. 

Figure 6-37, from the De Laval Steam Turbine Company (6:6], shows 
actual average efficiencies (to logarithmic coordinates) for one-, two-, 
and three-row impulse wheels as well as for a reaction stage. These are 
stated to be “average values attained by various types of fairly large tur- 
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bines operating at design conditions.” A curve for small single-row 

immilse wheels is shown by a broken line. 

Blade Speed W for Impulse Turbines. Direct-connected single-stage 
immilse turbines usually operate with blade speeds of 250 to 450 fps. 
S'nce it is usually inconvenient to have machines driven at very high 
J js SU ch a turbine necessarily has a moderate rpm and small value of 
SP the blade-speed ratio. With small p, two or three rows of blades on 



the wheel will give better efficiencies than one row (Fig. 6-37). However, 
it is very advantageous to have the wheel rotate at as high revolutions as 
possible and then to use gearing to drive slower speed machinery. A 
higher blade speed, say, 650 fps, is thus obtained, and with the same 
enthalpy drop and steam velocity, p is higher. This increased p, with 


Table 6-2. Summary of Values of p 



Theoretical 

Used in practice 

Simple impulse.. 

mm 

Highly variable 

Pressure compound. 


0.4-0 45 

Velocity compound, two rows. 


0.19-0 22 

Velocity compound, three rows. 

WEM 

0 12 


the reduction of rotation losses due to the smaller wheel, provides an 
improvement in efficiency which is much greater than the loss due to gear 
friction. Also the turbine is smaller, reducing its cost and thus compen¬ 
sating in part for the cost of the gearing. 
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For the two-row impulse wheels in high-pressure condensing turbines, 
one firm uses 450 to G50 fps for blade speed; another uses about 500 fps 
for its large turbines. Limits on the nozzle-exit velocity and hence on 
the appropriate blade velocity have been discussed in Sec. 6*6. 

For multistage rotors made up of discs carrying a single row of blades 
each and with both discs and blades made of special materials of appropri¬ 
ate strength, blade speeds as high as 1,100 or 1,200 fps are commonly used; 
higher values are justified in some cases and with improvements in designs 
and materials may become common. Justification for the increased cost 
of such construction must rest in the greater output thus made possible 
with a turbine of given dimensions and given leaving loss, often resulting 
in less first cost per unit of delivered power. The tendency toward rapid 
erosion of the last-stage blades at these high speeds has been mentioned in 
Sec. 6-2G; unless the limiting output is necessary, it is better to keep 
speeds below 900 or 1,000 fps. 

The above blade speeds, like others mentioned in this text, are at mean 
blade height and not at the blade outer extremity, which are usually (but 
not always) stated in publications as blade-tip velocities. As an illus¬ 
tration, for a blade height of 25 per cent of the blade-ring mean diameter, 
the tip velocity is 25 per cent greater than the velocity at mean blade 
height. 

6-10. Clearances 

In the impulse turbine, the radial clearance at the blade tip is of little 
consequence, since there is seldom a tendency for the steam to leak 
through it (Figs. 1-8, 115, and 6-256). The clearance may therefore be 
liberal, from 0.125 to 0.25 in.; in fact for some impulse wheels followed by 
reaction stages, the impulse wheel is smaller in diameter than the casing 
and runs entirely clear of it. When partial admission is used, however, 
especially with a two-row wheel, the wheel is well enclosed by a guard or 
shield at the inactive sectors in order to decrease rotational losses (Figs. 
1-43 and 1*53). 

The clearance that is important in the impulse turbine is the radial one 
at the shaft, under the diaphragm packing, (Figs. 115 and 1*57). Here 
it varies from 0.010 to 0.040 in., according to the diameter and length of 
the shaft, which affect its stiffness. The number of labyrinth rings in 
each diaphragm packing decreases toward the low-pressure end. An 
advantage of the impulse-turbine construction is the small diameter of 
the leakage area at the shaft, as compared with the area at full rotor 
diameter in the reaction turbine. It should be noted that the size of the 
radial clearance at the diaphragms is mostly a matter of operation and 
maintenance; a crooked shaft or warped cylinder will wear its own clear- 
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ance, irrespective of the smallness of its value when completed by the 
manufacturer. Warren states [6:7]: 

In actual turbine design, experience seems to indicate that the diaphragm and 
high-pressure packing radial clearances that can be maintained between the 
rotating and stationary elements are a function of the span between bearings 
actually appearing to be, based on measurements on modern turbines equipped 
with turning gears and after good commercial operation, about 0.002 in^ per It 
of shaft span between bearing center lines. This factor puts a rather dehni e 
limit at around 20 to the number of stages which can be carried advantageously 
between one pair of bearings. 

The axial clearances are also of importance in the impulse turbine, 
especially at the high-pressure end. The steam discharged from the noz¬ 
zles crosses one clearance on its way to the moving blades; at exit from 
the moving blades it crosses another clearance on its way to the entrances 
of the next nozzle row. The first is more important, since steam veloci¬ 
ties there are higher and the rotor is set axially by adjustment of the 
thrust bearing so that this clearance is at the safe minimum value, from 
0.1 to 0.2 in., depending on the size of the machine. The second clear¬ 
ance must be much larger, in order to allow for differential expansion 
between rotor and stator with changing temperatures due to starting, 
stopping, washing, and load variations. If this clearance is excessive, 
carry-over is reduced, but with the small blade-exit steam velocities cus¬ 
tomary, the effect is not of great importance. The total axial distance 
that the rotor can move, independently of adjustment of the thrust bear¬ 
ing, is called its float. 

Steam Flow through Radial Clearance of Impulse Blades. An impulse 
wheel nominally has equal pressures on its two faces, but several phe¬ 
nomena prevent exact equality. Three conditions tend to produce a flow 
of steam from the clearance space on the upstream side of each wheel: 

1. The high-velocity jet issuing from the nozzle entrains some of the 
clearance steam while crossing the clearance space and carries it along into 
the blading passage. 

2. The dead spaces behind the edge thicknesses of the nozzle vanes 
extend across into the space passed through by the moving blades. These 
latter act somewhat like the vanes of an impeller pump, as shown in 
Fig. 6*38, and the steam for filling the dead spaces must come in part 
from the clearance space. The effects of 1 and 2 are intensified by the 
fact that the entrance height of the blade is made somewhat greater than 
the exact height of the jet from the nozzle, to avoid interference with it. 
Effects 1 and 2 act to produce a lower pressure on the upstream side of the 
wheel disc than the stage pressure itself. 

3. The leakage of steam along the shaft from stage to stage through 
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the diaphragm shaft packings tends to produce a How through the axial 
clearance space and the blade passages, due to excess pressure on the 
upstream side of the wheel. 



Fio. fi-38. Steam entrainment due to trailing edge thickness. 



Flu. 0-39. Heavy-duty blade used in su¬ 
perposed turbines. (W eslinghou* Electric 
Corporation.) 



Fio. 0-40. Tlirce-bladc pack for extremely 
heavy duty. (Westinghouee Electric Cor¬ 
poration.) 


Effects 1 and 2 tend to counteract effect 3, and none could amount to 
more than a few pounds per square inch, yet over the whole disc area the 
total may be considerable. Steam balance holes are usually cut in the 
disc at two or more points to equalize the pressures on the two sides and 
so prevent undue increase of thrust and possible deflection of the wheel. 
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6-11. Shrouding 

Turbine blades that are left free at their outer ends, as was formerly 
customary with reaction blades, suffer from vibration which causes break- 
Z due to repeated stress. Long, thin blades are unsubstant.a and may 
become incorrectly spaced at the tips. The radial spreading of the fluid 
stream, due to excess pressure against the concave face (Sec. 61 ), causes 
sDilling over the blade tips if they are open, wasting the driving effort of 
D art of the steam. It is therefore customary to reinforce the tips of tur¬ 
bine blades by riveting a flat band over them (Fig. 6-24), or its equiva¬ 
lent, thus enclosing the flow passage through the blades. The openings 


are called ports. . 

Figures 6-39 and 6-40 show heavy-duty blade construction for one- or 

two-row control wheels of superposed turbines, where the impulse blades 
receive intermittently the discharge of dense high-temperature steam 
from the nozzles, at high velocity. In Fig. 6-39 one shroud is formed of 
sections integral with each blade, with a second, band shroud riveted to 
tenons on the top of each blade. In Fig. 6-40, blades, attachment base, 
and shroud are all formed in one piece; sections of two, three, or four 
blades are assembled in the wheels. Other forms of shroud construction 


will be discussed in Sec. 12-10. 



CHAPTER 7 


REACTION-BLADING VELOCITY DIAGRAMS AND 
BLADING PROPORTIONS 

A stage of reaction blading is one in which only part of the whole 
enthalpy drop of the stage takes place in the row of nozzles, the rest 
occurring in the following row of moving blades, as outlined in Sec. 5*2. 
An assemblage of such stages (reaction stages arc not used singly) consti¬ 
tutes a reaction turbine. There are as many varieties of reaction tur¬ 
bines as there are possible variations in the proportions in which the stage 
enthalpy drop may be divided between the two rows. In this chapter 
attention will be centered on the case in which half the enthalpy drop 
occurs in the moving blades. However, in Sec. 7-15 will be shown a 
method for laying out a flow diagram for any given per cent of reaction 
and in Sec. 717 its application to the determination of the proper amount 
of twist to be given to the blades at various radii in order to develop flow 
patterns productive of high efficiency. General theories have been 
developed for the flow through reaction blading with any degree of reac¬ 
tion, in which case zero reaction results in the ordinary impulse turbine 
and 100 per cent reaction produces the case where no pressure drop and 
no increase in velocity occurs in the fixed vanes, these changes occurring 
only in the moving blades. 

7*1. Velocity Diagrams 

All the previous diagrams have illustrated impulse turbines; many of 
the deductions made also hold for reaction blading, which is, however, 
different in form (Fig. 71). As stated in Sec. 5-2, in reaction blading 
there is an increase in exit velocity from the moving-blade passage over 
that at entrance (U 2 > U\), owing to expansion taking place while the 
steam is passing through the blade channel. This expansion in the 
moving blades is usually (although not necessarily) equal to the expan¬ 
sion in the nozzles or stationary vanes, as they are called, because the 
passages are usually identical in form at mean blade height. The 
enthalpy drops in moving and fixed rows are then equal, or the enthalpy 
drop in the moving row is half the total stage enthalpy drop; this is 
termed 50 per cent reaction. In the velocity diagram shown in Figs. 7-2 
and 7-3, the entrance and exit triangles are equal. Vi is the velocity of 
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th , iet „.—- 

SS-££S=S^«» *rv“ d 1: "Z 

absolute exit velocity. Evidently l, - V u an “ 



F,o 71. Reaction binding; action. F.o. 7-2. Reaction binding; velocity dia- 
1,0, grain, extended form. 


a = 180 - 7, and 0 - 180 - J. Note that V,, the absolute exit veloc¬ 
ity is the remnant not only of the entrance velocity Vi but also of 
the increase from (/, to U, while passing through the moving blades. 
Considering the reaction turbine as a whole, the pressure decreases in 


the stages and there are generally more 
stages than in the impulse turbine. If 
the diameters of the successive blade 
rings in a group are the same, W is the 
same for each stage, and a single diagram 
like Fig. 7-3 will serve approximately for 
any one of the group. If there is an 
increase in the diameter of the blade 



Fig. 7-3. Reaction blading; velocity 
diagram, condensed form. 


lliuvaov *»» vu.. — — -— 

rings, \V will be increased and usually V x in proportion. The diagrams 
for the stages of larger diameter will then be similar to hig. 7*3 but 
enlarged in proportion to the increase in W. Changes in velocity coeffi¬ 
cients with steam density may modify slightly these simple relations. 
Since there are many stages in the ordinary reaction turbine, with two 


1 It is evident in Fig. 7-2 that some work is done by the impulse of the steam at 
entrance to the blade passages and some more by the reaction of the steam leaving 
it with a greater velocity than it had at entrance. Sir Charles Parsons originally 
applied the term “impulse and reaction turbine” to his invention, although it is usually 
shortened to “reaction turbine.” 
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enthalpy drops per stage, the drop in each row is small and is almost 
always within the critical range. All nozzles are therefore converging, 
and an examination of the blading of any reaction turbine will illustrate 
this. If it were practicable to have such large drops of enthalpy that the 
critical pressure is passed, the forms of the blade passages, moving and 
stationary, would be convergent-divergent. This might occur in the 
last stage of a turbine approaching the maximum limit in capacity. 

Within any one stage of an impulse turbine, the pressure at all points 
is the same; as there are usually holes in the wheel on which the blades are 
mounted, it is impossible for any considerable dilTcrcnce of pressure to 
exist on the two sides. The effect of the jet of steam on the blading is 
entirely independent of the expansive power of the steam; a stream of 
any kind of particles, such as sand or shot, if traveling at the same speed, 
would have the same effect. 

In the reaction turbine, however, in addition to the above effect that 
is independent of expansion, there is also the reactive effect due to the 
increase of relative velocity through the moving blades; this increase is 
of course due to the expansion of the steam while passing through the 
moving blades. 

7*2. Blading Work 

Following the method used for impulse blading (Sec. 5-4), we have, in 
general, since work = energy transferred = change of tangential momen¬ 
tum produced, 

Work = - -■ (Vi* - F,„) - M ft-lb per lb of steam (71) 

or 

Ebi = — (V x cos a - V 2 cos 5) - (Vx cos a — (’* cos y — W) (7-2) 

v y 

For 50 per cent reaction blading, V\ - l \ and a = 180 — y, whence 

E U = y (2V, cos a - IV) = y ( 2Fl t ,° S a - l) (7-3) 
and with the substitution of p for 11 V 

*■ - =C-T-* - ') 

Following Sec. 5-4, we may write for a reaction stage in general, 


(7-4) 
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and for 50 per cent reaction, 

. i ( ri - r» - J <W - "B <7 ' 6) 

_ r u *u Q * thp hlade work equals the sum of the gains of 
Equation 7*5 shows that th . blades The equation is the 

is always small in magn, udeand.* and may be large 

bo^er the v a.ue s f (£ the *,m of reason, which 

?££? - the arnoumof energy conversion in the moving blades 

divided by the total energy conversion in the stage, or 

l T t ~ 1 i _ (7-7) 

Degree of reaction - 9 - yt __ y\ + l J | - M 

Further discussion of the degree of reaction and effects of varying it will 
be presented in Sec. 7*15. 

7-3. Efficiency and Carry-over 

In a reaction stage the blades in each row act as nozzles; hence there is 
a loss through each nozzle passage for which allowance might be made by 
the use of a velocity coefficient The loss in the moving blades m.gh 
be similarly included by use of a blade velocity coeffic.ent l> as with 
impulse blading. From a different viewpoint the passages in both rows 
suffer frictional losses because they are curved passages and both suffer 
losses due to performance of the expansion function. It will be simpler, 
and sufficient for this text, to use a single nozzle coefficient k n to cover 
both losses and to assume that its value will be the same for each row of 
50 per cent reaction blading. The corresponding nozzle efficiency will 

then be >j n = k*, as before. , m 

The nozzle velocity coefficient being k n , the ideal exit velocity from 
either row is V x /*■ or IV*. ( and the ideal gain of kinetic energy in either 
row = (\,2g)\{Vx/k n )* - V\\. The total ideal gain of kinetic energy for 
the two rows is twice this and is the available energy for the stage, or 




(7-8) 


and from Eqs. (7-6) and (7 8), the combined blade and nozzle efficiency is 

VI - VI /7.Q1 

”■* = n/,. - n ( } 


This is a simple relation, but a more useful one giving vm in terms of 
dimensionless ratios can be derived. 
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If Ah, = available energy per stage, then Ah ./2 = available energy per 
row. Considering the reaction blading as constituting a multiple nozzle, 
the portion rj n Ah ,/2 is changed into kinetic energy. 

The steam leaves each row with velocity V 7 relative to the blades in the 
following row, whether moving or fixed. Not all this energy is carried 
across the clearance space, however, or the carry-over is less than 100 per 
cent. It can be expressed in terms of the efficiency of carry-over, as 

Carry-over = i| f . ^ ft-lb 
The gain in kinetic energy in either row is then 

V - - ’ft-lb 


Since this is equal to the available energy for the row, we have 

■/■). M. V] - y r .Vl f .. 

2 2 g 

and, transposing, the energy for a stage (two rows) is 


JAh - m +\ *—) 


(710) 


which can be written 

V\ = M AA. + DeoVl 

in which the coefficient arises from using Ah, to represent the enthalpy 
drop per stage (two rows). This equation, which gives the exit velocity 
from a nozzle, should be compared with the form in Sec. 3T7 below Eq. 
(3-58); it appears that carry-over efficiency rather than nozzle efficiency 
should be used in connection with the inlet kinetic energy. From Eqs. 
(7-4) and (710), the combined nozzle and blading efficiency is 


V 2 

—- (2p cos a — p 

2{V] - VroV\) 
217 *g 


2P cos a — P 2 
V 2 

1 — Vroyi 


But V\ = U\ + W 2 - 2UiW cos a, and by substituting V x = U 2 , divid¬ 
ing by VI and substituting p = W/V h there results 

^| = 1 + p s - 2p COS a 

Hence 

2p cos a - p 2 
- n.. (1 + p* - 2p cos a) 
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if the frictional losses due to drum rotation, tip friction, and steam leak¬ 
age are neglected, this is the stage efficiency. 

if the carry-over is perfect, then = 1.0, and r,* - V. >n Eq. U 
Tinier this Edition, the only losses would be those due to nozzle action 
of the reaction blading and „„ would be independent of the nozzle angle « 
and'the speed ratio p. This would also be true for^.mpulse blading. 

!f, on the other hand, the carry-over is zero, then - 0 and 


TJnb = 11.(2P COS a - P 1 ) 


(7-12) 


This is equivalent to considering a single reaction stage by itself. If, in 
addition, the nozzle action is assumed perfect, then - 1.0 and 


r)*b 


2p COS a — p' 


Differentiating with respect to p, equating to zero, and solving gives, for 
maximum efficiency, 




Of\<t /v 


Substituting this value of p in Eq. (7-12) gives 

(**)— = cos 5 a (7T4) 

These values should be compared with the values of p and (w)— derived 
in Eos. (5-23) and (5-25). The blade-speed ratio p for the reaction turbine 
is twice the value for the impulse turbine, but the efficiency of the stage is 
the same in the two cases. It might be said that the inherent efficiency 
of the ideal turbine stage, whatever its type, is expressed by cos « and 
that the various actual efficiencies of actual turbines result from differ¬ 
ences in arrangements and failures to achieve ideal conditions. 

If, in Eq. (7-4), we substitute p = cos a, we obtain the maximum work, 

(ft,)- = y (7-15) 


Reaction turbines have been built with p = cos a; Figs. 7-4 to 7-6 show 
the resulting form of blading and the velocity diagrams, which should be 
compared with Figs. 7-1 to 7-3. 1 Ordinarily, however, the blade speed is 
lower than this value of p would give, lowering somewhat the theoretical 
efficiency but gaining other advantages. 

In the first stage of a reaction turbine, more available energy must be 
provided than in the following stages, since the steam enters with negli¬ 
gible velocity and carry-over is zero. The second stage has the benefit of 
the first-stage leaving velocity V 3 . The extra enthalpy drop for the first 

1 Figure 7-5 illustrates a pure reaction turbine, since Ui is axial and there is no 
impulse at the entrance to the moving blades. 
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stage is evidently equal to the heat equivalent of the effective carry-over. 

The exit velocity V% at the final stage represents an absolute loss; it is 
generally treated as a turbine loss rather than a last-stage loss. It will be 
discussed further in Secs. 13-5 and 14-3. 

The nozzle efficiency ij n of reaction blading is thought to vary with 
blade width in much the same way as in impulse blading. Figure 7 7 

__ 

Moving T% 

Fio. 7-4. Reaction binding; section. Flo. 7-6. Reaction blading; velocity dia- 

0-90 deg. gram. 0-90 deg. 

shows values of nozzle efficiency for various blade widths, derived from 
tests by an American manufacturer. Blading efficiency has been shown 
to be dependent on the physical dimensions of the flow passage, the 
relative flow velocity, and the steam properties all combined as the 
Reynolds number Re; this aspect of efficiency will be discussed in Sec. 
974. For properly formed convergent nozzles and with V x or Ut less 

than critical, n* is probably higher than 
indicated by Fig. 3-20 or 4-39 and does 
not vary greatly with the velocity. 

The decreasing efficiency of narrow blades 
tends to be compensated for by reduction in 
Fio. 7 0 . Reaction blading; veloc- tip friction, and a value of 0.90 or 0.91 may 
ity diagram. 0 = 90 deg. fog u§e( j tQ CQver both losses. Tip friction 

is fluid friction in the clearance space between the tips of the stator vanes 
and the spindle and between the tips of the rotor blades and the cylinder, 
due to viscosity and inertia of the steam. 

Allowance for Carry-over. Little information is available as to actual 
values of Vco, since direct experiment is practically impossible and results 
derived from analyses of tests of whole turbines have seldom been made 
public. Martin mentions 7 leo = 0.52 as having been derived from an anal¬ 
ysis in the case of a large turbine. Occasionally the statement is made 
that the carry-over is practically perfect, i.e., Veo = 1-00. This results in 
Vnb = In, as already stated. It is fairly certain that ij C o approaches unity 
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Fio. 7-7. Nozzle efficiency of reaction blading. 

= 1.00 gives - 0.94. Taking = 0.50 and substituting in 

Eq. (7-11) gives 

_ 2 X 0.9059 X 0.9059 - 0.9330^ = 0 9( ) 8 

t?„ 6 - 0.94 ! _ o.50(l + 0 9330 - 2 X 0.9330) 

There is thus a 3.2 per cent drop in combined nozzle and blading efficiency 
from the ideal of 0.94 with perfect carry-over to the case where half the 
kinetic energy of carry-over is lost. 

If the carry-over is taken as zero, then from Eq. (7‘12), 

Vnb = 0.94(2 X 0.9059 X 0.9059 - 0.9330) = 0.877 


or a further drop of 3.1 per cent results. 

If p is taken as 0.80 instead of the most efficient value cos a, other values 
being the same, the values of ijnb for rj eo = 1.00, 0.50, and 0 are 0.94, 0.893, 
and 0.852, respectively. 


7*4. Speed Ratio, Efficiency, and Blade Speed 

The effect on combined efficiency of varying p may be found by means 
of Eq. (7-11). For example, assuming a = 15 deg, = 0.92, r/ co = 0.70, 
0.80, and 0.90, and values of p varying from 0.40 to 1.20, and substituting 
them in Eq. (711), data may be obtained for plotting the three curves 
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marked ij eo = 0.70, 0.80, and 0.90 in Fig. 7-8. It will be noted that the 
region of highest efficiencj' is near p = 0.9 to 1.0 and that in that region, 
high carry-over is of less importance than when p is small. The curve 
marked A is said to have been worked out from experiment and checked 
with good average practice. It includes the effect of carry-over and is 
for normal 25 per cent blading. It differs in form from the theoretical 
curves derived from Eq. (7* 11), probably because the values of ij n and 
i) ro will not remain constant when a given set of blading is tested at various 
values of p, as is assumed in plotting the other three curves. In the 



FlO. 7-8. Combined nozzle and blading efficiencies of reaction blading. 


absence of better information, this curve should be followed. For wide 
blades, the efficiencies from any of the curves can undoubtedly be raised. 

Curve /I has its maximum value at p = 0.84: Goudie (7:1) states that 
0.G5 is usual for small turbines, rising to 0.90 for large machines. For 
very large machines at low rotational speeds, lower values may have to 
be used, about 0.75. Some large direct-connected marine turbines 
formerly built had values as low as 0.30 to 0.35. This was necessitated 
by the low speed required for the propeller if a reasonably good efficiency 
was to be obtained from it; turbine efficiency was sacrificed for propeller 
efficiency. Such direct-connected units are not used today, being 
replaced by geared units or electric drive; both these speed-reducing 
systems of power transmission have been developed to a high degree of 
effectiveness. 

Blade Speed IF. The various considerations mentioned in Sec. 6-9 for 
the blade speeds in impulse turbines hold also for reaction turbines. 
Table 6T shows some of the maximum limiting blade speeds at the low- 
pressure ends of large turbines. If, in the effort to get maximum annular 
area at the last stage, excessive diameter and hence excessive blade speed 
are adopted, difficulties arise due to blade fastenings and to erosion by 
wet steam. At the high-pressure end, low blade speed is the result of 
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the effort to keep the diameters small so that the blade heights will not 
L '^ort as to produce unacceptably low blading efficiency. 1 he blade 
sneeds of the intermediate stages are dependent on the designer s decision 
as to how the blade-ring diameters and blade heights should be varied 
from the small to the large dimensions, with the highest stage efficiencies 
that can be achieved at reasonable cost. 


7-6. Reaction-blading Form 

There is usually no specific form or geometrical construction for reac¬ 
tion blading. It is not shaped in accordance with any mathematical 
theory but has arrived at its present form by a process of evolution In 
general it is known that for high efficiency the direction of the blades at 
entrance should be approximately that of the relative discharge from the 
nrevious row but that the entrance should be more or less rounded, that 
the concave face and convex back should have their greatest curvature 
shortly after entrance, this curvature gradually decreasing until it 
becomes zero as the trailing edge is approached; and that, for high flow 
velocities, it is especially important that the contour of the back becomes 
nearly or quite straight some distance before the edge is reached. 1 here 
must be a well-defined convergency at exit, and this must not become 
divergent for the longest allowable parallel blades, eith^r at .the tip where 
the spacing is greater, or at the root where it is smaller, than the mean. 
The exit edges must be reasonably thin, but there must be sufficient 
thickness to prevent appreciable deflection due to steam pressure. Exit 
edges, while thin, must be rounded smoothly to reduce concentration of 
fatigue bending stress. The edge-thickness coefficient m is 


m 


pitch - edge thickness 
pitch 


(710) 


as already discussed in Secs. 4-4 and 61. 

Figure 71 shows a form of blade used in older turbines, fairly sharp and 
rather strongly hooked at entrance. Sharp-edged blades like this are 
satisfactory if steam always enters them at the same angle, but with 
load variation, flow velocities change in magnitude and direction and the 
sharp-edged blade cannot be made efficient under all conditions. Present 
practice is to use a blade section with blunt inlet, as shown in Fig. 7-9. 
In the realm of normal reaction blading, with low relative entrance 
velocity, this form of blade has a peak efficiency equal tb that of the 
sharper edged blade and also maintains a higher efficiency under part 
load or under other conditions where the value of p is not the optimum. 
It has an advantage in variable speed units, locomotive or marine, and is 



STEAM TVKlilSES 


216 


Flo. 7 

non.) 


Fio. 

fion.) 



Fio. 7-9. Reaction-Made section VO. variaMc orionlnlioii. 



10. Reaction-Made section FO. fixed orientation. (W enlinohoune Electric Corpora- 
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,!so much .stiffen and stronger. In locations where steam velocities are 
hicber and steam shocks might occur with these very blunt blades, «h< 
£ of section shown in Fig- 710 is preferable; the d.sadvantage under 

varying load must be tolerated. 



I n,. 712. Reaction bludc* a.-seinblcd in rotor, without shroud bands. 
Electric Corporation.) 


In practice, these sections are reproduced in a series ot sizes, geometri¬ 
cally similar, and used according to the duty to he imposed on the blade 
in a specific location in the turbine. In Fig. 711. three groups o! blades 
are shown, illustrating the type of base attachment and the form ol 
shroud band. Figure 7*12 shows a partially assembled rotor, with rows 
of three different sizes of blades, having the section ol Fig. 7-9. In Fig. 
12-25 is shown a series of different reaction blades; the two at the right 
show shielding on the right edge of the outer half of the blades. 
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7*6. Gaging 

It has been seen (Sec. 6-1) that the setting and form of impulse blading 
are defined by stating the entrance and exit angles, particularly the latter, 
and the ratio o/r f (passage width divided by the radius of curvature of 
face). Reaction blades, however, are classified according to their gaging, 
which is the ratio of the net area for flow at exit to the area of the annular 
space occupied by the complete blade ring; this can ordinarily be taken as 
the ratio o/s, or the clear distance between the blades at exit divided by 
the blade pitch, both measured at mean blade height. Thus a 25 per 
cent blade means that the net area for flow is 25 per cent of the annular 
area, and this offers a convenient way of stating the exit flow area of the 
blades considered as nozzles. The ratios s/c (pitch divided by the chord 
of blade section) and o/c (passage breadth divided by the chord) are also 
often useful. 

Reaction blades were formerly made with drawn or rolled strips, cut to 
length, and assembled in rotor grooves with distance pieces between them 
to give the required blade pitch; the shape of the distance piece also 
determined the approximate blade angle. These parts were wedged into 
the rotor groove. It was convenient to make several rows of the same 
height and to change the flow area by altering the blade angle slightly, 
forcibly twisting the blade until the opening was as desired. When the 
change of angle became excessive, the blade height was increased for 
several rows and the procedure continued. The operation of twisting the 
blades was called gaging; it can be performed only on blades of light 
section, of small or moderate dimensions, and is not considered safe for 
high temperatures. In present practice, if blades of rolled section are 
used, the distance pieces are welded or brazed to them and the resulting 
base is machined to the required size and angles; no twisting is done after 
assembly. More often, the entire blade, with base and often a shroud 
section, is machined from bar stock. 

The gaging on the two blades in Figs. 7-9 and 7T0 is approximately 
27.5 per cent. 

7*7. Pitch 

The optimum pitch for turbine blading, like the blade form itself, has 
been evolved from experience. Systemmatic experiments have shown 
that, with blading of given height and flow deflection angle and set at a 
given gaging, there is a certain pitch which will be more efficient than 
larger or smaller pitches, but this optimum pitch will vary with the other 
characteristics mentioned. The pitch is sometimes made 0.60 to 0.70 of 
the blade chord but is seldom less than 0.2 in. with the shortest blades 
and seldom more than 1 in. for the longest parallel blades. With such 
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lone blades, the requirements of blade fastening at the root may determine 
the allowable pitch there and hence the pitch at mean diameter, which is 
usually meant when the term “pitch” is used without other designation. 

The effect of pitch may be summarized as follows: With a given How 
from a ring of nozzles, a certain total work E bt is performed on the moving 
blading If this work were independent of the pitch, then the work per 
blade should vary directly with the pitch, since the number of blades Z 
varies inversely as the pitch $. However, tests show that as the pitch is 
increased from a very small value, the total work increases, showing that 
the work per blade is increasing faster than the pitch. At a certain pitch, 
the optimum, the total work is a maximum, and for a small variation of 
pitch in this region, the work per blade varies directly with the pitch. 
For larger pitches, the work per blade increases less rapidly than the 
pitch, causing a decrease in the total work. At present the optimum 
pitch seems to be determinable by experiment only. From an aero¬ 
dynamic point of view (discussed further in Sec. 9-10) it appears that the 
poor performance at small pitches is due to interference with the flow 
around each blade by the flow around the neighboring blades, and while 
the performance of each blade is much better when the pitch is large and 
this interference is decreased, much of the steam flow is not deflected fully 
by the widely spaced blades and is therefore wasted. 

7-8. Blading Angles 

The blade-entrance angle ft is usually from 5 to 15 deg larger than 
the angle 0 made by the relative entrance velocity U i, 0h often being 85 
to 90 deg. Modern forms of blades have their leading edges so well 
rounded or so blunt, as compared with the rather sharp edge formerly 
used, that the angle at entrance is not very definite. Losses due to the 
variation of direction of the entering flow, resulting from operation at 
other than the designed steam flow (as discussed for impulse turbines in 
Sec. 6-2C), are much decreased with such rounded leading edges, without 
appreciable sacrifice of efficiency at designed flow. 

As previously mentioned, the exit angles are not usually directly stated, 
the percentage gaging being used instead. The geometric angle made by 
bisecting the angle between the face and back of the blade at exit is 
different from, and usually smaller than, the actual angle a made by the 
issuing steam as found by experimental observation. This difference in 
angle, for a given blade form, depends on the pitch; it also varies with 
the steam velocity at exit. Another method of designating the blade 
discharge angle is by using sin -1 of (gaging percentage/100). For 25 
per cent gaging, a = 14 deg; for 30 per cent, a = 17 deg, both values 
approximate. 
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The method of stating blade angles when airfoil terminology is used is 
given in Sec. 9T0. 

7*9. Blading Breadth 

The breadth (chord) of reaction blading varies from a minimum of 
about Y<i in. to 1]^ or 2 in. for parallel blades and up to 4 or 5 in. for the 
longest tapered and twisted blades. The maximum ratio of length to 
breadth should not exceed 10 or 12, and for most severe conditions the 
ratio is preferably 8 to 10. Generous width reduces the sharpness of 
curvature of the blade surfaces, with decrease of How losses, and produces 
stiffer blades that are less liable to be damaged by vibration but increases 
the length of the rotor and decreases its stiffness. 

The effect of breadth on strength and stiffness is discussed in Sec. 6*4 
for impulse blades; similar considerations hold for reaction blades. 

7-10. Blade Heights 

The passage heights at exit from both stationary and moving rows of 
reaction blading depend on the density and weight of steam flowing, on 
the velocity and flow angle at which it issues, and on the circumference 
at mean blade height, all as with impulse blading (Sec. 6 5). 

In discussing the velocity diagram for reaction blading, it was pointed 
out that one diagram would serve approximately for all stages having the 
same blade velocity. As the steam passes through a succession of stages 
of the same blade-ring diameter, its volume steadily increases so that the 
curve of blade lengths would resemble the volume curve for the steam. 
Such blade-height increases, based on a constant mean blade-ring diam¬ 
eter, would result in decreasing the blade root or spindle diameter, as in 
Figs. 7-18, 1-39, and 1-46. If the root diameter is maintained constant, 
then the mean diameters will increase with successive stages (Fig. 15-6) 
and the corresponding velocity diagrams will then all be different. After 
a certain number of stages, the blades will have reached such a height 
that it will become advisable to start increasing the root diameter, giving 
the rotor and stator a conical form, as illustrated in Figs. T25 and 1*32. 
Blade-ring diameters and blade heights now increase together (Figs. 1-35 
and 1-37) until the flow area through the last blade ring is sufficiently 
large to pass the required steam flow, expanded to the designed final 
pressure and leaving with the allowable leaving velocity. Proper cover 
or overlap must be provided for reaction blading (Figs. 7-15, 12-34), just 
as described for impulse blading in Sec. 6-5. The entrance height for 
each row' must be slightly greater than the exit height of the previous row, 
so that the annular stream may pass from one to the other without con¬ 
tact at root or tip. 



REACTION-BLADING VELOCITY DIAGRAMS 


221 


Cylinder 



Minimum Height of High-pressure Blading. Since there is full admis¬ 
sion around the first blade ring in a reaction turbine and the steam volume 
there is very small owing to its high pressure, the blade heights work out 
very small. This causes a decided decrease in combined nozzle and 
blading efficiencies due to end effect, as already explained in connection 
with impulse blading (Sec. 6-5). Reaction blading suffers an additional 
loss due to leakage which becomes excessive with small blade heights. 
Considering the portion of reaction blading shown in Fig. 7-13, there is 
evidently a wasteful flow of steam through the clearance space over the 
blade tip of each row. The minimum 
allowable radial height of this clear¬ 
ance space depends on mechanical 
features of the machine, the length 
and diameter of its rotor, the nature 
of its bearings, the excellence of its 
construction, and the way it is oper¬ 
ated and not on the length of the 
blades. There is, it is true, some 
increase in the radial clearance with 
long blades, and it is greater at the 
low-pressure end than at the high- 
pressure end, but it is not at all 
in proportion to blade height. It is 

evident therefore that, when blade height is small, the clearance is a 
larger per cent of it and consequently the proportion of leakage steam to 
steam doing useful work will be large. Experience has shown that the 
height of high-pressure blading should not be less than 0.03D, or, better, 
0.04 D, or not less than % in. in height, if reasonably good efficiency of 
the high-pressure stages is to be obtained. Heights as small as 0.013D 
were used in some old direct-connected slow-speed marine turbines. If 
the minimum allowable height gives too great a flow, the diameter of the 
high-pressure end of the rotor may be decreased further, or the blade-exit 
angles may be decreased, partially decreasing the exit area. A more 
common method is to replace a group of these small high-pressure stages 
by a two-row velocity stage, examples being shown in Figs. 1-25 and 1 -35. 
The advantages of this combination are discussed in Sec. 6-6. 

Maximum Height of Low-pressure Blading. In Secs. 6-3 and 6-5 were 
discussed various considerations affecting the height of impulse blading; 
many of them also apply to reaction blading. The maximum allowable 
height of parallel blading is about one-fifth of the mean blade-ring diam¬ 
eter; with warped and tapered blades the ratio may be increased to 0.25 
or 0.33. 


Fio. 7-13. 
blading. 


Rotor V 
Radial clearance in reaction 
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Figure 7*14 shows a long low-pressure blade, about 0.33 of the mean 
diameter. Attention is called to the taper and twist in the moving blade, 
which is further discussed in Sec. 7*17. Also notice the large breadth of 
the fixed vane, the water catcher at its root, and the airfoil section of the 
two lashing wires through the moving blade. In Fig. 715 is shown a 
more recent design of a similar blade. . 

f- ' ^ l m * ’"3 

Figure 710 shows assemblies of such < - . 

moving blades in blade rings; the ' f 

lashing wires formed by welding lugs | 

provided on opposite sides of each S I , - 

blade are evident. The low-pres- II r r 

sure fixed blades are so large that it 11 ' H 

is becoming practice to make them HI H r 

hollow and thus save a considerable HI I 

amount of the expensive metal of HI " 

which they are made. J |! 


h(>. 7-15. Low-pressure reaction blades, 
clearance seals, and water catcher. ( West- 
ing house Electric Corporation.) 


Flo. 7-14. Warped and tapered reac¬ 
tion blading at last stage. ( Westing- 
house Electric Corporation.) 


As with impulse blades, when the maximum allowable height has been 
reached at the low-pressure end and further increase in steam-flow area is 
still required, the exit angles are increased (gaging is increased). This 
increases the energy carried away by the final exit velocity, but the 
relative velocity through the blade passages is decreased, p is increased, i 
and the resulting gain partially offsets the increased leaving loss. Other - 
means for increasing the maximum output of the turbine are considered 
in Chap. 8-2. 

The following theoretical relation between the reaction-blade height 
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•ind the blade-ring mean diameter is useful in design. Considering the 
exit velocity from any ring of blades V t or f* this velocity multiplied by 
the sum of the cross-sectional areas of the blade passages at exit from one 



Fio. 7’Hi. Low-pressure reaction IiLkIiiii: a»eml»le<l in rotor. (Westinghouse Electric 
Corporation.) 


complete blade ring is equal to the total steam volume in cubic foot per 
second, or 

V\ X area (sq ft) = volume (cu ft) = wv, or Area = 


Also 


i r _ tt tix 

p (>() X 12 X p 


where d = mean diameter of blade ring. in. 
•V = rpm 
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Substituting, 


or 


wv 


t dN rdhm sin 7 

GO X 12 X p 144 


d 2 h 


i 0,000 wvp 
Nm sin 7 


(7-17) 


Of the quantities in the right-hand member, N is usually assigned, w is at 
once calculated in the design, and p, m, and sin 7 arc constant for the 
greater part of the blading, excluding the last few rows, so that 

d 2 h = dX constant 


or 

h = Cj t (718) 

After determining the diameter of the first blade ring and the specific 
volumes at the different stages, the values of h can be easily calculated, if 
the mean d is constant. If d is variable, the relation may be satisfied by 
trial as follows: First, assume a length of blade, find d by adding it to the 

desired diameter, and then calculate 
h from Eq. (7*18), then correct d and 
recalculate until satisfactory. 

7-11. Axial Thrust on Rotor 

If the axial component V j of the 
steam velocity is the same at exit as 
at entrance to the passage through 
the rotor, there is no thrust on the 
rotor caused by steam velocity. 

While this change of axial momen¬ 
tum in the blading may be negligible 
in reaction blading, there is still con¬ 
siderable end thrust due to the pres- 
sure drop from inlet to outlet side of each row of moving blades, and a large 
end thrust due to steam pressure on the annular area resulting from the 
increase in rotor diameter, coupled with the fact that the low-pressure 
end of the rotor is usually exposed to condenser vacuum. Attempts to 
carry this thrust entirely by means of an external thrust bearing were 
unsuccessful with early types of multiple-collar bearings, and even with 
the very successful Kingsbury type of thrust bearing (Fig. 7-17), there 
was trouble due to the effect on clearances of the longitudinal elasticity 
of parts on account of the distance from the thrust bearing to the 
thrust load. 



Fig. 7-17 a. Kingsbury thrust bearing 
for a small turbine. 


6&0 



BALANCIHC FUTONS 


CONNECTING PIPE 


REACT 10S-BLA DISC VELOCIT > Dl AURA Mb 

This necessitated the revolving balance or dummy pistons usually pro¬ 
vided inside the casing in reaction turbines, leakage along these pistons 
hoing minimized by the use of labyrinth packing. While a single balance 


Kio. Wk Details of small Kingsbury thrust bearing. 
Corporation.) 


(Worthington Pump and Machinery 


piston can be provided of a size proper for balancing the total thrust at 
one turbine load condition, equilibrium will not exist at other loads, so 
that two or three pistons are used. The turbine shown in Fig. 7-18, 
typical of the older stepped-rotor turbines introduced by Parsons, is 


Fig. 7-18. Reaction turbine. Parsons type, with stepped rotor. (H>8ft/i(/Aou«e Electric 


Corporation.) 


obsolete but is convenient for explaining rotor balancing. There are 
three balance pistons, the space between the intermediate- and low- 
pressure turbine steps is connected to the space at the face of the third 
piston by a pipe, the similar pipe for the space between the high- and the 
intermediate-pressure steps not being shown. The outer face of the 
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low-pressure piston is exposed to condenser vacuum by means of the 
large connecting pipe. Part of the leakage past the high-pressure piston 
goes on past the intermediate piston; the rest is led across to the inter¬ 
mediate turbine blading, and there is a similar action at the low-pressure 
piston. These connecting pipes are shown in Figs. 1*27, 1 *29, and 1-30, 
on the right side of the lower cylinder half; they do not appear in other 
photographs. * 

For three balance pistons (Fig. 1-25), the smallest one is given such a 
diameter that the steam force on the first annular step approximately 
balances the force due to the stage pressures on the first of the single-row 
blade annulars (the two-row wheel does not require balancing). The 
second annular balances the thrust produced by about half of the increase 
of diameter, and the third step balances the thrust due to the remaining 
half. Some rotors (Figs. 1-32, 1 -35, and 1 -37) have only two steps, in 
which case the second step cares for the whole of the divergent stages. 
If the blading has a constant effective diameter, one balance piston may 
be used; this is the case with the superposed turbines of Fig. 1*46. If 
blade passages become clogged by carried-over deposits, stage pressures 
will be changed, but with this last arrangement of diameters, the balance 
will not be destroyed. Various other arrangements of balance pistons 
have been used from time to time, but the ones shown arc favored in the 
United States. 

One reason for using the drum type of construction in the reaction 
turbine instead of the shaft and wheels as in the impulse type is the fact 
that the differences of pressures on the two sides of each reaction wheel 
would produce undesirable wheel deflection and, added up for all the 
wheels in the turbine, would give an enormous axial thrust that would be 
difficult to handle. It is found preferable to accept the increased leakage 
going with drum construction, especially since the increased diameter of 
the rotor makes it stiffer and allows the maintenance of smaller clearances 
and a partially compensating reduction in leakage. It is also probable 
that the drum construction is less costly. 

In all these designs, the external thrust bearing is expected to carry any 
unbalanced thrust occurring at various loads as well as to provide for 
adjusting the axial position of the rotor, which controls the axial clear¬ 
ances at the labyrinths. 

7*12. Clearances 

For the reaction turbine, it is possible to choose whether the ruling 
clearance (that clearance which determines the amount of leakage from 
stage to stage) shall be radial or axial. If no shrouds are used and 
the blade tips are open, small radial clearance over the tips is of the utmost 
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importance; it must be built in by the manufacturer and if enlarged by 
improper operation cannot be reduced again by adjustment but requires 
replacement of the blading. The usual minimum at the high-pressure 
end is of the order of 0.020 in., some authorities advising not less than 
0.025 in. The clearance varies, for the different stages, up to 0.100 in. at 

the low-pressure end of large turbines. 

The following formula by Speakman [7:2] illustrates the variation: 

Tip clearance, in. = 0.010 + 0.008D (7*19) 

Another formula is 

Tip clearance, in. = 0.015 + 0.003 D + 0.005ft (7*20) 

where D = diameter, ft 

ft = height of blade, in. 

When shrouds are used, the ruling clearance may be made axial and 
hence adjustable, and fine radial clearance over the shroud tips may also 
be included. These arrangements are discussed in the following section. 

The labyrinth packing on the balancing pistons also may be arranged 
with fixed-radial or adjustable-axial clearances. Axial clearances for 
blading and balance-piston labyrinths are adjusted simultaneously; if 
there is any appreciable differential axial expansion of rotor and stator, it 
will not be possible to secure and maintain equally small clearances at all 
stages, since the axial distances involved are considerable. Since the 
balance pistons are fairly close to the thrust bearing, fine clearance there 
can be maintained; clearances in the intermediate- and low-pressure 
stages must be arranged in the design so that they can never become 
reduced below the safe minimum. 

The axial space between stator blades is considerably greater than the 
axial breadth of the rotor blades, this providing the clearance necessary to 
prevent rubs. With 50 per cent reaction blading, the moving blades 
should be centered between the stationary vanes under normal conditions, 
and in this position, the leakage clearances should be at the desired 
minimum value. This is determined by the design and construction of 
the machine. 

Wherever blade tips, shrouds, or seal strips are counted on to reduce 
leakage and are therefore arranged to operate with small clearance, they 
are made as thin as practicable, so that, if there is a rub, the edge of the 
thin part will wear off rapidly, with the generation of such a small amount 
of heat that expansion of the parts will not occur. 

7*13. Shrouding and Lashing 

Shrouding over the blade tips is not essential with reaction blading 
and for many years w'as not used, since the flow is confined between the 
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blade surfaces on the sides and the cylindrical rotor and stator surfaces 
at the bottom and top, respectively, except for the leakage through the 
clearance areas. However, the shroud prevents spillage through the 
clearance space from one blade to the next, which causes flow disturb¬ 
ances. Since radial clearance is about the same with or without shroud¬ 
ing, the leakage through it is about the same in either case. However, the 
shrouded construction allows the use of end tightening or the substitution 



Flo. 7-19. Velocity-diuRrani nomenclature. 


of an axial clearance that can be adjusted for a radial clearance that can¬ 
not; in some cases both radial and axial clearances are used. It also 
allows the use of as many as three fine clearances in series if desired (Sec. 
1210 ). 


With long blades, one or two lashing wires, extending from blade to 



blade (Figs. 1 *34 and 1*36) are used 
to hold the blades in correct spacing 
and stiffen the whole structure. 
Aerodynamic losses due to the pres¬ 
ence of lashing wires in the high¬ 
speed steam stream have led to the 
use of lashing wires of airfoil cross 
section, with improvement in blad¬ 
ing efficiency. 

7*14. General Diagram of Blading 
Velocities 

Preceding chapters dealing with 
impulse and reaction blading have 


treated them as distinct types, whereas the transition from impulse to 


reaction characteristics is really continuous, and any percentage of reac- 



reaction-blading velocity diagrams 
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tangential'componentsf if t^dSonof ''wi ^aken as P o^e toward 
the right, then, in Fig. 7-19, V,., V and l _ are negative. In 1 ig. 7 20 
is shown the extended form of dia¬ 
gram for comparison; the deflection 
angles of the flow in the moving and 
fixed blades are marked X ( and X,, re¬ 
spectively. In Fig. 7-19 flow at con¬ 
stant radius is assumed; otherwise 
IF, and IF, would have different lengths. Constant axial velocity of flo« 
is also assumed; otherwise F„ would be different from V for example, 
in Fig. 7-21 the axial flow component increases through the stage. 

The following relations from the diagram are useful: 



Fig. 7-21. Flow with incrca.se in axial 
velocity component. 


A V 


Af 


F, - F = 

» lif V m* — 9 


and I’-.* — ( «• - W 


. i r 

and V Sip — F** = o" 


(7-21) 


AF„ 
2 


whence 


j/ lir -|- = 2F„,» and similarly l w + l w — 2( mM . 

FJ - V? - Ft « VI - Hr 


whence 

Similarly 


rj - ri = - i*i. « 2F*. x af, 

i/i - v\ = n. - n. = 2t x 


v m = 


■ < y » + ^ and Vm = 


(7-22) 

(7-23) 

(7-24) 

(7'2o) 


An equation for the work done on impulse blading was derived in 
Sec. 5-4E as 

E» = Y[{V\ - V\) + (Ul - r\)] (7-26) 

Z-Q 

This equation is equally applicable to fluid flow through reaction blading 
since it includes in (U\ - U\)/2g the kinetic energy change in the moving 
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blades, however it may have been produced. When U 2 > U u the 
increase of velocity is due to decrease of pressure, or expansion, through 
the moving blades. The other term, ( V\ - V\)/2y, is the increase of 
kinetic energy through the fixed vanes or nozzles. If the vectors in the 
velocity diagram are actual fluid velocities, then Eq. (7-26) is true whether 
friction is present or not. If the tangential velocity changes from W x to 
\V 2 during flow through a rotor with increasing radius, then Eq. (7-2(>) 
will be modified by including the term (\V\ - \V\)/2g, as shown in the 
derivation of Eq. (5-19): 


Ebl = lj l(F? ~ Vi) + (L ? ~ f + OH - H'Dl (7-27) 

The last term represents the centrifugal efTect, which is negative if 
W 2 > Il’i as is usual in steam turbines. 

It has also been shown [Eq. (5-5)1 that 




W AV„ 
9 


W A (/„ 
y 


(7-28) 


which is equivalent to Eq. (7-27) and may be transformed into it. 


7*16. Degree of Reaction 

The degree of reaction, represented by 0, is defined as the ratio of that 
portion of the energy transferred to the rotor due to change of relative 
velocity in the moving blades to the total energy transferred from the 
fluid to the rotor in the stage. In the terms of Eq. (7-26), it is 

6 " V? - v\ + ( j - u\ (7 ' 29) 


From Fig. 7-19 we may write 

u\ - u\ = (f/| - u}) - ((/•? - u\) = (/I. - (/;„ 

= Ul. - (AU. - (/,„)« 

= (/?„ - At;* + 2At/.t/i„ - t r f. = AU. (2 U,. - AU.) 

Similarly 

V? - V\ = AV. (27,» - A7„) 

Since AV. = AU., we have 

Degree of reaction = 0 = 2tv _ ^ 7 + 2U,l - AU. = (7 30) 

In Fig. 7-19 as drawn, 0 = 0.25. 
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The method to be used for laying out a velocity diagram with a given 
„ ent 0 f reaction will of course depend upon the particular data given 
hut the following will illustrate: In Fig. 7-22, given /, , an 

AF (= Atf.) and that the degree of reaction is, say, 75 per cent, lay 
A[/” = ab and IF = be, bisect Al/. = ab 
at d, and lay off de = 0.751F, locating e; 
lay off eo = U ,, perpendicular to ac, and 
make af = be] and from o draw the vec¬ 
tors U„ V,, U x , and F, to the proper 

points on ac. . 

Characteristic diagrams for fluid flow 

SU3L tS « XX. ™ - r* - -* - 

!he line diagram at the left indicates the pressure changes through the 
two rows. The tangential rotor velocity IF and theax.al flow ve'octy 
v = (/, are kept constant and also the stage work Am, hence A17. ami 


<7 



Fiu. 7-22. Construction of diagram 
for 0 - 0.75. 


/>«•«</,* Extended velocity Polar velocity diagrams 




Fio. 7-24. Velocity diagram. 50 per cent reaction. 50 per cent impulse. 


AV* are constant. In Fig. 7-23, 0 = 0, U m » = 0, 1 1 = t 1 , and there is 
zero reaction; hence the result is impulse blading, and the pressure drop 
is all in the fixed vanes or nozzles. In Fig. 7-25, 0 = 1.00, i mw = U , 
Vi = V 2 , and all of the pressure drop and all of the velocity change 
occur in the moving blades. In Fig. 7-24, 0 = 0.50, U m » = 0.501V, 
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U 2 = V i, and V 2 = C/i; hence — F 2 = C* — t/i, and the changes of 
velocity and pressure are the same in moving and fixed blades. 

The maximum work for a given W may be obtained by making 
&U W = AVw as large as possible (Eq. (7-28)). This can only be done by 
decreasing V/, a, and 0 and increasing y and 6. This increases X (Fig. 
7-20) and causes losses due to excessive turning angle. The small flow 



Fio. 7-25. Velocity diagram. 100 per cent reaction, rero impulse. 


angles also will necessitate large blade height in order to pass the required 
amount of steam. 


7-16. Comparisons of Impulse and Reaction Turbines 

The ideal work per pound of steam flowing, for symmetrical impulse 
blading, is, from Eq. (5-20), 

2 IF* 




6 / 


For reaction blading, the ideal work per pound is, from Eq. (7T5), 



IP 

9 


Thus for the same blade speed, the work of the ideal reaction stage is 
one-half that of the impulse stage. If we assume the desirable limit for 
blade speed to be 1,000 to 1,200 fps at mean blade height, then the 
maximum work for the impulse stage is from 79.8 Btu to 115 Btu and for 
the reaction stage is half this, or 39.9 to 57.5 Btu per lb of steam flow. 

In Eqs. (5*23) and (5-25) it was shown that, for specified ideal condi¬ 
tions, the maximum efficiency of an impulse stage is cos 2 a and for this 
maximum efficiency p, = Wi/Vu = (cos a)/2 (subscripts i and r being 
used here for impulse and reaction blading, respectively). In Eqs. (7-13) 
and (7T4), the maximum efficiency of an ideal reaction stage was also 
shown to be cos 2 a, but for this maximum efficiency, p r = W r /V\ r = cos a. 
Therefore, if a is assumed to be the same for both cases, 
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n( i if Vu = Vu, then W, = 2IF., or the blade speed for the impulse 

stage is half that for the reaction stage (Fig. 7-26). However the 
enthalpy drop for the impulse stage would then also be only half that for 
the reaction stage, since there are two enthalpy drops for the latter. 




(a) Reaction M Impulse 

Flo. 7-26. Comparison of impulse and reaction blading with equal nossle-e.it velocities. 

If on the other hand, the single isentropic enthalpy drop for the 
impulse stage is A/i., and for each of the two equal drops in the reaction 
stage is Ah., and if Ah,< = 2 Ah.„ the stage enthalpy drops are identical. 
Since in general Fi = 223.8 VM„ we have 


S/T.r 

Uh.i 


1 

V2 


V lr 

V7i 


whence 


Vu - V2 Vu 

But Pi = W,/Vu = (cos o)/2, and p, = HW„ = cos a; hence 


COS a = -75— = 


2\Vi 

Vu 


Ei 

Vu 


or 


V„ 2 IF, \/2 


and 


IF, - s/2 IF, 


Thus for equal isentropic stage enthalpy drops in the two cases, the blade 
speed for maximum ideal stage efficiency for the reaction stage is \/2 



Fio. 7-27. Comparison with equal enthalpy drops. 


times that for the impulse stage (Fig. 7-27 a and b). Hence, for a given 
over-all enthalpy drop for each of the two turbines with the same number 
of stages, the blade speed should be greater in the reaction turbine than 
in the impulse turbine by the ratio y/2/l. On the other hand, if the blade 
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speeds are made the same for the two turbines (Fig. 7-28), V u = 2V, f( 
and the stage enthalpy drop for the reaction turbine will be one-half as 
large; hence the number of stages will be twice that for the impulse 
turbine. In actual practice, the value of p, is seldom made as large as 
cos a, and the above relations arc considerably modified. 

If we consider the two-row velocity stage (Fig. 7-27c), it is apparent 
that, for the same stage enthalpy drop and hence the same V x as for the 
single-row impulse stage, the blade velocity for maximum efficiency will 
be one-half that for a single-row wheel. However, for the same blade 
velocity IV, V\ will be doubled in the two-row wheel and the enthalpy 



drop quadrupled, or a two-row wheel can replace four single-row wheels of 
the same blade speed. 

Returning to the comparison of impulse and reaction stages with equal 
blade speeds and with twice as many stages in the reaction turbine, each 
of smaller enthalpy drop, the maximum steam velocity V\ in the reaction 
turbine will be less than that in the impulse turbine in the ratio \/y/2. 
Steam friction losses will therefore be less in the reaction stages. 

The leakage that is important in the impulse turbine takes place past 
the labyrinth packing where the shaft passes through the diaphragm; the 
circumference of the leakage area is small, but the pressure difference is 
that of the stage. The leakage steam does not interfere with flow through 
the blade passages (but see Sec. 6T0). In the reaction turbine there is 
no diaphragm leakage, but serious leakage does take place over the tips 
of the moving blades and under the tips of the fixed vanes; the pressure 
difference at each is approximately half that of the stage, but the average 
circumference of the leakage area is the same as that of the blade ring. 
Also, steam leaking over the tips seriously disturbs the flow through the 
passages (Sec. 9-13). 

At the high-pressure end of a turbine, steam is dense, pressure differ¬ 
ences are large, and the blades are short; hence leakage through the 
clearances necessary with reaction blading is serious and impulse blades 
are more appropriate. In the intermediate stages, clearances become 
relatively small and leakage unimportant and the use of reaction blading 
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is favorable for the reduction of fluid friction. In the last few low-pres¬ 
sure stages of a turbine of maximum limiting size, the requirement o 
maximum possible flow volume dictates a large exit velocity, approxi¬ 
mately axial in direction, and for this the impulse form of blading will be 
more appropriate; the increased leaving loss must be accepted. 

As turbine design speed increases, say, 1,800 to 3,000 rpm, the advan¬ 
tage of the impulse over the reaction turbine as regards interstage leakage 
diminishes, because the impulse blade-ring diameter then becomes more 
nearly equal to the diaphragm leakage-area diameter. The near equality 
of these two diameters in the reaction turbine is its serious disadvantage. 



A study of the performances of impulse and reaction turbines in opera¬ 
tion leads to the conclusion that there is not a great deal of difference 
between them, under comparable conditions. Differences in the speed 
ratio have been pointed out in the preceding paragraphs, but a compara¬ 
tive plot of the relation between efficiency and velocity ratio p, for an 
ideal stage, is of interest. Let us assume unity for nozzle efficiency, 
neglect blade friction losses and leakage, take a = 20 deg, assume sym¬ 
metrical blades for the impulse turbine, and assume no carry-over for 
either. For the impulse turbine, Eq. (5*21) then reduces to 


i= 2p(cos a — p) X 2 


while for the reaction blading, Eq. (711) reduces to 


ij,t = 2p cos a — p 2 

For an ideal two-row impulse wheel, the blading efficiencies are the same 
as for the single-row impulse wheel, but they are at values of p one-half 
as great. Figure 7-29 shows the efficiency curves for the three blade 
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types, the maximum efficiency for each being 0.883. Needless to say, 
for actual turbines the maximum efficiency of the two-row blading would 
be reduced greatly below 0.883 and the efficiencies of the other two types 
would be somewhat lower or, with allowance for carry-over, somewhat 
higher (see Fig. 6-37 for a diagram showing actual efficiencies). 

7-17. Variation of Flow Conditions at Different Radii 

A stream of fluid in a pipe of circular cross section may have, in addi¬ 
tion to the axial component of velocity V/, a tangential or rotational 
component denoted by V w . Two types of rotation are easily defined: 
One is called solid rotation in which the fluid moves as if it were solid, 
all particles revolving about the axis at the same rpm and with V v pro¬ 
portional to the radius r; and the other is called free-vortex rotation in 
which V v varies inversely as r and the particles at large radii revolve 
about the axis at smaller rpm. 

With solid rotation, there is theoretically no tangential shear in the 
fluid, because particles in any radial plane through the axis remain in that 
plane. Since V w varies directly as r, the tangential momentum of the 
fluid also varies directly as r and its rotational energy as r*. If a stream, 
originally without rotation, is given solid rotation by passing it through 
guide vanes, the original axial velocity V, being maintained constant at 
all radii, then the pressure will 1 m? lowered more at large radii due to the 
conversion there of a greater amount of pressure energy into the requisite 
tangential kinetic energy and a pressure gradient will be set up, decreasing 
radially outward. If the fluid is compressible, the pressure gradient will 
eventually be equalized by outward expansion. Since varies as r, 
centrifugal force = mVl/r = constant X r will increase at the larger 
radii and also will cause outward flow. After equilibrium is established, 
the fluid pressure and density will be greater at large radii. 

If, on the other hand, the fluid stream is given free-vortex rotation, V, 
still being kept constant at all radii, then with smaller F'„, less pressure 
energy need be converted into tangential kinetic energy at large radii, the 
pressure gradient will increase outward, and a tendency to expand inward 
will exist. However, if V w varies as I/r, then 

Centrifugal force = = constant X ^5 

and it will therefore decrease rapidly as r increases. This will counteract 
the tendency toward inward expansion and leave a balance to produce 
an outward expansion which is much smaller than with solid rotation. 
In Fig. 7*30a and b, variations of V„ and centrifugal force with the radius 
are shown for solid and free-vortex rotations and also for such rotations as 
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would produce constant centrifugal force and centrifugal force varying 

'"inprev^us sections we have discussed the relation of impulse and reac¬ 
tion to the division of energy available for the stage between the rotor 
and stator rows, assuming that we were dealing with conditions at the 
mean radius of the rotor row. Since the rotor tangential velocities W, 
at the tip and W, at the root differ considerably from the mean velocity 
IK the velocity diagrams at the extreme radii must be changed from the 
one at the mean radius and the important question arises as to how this 
shall be done. The total variation in radius may be expressed in two 
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Velocity of whirl = V w 
Fio. 7-30. Variation of whirl and centrifugal force with blade height. 


ways: as the ratio of the blade height to the mean blade-ring diameter or 
as the ratio of the root diameter to the tip diameter. In the following 
paragraphs, illustrative consideration will be given to the case where the 
root, mean, and tip diameters are in the ratio 3:4:5; then the blade- 
height ratio h/D m = 0.25 and the root-tip diameter ratio D r /D t = 0.60. 

It is usually considered of the utmost importance that the drop in 
pressure over a stage shall be the same at all radii, since the presence of 
varying pressures in the stream crossing the clearance between stages at 
different radii would result in disturbance due to radial flow. This means 
that E bl , W AV„, and [(V\ - V\) + (U\ - U\)\ must not vary with the 
radius. These are equivalent expressions; the second, indicating that 
AV W varies inversely as r, is useful in drawing velocity diagrams; and the 
third states that changes in kinetic energy in blading and nozzles must be 
equal and opposite in sign. 

It is also considered that the axial-flow velocity in a stage should be 
constant at all radii, largely because unnecessarily high flow velocity 
causes losses, and the maximum quantity is passed through a stage when 
the axial-flow velocity is the same as the maximum allowable at all radii. 
This means that V / (and U /) should not vary with the radius. 
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It will be found that one more condition can be imposed before there is 
a unique solution for the velocity diagram. Of the several possible 
alternatives, a common one is to maintain the degree of reaction constant 
from root to tip at some designated value, say, 50 per cent, in which case 
-U mw = 0.501F by Eq. (7*30). Or the reaction may be made to vary 
from root to tip in some designated manner. Another alternative is to 
make the flow following the fixed stator vanes a free vortex, in which 




W ^ 

(b) Diagram ot mid-Weight 



0 = 0.50 



(b) Diogram ot mid-height 



Fia. 7-31. Blading velocity diagram** Fio. 7-32. Blading velocity diagrams for 
for 50 per cont reaction at all heights. 50 per cent reaction at mid-height and free- 

vortex flow. 


case the whirl at exit, V Xw , will vary inversely as r or W, and therefore 
y lw x W = constant. A similar result would follow if the free vortex 
follows the moving blades, in which case V 2tr X W = constant. Also, 
although less usual, the flows following either fixed or moving rows might 
have solid rotation. 

In Fig. 7*31 the velocity diagrams at root, mid-height, and tip of the 
rotor blades have been drawn for blading with 50 per cent reaction at all 
heights and with 0 = 90 deg at mid-height, making 0 = $ at that section. 
The blade velocities are assumed to be 600, 800, and 1,000 fps at the 
respective heights, and V/ = 300 fps throughout. To preserve constant 
stage-pressure drop, W AV* must be the same at all heights. At mid¬ 
height it is 800 X 800 = 640,000; therefore at the tip 


AFtr = 


640,000 

1000 


= 640 fps 
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at the root and -500 fps at the tip. In each diagram the exit tiwangle is 
shown in two positions, the extended form showing more clearly the 
flow-deflection angles X. and X H in the fixed vanes and moving blades, 

In Fig. 7 32 the same data are used for the velocity diagram at mid¬ 
height of the rotor blade, but free-vortex flow is assumed following the 
fixed stator vanes. This means that the requirement 

F,„ X W = constant 


is substituted for the requirement U mw = -0.50IF and the reaction will 
not be constant over the blade height. At mid-height, 


Fi„ X W - 800 X 800 = 640,000 

at the tip F lw , = 640,000/1,000 = 640 fps, and at the root it will be 
1,067 fps. With these values available, the diagrams may be drawn. 
’ Constancy of the blade work of the stage and hence of the drops of 
enthalpy and pressure is assured by maintaining E bi = W AV W /g con¬ 
stant during construction of the diagrams; data from these are summa¬ 
rized in Table 71. The value of the alternate expression for work, 


Table 71. Properties of Twisted Blades 
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mm 

D 

Ft 


Ut 

BE 

Vi - v\ 



E9 

fps 

fps* X 10-« 


50 per cent reaction at all heights 


Root.. 

600 

1,067 

0.50 


884 

375 

375 

884 

0.6410 

0.6410 

20 

108 

108 

Mid... 

800 

800 

0 50 

400 

855 


300 

855 

0.6410 

0.6410 

20 

69 

69 

Tip... 

1,000 

640 

0 50 

500 

875 

353 

353 

875 

0.6410 

0.6410 

20 

40 

40 


Free-vortex flow following stator vanes 


Root.. 

600 

1,067 

0.117 

70 



555 

668 

1.140 

rm 

16 

120 

74 

Mid... 

800 

800 

0.50 

400 

855 



855 

0.641 

1121 

20 

69 

69 

Tip... 


640 

0.675 

675 



467 

1,045 

0.408 

mm 

25 

23 

65 


Ebi = [(F? - Ff) + ( U\ - U\)]/2g, may be checked; either will give 
25.6 Btu per lb per sec for the conditions assumed. With free-vortex 
flow, the value of (F? — F|), which is a measure of the energy conversion 
in the nozzles, varies, being much larger at the blade-root radius than at 
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the tip. Conversely, the energy conversion in the moving blades is small 
at the root and increases toward the tip. This means that the pressure 
drop through the nozzles is large at the blade-root radius and decreases 
toward the tip radius, and the static pressure in the axial clearance space 
between nozzle exits and blade entrances increases with the radius. Sur¬ 
veys of the static pressures in the clearance spaces of operating turbines, 
by means of small tubes, have demonstrated the existence of this radial 
variation of pressure. It tends to correct for the high centrifugal 
force of the steam due to its large whirl component (large V i*) as it crosses 
the clearance space. In the space between the stages there is no such 
variation in pressure, or is it needed since flow across this space is nearly 
axial. 

Data in the table show that, with free-vortex flow, the relative velocity 
is high at the vane root and at the blade tip. In wheels designed for 
high steam velocity, supersonic flow may develop at these points, with 
shock and boundary-layer separation. The deflection angle X u is large at 
the root of the moving blade and small at the tip. Blading with 50 per 
cent reaction at all heights does not develop the pressure variation in the 
clearance space, the variations in velocity with height tend to be smaller, 
and the deflection angle in the moving blades varies less. 

For free-vortex flow through the blades, it can be shown that 



where Ri and R 2 = two radii of the blade ring 9 v 

e x and 02 = degrees of reaction at these respective radii 

A third set of diagrams might be drawn, assuming solid rotation of the 
flow following the fixed stator vanes, and a different distribution of 
energy conversion and hence of pressure drop would be found. Other 
possibilities may be visualized. For example, there might be pure 
impulse at the root (0 = 0) and 50 or some other per cent of reaction at 
the tip, with linear variation of 0 from root to tip. Or it may be con¬ 
sidered desirable to impose the condition of constant entrance or exit 
angle for either vane or blade. Examination of Fig. 7*31 will show that 
the nozzle-exit angle a is the same at all heights and of Fig. 7-32 that the 
absolute exit angle 6 from the moving blades is constant and = 90 deg, 
which means that the entrance angle for the nozzle (of the following stage) 
will be 90 deg at all heights. 

While the work per pound flow’ per second may be kept constant at all 
radii, the work per unit blade height obviously increases with the radius, 
due to the divergence of the blades and the greater flow at greater radius. 
This is further increased by the decrease in blade thickness toward the 
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. • more SDace for flow. On the other hand, the thickness of 

2 nozzle vanes often increases with the radius, reducing somewhat the 
th op nf flow at larger radius. The method of testing by impact-tube 
‘urvTv described foi- 8 nozzles in Sec. 4 8 and applicable to blades as 
described in the following section, automatically includes the effect o 
divergence and blade thickness if radial vane or blade packs are used for 

grams, which involve twisting of either vanes or blades or both and the 
particular conditions for highest efficiency, must be determined largely 
by static experiments and checked with tests of models with full rows of 
nozzles and blades. The improvement in blading efficiency result mg 
from proper attention to the variation of blade angle with blade height is 
resulting in the introduction of twist in blades much shorter than was 
formerly thought profitable. 


7-18. Blade Testing 

Investigation of the performance of the moving blades of a turbine can 
be carried on by mounting the blades on a wheel in an experimental 
machine, with the wheel speed controlled and power developed measured 
by means of a dynamometer, while the turbine is supplied with steam at 
the desired initial and exhaust conditions. This method, called dynamic 
testing , has been much used in the past and is still valuable for certain 
purposes, but the results of such tests of more or less complete machines 
are affected by too many variables in their construction and their oper¬ 
ating conditions to be of great service in obtaining fundamental data. 
The method is also expensive, because sufficient experimental blading 
must be made, for each variety tested, to fill the circumference of the 
wheel and because the consumption of steam (or air) is large. 

The relative flow through the passages in the moving blading of an 
elementary turbine is unaffected theoretically by uniform angular rota¬ 
tion, and it should be possible to measure the performance of blading 
while it is at rest, termed static testing, provided that means can be found 
for determining the wheel output corresponding to the flow conditions 
when the blading is thus held stationaryThe tangential force exerted 
on the blading may be found by actual measurement of the forces required 
to hold in equilibrium a suitably mounted blade pack that is representa¬ 
tive of the blading undergoing test; this method is subject to the dis¬ 
advantages mentioned in describing the tests of nozzle packs by the reac¬ 
tion or impulse methods (Secs. 4-6 and 4-7). The tangential force can 
also be calculated from observations of the flow angles and velocities at 
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entrance and exit from the blade passages, from which the change in 
whirl velocity and hence the tangential force may be found. However, 
it is difficult to measure the angles of stream flow to an accuracy better 
than ±y 2 deg, as mentioned in Sec. 4-3. 

In Secs. 7*14 to 715 it was shown that the principal distinction between 
the forms of moving passages in blading and fixed passages in nozzles is in 
the degree of reaction and that in the most common form of reaction 
blading, 50 per cent, even this distinction disappears. Since nozzles are 
simply flow passages at rest, any of the nozzle-research methods described 
in Secs. 4-5 to 4-8 may be used to investigate blading performance by 
static tests. The impact-tube method of Sec. 4-8 furnishes the most 
valuable fundamental data, since the effects of the different variables can 
be more completely separated by this method. The advantages of using 
models of the blades, either larger or smaller than the original, made of 
wood or other easily worked material, and using air instead of steam, are 
very great. 

In Sec. 4-8, the instrument developed by the General Electric Company 
was described, and some of the results obtained [4:9] were given in Figs. 
4-37 and 4-38. Mention was made in Sec. 4-8 of a similar instrument 
developed by the Westinghouse Electric Corporation and described in a 
paper by W. R. New in the same number of the ASME Transactions 
[4:10). Though there are many differences in instrumentation, the 
methods are very similar, except that the nozzle or blade packs used by 
New were parallel instead of radial. The two blade profiles used by him 
in the paper as illustrations were reaction blades, shown in Fig. 7*9: a 
blunt, rounded entrance blade termed by him a “variable orientation 
blade” (abbreviated VO) and in Fig. 710, a rather sharp-edged blade 
termed a “fixed orientation blade” (abbreviated FO). The primary 
pressure-traverse records obtained by New are very similar to Fig. 4-36 
and are not included here. Figure 7-33 shows a “distribution of traverse 
efficiency” for the VO blade for various entrance angles. (This curve is 
similar to the “energy and flow integral curve” of Fig. 4*37, except that 
the general slope upward to the right is missing, due to the use of a parallel 
pack.) The abscissa y/c is the ratio (height from blade root to a chosen 
section)/(blade chord). Since, for the blade represented in Fig. 7-33, 
h/c = 4, the section at which y/c = 2 is at mid-height. The ordinate w 
is the efficiency of a thin slice at the height chosen, and the quantity R in 
the table is the efficiency of the whole passage. Only half the complete dia¬ 
gram is shown in Fig. 7-33, owing to symmetry about the mid-height plane. 
It will be observed for the VO section that the efficiencies hold up well 
for a considerable range of values of 0. In Fig. 7-34 is a similar curve, in 
full, for the FO blade, the abscissas here being y/w, where w is the breadth 
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• IW* * ----- 

ir-Vsi. A/c - 4. „/. - 0.30. a - 17 d„. Aw - 0.12a,. .1/ - 0.30. I. - 70 F (approx!- 
matoly). pi - atmospheres 



Fio. 7-34. Distribution of traverse efficiency at various entrance angles, for section FO. 
(New.) 

a/w - 0.85, h/w =■ 1.6, o/8 - 0.30, - 17^ deg. Ate = 0.05u\ .1/ - 0.70. h - 70 F 

(approximately), pi ■ atmospheres 


of the blade row measured in the axial direction; Aw is the axial distance 
from the blade trailing edges downstream to the nose of the impact tube. 
Comparison of Figs. 7-33 and 7-34 shows that the FO blade has a high effi¬ 
ciency for one orientation, but a serious decrease takes place with opera¬ 
tion at any angle less than the optimum, justifying the designation 
“fixed orientation” as compared with the VO section. 
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In Fig. 7-35, VO blades of three different aspect ratios, h/c = 1.5, 2.3, 
and 4.0, are compared. The curves show clearly the importance of end- 
wall losses. The blade with h/c = 4.0 has a long central portion yielding 
high efficiency, around 0.97, which falls off sufficiently at the ends to 



Fig. 7*35. Distribution of traverse efficiency at various aspect ratios, for xoetion VO. 
(.New.) 

0 - 22»2 (leg, M - 0.30. Aic - O.I2u>. e/e - 0.74, o/e - 0.30. I, - 70 (approximately), 
pi - atmospheres 



Fio. 7-36. Distribution of traverse efficiency at various pitch to width ratios, for section 
FO. (New.) 

h/w - 1.6. M = 0.70, Au? - 0.05w. t/w - 0.85. o/$ = 0.30. a = 17^ deg. 0 «= 30 deg. 
n/v> - 0.68. o!s = 0.275, a - 15>$ deg. 0-30 deg 


reduce the average to 0.8821. With h/c = 1.5, there is only a short 
central portion and an efficiency of 0.8289; if it were any shorter the 
central portion of high efficiency would disappear entirely, leaving only 
end effect, with even much lower efficiency. Figure 7-36 shows the effect 
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t orvin „ the ra tio s/w for the VO blade; the ratio 0.68 is distinctly 

preferable to 0.85, indicating that the pitch is too large in the latter CM 
It m ay be pointed out that decreasing s/w is equivalent to '^ reasin 6 JJ® 
aspect ratio h/c. Other curves in the original paper [4:10] show the 
effect on the VO blade of change of gaging o/s and of changing Mach 
number M The latter curves show a rise of efficiency from 0.9004 to 
0 9259 for increase of Mach number from 0.3 to 0.7, for the conditions of 
the test. This is contrary to the widely held belief that efficiencies must 

fall off with increase of flow velocity. 

It is to be noted that the nozzles (or models of them) which would be 
used with a given set of blades in an actual turbine would not be used in 
static testing for supplying steam to these same blades, because the flow 
must enter the blading at the relative flow angle 0 and not at the absolute 
angle a; the experimental nozzle will therefore have a smaller deflection 
angle xj. Changes of the relative entrance angle 0 are used to simulate 
the effect of change of load (and of flow velocity) (Sec. (i-2C). To make 
model nozzles having the exit angle 0, which will produce the same flow 
in static blading as would be produced by discharge at angle a from the 
actual nozzles on the same blades in motion, is of course difficult or 
impossible. 

Another difficulty is the effect of leakage through clearances or past 
seals; such leakage not only removes a certain fraction of the fluid from 
the quantity producing effective tangential force but also disturbs the 
flow in the main stream when it returns farther downstream, with detri¬ 
ment to performance. These leakages can hardly be simulated in static 
tests. Also, the effect of blades passing through the wakes downstream 
from nozzle partitions is missing in static tests, in which the blades 
occupy a fixed position behind the nozzle partitions guiding the steam 
supplied to them. The centrifugal effects are also different and also the 
effects of blade twist in connection with centrifugal force. 

It must also be remembered that, with subsonic flow, the effect of 
any object in the flowing stream, such as a blade or nozzle vane, is felt 
upstream as well as downstream from the object. In multistage turbines, 
the nozzles immediately downstream from a row of blades have a certain 
effect on the flow through those blade passages, especially on the direction 
at exit from them, thus modifying the tangential force. Warren (6:7) 
states relative to the especially difficult conditions under which first 
stage nozzles work in high-pressure turbines, “It has been found that the 
first-stage blades react on the nozzle edges, and so produce violent altera¬ 
tions of the pressure drop across the nozzle edges, and at frequencies 
which may reach from 6,000 to 20,000 per sec.” Static testing would 
give no hint of either of these matters. 
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The quantitative effect of these differences between static and dynamic 
conditions can only be approximated or guessed at, but if dynamic tests 
are made on a few wheels with blades which have been proved good by 
static tests, then a certain amount of correlation is possible between the 
results obtained with these blades by the two methods, and this correla¬ 
tion may be extended to other blades, within limits. This is the principal 
justification for occasional experiments by the relatively expensive 
dynamic method. A description of experiments with a rotating blade 
grid with adjustable blades of airfoil section is given by Weske |7:3). 



CHAPTER 8 


FFFECTS OF USE, CAPACITY, SPEED, AND STEAM CONDITIONS 
ON THE ARRANGEMENT OF TURBINE ELEMENTS 


The use to which a steam turbine is to be put is naturally the most 
important factor in determining the form taken by its design. Its com¬ 
mon uses may be divided broadly into stationary, locomotive, and 
marine the last two differing from the first in the important character¬ 
istics of speed variation and reversibility of rotation direction. The 
marine type may again be divided into the merchant-marine or the naval 
turbine. Another kind of division, which cuts across the above, is 
whether the turbine is directly connected to its load, as to a generator, or 
whether it drives its load through a speed-reducing system, as gearing, 
electric drive, or hydraulic drive. Finally, the amount of power it is to 
develop, its output capacity, has much influence on the arrangement as 
well as the size of the turbine elements. 


81. Past Developments 

Those interested in steam-turbine history will find a number of articles 
on the subject under references (8:1) to (8:0), which are worth-while 
reading. Owing to lack of space, no attempt will be made even to sum¬ 
marize or abstract them. 

At the present time, 00-cycle current is most widely used in the United 
States, with 25 and 50 cycle still persisting in some areas; 50 cycle also 
represents European practice. While some early 00-cycle machines were 
run at 900 rpm (eight pole) or 1,200 rpm (six pole), the four-pole generator 
at 1,800 rpm developed rapidly and was most widely used in the extensive 
installations of steam turbines in central stations in the early part of the 
century. Demand for increased output per unit was incessant, and as it 
was soon found that very large units were usually lower in first cost, 
occupied less space, and cost less for labor and supervision, all per kilowatt 
of developed output, and were more efficient, the demand for large 
machines became overwhelming and sizes increased rapidly. The limit¬ 
ing capacity for a single-cylinder turbine was soon reached, and various 
forms of multiunit turbines were tried. 

These large machines showed some disadvantages owing to their very 
size. The annular stream of flowing steam was very thin radially near 
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the high-pressure end, holding down blading efficiency and increasing 
leakage. Repairs were expensive, and the difficulties of shipping parts 
between the builder and the power plant were serious. Also, these units 
could be used with safety only in large plants having a number of units 
connected to the load at all times. If one unit develops trouble, neces¬ 
sitating taking it off the line, the remaining units must be able to take up 
the load at once, since it is imperative that service be maintained at all 
times and another unit cannot be started up instantly. If the unit in 
trouble is carrying 100,000 or 150,000 kw, there must be that much 
reserve capacity in the remaining running machines, which is not always 
easy to provide. However, problems of this sort have been largely 
solved in the large metropolitan areas by tying together a number of 
stations, each of which can take over part of the load dropped by any one. 
Also the increased reliability of the units has decreased the frequency of 
such difficulties. 

In addition to trying to lower the cost of developing power by using 
larger machines, increased efficiency was also sought by raising steam 
temperature and pressure, with the use of regeneration and reheat as out¬ 
lined in Chap. 2. Metallurgical difficulties due to the effects of very high 
temperatures on the valves, nozzles, blading, and casing at the inlet end 
and mechanical difficulties due to differential expansion which sometimes 
produced rubs, in the large-dimensioned 1,800-rpm machines, suggested 
the desirability of developing the 3,600-rpm two-pole machine, of which a 
few had already been built in small sizes. This development started in 
the 1920s, and progress is indicated by the dimensions of the last stage 
wheels shown in Table 61; the respective power outputs depend on the 
number of low-pressure ends and are not stated. The technique of 
handling high pressure and temperature has proved simpler than antici¬ 
pated, with the relatively smaller and thinner parts of the higher speed 
machine, and it has been possible to reduce clearances and leakage, all 
contributing powerfully to the improvement of efficiency and reduction of 
heat rate. Also, the lighter parts reduce the cost of foundations and of 
necessary crane service. The floor space required by a given total output 
from a number of 3,600-rpm machines is not greatly different from that 
required for fewer 1,800-rpm machines. Service records show that the 
reliability tends to be superior. 

Both turbine and generator have reached limits that, except for unfore¬ 
seen developments in materials or techniques, cannot be greatly exceeded. 
Refinements in design, improvements in materials, better cooling of 
generator, and changes of characteristics may raise the present limit in 
3,600-rpm generator ratings to 150,000 kva or above. As regards the 
turbine, a tandem-compound 3,600-rpm machine can be built for more 
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rapacity under a single case by enclosing a triple- or even quadruple-flow 
xhaust end * The field for 1.800-rpm machines has thus been reduced to 
l ively 'small number of large installations, or perhaps eliminated 

en D r u,'fni 8 thc a development of turbine generators of large output the 
tor has run a close race with the turbine, at times being behind it. 
Improvements which have increased the limiting outputs of 3,600-rpm 
generators to the desired figures are better arrangements for ventilation 
and the use of hydrogen for cooling (at pressures from 0.5 to 15 psig), 
production of better forgings for the rotating field, and general improve¬ 
ments in the design details of both rotor and stator. 


8-2. Limiting Dimension of Last Stage 

The principal obstacle to the indefinite increase in output of the 
turbine at constant speed by increasing its physical dimensions lies in the 
size of the annular area of the last stage blade row. Here the mean 
diameter is limited by the blade speed, excess of which causes attachment 
difficulties at the root (Fig. 12-22) and erosion of the back of the blade 
near the tip, and by the blade height, which has long been limited as a 
result of experience to about 33 per cent of the mean diameter. If the 
absolute exit velocity V, from this stage is axial in direction (i = 90 deg), 
then the maximum weight flow through this stage is 


w 


annular area X ■— 


lb per sec 


( 8 - 1 ) 


Increase of V 2 means increase of leaving loss, and decrease of v means rise 
of the exit pressure and decrease of the available energy, both of which 
have very definite practical limitations. While 25 sq ft has been sug¬ 
gested by Warren [6:7) as the maximum safe value for the projected area 
of the annulus of the last stage of 3,600-rpm turbines (and about four 
times this for 1,800-rpm machines), this has recently been raised to 32 
sq ft [8:7], as listed in Table 6*1. 

The economical capacity of a turbine with a given area for the blade¬ 
ring annulus of its last stage depends on the initial pressure and tempera¬ 
ture of the steam, the amount of steam extracted for regenerative feed 
heating (or for other purposes), the vacuum, and the magnitude of the 
leaving loss tolerated. This last is usually greater in absolute value but 
less in percentage of the available energy, as the other conditions are 
raised. Warren [6:7] states, “A rough rule would indicate that from 
600- to 1 , 200 -kw maximum capacity can be obtained economically from 
each square foot of last blade annulus, depending on conditions. This 
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economical capacity is greater at poorer vacua.” Table 81 gives a rough 
idea of the outputs for these conditions, for 3,600-rpm single-cylinder 
turbines. It is entirely probable that 50,000 kw will be reached and 
possibly exceeded, for the maximum economical output of a single¬ 
cylinder 3,600-rpm machine. 

For larger outputs, the annular flow area of the last few expansion 
stages is doubled by arranging them in double flow or are quadrupled by 
using two double-flow arrangements. These may be placed on the same 
shaft as the high-pressure turbine, called a single-shaft or tandem-com¬ 
pound machine, or the double-flow low-pressure unit may be placed 

Table 81. Output for Various Annulus Areas 


Annulus area, 
sq ft 

Kill©watts per 
square foot 

Output, 

kw 

25 

600 

15,000 

32 

600 

20,000 

25 

1,200 

30,000 

32 

1,200 

40,000 


beside the high-pressure unit and drive its own generator, the whole being 
called a two-shaft or cross-compound machine. Sometimes one 1,800- 
rpm double-flow low-pressure unit is used instead of two double-flow 
3,600-rpm low-pressure units (Figs. 1-39 and 1-40). In marine practice, 
the two or even three units of a cross compound are often connected by 
gearing to a single propeller shaft. 

Separation of the total expansion into two parts allows each machine 
to be shorter, thus reducing the span between bearings and permitting 
smaller clearances to be maintained, which improves economy. How¬ 
ever, there are disadvantages to be considered; there is a drop of pressure 
in the cross-over pipe, there are additional bearing and packing losses, 
and the initial cost and floor space required are both increased, so that 
single-cylinder machines, when obtainable, are preferable to the more 
complicated divided ones. This accounts in part for the continual 
increase in size of the single units. 

The doubled steam flow possible in the divided turbines of twice the 
capacity of the single-cylinder units is favorable to flow conditions in the 
high-pressure stages, since blades and nozzles are approximately twice as 
high. Or this arrangement may allow an increase in the stage diameters 
and hence in the blade speeds, thus reducing the number of stages required 
in the high-pressure region. 

One means of increasing the output of a turbine remains, after the 
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hlarle-SDeed and blade-height ratio are at maximum values, the initial 
pressure and temperature are at the maximum limit, and full use has been 
mlde of regenerative feed heating. This is to increase the leaving loss, it 
is a powerful means of increase of output; dropping the vacuum from 29 
to 28 in will allow nearly twice the steam flow but will, of course, reduce 
efficiency. This increase is easy to arrange in the turbine by suitable 
by-pass governing, but the generator must be designed to carry the maxi¬ 
mum load. If operated much of the time at a load which will give 29 in. 
vacuum, the generator will be operating well below its maximum efficiency. 


8-3. Use of the Two-row Control Stage for Governing 

The usual purpose of the velocity-stage wheel (Figs. 81 and 8-2) was 
discussed in Sec. 6-6, especially as regards its application to units ol 
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Fig. 81. Section of nozzle block and impulse blades for a two-row control stage. 
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moderate size. The comments in the four following paragraphs are based 
on statements made by G. B. Warren [6:7] and refer more particularly to 
impulse turbines of larger sizes. 

It is convenient for purposes of discussion to divide turbines of 3,600 
rpm into those of small volume flow (less than 50 cfs), medium flow (50 
to 125 cfs), and large (more than 125 cfs). In low-volume flow the two- 
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row wheel, while not so efficient as the equivalent single-row wheels, gives 
a quick drop through its nozzles from the initial pressure and temperature 
and reduces the steam pressure on shaft glands and diaphragm packings 
(the losses through which are major items in a low-volume-flow turbine) 
Control of the flow through the nozzles l»v groups around the peripher\ 
produces fairly satisfactory efficiency over a considerable range of turbine 
output (Sec. 1(5*2 and Fig. 1C-9). It is important to note that the initia 



I i«i. s-2. Kotor with two-row control Mage ami reaction stages. (Wetlinohoute F.ltclric 
Corpunilion. | 


pressure and temperature do not extend beyond the stage-1 nozzles. 
However, if this plan is attempted for large-flow units, the falling off in 
efficiency at light loads (small arc of admission with large pressure drop 
through the nozzles) would be unsatisfactory. 

For turbines of medium flow also, the two-row wheel should be used, 
with nozzles around its periphery designed to pass 75 to 80 per cent of the 
full steam flow. For larger percentages, up to full flow, the nozzles of 
stage 1 are by-passed by admitting additional steam to the shell just 
downstream of the two-row wheel. This is sometimes called single 
external by-pass governing. It has the disadvantage of exposing more of 
the turbine shell, as well as the shaft gland, to initial steam conditions. 

For turbines of large flow, the two-row wheel may be retained, generally 
with full peripheral admission at from 00 to 05 per cent of full flow. 
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F ,0. 8-3. Steam path of an 80.000-kw 1.800-rpm General Klcctrie impulse turb.no, 

1,250 psig, 900 F. and 1 in. Hg abs. (If arren, Tran*. ASME 10. 7).) 


10* IOO 90 80 70 60 50 40 30 20 10 0 

Inches 

Fio. 84. Temperatures along the steam paths of various General Electric turbines 
Curves A. B, and D. external by-pass: curves C and E. internal by-pass. ( Warren. Trans 
ASME (6:7).) 
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Increase* to 80 per cent is then obtained by admission of initial steam to 
the shell of stage 2 and full flow by admitting it to a still lower stage; this 
is called a double external by-pass machine. A still larger portion of the 
shell is exposed to initial steam conditions, and steam in the idle by-passed 
stages may be heated to a still higher temperature by the rotational work 
done on it. 

In another method of construction, termed the internal by-pass (Figs. 
8-3. 12-2. and 1-4(5 [0:7]), all the steam to the turbine goes through the 



*’;>• Impulse wheel for 12.500-kw 3.000-rpm topping turbine. Throttle conditi 
850 pMg. 000 F, and 5 p>ig exhaust hack pressure. ( AltU-Chnlmcrs Manufacturing ( 
pang.) 


nozzles of the two-row wheel of stage 1 at all loads, but with wide-open 
nozzles for this stage, only part rating is developed, and the stage-1 pres¬ 
sure is above critical with reference to the inlet pressure. For greater 
output, steam from the shell of stage 1 is allowed to by-pass one or more 
of the single-row stages by means of a valve inside of the machine. Thus 
the initial pressure and temperature are limited to the nozzles of stage 1 
but without interfering with good economy over a wide range of load. 
In Fig. 8.4 are shown the results of temperature measurements along the 
steam path of several General Fleetric turbines of different designs. The 
average temperatures for turbines C and E having internal by-passes are 
notably lower than those with external by-passes. 
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8-4. Single-row Control Stage 

There may be occasions when the enthalpy drop appropriate for a two- 
row control wheel, even limited to the size of the single-row stages follow¬ 
ing it (Fig. 1-8), is not needed or desired, and it is usually undesirable to 



I-'lo. 8-7. Impulse blades for the turbine of Fig. 8-6. ( Allis-Chalmcra Manufacturing 

Company.) 


reduce its diameter even that far. to say nothing of making it smaller 
than the normal single-row stages. An alternative is a single-row control 

stage, larger than the normal single¬ 
row stages (Figs. 8-5 to 8-8). By 
Sec. 7-16, a single-row impulse 
wheel will develop as much power 
as two reaction stages of the same 
diameter. Since the power of the 
impulse wheel varies as d 2 , an in¬ 
crease of the diameter ratio from 1 
to 1.414, for example, would allow 
the control stage to develop as 
much power as two impulse stages 
or four reaction stages of the 
smaller diameter. Such a wheel 
can be arranged to have its steam 
supplied by groups of nozzles under 
the control of a governor, and much 
that has been said about the effects 
of governing by a two-row control 
stage would apply to the single-row type, and its efficiency would be 
somewhat higher. However, there is less reduction of pressure and tem- 



Fio. 8-8. Model of assembly of impulse 
blades for the turbine of Fig. 8-6. ( Allis- 

Chalmers Manufacturing Company.) 
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ncrature in such a stage, hence it is not suited to such elevated steam 
conditions as the two-row stage. Turbines of this type are also shown in 
Figs. 1-43, 1-44, 1-49, 1-54, and 1-55. 

8 -6. By-pass Governing 

When the initial steam volume flow is large, whether due to moderate- 
weight flow at moderate pressure or to large-weight flow at high pressure, 
it is possible to dispense with the control stage and admit steam directly 
to the single-row blading, controlling the amount by throttling. (His¬ 
torically, this was the original method of governing turbines.) The size 
of the first-row nozzles is sufficient to supply steam up to, say, half the 
rated load when wide open. For larger loads several stages are by-passed 
by steam at the initial conditions; under throttling control and for maxi¬ 
mum loads, there is a second by-pass. This by-pass governing has the 
disadvantage of exposing a considerable portion of the turbine shell as 
well as several stages of blading to high pressure and temperature. There 
is also considerable rotational loss in the by-passed stages when they 
operate with practical!}' no through flow, which in turn still further 
raises the temperature (see Figs. 1-33 and 1-39 for examples of by-pass 

governing). 

8 -6. Superposed or Topping Turbines 

These were mentioned briefly in Chap. 1. They are noncondensing 
turbines, receiving steam at highest pressures (900 to 2,000 psia) and 
usually exhausting into lines supplying steam to units operating at lower 
pressures and temperatures; hence they are often called back-pressure 
turbines (Figs. 1-43, T44, and T46). The low-pressure units thus utilized 
are often old ones, unsuitable for conversion to modern high pressure and 
temperature but not obsolete or worn out and economical when operating 
under conditions appropriate for them. Replacing the old boilers by a 
single high-pressure boiler and incorporating a topping unit increase 
plant output without increasing condensing water requirements and 
result in a plant of increased capacity and efficiency, with less than cor¬ 
responding additional expenditure. 

The steam supplied to such a unit, being at very high pressure, has a 
small specific volume; hence the previously mentioned difficulties due to 
nozzles and blades of small height tend to be magnified. However, these 
machines are appropriately used only where the weight flow through 
them is large; hence the volume flow is considerable. Also, the specific 
enthalpy drop over the machine is not great, so that relatively small 
blade-ring diameters can be used to increase blade heights, without 
requiring an excessive number of stages. 
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Two-row wheels (Figs. 81 and 1-46) are appropriately used to reduce 
the temperature and pressure on the shell and for the sake of flow control 
by nozzle cutoff valves. One-row wheels (Figs. 1-44 and 8 6 ) may also 
be used with a smaller enthalpy drop. The characteristics of the various 
methods of governing described in Secs. 8-3 and 8-4 apply to superposed 
units as well as to straight high-pressure turbines. 

8-7. Effect of High Pressure 

While increase of pressure improves the heat rate of a turbine and 
raises the limit on the power that can be produced by a single-cylinder 
turbine, it reduces the internal efficiency, largely because of the consider¬ 
able increase of leakage losses in the high-pressure end of the turbine. 

In the impulse turbine this leakage is through the diaphragm shaft 
labyrinth clearance, and in the reaction turbine it is through the clear¬ 
ances between the blade shroud and the rotor. The following figures, 
by R. H. Tingey (8:9, discussion], give a rough illustration of the effect 
on stage efficiency. The reductions of efficiency with increase of pressure 

Table 8-2. Stage-efficiency Decrease at High Pressure 
Stage pressure, 

psig Efficiency 

Above 1,500 0 57 

1,500-300 070 

Below 300 0 83 

appear to be about the same with the two types of turbines. Tingey 
states that the losses are roughly proportional to the square root of the 
pressure, giving the following rationalization. For constant weight flow, 
the high-pressure blade-annulus area varies inversely as the pressure. 
For higher pressures, it is customary to reduce both the blade height and 
the blade-ring diameter in about equal ratios; hence the blade height will 
vary inversely as the square root of the pressure. The leakage losses are 
inversely proportional to the blade height when the clearances are held 
constant; hence the leakage losses will vary directly as the square root of 
the pressure. Rotation losses vary in the same direction and may be 
represented by the square-root rule. With the shortening of the blades 
at high pressures, blading end losses will increase also. The total losses 
tend to vary as the square root of the pressure, as stated. 

8 -8. Reheating Turbines 

The reheating turbine’, briefly described in Sec. 2*3, can be considered 
as two separate turbine sections, with the steam passing through the 
reheater on the way from one section to the other. In a single-cylinder 
turbine, the two sections are on the same shaft and in the same casing; a 
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Hia Dhraem across the turbine interior shuts off flow between them except 
hv wav of the reheater (Fig. 1-47). In a two-cylinder machine, the trip 
to the reheater may occur either between the two cylinders (Fig. 1-52) or 
■ tween two sections of the high-pressure cylinder, the same as in the 
simde-cylinder machine (Figs. 1-48 and 1-49). The first arrangement 
has advantages, but it may necessitate a very unequal division of power 
between the two cylinders, since reheating usually takes place after a 
relatively small fraction of the total enthalpy drop. This is desirable 
since it keeps the size of the piping to and from the reheater down to 
minimum size. A three-cylinder machine can be very conveniently 
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U - Steam-unloading valve 


E* Emergency stop valve 
G c Governor-controlled admission valve 
S * Resuperheater safety valve 

(a)-Single-flow arrangement (WReverse-flow arrangement 
Fio. 8-9. Steam-flow arrangements in cylinders of reheat turbines. 


arranged with reheating between the first and second cylinders, but such 
an arrangement occupies more space (Fig. 13-17). 

Considering the case where the reheating takes place between the two 
sections within the same casing, two arrangements are possible: Single¬ 
flow, as shown in diagram a of Fig. 8-9 and in the turbine sections of 
Figs. 1-47 and 1-48, or reverse-flow, as in diagram b and in Fig. 1-49. The 
first is apparently simpler, and the pressure drop across the labyrinth 
packing at the diaphragm is small, being merely the pressure loss through 
the reheater and its piping, but the rise in casing temperature on the 
downstream side of the diaphragm may cause awkward expansion stresses. 
The second arrangement maintains the same high temperature on the 
two sides of the central diaphragm and reduces expansion stresses but 
subjects the diaphragm packing to a large pressure difference, with 
increased leakage unless the labyrinth packing is extensive. Both 
arrangements are in use. The purpose of the valves in Fig. 8-9 will be 
discussed in Sec. 15-6, along with details of the methods of controlling 
reheat turbines. 
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A comprehensive series of five papers on steam reheating for turbines 
will be found in [15:9] to [15:13]. 

8*9. Locomotive Turbines 

When the steam turbine is used under conditions where the speed is 
varied widely, the relative variations of torque, speed, and power output 
are important. For a multistage turbine, with inlet and exhaust condi- * 
tions held constant, the torque varies nearly inversely as the speed; at 
zero speed the torque is somewhat more than double the rated torque, 



Flo. 8-10. Speed-torque relations for 
a steam turbine. 
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while the torque would become zero at about 200 per cent of the rated 
speed, if the turbine could hold together at that speed [8:10]. Similar 
relations would hold if the initial pressure were reduced one-half and held 
constant there. Figure 8-10 shows the relations for full inlet pressure and 
also for half pressure. Two power curves are also included, one showing 
values of torque if full power could be developed at all speeds and one for 
half power. Figure 811 shows curves of power and speed for a steam 
turbine. 

In the application of a prime mover to locomotive operation, another 
quantity becomes important, namely, the tractive effort at the driving 
wheels, which is calculated from the general equation: Power = tractive 
effort X speed. For a given radius of driving wheels, tractive effort is 
obviously proportional to torque. 

There are two forms of steam-turbine locomotives: One where the 
turbine acts directly on the driving wheels through the medium of gearing 
[8:13] and the other where the turbine drives one or more generators 
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which supply current to motors on the driving axles (Fig. 8* 12). Ihe 
same two forms of application of diesel engines to locomotives are pos¬ 
sible, but only the electric drives have seemed to work out satisfactorily 
for large locomotives [8:11 and 8:12). 



Fig. 8-12. Steam-turbine-electric power unit for n locomotive: 6.000-hp 6,000-rpm non- 
condensing: initial conditions 200 psig and 7.'»0 F. Two-row impulse-control stage, fol¬ 
lowed by four stages with full admission. Two double-armature d-c eight-pole generators 
driven through a 6 to 1 single-gear reduction. (Wettinghouse Electric Corporation.) 


It is a characteristic of the geared steam turbine and the reciprocating 
locomotive that, since the tractive effort that can be delivered to the 
wheels is limited by slipping, full power (and full use of boiler steam¬ 
making capacity) cannot be had at low speeds. As speed increases, 
tractive effort remains constant at its maximum and power developed 
and steam required increase, until a speed is reached at- which the boiler 
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is supplying its maximum amount of steam. Any further increase of 
speed must be accompanied by a decrease of tractive effort or the boiler 
pressure will fall. The electric drive, on the other hand, with its greater 
weight distributed on more axles, allows greater total tractive effort and 
earlier utilization of the full power of the turbine. The power at high 
speeds also holds up better with the electric drive, since the turbine runs 
at its most efficient point at full power, whatever the speed of the loco¬ 
motive. These are also characteristics of the diesel-electric drive. 

For backing a geared-turbine locomotive, a separate backing turbine is 
provided and is engaged by means of a clutch when required. The 
ahead turbine can remain in gear and rotate in reverse during backing 
operation, which is seldom required to be at high speed; also partial 
power only is usually required for backing. Reversal of turbine-electric 
and diesel-electric locomotives is accomplished electrically, and with 
them, higher backing power and speed are available if desired. 

Attempts have been made to provide for condensing operation of 
steam-turbine locomotives, without marked success. The amount of 
condensing surface required when atmospheric air is the cooling medium 
is very large, even for a very moderate vacuum, and it increases greatly 
the bulk and cost of the power equipment. Where boiler water is poor, 
it has an important advantage (8:14). 

The relation between speed and power output of a locomotive is 
indefinite; high power may be exerted at moderate speed in going upgrade 
and low power at high speed when traveling on track that is level or 
slightly downgrade. The blade speed in a geared turbine therefore varies 
independently of the steam speed, and the value of p is highly variable; it 
is zero at starting and has a high value at high speeds when the blade 
speed is high and the steam is throttled. If p greatly exceeds 0.5, effi¬ 
ciency falls off markedly. It is logical to base the design of a geared 
locomotive turbine on the operating conditions which are prevalent during 
the greatest portion of the operating time so as to secure the highest 
efficiency there. Under other conditions, efficiency will fall off unavoid¬ 
ably. Variable gear ratio would assist greatly in maintaining high 
efficiency over a larger range, but the additional complication involved in 
speed-changing mechanism is not looked on with favor for the powers 
now used in large locomotives, 5,000 to 7,000 hp. 

With the turbine-electric drive, if the turbine generator is governed for 
constant speed, then at part loads the value of p will increase greatly, with 
loss of efficiency. However, it is easy to vary the turbine speed and 
hence maintain a value of p and of turbine efficiency near the maximum, 
whatever the locomotive load and speed. 
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810. Marine Turbines 

The screw propeller is a device inherently requiring operation at slow 
speed—90 to 400 rpm for low-speed to high-speed ships, respectively—for 
reasonable efficiency of propulsion. The steam turbine is inherently a 
high-speed machine; hence direct connection is out of the question, 
although it was attempted in the early days of marine turbines, with poor 
efficiency of both screw and turbine as a result. Either gearing or electric 
drive is now used for ship propulsion, and as gearing design and manu¬ 
facture have improved with experience, geared installations have become 





Fio. 8*13. Speed- Fig. 8-14. Turbine Fio. 8-15. Turbino 
power relation for a efficiency v*. blade- efficiency vs. rovolu- 
ship. speed ratio. tions per minuto. 


much more widely used (8:15]. The advantages of the electric drive are: 
no reversing turbine is required, turbine efficiency is better at reduced 
ship speed, remote control is practicable, and there is more freedom in 
the location of the power turbine and in the driving motors on the shafts, 
since the only connections between them are wires. The advantages of 
the gear drive are decidedly lower first cost and decreased weight of the 
whole power plant. 

With electric drive, one or more steam-turbine generators are used; they 
resemble land machines, except that speeds are not limited to 1,800 or 
3,600 rpm but may be anything desired. Also, large reductions of turbine 
speed may be made at low ship speeds, and if more than one turbine set 
is provided, low-speed operation at good efficiency may be secured by 
cutting down on the number of units supplying power. 

With geared drive, turbine speeds must be changed with ship speed. 
The power required to propel a ship varies roughly as the speed raised to 
the third power (Fig. 8T3), the exponent being less than 3 at low speeds 
and more at high speeds, up to 4 or 5 if the hull form is unsuitable for 
such high speeds. Hence small changes in the ship’s speed require rela¬ 
tively large changes in power and therefore large changes in the steam 
flow through the turbine. At reduced speeds, blade speeds and steam 
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speeds at nozzle exits are both lower; if the ratio p were constant, good 
turbine efficiency would result, but the steam speed decreases more 
slowly than blade speed, so that p decreases at part load. It is therefore 
good design to give p a high value at full-power condition, i.e., to stay on 



Flo. 810. Cross-compound 8.500-hp steam-turbine power unit for a cargo ship. Steam 
conditions, 440 paig. 740 F. 28* £ in. Hr vacuum. Double-reduction Rearing, two-pinion 
nested type, with divided main gear. High- and low-pressure turbine gear ratios are 03 
and 52 respectively, main shaft turns at 85 rpm. (Wealinghoutr Electric Corporation.) 


the right side of the peak of the curve in Fig. 8* 14 (which is similar to 
Fig. 6-33); then, as power is reduced, the value of p will decrease, passing 
from A to B through the region of high efficiency as it goes over to the 
left side of the peak toward lower efficiency. If the turbine design is such 
that the maximum speed of operation is beyond the speed of maximum 
efficiency, then when speed is reduced, efficiency will first rise and then 
fall (A to B in Fig. 815) but at low speeds will be higher than if the maxi¬ 
mum speed were the speed of maximum efficiency. This is of particular 



A HR A SO EM EN T OP TURBINE ELEMENTS 


2G5 



Fig. 8-17. Section through high-pressure cylinder of a G.OOO-hp cross-compound impulso- 
roaction main-propulsion marine steam turbine. ( Allis-Chntmcrs Manufacturing Company.) 



Fig. 8-18. Section through low-pressure cylinder of a 6.000-hp cross-compound impulse- 
reaction main-propulsion marine steam turbine. ( Allit-Chalmers Manufacturing Company.) 

importance in warships, which do most of their steaming at much less 
than full speed. This means that p should be chosen so that the efficiency 
is a maximum at about half power. 

The majority of marine steam turbines being installed at the present 
time are cross-compound machines, an example being shown in the 
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8,500-hp plant in Fig. 816. The high-pressure and low-pressure turbines 
are geared to the main or bull gear on the propeller shaft by a single or a 
double reduet ion, being double in this ease. Another view of double- 
reduetion gearing is shown in Fig. 13*24. 

Sections of high-pressure and low-pressure cylinders for a 6,000-shaft- 
horsepower machine are shown in Figs. 8-17 and 8- 1 8. The high-pressure 
rotor has a two-row control wheel, followed by reaction blading. The 



Fig. S.19. Model of installation of a 6.000-hp cross-compound marine turbine, showing 
condenser, gear case, and foundation structure. ( AUil-Chalmcri Manufacturing Company.) 


low-pressure rotor has reaction blading for ahead rotation and at the 
right-hand end a backing turbine consisting of a two-row wheel followed 
by one stage of reaction blading. The backing turbine discharges steam 
to the condenser through the same exhaust opening as the ahead turbine. 
Those turbines arc mounted on the condenser and connected to the gear 
case, as shown in the photograph of a model in Fig. 8-19; this also shows 
the foundation incorporated with the ship's structure. Satisfactory 
provisions for expansion are important, the difficulty being to keep the 
turbine axes in line with the pinion axes and at the same time to provide 
free expansion of the turbine parts and the condenser. Lower (poorer) 
vacua are used on shipboard than on land turbines, in spite of the 
unlimited supply of condensing water, largely because of the weight and 
volume occupied by the extra condensing equipment needed for a high 


vacuum. 
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Geared propulsion turbines for marine use are generally smaller than 
those of the same power for land use, because expansion is not carried so 
far and because turbine speeds can be so selected as to reduce dimensions 
and weights and yet maintain efficiency. The small size is an importan 
advantage in connection with the general adoption of higher steam 

temperatures and pressures [8:9|. . . 

There is no constant-speed governor on a geared marine turbine. An 
emergency overspeed stop may be provided, but experience with a large 
number of naval vessels during the war showed that even this is unneces¬ 
sary. Overspeeding due to emergence of the propeller with extreme 
pitching or to shaft or propeller breakage is very rare, and the saving in 
weight and complication is important. Turbine admission valves are 
hand-operated, often with interlocking gear between backing and ahead 
valves to prevent having them open together. Merchant-vessel turbines 
usually have all steam supplied through a two-row wheel (Fig. 8T7), with 
full peripheral admission at full load and with no provision for by-passing 
any high-pressure stages. Nozzle groups are cut out at reduced speed. 
In recent warship turbine designs, nozzles for the two-row control stage 
are divided into two groups only; after both of these arc wide open, two 
valves by-passing high-pressure stages are opened one after the other 
for higher speed. All the main operating valves, including the backing 
turbine, are operated in proper order by the action of a series of cams on a 
shaft which is turned by a handwheel. 


The power requirements of naval combatant vessels differ from those 
for commercial vessels. The warship operates at full speed such a small 
fraction of its life that the fuel burned then is negligible and hence effi¬ 
ciency would be unimportant, except that the turbine efficiency deter¬ 
mines the size of the boilers and auxiliaries required to enable the plant 
to function at full power. Efficiency must be good at cruising speed if the 
ship is to have a large radius of action. At 12 to 15 knots, a destroyer 
will require only 2 to 4 per cent of full-speed power. Various devices 
have been used to allow efficient operation at low power output, one being 
a small cruising turbine. Ideally this would be clutch-connected to the 
main reduction gearing and would be running only when steam is shut 
off from the main turbines; at large power and high speed the clutch 
would be out and the turbine at rest. Such clutches have given trouble, 
and an alternative is to have the crusing turbine in gear and revolving at 
all times, the gear ratio being such that at full ship speed the cruising 
turbine revolves at a safe speed, 10.500 rpm. Efficiency at cruising speed 
is good, but there have been troubles at full power due to overheating of 
the cruising turbine blading revolving in stagnant steam, even when this 
steam is at exhaust pressure. This may be prevented by allowing a small 
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flow of steam through the cruising turbine while it is being idled at high 
speed, by means of a metering orifice. Toward the end of the war 
cruising turbines were omitted from the larger ships, and the saving in 
weight, complication, and cost was felt to make up for the lower efficiency 
when operating at cruising speeds (8:16). 

Merchant vessels are seldom required to travel long distances at greatly 
reduced power, except when moving in shallow water or in rivers or 
harbors. Their operation is mostly at full or nearly full power, and 
efficiency then is of the utmost importance. 

The necessity of having a backing turbine in a geared installation has 
been mentioned. When the ship is going ahead, this backing turbine is 
running in an atmosphere of exhaust steam and its blades are heated by 
the turbulence caused by being run backward; this is not ordinarily 
serious if the blades are kept short in the design by the use of full admis¬ 
sion. To make sure that no steam leaks into the astern blading during 
ahead operation, guarding valves are usually fitted ahead of the astern 
throttle. If, in an emergency stop, the ahead admission valve is closed 
and the backing admission valve immediately opened, the reversing tur¬ 
bine steam may be heated considerably during the deceleration, which 
requires time due to the inertia of the turbine rotors and gears. It has 
been found that the temperature rise is not dangerous. After reversal, 
the backward rotation of the ahead turbine creates turbulence in the 
steam surrounding its blades, and during periods of long-continued back¬ 
ing, this has occasionally been sufficient to overheat the blading. This can 
be diminished by an annular deflector which will prevent the exhaust of 
the backing turbine from flowing directly into the ahead blading (Fig. 
8-18) and also by admitting a small amount of cooling steam into the 
ahead turbine during backing. The high-pressure turbine is also revolv¬ 
ing backward in steam at exhaust pressure when the ship is backing, but 
since its blading is much smaller, the heating is generally not serious. 

The losses due to backward rotation of turbines are treated in Sec. 13-2. 

8-11. Standardization of Steam-turbine Generators 

For many years steam-turbine generating sets were practically all made 
to order, with great varieties of initial steam pressure and temperature, 
exhaust pressure, speed, numbers of extractions and temperatures at 
extraction points, and with electrical variations in the generators as 
desired by customers. This was unavoidable during the rapid develop¬ 
ment of turbine designs in early years, but in the 1930s the advantages 
to be gained by standardization became so apparent that it was started in 
the smaller sizes of generators, and a Joint Committee of the AIEE and 
ASME, after many conferences with manufacturers and users, produced 
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a tab i e of “Preferred Standards for Large 3,600-rpm 3-phase WRyc 
Condensing Steam-turbine Generators,” which is summarized in labl 
The objectives of the Joint Committee were to select a ser.es ol 
standard ratings which would closely fit the needs of purchasers and to 
establish operating pressures and temperatures and feed-heating extrac¬ 
tion temperatures suitable for each unit. These standards are being 
widely accepted in this country. Adherence to them eliminates continual 
development expense, reduces the cost and time required for manufacture, 
promotes improved reliability in the machines due to continual repetition 
of duplicate constructions and tests, and enables the customer to have 
drawings of his machine very soon after his order is placed so that he can 
proceed with his plant plans. Every effort was made to allow the making 
of improvements and not to freeze designs in their present form, but need- 
less variations by customers are discouraged. It is obvious, however, that 
when new machines are added to old established plants it may not be 
possible to use standard machines. 

Smaller turbines, 500 to 7,500 kw, are more difficult to standardize, 
because of the great variety of extraction requirements in different 
industries. There is a tendency to consider the following sizes as stand¬ 
ard, although there have been no formal official actions adopting them. 


Table 8-3. Standard Kilowatt Ratings at 0.8 Power Factor 


500 

1,500 

4,000 

625 

2,000 

5,000 

750 

2,500 

6,000 

1,000 

3,000 

7,500 

1,250 

3,500 



Classification rather than standardization of steam pressures and tem¬ 
peratures has taken place into groups somewhat as in Table 8.4. In 


Table 8-4. Classes of Pressures and Temperatures 
Pressures, psig Temperatures, deg F 


To 400 
400-600 
600-900 
900-1,500 
Above 1,500 


To 750 

750-825 

825-900 

900-950 

950-1,000 


1,000-1,050 


general, moving up into a higher classification of either pressure or tem¬ 
perature will entail greater cost for the greater efficiency obtained. 



CHAPTER 9 

AERODYNAMIC CONSIDERATIONS 

Fluid flow may be viewed from two apparently quite different aspects: 
first, as movement through a pipe or channel, with the fluid experiencing 
resistance due to the changing flow caused by the form of the walls and 
second, as flow past an object immersed in the fluid, like a flag and its 
pole in a breeze, a strut across a channel, or a kite, with the fluid exerting 
force on the object due to the changes in the flow while passing it. Pipes 
are usually at rest, with the fluid moving through them, but in turbines 
both passages and fluids may move at high velocities. An immersed 
object may be at rest in a moving fluid, like an airfoil undergoing test 
in a wind tunnel, or may be in motion through a fluid at rest or in motion, 
like an airplane in flight. Fundamental force relations are dependent 
only on the relative flow of the fluid and the object, but the method of 
theoretical treatment and the form of the expressions derived for practical 
use differ for the two fields of development. 

The first development was initiated with liquids, usually water; the 
body of theory was called hydrodynamics, and its application, hydraulics. 
The laws were often applied to the flow of gases through pipe because of 
the convenience of neglecting the small changes of pressure and density 
and the resulting small changes of volume involved. This led to the use 
of the expression “incompressible flow,” which was not meant to imply 
actual incompressibility but simply the negligibility of the changes of 
pressure and density during the process. In the theory of compressible 
flow, on the other hand, changes of pressure and density, necessarily 
involving thermal effects, are included. 

To the body of theory and practice dealing with the resistance experi¬ 
enced by a body moving through a gas, the term “aerodynamics” was 
applied. At first the air was dealt with as if it were incompressible, but 
with increase of velocity such large changes of pressure and density are 
developed that the assumption became inadequate and compressibility 
was taken into account. This was accurately termed “aerodynamics of 
a compressible fluid,” but the shorter and more convenient designation 
gas dynamics ’ is also widely used. The latter expression becomes 
even more accurate when applied to high-speed flow through passages 
designed to produce large changes of pressure and velocity, such as the 
nozzles and diffusers used in turbines and compressors. 
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It will appear that experimental data derived from tests on airloils ol 
the forms used on airplanes are of limited value in steam-turbine design 
but that the aerodynamic point of view and methods of dealing with 
flow along curved surfaces are of great value. Much of the progress that 
has been made in raising turbine efficiency during recent years has been 
due to the introduction of refinements resulting from the acquisition of an 
aerodynamic state of mind on the part of the designer. 


9-1. Elementary Fluid Dynamics 

For incompressible flow , the Bernoulli equation expresses the relation 
between pressure and velocity as 


Y1 + £ + z = H = head in ft of fluid flowing, or ft-lb 
2 g y 

of energy per lb of fluid (91) 

Changes in elevation, represented by z, can be ignored in steam-turbine 
applications. Multiplying Eq. (91) through by y and replacing y/g by 
p, the mass density, we obtain 


^ + V = pqH 
2 


Vi 


total pressure, or ft-lb of total 

energy per cu ft 


Here 


V 

eXl 

2 

V + *7 


static pressure 

q = dynamic pressure or velocity pressure 
Vt 


.(9-2) 


(9-3) 


For compressible flow, Eq. (91) must be modified, since variations in 
p and y (compressions or expansions) involve thermal quantities. The 
kinetic energy remains the same, but the p/y or pv term changes. The 
static energy of a pound of fluid is made up of internal energy u = c v T Btu, 
arising from molecular arrangement and velocity, and of external energy 
pv/J Btu, resulting from the fact that, in order to occupy the space of its 
volume v, the pound of fluid has pushed back the surrounding fluid at 
pressure p and has done work pv/J on it; this work is associated with the 
pound we are considering but is stored in the surrounding fluid. The 
sum of these energies, 


c v T + y = c P T = j~T\ 7 = ^ = enthal Py By 
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In Btu, Eq. (91) is 

V 2 pv H 

W + 7 = J < 9 ‘ 4 > 

Replacing ( pv/J ) by (k/k — 1) ( pv/J) as derived above, gives 

V 2 Icpv V 2 , , V 2 , m H 

2 gj + (k - 1)./ 2 gj + h 2gJ + CpT ~ J Btu < 9 ' 5 ) 

Here H/J is the total energy in Btu per pound. If this total energy is 
constant during flow, then 

V 2 V\ 

w + = w + (9 ' 6) 

which is the same as Eq. (3-3). Equations (9*5) and (96) are forms of the 
Bernoulli equation for compressible flow. 

9*2. Stagnation Conditions 

When a fluid is at rest, the static temperature and pressure are perfectly 
definite quantities, measurable to almost any desired degree of accuracy 
by various established methods. When the fluid is in motion, however, 
with the instruments necessarily at rest, the effect on the instrumental 
readings of the kinetic energy due to the relative velocity must be con¬ 
sidered. If an insulated sample of the fluid could be brought to rest at 
the location of the measuring instrument by a reversible adiabatic process, 
in other words, compressed isentropically with complete transformation 
of its kinetic energy into thermal energy, both temperature and pressure 
shown by the measuring instruments would be higher than when flow was 
occurring and would be the hypothetical reservoir or total temperature 
and pressure (Sec. 3-9), or stagnation conditions. By observing these 
stagnation readings and then deducting from them the calculated rises in 
temperature and pressure due to the conversion of kinetic energy, the 
static values should be obtained. 

The recovery of pressure is practically complete; as a matter of fact 
both static pressure and total pressure may be read from a suitable pitot 
tube, provided that the fluid velocity is subsonic. (For supersonic condi¬ 
tions, see Sec. 10-4.) Static temperature cannot be found directly by an 
ordinary thermometer or thermocouple, and the temperature reading 
obtained from even a properly shielded stagnation-type thermocouple is 
never as high as true stagnation temperature on account of various kinds 
of heat leakage, analagous to leakage of fluid from the connections of a 
pitot tube. 

Instrumental characteristics are not the subject of this text; the 
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importance of ^^“proj^of “ftSd'whlrlffecte the apparent 

rr-isr-v*/,y? fish's? 

total temperature an p , 0 ther parts immersed 

of r? g H bl ttm 0r toZZZZ ! u“ to^nSed that the relative 

velodty U ?is the one to be considered, rather than the absolute velocity K 
f m before, the subscript 0 represents stagnation conditions then 
from Eq. (9 6), with Vo = 0 and with isentrop.c compression, we haxe, 

for steam, 


fi-ho-h 
2 gJ 


or 


ho 


V* 

h + 2fJ 


(9 7) 


from which To and po may be found by the use of the steam charts For 
1 0* temperature relation, uith V . - 0, may be found from 

Eq. (9-5) in the form 


or 


1 


*2 


(9-8) 


T ° = r + 2y7c, 

For the pressure relation we have, from Eq. (9 8) and the isentropic p, T 
relation, 

(po\ k ~"' k _ H 

V?/ ' T 2gJc,T 

or 


i- — 1 F* 

+ 1 = + 1 


Po 


pb-1 V . ,1 

_ p t 2 9 ffr + J 


k 2gRT 

k /(*-!) 


(9-9) 


(910) 


9*3. Dimensions of Flow 

Theories of fluid flow may be based on the assumption of flow in one, 
two, or three dimensions. Frictionless flow along a straight channel of 
uniform cross section with uniform velocity distribution over each section 
is obviously one dimensional; changes in the areas of cross sections and 
resulting changes in velocity and large-radius curvature of the axis of the 
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channel will still allow the use of the relatively simple relations strictly 
applying only to one-dimensional flow. The criterion is that the flow 
must be completely determined by specification of distance along the 
axis of the one-dimensional path and not be materially dependent on 
distance from the axis. Flow in straight nozzles and diffusers is one 
dimensional. 

If the flow takes place in parallel planes or is capable of being repre¬ 
sented by stream tubes assumed to be contained between parallel planes 
but is subject to considerable changes of direction in those planes, as 
when flowing around a turn or among blades or vanes, some of which are 
moving in a direction at an angle with the flow direction, then the flow 
is two dimensional. This will also include generally axial flow through 
an annular cylindrical or conical volume as in an axial-flow turbomachine, 
provided that the radial dimension of the assumed annulus is taken so 
small that the annular volume can be developed approximately into a 
plane. Flow around the plane cross section of a long cylindrical airfoil 
placed with its axis normal to the flow direction is also two dimensional 
(Figs. 9-3 and 9-4). If the flow cannot be represented with reasonable 
approximation by motion in a plane but has appreciable components 
normal to the plane, it is three-dimensional flow. 

One-dimensional flow problems can usually be solved, even with allow¬ 
ance for viscosity and compressibility, because they deal only with 
motions and forces along a prescribed path. For two-dimensional flows 
in which viscosity and compressibility can be neglected, established 
theories will generally provide solutions, although with much greater 
complication and difficulty, because the form of the path is not prescribed 
but must be derived. Allowing for viscosity and compressibility greatly 
increases the difficulties. Finally, only limited progress has been made 
even in theory for three-dimensional flow, and it is almost obligatory to 
approximate it by suitably assumed two-dimensional flow. 

9-4. Streamline and Turbulent Flow 

Continuous steady flow of a fluid is conveniently imagined as contained 
in stream tubes between parallel plates and represented (in two-dimen¬ 
sional flow) by streamlines; the fluid is assumed not to cross the tube 
boundaries represented by the lines. If, in such a flow (assumed sub¬ 
sonic), the velocity decreases, the streamlines must be farther apart. In 
the absence of any interchange of energy between the fluid and its sur¬ 
roundings and in a fluid without viscosity, the total head H will be 
constant; hence widening of the streamline spacing, resulting from 
decrease in velocity, indicates a rise of pressure. Conversely, closer 
spacing indicates higher velocity and lower pressure. An example of 
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.. nf thp flow of a perfect fluid and the corresponding distribu- 
streamhnes of the Ho P circular cylinder 

tion of pressure at the surface.sshoan.n Fig. 9 of ail , 

chord o y f the section 
flow. If pe is the pressure in the free 
'? I far ahead of the cylinder and the airfoil, then the pressures ind.- 
fr d by Ihe fuH lines are below and by dotted lines are above the pres- 

'"streamline (also called laminar) flow easily degenerates into turbulent 
f\ol in which particles no longer move in approximately Parallel paths 
Jut in irregular and disordered ones with no definite pattern. Vortices of 




Fio. 9-2. Flow past an airfoil, pressure 
distribution. 


all sizes with axes in all directions persist, and their motions, added to the 
motion of translation of the fluid, produce three-dimensional paths that 
are irregularly sinuous. Viscosity tends to damp out turbulence, the 
kinetic energy of random motion being transformed into heat. Distinc¬ 
tion is sometimes made between coarse and fine turbulence in a gas, on 
the basis of the average deviation of a particle from streamline flow as 
compared with the dimensions of the object immersed in the stream or 
with the size of the pipe in which flow is taking place. In turbulent flow, 
there are slight changes of instantaneous velocity with time at a given 

P°' nt - . . , 

Streamline flow is further defined in Sec. 9-12 in connection with a dis¬ 
cussion of boundary-layer separation. 


9-6. Theories of Flow in Nozzles and Blading 

The treatment of fluid flow in turbine nozzles and blading so far 
used in this text is called the streamline, filament, or channel method. 
Another method of attacking the problem, especially with reaction blad- 
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ing, is by what is called the airfoil theory. The two methods are based 
on widely differing assumptions as to the degree of guidance of the fluid 
flow and as to the way the flow is affected by variations in the ratio of 
vane or blade pitch to breadth, or the pitch-chord ratio, represented by 
s/c. The term airfoil will be used here to represent either a vane or a 
blade. 

Streamline flow will be approximated closely when the airfoils in a ring 
or grid have a very “fine” pitch, or small s/c, and are thin, like those in 
Fig. 6-2 for o/r t = 0.30. All the streamlines at corresponding points on 
any cross section either preceding or following the grid have the same 
direction and represent the same velocities. The direction of the entering 
flow preferably coincides with the airfoil angle at entrance, but this is not 
essential. The flowoff is closely parallel to the airfoil at exit. Each 
airfoil acts upon and guides a relatively small portion of the total flow 
quantity. From these assumptions there results the Euler equation for 
blade work, derived from the change in whirl momentum of the fluid; 
Eq. (5-5) is one form of the Euler equation. 

As the pitch is increased, the quantity of fluid acted upon by each air¬ 
foil is increased and the fluid is correspondingly less effectively deflected 
in passing through the grid. (At the limit, assuming a single airfoil 
standing by itself in a stream of fluid, there is a vanishingly small deflec¬ 
tion of the large mass that it influences.) The flow directions of the 
fluid far ahead of and far behind the grid arc not those of the airfoil 
profile at either entrance or exit; the deflection of the stream is much less 
than the camber angle* of the profile. The torque, stage work, etc., can 
still be found from the change of whirl momentum of the fluid, but these 
whirl components cannot be inferred with any degree of accuracy from 
the angles of the actual blade profile, except empirically. However, the 
wider the spacing the more closely the conditions approximate those of a 
single airfoil in a flowing field, and since there is available from wind- 
tunnel tests an immense amount of well-organized information on the 
properties of such isolated airfoils, it would appear to be very advanta¬ 
geous to base the design of a grid with widely spaced airfoils on such 
information. This has led to the development of the airfoil method. 

Since actual turbine blades and vanes are neither so finely spaced as 
required for the streamline theory nor so widely spaced as required for 
the direct application of test data from isolated airfoils, modifications 
must be made, whichever theory is used for design purposes. Assuming 
that a satisfactory velocity diagram has been decided upon, the next 
problem is to determine what airfoil angles and dimensions will be needed 
in order to produce the required velocity relations. With the fluid 
velocities and the required weight flow known, the flow volumes through 

• See page 278. 
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v,- m .v he determined and the dimensions of the flow channels 
f the 7 SkTge through clearance areas and the effect of this leakage 
found. Leak i a ^ n<) f, , cons idered. The radial arrangement in 

grids °'vith°increase of blade velocity with radius, also modifies the flow 

^fJhte text mention was made of the modification of the blade- 
„n!ie’in Sec G-2A and of the fact that the flowoff direction and 
bkTangle at exit do no. agree (Sec. 63); otherwise the streamline theory 
has been followed fairly closely. 

9-6. Airfoil Sections 

An airfoil is a flattened, curved body of considerable length and breadth 
relative to thickness which, when held in a stream of fluid at an angle with 
the direction of flow, deflects the stream and thereby experiences a force 



termed lift at right angles to the direction of flow. If the airfoil is at rest, 
the object is to deflect the flow; if it is in motion, the object is usually to 
transfer energy between the fluid and the structure supporting the airfoil. 
If energy is transferred from airfoil to fluid, the machine is an airplane 
propeller, a fan, or a turbocompressor. If the transfer is from the fluid 
to the airfoil, the machine is a turbine. Characteristic and efficient forms 
of airfoil sections have been developed by theory and test. 

In Fig. 9 3 is shown the cross section of a symmetrical airfoil, rounded 
at the leading edge and drawn out to a thin wedge at the trailing edge; the 
length c of the section is called the chord , and the maximwn thickness 
is forward of the middle of the chord. The airfoil dimension per¬ 
pendicular to the paper is called the span 6; in a turbine this corresponds 
to the blade height h. The dimensions of the section may be constant 
over the span, in which case the airfoil is a cylinder and the ratio b/c is 
called the aspect ratio. If the sections decrease in thickness and chord 
toward one end, the aspect ratio is 6 2 /(area of plan). In Fig. 9-4 the 
symmetrical airfoil section is shown at an angle a with the direction of 
stream flow, called the angle of attack; this angle may change over the 
span, resulting in a twisted airfoil with warped surfaces. In Fig. 9 5 an 
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unsyminetrical airfoil with a curved or cambered section is shown; such 
sections are convex above but may be flat, slightly convex, or slightly 
concave below. The median line is the locus of the centers of circles 
drawn tangent to the upper and lower profiles; it may be a circular arc, a 
parabola, or any other geometric curve. The chord of a cambered section 
is the chord of the median line. The mean camber m is the perpendicular 
distance from a point on the median line to the chord. The maximum 
mean camber is m m and in the figure is located forward of mid-chord. If 
tangents are drawn to the median line at the leading and trailing edges, 



the angle X* between them is called the camber angle of the section; it is an 
indication of the ability of the section to deflect fluid flow. 

9-7. Lift, Drag, and Circulation 

An airfoil is subjected to fluid forces when it is fixed in position and the 
fluid in which it is immersed flows past it or, conversely, force is required 
to move it through the fluid; the first conception is generally used because 
it is more convenient for graphical representation. If the fluid has no 
internal rotation or vorticity and its velocity far upstream is uniform over 
the stream section and is constant, the forces distributed over the airfoil 
can be combined into a single resultant vector R, acting at a particular 
point in the airfoil. This vector can be resolved into component forces 
parallel and perpendicular to the direction of fluid flow far upstream; the 
first is the drag D , and the second is the lift L, as represented in Fig. 9-6. 
It is convenient to assume that the airfoil is cylindrical, with its generating 
element normal to the direction of fluid flow, and to consider a unit length 
of the cylinder between two planes normal to the generator. The airfoil 
section, flow, and force can then all be represented in one plane. 

For the unit length of airfoil as defined, the drag, termed profile drag, 
is largely due to surface friction* and the lift is due to the deflection of the 

1 Induced drag, which appears in an airfoil of finite length, ill addition to profile 
drag, is described in Sec. !MI 
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fluid stream from the direction far ahead to that far behind the airfoil. 
If the ideal case is first considered of streamline flow in a fnctionless fluid, 
it can be shown that the drag I) of the airfoil is zero and that its lift L per 
unit span is given by the Kutta-Joukowski theorem 

L = P VoT (9-ID 


where p = mass density of fluid = l/vg = y/g 

V 0 = velocity of fluid far ahead of airfoil, relative to it 
T = circulation = fVsdS = line integral around exterior surface 
of airfoil in the flow field, of the product of the tangential com¬ 
ponent of velocity of the fluid relative to the surface of the 
airfoil, by the corresponding element of length dS of the 
surface in the direction of flow. Also the integral may be 
taken around any closed curve which includes the airfoil. 
Circulation will now be explained further. 


0 



A symmetrical airfoil placed with its plane of symmetry or chord 
parallel to the stream flow (Fig. 9-3) would not be expected to produce 
lift, and by Eq. (911), r = 0, which is in agreement with the definition. 
Since the product of the component U s tangent to each upper-surface 
element by its length dS along the surface will be exactly equal and 
opposite in sign to the corresponding product on the bottom surface, it 
will therefore cancel it. Also, without viscosity and friction, there would 
be no drag. If the symmetrical airfoil is inclined at a small angle with 
the direction of fluid flow (Fig. 9 4), the flow around it will be symmetrical 
no longer, and if the form of the airfoil is changed to an unsymmetrical 
one like Fig. 9-5, the lack of symmetry in flow will be still greater and the 
flow lines distorted still further. As the figures show, the streamlines 
are crowded together above the upper surface and spread apart below 
the lower one. Above the airfoil, there is a contraction in the cross 
section of the tubes, hence an increase in fluid velocity through the tubes 
and a reduction in pressure (Fig. 9 2). Conversely, below the airfoil, 
where the streamline spacing is wider, the fluid velocity is less and the 
pressure is increased. The resultant of these fluid pressures exerted on 



280 


STEAM TURBINES 


the upper and lower surfaces is the upward force or lift (Fig. 9 0). It is 
also apparent that f U s dS, taken in clockwise rotation around the sec¬ 
tion, will now be a positive finite quantity, since the relative velocity U 
along the upper surface is everywhere greater than it is along the lower 
surface and the total length of the upper surface is greater. The value of 
the integral along the top surface toward the right will be greater than 
that along the bottom surface toward the left. 

Now the higher velocity toward the right above the section and the 
lower velocity toward the right below it can be viewed as the result of a 
uniform fluid velocity V 0 from left to right, combined with a clockwise 
rotation of the fluid around the section; this last is called circulation. (It 
is obvious that no particles of fluid actually move completely around the 
section.) By Eq. (911), lift is proportional to circulation. It is appar¬ 
ent from the figures that circulation and hence lift increase with increase 
of fluid deflection caused by increased curvature of the airfoil section and 
with increase in the angle of attack; however, there are limits to both of 
these increases. 

The nominal angle of attack is usually measured from the direction 
of undisturbed flow Vo to the chord of the section (Fig. 9-5). However, 
for most unsymmetrical airfoil sections the chord line must be given a 
negative angle of attack aS L in order to reduce the lift to zero. There¬ 
fore, when it is to be used in relating lift to angle of attack, the apparent 
angle measured to the chord must be corrected by subtracting this 
negative angle, giving a Q = a * + a*,., as shown in !• ig. 9*5. This is often 
called the absolute angle of attack. 

It can be shown by methods of aerodynamics that 

T = rcV o sin a* (9T2) 

Substituting this value of T in Eq. (911) for L gives 

L = pircVl sin a* (913) 

This equation, based on a frictionless fluid, gives results comparing well 
qualitatively with test results, up to the value of oc* at which flow separa¬ 
tion takes place at some point on the upper surface of the airfoil, with the 
formation of a turbulent area behind it, a reduction in lift, and an increase 
in drag. Flow separation will be discussed in Secs. 9T2 and 9T3. 

9-8. Lift and Drag Coefficients 

The lift coefficient is defined as the ratio between the actual lift and the 
lift that would exist if every part of the projected area (on a horizontal 
plane) of the airfoil were subjected to the full dynamic pressure of the 
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fluid, or 


Cl = 


(9-14) 


pVlbc/2 

, w b X c = span X chord = projected area = c X unity in the pres¬ 
ent case. Hence, substituting the value of L from Eq. (9-13), we have 

Ci = 2x sin a„ ( 915 > 

Also, from Eq. (9-11), T = L/pVo\ L from Eq. (9-14) substituted in this 

gi ves ~ 

r = % Vac (9-16) 

The drag coefficient is defined as the ratio between the actual drag and 
the dynamic pressure as defined above, or 

D 


Cn 


pVibc/2 


The drag-lift ratio is 


tan « = ^ = £ (F«g- 9-6) 


(9-17) 


(9-18) 


Since D/L is small, ranging from 0.02 to 0.0G, we may use e = D/L with 
sufficient accuracy. 

9-9. Induced Drag 

Fluid flow past an airfoil of infinite span is two-dimensional, and the 
drag is everywhere what has been termed profile drag. With a finite 
span and free ends, the excess pressure beneath the airfoil causes a flow 
toward its ends. The flows above and below the airfoil are therefore 
different in direction, as indicated in Fig. 9 7. Along the trailing edge, 
where these differently inclined 
streams come together, a surface of 
discontinuity is formed, resulting in 
the development of a sheet of small 
trailing vortices. At each end of 
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turning trailing vortex, due to the <)•?. Flow around airfoil ends, in- 

, « , a duced drag. 

outward and upward now around the 

end. Maintenance of these vortices consumes energy which does not 
contribute efficiently toward lift and produces drag called induced drag , 
in addition to the profile drag over the middle portion of the airfoil. In 
a steam turbine, at the free ends of blades or vanes without shrouds, 
there is developed some induced drag which is minimized by the mainte- 
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nance of small clearance; the use of shroud bands eliminates induced 
drag, at the expense of a small amount of additional rotational friction. 

9-10. Airfoil Treatment of Blading 

When the blades of a reaction turbine are to be treated as airfoils 
assembled in rings or grids (Fig. 9-8), the angle at which the chord of the 
airfoil section is set, relative to the plane of rotation, is called the stagger 
angle f. If the blade is twisted, the stagger angle varies from root to 
tip, but for the present elementary consideration, straight parallel airfoils 
will be assumed. In Sec. 9-7 it was stated that the lift L and drag D of an 
isolated airfoil are measured, respectively, perpendicular and parallel to 
the direction of undisturbed flow far ahead of the airfoil; the nominal 
angle of attack a* is also measured from this same reference direction. 



Flo. 9-8. Reaction blading stagger angle. Flo. 9-9. Reaction blading, velocity dia¬ 
gram. 


For flow through a grid, the direction of this reference flow is taken as 
that of U m for the rotor blade and V m for the stator vane, as shown in 
the velocity diagram in Fig. 9 9. These vectors make the respective 
angles Mu and m* with the tangential velocity W. (It should be noted that 
0b and 76 , previously defined as blade-entrance and blade-exit angles, 
respectively, do not appear explicitly in the airfoil method but are 
indirectly involved through their relation to Mu, m*-, f and X.) 

A test of an isolated airfoil for lift and drag is usually reported in the 
form of a plot or table of data giving Ci. the lift coefficient and C D the 
drag coefficient for a range of angles of attack o£ varying from a small 
negative value (sufficient to include a* L at zero lift) up to and beyond the 
angle for maximum lift. From the equations in Sec. 9-8, 


L 


C,cpUl 

2 


and 



CocpUl 

2 


(919) 


the lift force L and drag force D can be found, in pounds per unit span of 
airfoil, for given values of the angle of attack, section chord, fluid relative 
velocity, and density. The drag-lift ratio D/L = C D /C L - 
Let us consider the fluid forces acting on a small cylindrical slice of the 
airfoil at radius r and of thickness dr, developed as shown in Fig. 9T0, 
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which is drawn for zero loss. The lift dL is normal to the reference 
lirpptioD U m and is resolved into two components: dl parallel to 11 , 
moducing useful work on the rotor, and dF parallel to the axis, producing 
vial thrust on the rotor. Vector dF is also a measure of the drop in 
pressure through the row. In Fig. 911, friction has been -ntduded by 
adding the drag dD, parallel to l/„. The resultant of dL and dl) is dll, 
which makes the angle < with dL. If the lift dL is assumed to remain the 
same then the effect of adding dD is to decrease dT and increase dF. Or 
if dF proportional to the pressure drop, is to remain the same, both dl 
and dL will be reduced, resulting in a decrease of the work done by the 

thin slice of the blade. ., . 

The transverse sectional area of the flow element under consideration is 
s dr, where s = pitch; the volume passing parallel to the axis through this 




Fio. 9-10. Reaction blading. force diagram 
with zero drag. 


Fio. 911. Reaction blading, force diagram 
with drag. 


area per second is V,s dr, and its mass is pV,s dr. The tangential velocity 
component of this mass of fluid is increased in the negative direction by 
the amount t/„ while it passes through the row, and the tangential force 
exerted by the fluid due to change of tangential momentum, which is the 
reactive force, is 

dT = pV/S dr U w (9-20) 


If j)\ and p 2 are the static pressures at entrance and exit to the moving 
row, then the axial force exerted on the flow element by the pressure 
difference is 

dF = s dr (pi — p 2 ) (9-21) 


From Fig. 9-11 we find that 

dF = — dR cos (mu -f «) 
Substituting in Eq. (9*21) we obtain 

(pi - Pz)s dr =- 


and 


dR = 


dT 


sin (mu + «) 


dT cos (mu + 0 
sin (mu 4- <) 


Substituting for dT from Eq. (9-20) and rearranging gives 

pVfU . 
tan (/x u + e) 


(9-22) 


Pi _ Pa = - 
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This is for one row; the pressure drop per stage is twice the drop per row, 
and 

- »■> - <,?£+.) ( »' 23 > 
The energy input from the flow element for the stage is 

ip dv = Q v X A p„ 


if change of volume is neglected; hence 

Input = Ap.i X s dr V, (9-24) 

The energy output is the work done on the blade element by the tangential 
force, or 

Output = WdT = pV,s dr V w W (9-25) 


The blading efficiency for the stage, neglecting tip leakage, is 


output _ pV,s dr IWV 
" input A p.iS dr V / 

Substitute for Ap„ from Eq. (9*23) and obtain 

W tan (pu + «) 

Vt( w, 


pUJV 

A p.i 


(9-20) 


(9*27) 


Let ^ = V//W, then for 50 per cent reaction, and utilizing the relations of 
Fig. 9-9, 

V f _ Vf _ 2V, _ 9 

ten M “ " VZ “ ~ oTiF W 


Hence 




tan (mm + «) 


2* 


(9-28) 


. .. . . . tan Mm 4- tan « . . 

Substitute for tan (mu + «) its equivalent | _ tan M i tai T e * USe € in p ace 

of tan e, since « is very small, and replace tan m« by its equivalent —2*p, and 


obtain 


_ 2g-< 

2<p (1 + 2**) 


(9-29) 


If the above expression is differentiated with respect to <p, and the result 
equated to zero and solved for <p, the value of vw* for maximum efficiency 
will be found to be 


<P m** 


€ + VT+7* 

2 


(9-30) 


If this value of yw is substituted in Eq. (9 29), an expression is obtained 
for the maximum stage efficiency, in terms of «. 
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1 + 2** + 2t VT + f 2 

If t s is neglected because < is so small, this reduces to 

_L_ (9-32) 

" 1 + 2e 

. w bich is a simple expression for the maximum possible stage efficiency of 
airfoil-type turbine blading, on the assumptmn of mcompress.bd ty. 
The smaUer the value of * the higher the efficiency as would be expected. 

The drag-lift ratios shown by tests of isolated airfoils appear to be 
around 0.04 to 0.06, with larger values accompanying larger camber 
angles of the section. However, the largest camber angles used in airfoils 
“or airplanes are smaller than the deflection angles commonly used in 
reaction blades for steam turbines, and it is decidedly questionable 
whether it is safe to extrapolate airfoil test data to the desired extent. 
Attempts to test isolated airfoils with large flow-deflection angles usually 
results in stalling, with any reasonable flow velocity, and the flow guid¬ 
ance provided by the close spacing used in turbine grids is evidently 
necessary if such large angles of deflection are to be produced. However, 
if 0.06 be assumed as a possible D/L ratio for a turbine blade, then from 

Eq. (9 30), __ 

0.06 + Vl + 0.0036 „ „ 

--2- UM 

and tan n. = -2*> = —1-06, whence n. = 133.35 deg, or the mean 
relative flow makes an angle of 46.65 deg with the plane of rotation. 
(This is not the same as the stagger angle, which is the angle made by the 
chord of the section.) This value is in general agreement with the 
results of turbine reaction-blade tests, which show that mean relative 
flow angles for maximum efficiency lie in the neighborhood of 45 deg. 
Also, for the above values of *w, by Eq. (9 29) the stage efficiency, 
neglecting leakage over blade tips, is 


(9-31) 


(9-32) 




1.06 - 0.06 
1.06(1 + 1.06 X 0.06) 


0.888 


which is not unreasonable. This stage efficiency falls off rather slowly on 
each side of the value of <p for maximum efficiency. It appears that 
^ = Vf/W is the proper criterion for use m the airfoil treatment of blad^ 
ing, rather than p = W/Vi as used in the earlier chapters employing the 
streamline method. 

If applicable to any steam-turbine blading, the above method would 
appear more suitable for the early stages having small diameter and small 
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pressure drops. However, for a pressure ratio of 0.80, common in these 
turbine stages, the density ratio is 0.84 and the steam can hardly be 
assumed incompressible. Larger pressure changes can be used in turbine 
expansions because it is possible, with good design, to use the large angles 
of flow deflection appropriate to large pressure drops, without incurring 
losses due to shocks (Sec. 10-6) or boundary-layer separation. 



A comparison of the ordinary form of reaction blades, with the airfoil 
form used in airplanes, is presented in Figs. 9-12 and 9*13. Figures 
9-12a and 6 show the velocity diagrams for the two cases, which arc 
drawn with the same angle a and the same blade velocity W. It is 
evident that, with the small deflection angle of the airfoil form, flow 
velocities are greatly reduced, the enthalpy drop Ah per row is less, and 
the change of velocity of whirl - AV W is diminished, whence the tan¬ 
gential force exerted on the blading is also decreased. Thus many more 
stages would be required with the airfoil form of blading. In Figs. 913a 



and b the extended forms of velocity diagrams are shown, with blading 
forms indicated. 

Effect of Pitch Variation. It is well known that biplane airplanes are 
less efficient than monoplanes and that, if biplanes are used, the space 
between the planes must be as large as possible if the lift per wing is to be 
large. Experiments with turbine grids made up of blades of airfoil 
section have similarly shown that the lift per blade increases as the pitch 
increases, toward a definite limit. For the airplane, the atmosphere is 
unlimited and it is unimportant how little of it is affected by the plane, 
but for turbine blading, a fixed quantity of steam is discharged by the 
preceding nozzle ring and the blade grid must make use of all of it if the 
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maximum efficiency is to be achieved. Imagine two blades (z = 2), one 
each on opposite ends of a rotor diameter; the lift L per blade would 
probably be near the maximum, but the total work transferred to the 
rotor would be small, because the steam is so poorly directed that most of 
it would pass through without effect. With z = 4, L would be decreased 
a very small amount, but the total work would be practically doubled. 
With continued increase of z, the value of L would decrease more and 
more rapidly, and eventually the total work = z X L would reach a 
maximum. Further increase of z would so decrease L that there would 
be a decrease of total work. It might be said that, when there are 
sufficient blades to guide all the steam properly, producing maximum 
power, there is sufficient interference with the flow around one blade by 
the flow around its neighbors, to make the lift per blade much less than 

the maximum possible. ...... 

Experiments also indicate that the optimum pitch depends decidedly 
on the blade height, being greater for greater heights, and since long, 
widely spaced blades should have greater chord width, blade dimensions 
should vary more or less in proportion. A limitation on the width of 
blades is the axial space required; also the pitch cannot be increased 
unduly on account of the resulting excessive distance between the blades 
at the tips. 

9-11. Effects of Fluid Viscosity; Boundary Layer 

Because the molecules of a gas are in continual motion, the gas offers 
resistance to forces tending to produce a shearing action in it. Molecules 
in contact with a surface adhere to it and are at rest, even though the 
principal mass of gas may be flowing along the surface. As the distance 
from the surface increases, the gas velocity increases up to a maximum 
near the center of the stream, creating a velocity gradient from the 
surface outward. In ideal laminar flow the molecules in successive layers 
stay in those layers, moving in definite paths conforming to the shape of 
the surface. If this laminar flow is broken up and made turbulent, 
molecules do not remain in the same layers (except very close to the 
surface) but follow irregular paths. 

Slow speed of a fluid in a channel is likely to be laminar; as the speed 
is increased, a change to turbulent flow takes place rather suddenly and 
the speed at which this change occurs, called the transition speed, is 
dependent on a numerical characteristic of the conditions of the flow, 
called the Reynolds number and defined as 


Re = 


IVop 


(9-33) 
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where l = a characteristic linear dimension such as the diameter of a pipe 
(or its hydraulic mean radius) or the length in the direction of 
flow of an elongated body such as an airfoil 
p = mass density 
p = coefficient of viscosity of fluid 
Vo = fluid velocity 

The quantity Re is discussed further in Sec. 9*14. 

If the fluid entering a channel is without turbulence, laminar flow will 
appear at the start, with a very thin layer on the wall, at rest or moving 
slowly. This layer builds up rapidly in thickness, so that the profile of 
fluid velocities across the passage section gradually changes from that 
shown in Fig. 914a to that of 9T4 b, owing to retardation near the walls. 
The velocity profile continues to change as the fluid moves along the 
channel, until one of two things happens; either, due to persistence of 



Fio. 9-14. Effect of fluid viscosity and boundary layer on flow throuRh a pipe. 


laminar flow, the retarding influence reaches the center of the channel 
and produces a profile like that in Fig. 914c or turbulence sets in with a 
change of profile to one resembling that of Fig. 9T4 d. However, a dis¬ 
tinct laminar sublayer always persists along the wall, even though the 
main body of the fluid may be in turbulent flow; its thickness decreases 
as the velocity Vo increases. As we move away from the wall this laminar 
layer gradually becomes turbulent, though it still moves more slowly than 
the main body. The term boundary layer is applied to that portion of the 
fluid near the walls which is flowing definitely slower than the main body, 
whether the layer is all laminar or is laminar and turbulent. 

One effect of the boundary layer is to reduce the flow through a channel 
over which a specified pressure difference exists, because part of the pres¬ 
sure energy is used to overcome friction. Otherwise stated, a greater 
pressure difference is required to produce the same flow. This increase of 
pressure is called frictional resistance or friction head; for flow through a 
pipe it is represented by 

H, = ^ (934) 


where r h = hydraulic radius of the pipe cross section 
l = pipe length 
/ = friction factor 
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The last is a function of Re. decreasing as Re increases in both laminar 
j tur b«lent regions of flow but with a sudden increase in magnitude at 
fhe transition from laminar to turbulent flow. Wall roughness also 
increases f. The effect of boundary layer in producing pressure drop is 
not of major importance in steam turbines because passage lengths in 
blade and vane rows are short. However, the drop in pressure through a 
crossover pipe connecting the two units of a divided turbine may be of 
consequence, as is the drop through two lines of piping to the resuper- 

heater for a resuperheating turbine. 

A second effect of boundary layer appears when conditions are present 
which cause the layer to separate from the surface, greatly increasing 
turbulence and altering the previously existing pressure and velociU 
relations of the fluid. 


9-12. Separation of Boundary Layer 

With flow past a rounded convex body, the boundary layer will have 
zero thickness at the upstream stagnation point and will build up as the 



Fio. 9-15. Separation of boundary layer 
due to adverse pressure gradient. 



Fig. 9-16. Separation of boundary layer, 
formation of vortices. 


flow follows the surface. If the static fluid pressure in the neighborhood 
of the surface is constant or is falling in the downstream direction, the 
velocity profile in the boundary layer will be convex downstream, as at 
B and C in Fig. 915, and the layer will remain in contact with the surface 
throughout its length. If. however, owing to flow conditions, the velocity 
decreases along the surface and there develops an adverse pressure gradient, 
with pressure near the surface rising in a downstream direction, the form 
of the profile near the surface will change from convex to concave as at I) 
because of the gradual overcoming of the kinetic energy of the slower 
moving boundary layer by the adverse pressure gradient. When the 
profile becomes tangent to a normal to the surface, as at D, separation of 
the boundary layer begins. This separation point is farther downstream 
with turbulent flow than with laminar flow because of the greater energy 
in the turbulent layer; hence turbulence in the flow is not always a 


detriment. 

Beyond the separation point, the positive pressure (increasing down¬ 
stream) initiates upstream flow near the surface, and in the surface of 
discontinuity between this layer moving upstream and the main body 
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moving downstream, small portions of the fluid will he set into rotation. 
Adjacent groups will tend to roll up into larger vortices which will force 
the stream farther away from the wall (Fig. 91(>). Eventually the 
enlarged vortices will break away and flow downstream, to he followed by 
the formation of others in rapid succession. 

An important example of separation occurs in flow around an airfoil 
section. Along the top surface in Fig. 9-2 the pressure relative to the 
stream far ahead changes from a large negative value (streamlines are 
close together and pressure is low) to a small negative or to a positive 
value at the trailing edge. Therefore the absolute pressure along the 
top surface is rising during this flow, or there is an adverse pressure 
gradient. Separation may not occur at small angles of attack, but as a is 
increased, it will start and the starting point will move forward. Eventu¬ 
ally lift begins to decrease with large increase of drag as this separation 
point moves forward; this is termed Mailing. 

Another type of boundary-layer separation occurs at the trailing edge 
of an airfoil, where the boundary layer flowing off the surface becomes a 
wake. The slower moving fluid constituting the wake continues to lag 
behind the main body after passing the trailing edge, but since the drag 

of the surface is removed, the fluid 
viscosity now operates to smooth 
out speedily the irregular velocity 
profile (Fig. 9T7) by exchange of 
momentum accompanying turbu¬ 
lence. However, it is apparent that 
the wakes of the stationary blades 
create a flow field of regularly vary¬ 
ing intensity in the entrance to the 
moving-blade row only a short distance downstream and that the moving 
blades likewise produce a field, similar except that it is rotating about 
the turbine axis, at the entrance to the following stationary blades. The 
effect of these periodic fluctuations in producing vibrations is treated in 
Chap. 11. 

Since the equalization of the velocities in the wake means a slight 
slowing down of the main stream and a considerable acceleration of the 
wake material, there must be a small flow from the main stream toward 
the wake regions during equalization. Conversely, the initial establish¬ 
ment of the boundary’ layer and consequent slowing down of the fluid at 
the leading edge of the surface produces a small flow away from it. 

The foregoing phenomena form the basis for the definition of a stream¬ 
line body as one in which separation of the boundary layer from the 
surface either does not occur or occurs so near the trailing edge that the 
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Fiu. 9-18. Sopnrii- 
tion of flow in a curved 
pipe. 


«pnarated portions of the fluid close together smoothly behind the object, 
with the formation of only a very narrow wake. The drag is then mainly 
Hue to skin friction, provided that induced drag (Sec. 9 J) is absent. 
With a blunt or nonstreamlined object, the drag due to separation is 
usually much greater than that due to friction at the wall. 

Flow around a bend in a channel may also be subject to separation. 
Assume flow in a channel of rectangular cross section (Fig. 918). As the 
fluid enters the turn and approaches mid-point, the pressure along the 
concave outer wall at C will rise due to centrifugal 
force and, assuming constant total head, velocity 
there will decrease, pressure will rise, and an adverse 
pressure gradient will exist. However, separation 
seldom takes place at this point because the direction 
of stream deflection opposes it. Beyond the mid¬ 
point, velocity increases and pressure decreases. 

Around the convex surfaces on the inside of the turn, 
at D, pressure decreases with increase of velocity up 
to the mid-point and then, on leaving the turn, 
velocity decreases with increase of pressure. This provides an adverse 
pressure gradient, with conditions favorable for separation, which will 
occur when the flow velocity is sufficiently high. 

Boundary-layer separation is very likely to occur if there is a rising 
pressure gradient in the direction of flow; it may take place if the pressure 
is constant, but it is much less likely to occur if the pressure is decreasing, 
as in flow through a nozzle. Hence, flow through impulse blading (with 
constant velocity and pressure) is more likely to suffer boundary-layer 
separation than flow through reaction blading (where the velocity is 
increasing and the pressure is decreasing). This is the principal reason 
for restricting the flow areas in two-row velocity-stage blading, as men¬ 
tioned in Sec. 6-7. 

Surface roughnesses increase all the losses due to the effects described 
above, aggravating incipient separation, lowering transition velocity, 
and increasing vortex strength. The presence of vortices or of nonuni¬ 
form turbulence in the fluid downstream from a turn will usually affect 
adversely the flow through guide vanes or blades immediately following 
and will cause losses in succeeding flow elements. 

9-13. Flow in Curved Passages between Blades or Vanes 


The normal velocity profile for turbulent fluid in a straight channel 
changes in form when the channel becomes curved, because the faster 
moving portion near the central plane of the stream experiences greater 
centrifugal force while rounding the bend than the portions near the side 
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walls at AA (Fig. 9*19), which are retarded by friction. The central 
portion therefore moves radially outward, displacing slower moving fluid 
having less centrifugal force and resulting in the formation of a pair of 
symmetrical vortices, which continue in the fluid after it leaves the turn. 
Two quantities that are important in discussing the effect of such a turn 



Fio. 9-19. Vortices formed in a pipe Flo. 9*20. Nomenclature of 
turn. dimensions of pipo bend. 


are the aspect ratio b/w and the radius ratio r m /w; they are defined in 
Fig. 9*20. An aspect ratio of 1 means a channel of square cross section; 
a radius ratio of 0.5 means a sharp angle at the inside of the turn with no 
rounding whatever. Pressure loss and flow disturbance in a turn diminish 
rapidly as the radius ratio increases, but a large ratio requires a long- 



Fio. 9-21. Vortox formation in flow through Fio. 9-22. Vortex formation in flow 
a curved channel in blading. through a curved channel in a nozzle. 


sweep turn. Large aspect ratios limit the formation of vortices but 
require channels of small width in the plane of the turn [9:1 and 9:2]. 

In Fig. 9-21 the formation of these vortices is illustrated in a turbine 
nozzle passage and in Fig. 9 *22 in a blade passage. In each case, by the 
time the exit is reached, the flow direction is shifted toward the convex 
back of the blade or vane at the root and tip and toward the concave 
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f e at mid-height. The loss caused by these vortices resulting from 
Trvature of the flow passage has been termed end wall loss (Secs. 6 o, 
7 .i8). It is especially serious in very short blades, because the 
tices may occupy a large part of the passage area; it is of much less 
• V ortance in long blades. In these nozzle and blade passages, large 
radius ratio is secured by using passages with large radius of curvature of 
the concave face, as exemplified in the first row of two-row impulse 
vheels Large aspect ratio is secured by using small pitch. 

" i m pulse-turbine nozzle partitions fit tightly at top and bottom and 
have no leakage, but reaction blades without shrouding suffer from this 
leakage at the tips of both moving and fixed blades; small arrows in the 
figures show the rotation of vortices resulting from this leakage flow. 
With shrouds this disturbing element is eliminated. 


9-14. Reynolds Number 

The expression for Re given in Sec. 911 may 


different forms. 



IVo = l Vo 

HP v 


be written in several 
(9-35) 


where is the kinematic viscosity = m/p; the kinematic viscosity might 
be called the viscosity coefficient with allowance for density. The 
Reynolds number is the ratio of the inertia forces to the viscous or friction 
forces in a fluid in motion, which may l>c shown as follows: The inertia 
force of a particle of fluid is its mass X its acceleration, or, using 0 for 

time, 

Inertia force ~ (/ s p)(M~ 2 ) = = / 2 pL* 


The viscous force in the fluid is the surface area of the particle X viscosity 
coefficient X velocity gradient, or 


Viscous force 


(/*)(p) 


(0 


bV 


The ratio = Re = H'p/m- 

The quantity Re is dimensionless when consistent units are used. A 
large Re signifies large inertia forces, usually produced by a large charac¬ 
teristic dimension, a large velocity Vo or high mass density of the fluid p; 
it may also be due to low viscosity coefficient m of the fluid. The charac¬ 
teristic dimension used is, where possible, a principal dimension in the 
direction of flow, like the chord of an airfoil section. However, for any 
body in which the dimension in the direction of flow is obviously of minor 
importance, such as a thin disc set normal to the flow, a dimension normal 
to the flow is taken, like the disc diameter. In flow through a pipe, the 
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diameter is used, or the mean hydraulic radius, of the pipe section. The 
value of Re derived for one form of body will not necessarily be applicable 
to one of different form, on account of this arbitrariness in the selection 
of the characteristic dimension L. This causes no difficulty, however, as 
it is the relative, and not the absolute, values of Re that are important. 

It is predicted by dimensional analysis and proved by experiment that 
flows around geometrically similar bodies are also dynamically similar 
if the corresponding fluid forces acting on the bodies compared are pro¬ 
portional at any instant. For the flow of a gas, having no free surface 
(like the surface of a liquid, where gravity effects exist), inertia and vis¬ 
cous forces only need to be taken into account, and for these to be in a 
given ratio simply means that the flows should have the same Re in the 
two cases. 

If a flow device, such as a steam nozzle, is going to operate under 
certain stated conditions, yielding a certain Re, then the same Re, 
meaning the same flow configuration, may be obtained in a test of that 
nozzle by passing through it a fluid of different density and viscosity, 
provided that the test velocity is adjusted to produce the same Re. 
Or, an enlarged version of the nozzle may be made with increased /; for 
use with air flow, pressure and density are reduced and velocity adjusted 
so that, with the new viscosity, Re is brought to the same value. All 
these modifications should result in the same flow configurations and the 
same nozzle efficiency and flow coefficient. Or, if a number of nozzles 
of similar form have been tested under different conditions as to steam 
pressure ratio, density, viscosity, and velocity, and the value of Re is 
calculated for each test, then a plot of nozzle efficiency against Re as 
abscissas will produce points which lie approximately on a smooth curve, 
showing that the efficiency is a function of Re. 

It has been suggested from dimensional considerations 19:2] that, for 
similar nozzles, 

7J* - F(r p , Re) (9-36) 

rather than on Re alone, and that at low speeds rjn is determined mostly by 
the value of Re and at high speeds (above 850 fps) by the pressure ratio 
only. Since the mathematical form of the function F is not known, 
resort must be had to experiment. Few results have been published, 
but F. Dollin [4:5] in an analysis of the test results obtained from reac¬ 
tion-type blades of different forms and sizes, with subsonic velocities, 
finds experimental evidence of a definite increase of efficiency with Re, 
as shown in Fig. 9-23, for static nozzles of similar form in two sizes and 
in Fig. 9-24 for blading efficiency, derived from both blading and nozzle 
tests. It is obvious that efficiency data based on Re, embodying V, /, p, 
and n, are much more significant than when they are presented in relation 


A EROI) YXA MIC COS SID ERA TIOSS 295 

to t he exit velocity V, only, as in Figs. 3-20 and 4-39. (These figures, 

I owever are plotted with k n = y/n. instead of ■)„ itself ) It may be 
nnted that the exact form of a curve like the one in Fig. 9-23, obtained 
erimentally by testing a number of similar blades at differing values 
e fRe is a property of the form of the blade section and will vary from 
? j 0 f orm . However, as efficiency is improved, there will be less and 
less room for material modifications of the curves and all should tend to 
approach a similar form. 

In the development of steam turbines, it has been necessary many 
tiroes to base the design of new large turbines on data obtained by experi¬ 
ence with smaller old ones. It has been noted that the resulting effi¬ 
ciency of the large unit has generally been higher than predicted. Also, 


? 094 

fa* 


s//width. 


's/e width 


I S/4 width, 

i—b* 


■jit' width 
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Kio 9-23 Effect of reaction-blade width Fig. 9-24. Correlation of blading efficiency 
on nozzle efficiency. ( Doilin, Proc. Inst. derived from nozzle and turbine tests. 
Mech. Enyrs.) (Doltin.) 

the measured efficiencies of the high-pressure units of two-cylinder tur¬ 
bines, as determined by measurements of the temperature and pressure 
at entrance and exit, have been unexpectedly high. In both cases, the 
higher efficiency has been accompanied by higher Re. It follows con¬ 
versely that small turbines, even if as well designed and constructed as 
large ones are, cannot possibly have as high efficiencies. 

9-16. Use of Models in Testing 

The use of Reynolds and Mach numbers as criteria for determining the 
proper experimental conditions for investigating the probable perform¬ 
ance of a proposed steam flow element, by means of a model using air, 
may be outlined as follows: 

Let v , 1, U, M, Re, and C represent conditions for proposed design, and 
let v' } l\ U' t M’, Re', and C' represent conditions for the model. Then 
m = scale of model = l’/l. For equal Reynolds numbers, 

IU VU' V v'U U p fn 0 _. 

— = — r or T = -rr. = m or ^ = m— (9-3/) 

V v l vL L V 
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The kinematic viscosity of the steam is determined by the initial pressure 
and temperature proposed; that for the air is for atmospheric conditions 
which are not easily changed. The model can be made to any scale, but 
when m is chosen, there is only one U' which will be possible for a given 
U if the values of Re are to be the same. If it is desired to use some par¬ 
ticular value of U\ then the size of the model must be chosen accordingly. 

If, in addition, the Mach numbers are to be equal for the proposed 
design and the model, then M = M' and 


V V v _ c 

c " 7? or F'" C' 


(9-38) 


Substituting in Kq. (9-37), 

/' 

m = T 



(9*39) 


Since the temperatures of the steam and the air are fixed, the acoustic 
velocities C and C' are determined as well as the kinematic viscosities 
and there is only one model scale possible, as defined by Eq. (9-39). No 
other model scale will fit with the steam conditions specified and atmos¬ 
pheric air, but if a fluid other than air is chosen, a model of a different 
scale may be used. Use of other gases is generally impracticable; liquids 
have been utilized but are of different compressibility and are therefore 
dissimilar. 



CHAPTER 10 


ELEMENTS OF SUPERSONIC FLOW 


Fluid flow is often classified as subsonic, supersonic, and transonic. 
The first means that velocities are everywhere subsonic, the second that 
,hev are everywhere supersonic. Transonic flow covers the intermediate 
region, where the velocity changes from one characterization to the othei 
. one or more points in the flow. 

Most of the flow through steam turbines of today is subsonic, but flow 
through any nozzle with a pressure ratio lower than the critical ratio 
results in supersonic flow in the nozzle, which may continue into the 
following blading. These large pressure drops may occur in nozzles 
supplying steam to one- or two-row control stages, in the nozzles of the 
final stages of large impulse turbines and in the nozzles of small turbines 
having few stages. Also, the flow through either blade or nozzle passages 
with an average velocity over the channel section less than sonic may 
have such a nonuniform distribution of velocity over the section, due to 
curvature, that the flow is supersonic in places, particularly along the 
convex wall surfaces. Considered as a whole, the flow is transonic. In 
these places, consideration must be given to the phenomena accompany¬ 
ing supersonic flow or avoidable losses may result. The theory of 
supersonic flow is fairly involved and has been the subject of many books 
and papers. As it cannot be presented satisfactorily in brief or partial 
form, the following is offered only as an introduction to the elements of 

the subject. 


10-1. Mach Number 

The flow behavior of a fluid changes so greatly as the velocity approaches 
or exceeds that of sound in the fluid that it is almost essential in analytical 
development to replace the actual velocity V by the ratio of this velocity 
to that of sound, resulting in extensive modifications of the ordinary flow 
equations. This ratio, called the Mach number, is defined as M = V/C] 
the quantity appears most often as M 2 = V 2, C 2 . If M < 1, the flow is 
subsonic, if M > 1, it is supersonic. 

By Eqs. (3-38) to (3-40), it was shown that, for a gas, 


C 2 = gk-RT = gkpv = ^ 

P 


( 101 ) 
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whence 

V 2 V 2 nV 2 

M * = gkRT = 1/kpv = ~k^ (10 ' 2) 

Also 

C — constant X y/T (10*3) 

The relations of Eq. (10-2) afford some insight into the nature of M. 
From the last, M -can be considered to be the ratio of the inertia forces of 
the flowing fluid to its elastic forces. From the first relation, since V 2 is 
proportional to the directed kinetic energy of the molecules and T to their 
random kinetic energy of translation and rotation, 3/ 2 appears as the 
ratio of directed kinetic energy to random kinetic energy [10:1]. 

From Eq. (9-5) we have, for a point in a flow passage, 


V* I 

2 o ^ A - 1 


Ho = total or stagnation head 


(10 n 


Multiply by <j, and substitute C 2 = gkpr, and obtain 



gHo 


(10-5) 


Now if p were to decrease to zero, V would not become infinite because it 
is limited by the total energy in the fluid. Writing V mmA for this maxi¬ 
mum velocity and noting that C = 0 when p = 0 because then T = 0, 
we obtain 

V 1 

~ir = gHo 


This FL./2 is obviously the result of the transformation of the total 
specific enthalpy of the gas in the reservoir, or 



gkpot'o = gkRT o = Cg 
k - 1 k - 1 A* - 1 


whence, from Eq. (10-5), 

Y1 4 . _ c 'q 

2 A - 1 A - 1 


( 10 - 6 ) 


Consider the ratio V C = M as the gas flows along a channel with 
increasing velocity, as in a nozzle. At first V is small, C is high (owing 
to temperature), and M is small, much less than unity. Velocity V 
increases rapidly, however, and C decreases because of the reduction of 
fluid temperature. The condition where C = V and M = 1 is the 
critical speed of sound with respect to the given reservoir conditions and 
is designated by the subscript cr. The value of C er is of course less than 
Co because T < To. 
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Equation (10 6) can be expressed in terms of C er by substitution of 

V = C = C er . 

Cf r . _CI_ _ _CL = (* + 

2 + k - 1 Ar — 1 2(A* - 1) 


whence 


F* C* _ (A: + l)C? r 
2 + A- - 1 2(A - 1) 


(10-7) 


Equations (10-4) to (10-7) are all forms of the Bernoulli equation for 
compressible fluids. To obtain the relations between Co, and C„, 

equate the right-hand members of these equations; there results 


VL, Cl = (<- + 1)C?, 

2 ” it - 1 2(k — 1) 


giving 


(Co V k + 1 
\CJ ’ 2 


and 



2(jkp 0 v 0 
A- - 1 


For air, these may be reduced by substituting A* = 1.4 and It = 53.38, 
giving 

Co = 1.095Ccr Cer - 0.9130Co Fmaa - 2.45C,, = 2.230Co 

= 109.0 (10-8) 


The values for superheated steam may be obtained by substituting the 
proper value of k. It is to be noted that, in a completely incompressible 
fluid, C and M would be infinite and zero, respectively. The less the 
compressibility the higher the sound velocity and the greater the velocity 
with which a change of pressure will be transmitted. 

It is important to obtain expressions for the ratios of the reservoir or 
stagnation conditions to those at a point in the flow stream, as po/p, 
To/T , etc. From these it is then possible to obtain ratios of the condi¬ 
tions at two different points in the flow stream. For the temperature 
ratio, if Eq. (10 G) is divided by C 2 , we obtain 



(10-9) 

( 1010 ) 


( 1011 ) 
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Here To is the stagnation temperature, in terms of the local static tem¬ 
perature T and local Mach number M. For the pressure ratio, we use 
the isentropic relation, 


(?r* - $ 




k - 




whence 


Po 

P 


/ I, __ 1 Y'(M) 

v +V 



1 (1013) 


from which the stagnation pressure p 0 can l>e obtained. It can also be 
used to determine the stagnation pressure ratio necessary for a given 
Mach number; a plot of M vs. p/po is shown in Fig. 4-45. Finally, 




(1014) 


The ratios for critical conditions may be obtained by putting M = 1 in 
Eqs. (1010), (1013), and (1014); if 1.4 be substituted for k, numerical 
values for air are 



2 

*+ 1 


0.833 


and from Eq. (10-8), 



The dynamic pressure, q = pV*/ 2, may be expressed as a function of 
M 2 by replacing V 2 with its equivalent M 2 kp/p from Eq. (10-2), which 
gives 




(1017) 


The dynamic pressure ratio q/p Q is then 


± = eXl = *£ M r 

po 2 p 0 2 p 0 


(1018) 


Numerical values for all the above ratios (or their reciprocals) have been 
calculated for a wide range of values of M and published in numerous 
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places as tables or charts [10:1 to 10:31- The last reference also includes 
tables for various values of k and can be used for superheated steam. 

Values of the ratios for changes from one value of M to another may 
be found by determining the correct stagnation ratio for each M and then 
taking the ratio of the ratios. As an example, for a change (expansion) 
from M\ = 0.33 to M 2 = 0.75, with superheated steam (assuming 
k = 1.3), the following table gives first the isentropic stagnation ratios 
and then the ratios of these ratios. The data are from Table 34 of 
Keenan and Kaye’s “Gas Tables.” 


Table 101. Isentropic Compressible-flow Ratios 



T/To 

P/Po 

p/po 

A/Aer 


0.0851 

0 0222 

0 0370 
0.7040 

0.9512 

0.7634 

1.967 
1.0644 


*vr, 

Pt/Px 

ca 

Ai/A x 

Ratio 2:1 

0 036 

tm 


0.5415 


The area ratio A/A er may be obtained as follows: For steady flow, 
pVA - p„V„A„ or A- - *= X % - x X X 

Aer P » P pO Co 1 


By substitution from Eq. (10* 14) for p 0 /p, from Eq. (10-15) for p cr /po, 
from Eq. (10-10) for C<r/Co, and from Eq. (10-0) and with V = CM, 
giving 

V - m - 37 (' + T 1 

we obtain 




<*+l>/<2*-2> 


M 


1 + 


1 + 


k - 1 


(*+l)/(2*-2> 




(10 20) 


This may be compared with Eq. (4-6) for the same area ratio in terms of 
pressure ratio rather than Mach number. 

From Eq. (10-19) may be obtained 

( 10 . 21 ) 


M* 


( Cl/V *) - [(* - l)/2] 
which gives the local Mach number as a function of local velocity. 
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10*2. Flow Disturbances 

Subsonic flow may be streamline, turbulent, or mixed. Streamline 
flow tends to be along smooth curves, and changes in fluid pressure, 
density, flow velocity, and direction are gradual. An object in the 
flow stream not only influences the flow of particles around it but also 
warns the particles upstream, and they move in paths so curved as to 
flow around the object with minimum resistance. This preparation is 
illustrated by the changing direction of streamlines with widening of 
stream tubes, far upstream, as illustrated in Figs. 9-2 to 9-4. The 
upstream speed of this warning is that of sound, which is itself a pressure 
wave. If the flow is turbulent, motions of the particles are still along 
curved (sinuous) paths, and while changes of direction may be rapid, 
alterations of velocity, pressure, and density are gradual and there are no 
discontinuities. With streamline flow the fluid conditions downstream 
will be identical with those upstream; with turbulent flow downstream 
there will be a complicated system of vortices but no sudden changes. 

When flow is supersonic, conditions are quite different because there 
may be instability in the fluid and also because no warning can be sent 
upstream against supersonic flow. The following are examples. 

A. If the fluid at point 1 has high kinetic energy due to its supersonic 
velocity V\ and has other conditions p\, p i, and T\, it can be shown that 
there may be another set of conditions possible, with lower kinetic energy 
due to lower velocity V 2 but with higher p 2 , p 2 , and T 2 . The total energy 
remains the same, but its distribution is changed to one of greater prob¬ 
ability, i.e., the entropy increases. The change from 1 to 2, called a 
shock, generally occurs with great suddenness and within a short space, of 
the order of a few thousandths of an inch. In one-dimensional flow, as in 
expansion through a smooth straight pipe or a straight nozzle, such a 
shock may occur as a plane normal shock, appearing as a standing wave in 
a plane normal to the axis. Such normal shocks are compression dis¬ 
turbances only, never expansions, i.e., the velocity decreases as the pres¬ 
sure increases. 

B. An attempt to turn a supersonic stream into a new direction usu¬ 
ally results in an oblique shock wave appearing at the angle of turning. 
While supersonic flow can, within limits, be made to travel along a 
curved surface such as the wall of a channel of gradually increasing 
width, analysis shows that such a flow is really a continuous succession 
of very weak oblique shocks and must be treated as such. Flow of the 
kind represented by the curved streamlines used in subsonic flow does 
not exist in supersonic flow. 

C. If an object is placed in a supersonic flow stream, it cannot influ¬ 
ence the flow upstream because the stream velocity is greater than sonic 
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velocity; hence nothing happens until some particles make contact with 
he nose of the object and am violently thrust as.de; part.eles farthr. 
away do not strike the object but are shoved away by the nearer particles 
winch have themselves made contact. This results in an oblique shock 

wave, at or near the nose of the object. 

In all three of the above examples of supersonic flow, the fluid velocity 
has been reduced in passing through the line of shock; hence the fluid 
in the wake downstream possesses less kinetic energy than the fluid 
upstream, and this difference becomes a property of the wake; it is the 
principal cause of the drag experienced by an object in a supersonic 

St Disturbances in supersonic flow may differ greatly in magnitude. 
Strong or intense disturbances result in large changes in At, p, p, and T 
and can be shown to be accompanied by relatively large increases of 
entropy and to be wasteful of available energy. Weak or low-intensity 
disturbances result in much smaller changes in the properties and in 
vanishingly small increases in entropy; they are, on general principles, 
less wasteful of available energy. The designer therefore avoids, where 
possible, conditions that are productive of strong disturbances and must 
have full knowledge of the properties of weak disturbances. These 
latter are called Mach disturbances, and the lines, Mach lines. They 
will be discussed briefly. 


10-3. Mach Lines 

Assume, as in Figs. 101 and 10-3, that a small particle travels from A 
toward B at the uniform velocity V through a fluid, requiring the time / 



due to a particle at sub¬ 
sonic velocity. 



velocity. 



Fio. 10-3. Wave front due to n 
particle at supersonic velocity. 


to go the distance Vt from A to B. As the particle passes A a spherical 
pressure wave centered at A is produced by the disturbance, traveling 
outward in all directions at sonic velocity C and attaining a radius Ct 
in time t. Other spherical waves will be started at points between A 
and B. In Fig. 10*1 the particle velocity is less than sonic velocity; all 
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waves started between A and B are always contained within the expand¬ 
ing sphere centered at A, and the pressure wave always travels ahead of 
the particle, giving warning of its approach. In Fig. 10-3, with V > C 
newly started wave fronts are always ahead of the older ones like that 
centered at A ; the particle leads the waves, and no warning is given of 
its approach. The envelope of these spherical surfaces is a cone with 
its vertex at the particle, and the half angle at the vertex is a, where 
sin a = Ct/Vt = C/V = 1/M. This half angle is known as the Mach 
angle, the conical envelope as a Mach wave, and the contour at angle a as 
a Mach line. It is important to note that the component of wave velocity 
normal to the Mach line is sonic velocity C. 

If velocity V is gradually reduced to C, as in Fig. 10-2, the angle a 
approaches 90 deg, M approaches 1, and the wave front tends to become a 
plane normal to the direction of motion and traveling at velocity V = C 
through the fluid. Or we may equally well imagine the fluid to be 
moving at sonic velocity past a stationary particle, with a standing wave 
normal to the direction of flow at the particle. It is apparent that the 
flow velocity through the standing wave is sonic. 

Instead of a particle producing spherical waves, a thin wedge with its 
edge normal to the paper will produce two-dimensional waves which 
can be represented in the same way. With a thin wedge the changes in 
fluid properties on passing through the Mach line will be small enough 
so that the process may be considered isentropic. However, if the wedge 
is blunt, there will be produced a strong oblique shock wave either having 
a larger angle than the Mach angle corresponding to the speed or detached 
entirely from the object and crossing the line of flow ahead of it. 

Corresponding values of Mach number M and Mach angle a in degrees 
are shown in Table 10-2. 


Table 10-2. Mach Numbers and Mach Angles 


M 

a 

M 

a 

■9 

a 

1.01 

81.90 

1.7 

36 03 

2.5 

23.58 


72.25 

1.8 

33.75 

3.0 

19.47 

1.10 

65 36 

1.9 

31.75 

3.5 

16.60 

1.2 

56.43 

2.0 

30.00 


14.48 

1.3 

50 28 

2.1 

28 44 

4.5 

12.83 

1.4 

45.58 

2.2 

27 03 


11.54 

1.5 

41.82 

2.3 

25.78 


7.66 

1.6 

38 68 

2.4 

24.63 

10.00 

5.74 


These Mach lines, as well as shock lines to be described presently, are 
made visible and capable of being photographed by the Schlieren process 
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[10-4] This process makes use of the diffraction of light rays passing 
through areas of variable fluid density to form a shadow of the disturb¬ 
ance waves produced by the object. The object, wedge or airfoil, is held 
in position in a flat channel through which the fluid is flowing at super¬ 
sonic velocity, while the light from an optical system is passed crosswise 
through parallel glass panels in opposite walls of the channel. 

Let us consider supersonic flow along the wall of a channel, where 
there is a small divergence of the wall as in Fig. 10-4. The angle a of the 
Mach line is sin" 1 (1/Jlf). The velocity V x of the fluid approaching the 
Mach line (assuming uniform velocity distribution over the whole channel 
section) may be resolved into components parallel and normal to the 
Mach line. Since there is no pressure change in the fluid along the 
Mach line, there is no change in the velocity component parallel to it. 
The normal component, which is sonic velocity, goes through without 



Kia. 10-4. Mach disturbance, expansion. Flo. 10-5. Mach disturbance, compression. 


change, since C\ - C 2 . However, the direction of the flow velocity W 
beyond the Mach line must be parallel to the new wall direction; hence 
there must be a vector increase AT in the velocity and therefore also a 
decrease in pressure. The velocity has increased from V x to V *, the 
Mach number from M x to M 2 , and the flow has turned through the 
angle A 6 in the direction assumed to be negative. The foregoing only 
apply if the disturbance is very small, i.e., if the angle of turning is not 
more than 1 or 2 deg, so that the changes in the fluid properties can be 
considered isentropic, as assumed in the development of the expression 
for the velocity of sound. (The velocity of large disturbances, such as 
explosions, is far larger than the velocity of sound.) 

If the wall turns through a small positive angle, as shown in Fig. 105, 
we have compression by supersonic flow. Here the velocity decreases 
and the pressure increases. 

A succession of small changes in direction of the channel wall will 
turn supersonic flow through a larger angle, with expansion and increase 
of M with negative turning and compression and reduction of M with 
positive turning. In the latter case, however, the successive Mach lines 
tend to intersect, and their envelope is a locus of cumulative Mach 
disturbances, becoming an oblique shock wave. 
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10*4. Shock Waves 

Shock waves may l>e normal , as described in Sec. 10-2A, or oblique, a,-, 
described above, and also in Sec. 10-2B and C. Across normal shock 
waves, assumed adiabatic, mass, momentum, and total energy are con¬ 
served, leading, with the perfect gas law, to a system of equations from 
which the several ratios of pressure, temperature, density, velocity, and 
Mach number, at points 1 and 2, before and after the normal shock, 
respectively, may be calculated. Flow area remains constant, total 
pressure decreases, and entropy increases through a shock. Some of 
these ratios are given below. Evaluation of the quantities involved is 
often much easier if the relations are plotted; tabulated values and 
curves are given in many texts, mostly for k = 1.4. Keenan and Kaye’s 
“Gas Tables’’ give values for various values of k as well as M, so that 
they can be applied to the flow of superheated steam. 

Ratios for one-dimensional normal shock 


Vi 

Pi 


v,v. 

= c* 

Wr 



(10 22) 

Mi 

1 + 4 ^ M\ 

2 + (A* • 

- 1 )M\ 

(10 23) 

M 2 

kM\ - 

2kM\ - 

(k - 1) 

V , 

r* 

{k + 1)A/J 

2 + (A- - l).l/] 

s Pi 

Pi 


(10-24) 

T, 

[2k M] - (A- - 

D) (2 +(A* 

- DA/?] 

(10-25) 

T, 

(k 

+1) *.»/? 


2* ,M . 

k + 1 

k - 1 

- A- +1 ° r 

P> = 2 * 

Pi k + : 

l '* k + 1 

(10-26) 


p, 1 + kM\ 

Vx 1 + kM\ 



(10-27) 


poi Pi f M\{k - 
Pox PX L3/?(A* - 

- 1) + 2l‘ /< * _1 ’ 

- 1) + 2j 

(10-28) 


From Eq. (10*22) it is apparent that supersonic velocity of a stream 
approaching a normal shock will always be reduced to a subsonic value 
after passing through the shock, and the larger Vi the smaller W Nor¬ 
mal shocks then become more intense with increase of V\ or M\. Also, 
as V\ decreases and approaches C er from above, V t also approaches it 
from below. The decrease in total or stagnation pressure through a 
shock may be calculated from Eq. (10*28). Supersonic velocity cannot 
be found from the dynamic pressure reading of a pitot tube in the ordi¬ 
nary way, since the nose of the tube, necessarily blunt, causes a normal 
shock wave somewhat upstream from its location, and on the downstream 
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Pi 


Fig. 10-6. 
flow. 



. f fhp shock between the wave and the nose of the tube, the velocity 
Slde ,hsonic and this produces the reading in the pitot tube (Fig. 10-6). 
J?. 8 . limits the determination of nozzle efficiency by the method of 
? hlS -t-tube survey and automatic computation described in Sec. 4-8 to 

discharge velocities less than sonic and 
values of M less than 1 Even for 
values of U no higher than 0.9 the 
impact tube must be very carefully 
made and used and is preferably cali¬ 
brated in a flow stream of known veloc¬ 
ity (4:10]. Given properly taken im¬ 
pact-tube readings, the true supersonic 

velocity of the stream may be calcu- . 

Tied bv the use of some of the preceding shock relations, but the simple 
““hod using the difference of total heads from the readings of two 

impact tubes does not apply. 

10-6. Oblique Shock Waves 

These resemble Mach waves in general, except that they occur in 
compression only and like them can be caused by changes in the direction 
of the channel wall or by the introduction of a wedge-shaped object 
aligned in the direction of flow. The difference between Mach waves 


Impact tube in supersonic 


■% 


Initial r 
direction 


Fin * Fin * C cr 



mm/mm, 

Fig. 10-7. Compression shock wave. 


and shock waves is a matter of the greater intensity produced by the 
greater deflection angle of the wall. For the Mach line, the disturbance 
is vanishingly small and the flow condition is isentropic, while with the 
shock, the disturbance is intense, entropy increases, total pressure 
decreases, and the process, while adiabatic, is irreversible. 

In shock, the normal component of the velocity is not constant across 
the shock line but is reduced to a subsonic value as explained for normal 
shock in connection with Eq. (10-22). In Fig. 10-7 the supersonic 
velocity of the fluid approaching the shock is resolved into normal and 
tangential components and V,; the leaving velocity is likewise 
resolved into V 2n and V,. The tangential components are equal, since 
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there is no variation in pressure parallel to the shock line. The normal 
component decreases, however, as shown by Eq. (10-24), from which 
1 2 n may be determined. The resultant of V 2n and V, is the desired 
V 2 , and it is parallel to the downstream wall direction. The value of V 2 
may also be obtained directly from the general relation 

VxV 2 = c; r - V} (10 29 ) 

from which Eq. (10-22) for the normal shock wave may be obtained by 
substituting V, = 0. The angle made by the shock wave with the 
upstream wall direction (no longer the Mach angle) may be obtained 
from the following equation |10:5], 


tan (a — AO) = A 


1 + ~~ 2 ~ sin 2 a 
{k H- 1 )M] sin 2a 


(10-30) 


where AO = angle of wall deflection 

a = shock angle made by shock wave with upstream wall 
Equations can be derived for the ratio p,/p, and for jl/« after shock; from 


/ 



Fig. 10-8. Shock wave with SO < maxi¬ 
mum limit. 



Flo. 10-9. Shock wave with SO > maxi¬ 
mum limit. 


these equations and curves plotted from them (not included here) the 
following facts may be summarized: 

1. For a given Mi, the shock angle a is a minimum for AO = 0, where 
it is equivalent to the Mach angle. As AO increases above zero, the value 
of a increases (the rate of increase being most rapid at the smaller values 
of M i) and the Mach wave becomes a shock, which is more intense the 
greater the value of A0. It is therefore appropriate to measure the 
strength of a shock or wave by the angle of deflection producing it. 

2. For any given AO the range of possible upstream Mach numbers M\ 
extends down to a minimum, and for values of M\ only slightly above this 
minimum, M 2 is subsonic, varying from 0.92 to 0.99. 
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o As M\ increases above the minimum for the given A 6, there is less 
sharp decrease of M in passing through the shock A/ s remains above 
unitv and the flow remains supersonic throughout (rig. lv-a). 

4. If Mi is less than the minimum for the given AO, the shock wave is 
detached from the leading edge of the wedge (or vertex of the wall ang e), 
forming a standing wave upstream from it (Fig. 10 9), and there sub¬ 
sonic flow between the standing wave and the beginning of the inclined 


5. The downstream Mach number is always subsonic behind a normal 
shock, but behind an oblique shock it is subsonic only if M\ is very near 
its minimum value for the given A6. 


10-6. Shocks in Steam-turbine Flow Passages 

The occurrence of shocks at various locations in the steam flowing 
through a turbine has been mentioned. They may appear wherever the 
relative flow velocity is supersonic (M > 1) and of course are most likely 
to show up where M is highest. Since the maximum flow velocity will 
be found in impulse-turbine nozzles, rather than in impulse blading, 
shocks will occur there if anywhere. In reaction turbines, velocities are 
lower and are nearly always subsonic, unless velocity distribution is very 
bad. 

In a straight nozzle of conventional form with suitable rounding from 
throat into divergent flare, shocks will not necessarily appear even with 
supersonic velocities, if the nozzle is operated at the pressure ratio proper 
for the nozzle-area ratio. In a curved nozzle, however, an oblique shock 
may appear even when operation is at the correct pressure ratio. It is 
therefore desirable to provide the necessary curvature of the channel in 
that portion of the nozzle upstream from the throat, where the velocity is 
subsonic, so that the expanding portion to the exit, in which the flow is 
supersonic, will be straight. Care must also be taken that the local 
velocity along the convex wall of the passage upstream from the throat, 
which may considerably exceed the average, does not become supersonic 
(Sec. 9-12), or a shock may occur there, with undesirable velocity reduc¬ 
tion, pressure rise, and possibly flow separation. 



CHAPTER 11 

VIBRATIONS 

Vibrations may occur in any body or machine which periodically goes 
through a cycle of motions. In the steam turbine, where the cyclic 
motion is all rotation, one cause of vibration is the fact that the geometric 
axis of rotation seldom coincides with a principal axis of inertia of the 
rotating part, resulting in static or dynamic unbalance or both. Vibra¬ 
tions caused by this lack of concentricity are transmitted to the bearings, 
through them to the base of the machine and thence to the foundations 
or other supporting structure, where they are generally objectionable. 
They produce heavier loading on parts and repeated st resses all along the 
line, and every effort is made to remove or greatly reduce them, by 
balancing. 

Another undesirable type of vibration, less apparent because its effects 
are produced inside the machine, is the elastic vibration of its parts, such 
as wheel discs or blades, excited by the application of periodic forces. 
If the natural period of vibration of the part equals the frequency of 
application of the force, or is a multiple of it, even though the force is 
small the amplitude may build up sufficiently in a relatively short time 
to produce failure due to repeated stress. Such conditions are mini¬ 
mized by reducing the exciting force as much as possible, by absorbing 
the energy involved in the vibration by suitable damping or by making 
the parts of such a stiffness that their natural period is remote from the 
frequency of the exciting force. 

Experience has shown that vibration is the cause of a large proportion 
of the failures of turbine parts that do occur, rather than stress due to 
steady load. Blades, discs, and shafts show fractures entirely charac¬ 
teristic of failure by repeated stress, with none of the marks of failure by 
steady load, such as reduction of area. 

The subjects of balancing and vibration are large ones, and no attempt 
is made here to give other than a descriptive treatment. There are many 
texts dealing with fundamentals, and reference is made in the following 
pages to many technical papers dealing with the special problems arising 
in turbine practice. 

11-1. Balancing of Rotating Parts 

Balancing of rotating parts is almost always required, because perfect 
rotors cannot be manufactured, due to geometrical errors and the lack 
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Of perfect homogeneity of materials. Parts may also change their 

dimensions under operating conditions. 

Rotors for steam turbines are of various proportions, from one oxtraim , 
comprising a flat disc mounted on a flexible shaft (1'igs. 1-7 and 2'D . 
to the other, consisting of a fairly stiff and rigid drum of considerable 

axial dimension (Figs. 1-25 and 1-40). . 

An unbalanced flat disc (Fig. Ill) has its center of gravity located a 
distance e from the geometric axis; this distance, considered with the disc 
mass il/, is termed the unbalance. The extremity // of the radius 
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Fio. 11-5. 

a single disc on a flexible shaft. 


through the center of gravity is called the heavy side and the opposite 
end L the light side. If the shaft is rotated at low speed, it will he 
deflected an amount r in the direction OH by the eccentricity of the disc 
mass (Fig. 11*2), the center of gravity whirling at the radius r + e from 
the axis of rotation. This distance is determined by the equilibrium 
state between the force required to deflect the shaft and the centrifugal 
force of the whirling mass. If a pencil is touched to the edge of the disc, 
it will mark it at a point we will call T which coincides, at low speed, with 
H. the heavy side. 

At higher speeds (Fig. 11*3), the deflection r will increase and the 
heavy side H will lag behind T by an angle of lag = [11:1]. At the 
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critical speed, the deflection will be a maximum and the angle of lag will 
be close to 90 deg (Fig. 11 -4). At higher speeds (Fig. 11 -5), the deflection 
decreases and the lag increases, approaching 180 deg. In the resonance 
curve of Fig. 116 are plotted the values of the ralio 

r _ shaft deflection 

e eccentricity of disc mass 

as ordinates and the ratio 

jo _ angular velocity 

a ) tr critical angular velocity 

as abscissas. The value of r/e, zero at very low speeds, increases, with a 
sudden rise to its maximum at the critical speed. With further increase 



in speed, there is a rapid decrease of r/e, approaching unity at high speeds; 
here r = e and the disc is rotating about its center of gravity. 

If a disc is to be balanced and the location of its center of gravity is not 
known, it may be mounted on a shaft, rotated, and the point T marked; 
the location of // is not definitely indicated however, because the angle 
of lag is not known. At very low speeds // is close to T (<p is near zero), 
but at such low speeds the deflection is small and the exact location of T 
is not easy to determine. At very high speeds, H is nearly opposite T 
and its location is less affected by small variations in velocity or damping. 
It is not always practicable to run the rotor at speeds greatly above the 
critical, however. 

In practice, a thin disc, like a bladed turbine wheel, is balanced by 
mounting it on a shaft and supporting the shaft on horizontal straight 
edges. The disc will roll until H is down and is brought into standing 
balance by trial, by adding weight to the light side or taking it away from 
the heavy side, until the disc will stand in any position. Weight is 
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added by inserting balance plugs into threaded holes provided in the 
design or by adding weld metal; it is removed by drilling holes or chipping 
away metal. This method of balancing is less accurate than by rotation 
at speed. However, the individual wheel discs of a turbine are all 
balanced before assembly into the complete rotor. 

The balancing of a rigid rotor with axially distributed weight, like an 
impulse-turbine shaft or a reaction turbine rotor, is more involved than 
the balancing of a thin disc. In Fig. 11-7, a cylindrical rotor is shown 
which is assumed to have had its center of gravity brought into the 
geometric axis by rolling on straight edges. This, however, would not 
correct or even detect unbalances on opposite sides of the rotor in dif¬ 
ferent planes, as indicated in Fig. 11-7. Such a rotor will exert large 
forces on its bearings, in the form of a rotating couple. To correct it 
and bring it into dynamic or running balance, weights must be added in 


Balance planes . 



two different balance planes, provision for adding such weights being a 
part of the rotor design. 

If the unbalance masses Mi and M 2 of Fig. 11-7 were known, with their 
respective distances from the nearest balance planes, it is apparent that 
complete balance could be obtained by first balancing M i by means of 
two properly determined weights m x and m 2 placed in the balance planes 
1 and 2, 180 deg from M i, and then repeating the operation for M if using 
two other balance weights. The two weights in each balance plane 
could then be combined into one. The method could also be used even 
if Mi and M 2 were not 180 deg apart, and it is therefore unnecessary to 
first bring the cylindrical rotor into standing balance. However, Mi 
and M 2 are not known, and the problem is to determine the unbalances 
due to them as well as the amounts and locations of the balance weights 
necessary to correct those unbalances. 

The rotor is supported in its bearings, which are mounted so that it 
may move freely in either transverse horizontal direction; in the shop, a 
special balancing machine is generally used. With the rotor running at 
known speed, the point T is marked at each end and its angle noted in 
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relation to a selected reference line. Also the horizontal oscillation of 
each end of the shaft is noted. This is done for the original condition; 
it is repeated after a trial weight m, is placed at a noted angle in plane 1 
and again after a trial weight m 2 is placed in plane 2. The measurements 
from the original and the two trial runs, with the locations of the balance 
planes relative to the bearings, furnish all the information necessary to 
find the amount and location of the final balance weights, solutions of 
simultaneous equations being involved [11:2]. 

Another method often used is to lock No. 2 bearing so as to prevent its 
lateral oscillation and then to measure the oscillation of bearing No. 1. 
Correction is now made at balance plane 1, until this oscillation is brought 
to zero. The operation is repeated but with bearing No. 1 locked. Usu¬ 
ally several successive trials must be made before both oscillations are 
reduced sufficiently, although it is possible to figure out the correct weight 
and its location after each trial (11:2). 

The cylindrical rotor discussed above was assumed to be rigid, whereas 
many long rotors have more or less flexibility, such as the rotating field 
of a turbine generator or some impulse-turbine rotors. Let us consider a 
straight somewhat flexible shaft mounted in bearings a distance L apart 
as representing such a rotor. If perfect (no eccentricity or unbalance), 
the shaft will remain straight up to a first critical speed, at which it will 
bow out into an elastic curve like that assumed by a vibrating bar of 
constant cross section. If this critical speed is passed through so rapidly 
that the deflection does not increase to the point of rupture or if the 
deflection is restrained by stops, at some higher speed a second critical 
speed will be found; here there will be a node midway between the bear¬ 
ings, the shaft taking a sinusoidal or S form [11:3]. 

If, instead of being perfect, the shaft has an unbalance, caused, say, 
by an eccentric mass M at mid-length, then the shaft will bow out even 
at low speeds and the deflection will rapidly increase. Such unbalance 
may be corrected and the early deflection prevented by weights placed at 
the balance planes 180 deg from the unbalance. When the critical 
speed is reached, however, the balance weights are inadequate, because 
the deflection greatly increases the original unbalance and decreases the 
radius arm of the corrective weights. If the balance weights are increased 
to an amount sufficient to counterbalance the vibration due to running in 
the deflected condition, they will be too large for lower speeds. Also, 
neither small nor large balance weights would be needed for a fair balance 
at the second critical speed, since the original unbalance mass is now at a 
node, where it produces no vibration. The above conditions are illus¬ 
trated in Fig. 11-8 [11:11. 

Away from the critical speeds, conditions are even more complicated. 
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u , vi u be evident that a flexible rotor may be balanced for one speed but 
will not then be properly balanced for any other speed, except well 
below the first critical speed. Careful construction which will maintain 
negligible eccentricity of the mass in each imaginary elemental disc going 
to make up the complete rotor is essential. 

The rotor of an impulse turbine consists of a shaft that is somew hat. 
flexible on which is mounted a disc or, in a multistage turbine, a number 
of discs These discs contribute to the rotating mass but not greatly 
to its stiffness, except for the effect of shrinking on the wheel hubs. 
Without the shrunk hubs, the added mass of the wheels would decrease 
the critical speed of the loaded shaft, but the stiffening effect may partly 
or completely counteract this decrease. The exact amount of stiffening 



Fio. 11*8. Balancing of a flexible rotor. 


can be found only by experiment. It is often necessary to operate 
turbines with such rotors above the first critical speed, and the operating 
speed must then be well above this speed and yet not near the second 
critical speed. In starting and stopping, the rotor must be carried 
through the critical region so rapidly that there is insufficient time for 
the amplitude to build up to a dangerous degree. Turbines which 
operate at speeds below the first critical shaft speed are called stiff-shaft 
machines; those that operate above it are termed flexible-shaft machines. 
Calculation of the critical speed for a shaft that is stepped in diameter, 
having varying wheel masses at irregular spacings, is a long and tedious 
operation, involving determination of the static deflection by the method 
of curves of shearing forces, bending moments, slopes and deflections, 
and then the finding of the critical speed by the principle of equating 
maximum strain energy to maximum kinetic energy. The reverse opera¬ 
tion, determination of the diameter of such a shaft to have a specified 
critical speed, can only be done empirically and checked by calculation, 



316 


STEAM TURBINES 


with, of course, the final check by determination of the actual critical 
speed in the completed machine. 

Completed turbine rotors are usually balanced in the factory on a 
balancing machine, at reduced speed for large turbines. After first 
assembly on the test floor, the turbine is operated at full speed (but at 
light load with large turbines on account of limitations on steam supply) 
and rotor balance is checked and improved if desired. After the turbine 
has been taken down and reassembled on its destined foundation, vibra¬ 
tions may appear in the foundation and its surroundings when operation 
is started (11:4) and field balancing is necessary to correct the unbalance 
in the rotor. If the foundation is of concrete and is massive, the effect 
is a minimum. If the foundation is light and especially if it is a steel 
structure of considerable height and is relatively flexible, vibrations are 
easily transmitted through the rotor tarings to the foundation, usually 
producing a very complicated pattern of disturbance. Various portions 
of the structure have their own natural frequencies, and it is common 
for one or more of these to be excited by rotor unbalance, causing objec¬ 
tionable vibrations in certain portions of the structure. These may be 
reduced or eliminated by increasing (or sometimes reducing) stiffness of 
members or by adding mass at one or more points; sometimes removal of 
vibration at one point is followed by its appearance at another. Even 
though perfectly balanced after several hours of running at a steady load, 
a rotor may vibrate at starting or when there is a considerable change of 
load, due to a temporary distortion of the shaft, and thus cause founda¬ 
tion vibrations. Heavy concrete foundations, while a remedy for many 
vibration troubles, are often undesirable !>ecause of the necessity for 
using all possible space beneath and around the steam turbine for the 
installation of auxiliaries. 

11-2. Axial Vibration of Impulse Wheels 

The great demand for electric power during the First World War led 
to a rapid increase in the output and physical size of turbines and genera¬ 
tors, with undue shortening of the time intervals in the usual step-by-step 
development which affords opportunity for the appraisal of the value of 
each step before another is taken. The physical limits of size were 
nearly reached, long before corresponding thermal improvement, and 
this last is still going on. A number of wheels broke while in service; 
others developed rubs or, when examined, showed cracks which indicated 
that failure might soon occur. The trouble was mostly due to axial 
vibration of the wheels, and details of the investigation and the remedies 
applied are fully described in a paper by Wilfred Campbell, of the General 
Electric Company [11:5]. 
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A turbine disc is an elastic body and may be set in v.braliom If it » 
held firmly at its center as it would be when mounted on a short, stiff 
shaft and if a periodic exciting force is applied transversely to the disc at 
a point on its rim, as by a small motor-driven oscillator or an a-c electro¬ 
magnet the wheel will be set to vibrating. By varying the frequency 
„ f excitation, values will be found at which distinct systems of nodes and 
loops will appear in the disc, always with an even number of nodes as 
four six eight, etc. Patterns can be developed, as shown in Mg. 11 a, 
bv mounting the wheel in a horizontal plane, covering the whole disc 
with paper and scattering sand on it; the sand will accumulate along the 
nodes which have no vertical motion. Each pattern will appear only at 
a definite frequency; the higher the frequency the greater the numbei of 



(a) 4-nod. (b) 6- node (c) 8 - node 

Fio. 11*9. Modes of vibration of u wheel. (Campbell.) 


nodes but the more energy required to maintain the vibration. These 
characteristic frequencies depend on the wheel, its dimensions, elastic 
properties, and mass distribution. The blades act as part of the disc, 
vibrating with it. In Figure 11-9 two different blade lengths are indi¬ 
cated, and only in the four-node type does the vibration extend below the 
root circle of the long blades. It appears that ten- and twelve-node 
vibration would not extend below the roots of even short blades. 

When a wheel is vibrating thus, there is said to be a standing vibration , 
or a standing wave train, in it; a point in the rim at a node is at rest, but 
between nodes a point moves transversely with its characteristic fre¬ 
quency and with an amplitude depending on its distance from a node. 
Figure 11 TO shows the developed edge of the wheel with this type of 
vibration, four conditions or phases of the motion being shown by I, II. 
Ill, and IV. In phases II and IV the disc is flat but not at rest. It can 
be shown that such a standing vibration can be produced by two wave 
trains, moving oppositely with the same amplitude, the speed of each 
traveling wave train being equal to the number of complete vibrations 
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per second of the corresponding standing wave multiplied by the length 
of a complete wave. 

Now assume that the transverse periodic exciting force is replaced by a 
steady force producing a small transverse displacement, such as a jet of 
steam blowing against the side of the rim or the steady pull from a d-c 
electromagnet, and let the wheel be revolved. The deflection of the 
rim will produce a wave in it, stationary with respect to the apparatus 
frame but traveling backward relative to the wheel. In such a traveling 
wave, each point on the rim will in turn receive a deflection of amplitude 



Fio. 11-10. Four-node standing wave. (Campbell.) 


depending on the deflecting force and of frequency depending on the 
speed of rotation; four positions of such a traveling wave are shown in 
Fig. 1111. If the speed of the wheel is increased until the frequency 
equals that characteristic of the four-node vibration of the wheel, reso¬ 
nance will occur at the critical speed for four-node vibration. Since the 
standing wave is the resultant of two oppositely moving traveling waves 
in the wheel, we may say that the wave traveling backward in the wheel 
is carried forward at exactly wheel speed, so that it appears as the standing 
wave; the forward-traveling wave is moving at approximately twice 
wheel speed. In the standing wave, points on the rim are moving over 


/ n m jz 



Fio. 11-11. Four-node traveling wave. (Campbell.) 


and back twice each revolution with a vibration amplitude which, on 
account of the state of resonance, tends to build up indefinitely unless 
damped. If the speed of rotation is further increased, until the frequency 
of transverse motion of a point on the rim is that characteristic of six- 
node vibration, this will occur and there will again be resonance, with 
three complete cycles of vibration per revolution for each point on the 
rim, at the critical speed for six-node vibration. Increasing the speed 
further will result in eight, ten, twelve, etc., nodes, with four, five, six, 
etc., complete cycles of vibration per revolution. Owing to the stiffening 
of the wheel produced by centrifugal force, the frequency of rim vibration 
with a given number of nodes increases somewhat with the speed of 
rotation and the characteristic frequency determined by standing tests 
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with a vibration exciter must therefore be multiplied by a factor greater 
than unity in determining the critical running speeds which will produce 
each mode of vibration. Campbell gives the following equation for the 
running frequency: 

Sr - v7? + BN\ (H D 

where /, = standing frequency 

N, = revolutions per second 

B = speed coefficient, usually from 2 to 3, and never as small as 1; 
it is determined by tests 

If a wheel is run at resonant speed for even a fairly limited time, cracks 
may appear in the wheel or the blades or actual breakages. In the wheel 
disc breakages generally pass through one or more of the steam balance 
holes provided in the disc; these holes, necessary for preventing axial 
thrust on the disc by accumulation of steam pressure on the upstream 
side (Sec. C* 10), decrease the strength of the disc but are not the cause of 
the breakages, because some discs have broken through solid metal 

[11:7]. 

In practice, all the wheels of a turbine are designed to be stiff enough 
to have their characteristic frequencies and critical speeds for the various 
modes, well above the operating speed, except for the last one or two 
wheels. After completion, each wheel is given a standing vibration test 
to determine its actual characteristic frequency. From Eq. (Il l) it 
can be found how much this will be raised by centrifugal force at oper¬ 
ating speed. Tuning may be used to modify the frequency to a moderate 
extent, if this is necessary. If satisfactory so far, the wheel is then 
subjected to a running vibration test in a wheel-testing machine, where 
speed and frequency can be varied under controlled conditions and the 
proximity of the critical wheel speeds to the operating speed actually 
determined. 

The last one or two wheels in a large condensing turbine, having long 
blades which add to mass but little to stiffness, are likely to have nor¬ 
mally such low critical speeds that it may be impracticable to raise them 
above operating speed; their frequencies should be reduced well below 
the latter in the original design, with final adjustments made by tuning 
if necessary. Such turbines are never run at the critical speeds of these 
wheels and are carried through them as rapidly as possible in starting 
and stopping. 

A fairly simple combined analytical and graphical method of estimating 
the vibration frequency of a turbine wheel is given by A. M. G. Moody 
(11:6) but appears applicable mainly to the wheels with shorter blades. 
The properties of long low-pressure blades have such a large effect on 
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disc vibrations that the only safe method of design seems to be based on 
the analysis of successful wheels, coupled with actual test of a new design 
when it is completed. 

Tuning for the purpose of raising frequency may be accomplished by 
lightening the blades by removing some of the metal from their convex 
backs. For lowering the frequency, the disc may be made less rigid 
by turning off metal from its sides and some selectivity is possible. 
Removal of metal from the outer web, near the rim, affects mainly the 
six- and eight-node frequencies; removal from the inner web affects 
mainly the four-node frequency. These operations really should be 
called “detuning,” since they are intended to move the resonant speed 
away from the operating speed. 

The foregoing discussion has assumed constant turbine speed. Opera¬ 
tional variation in speed must be allowed for, and it has also been found 
that the resonance is not sharp but may be excited at speeds as much as 
2 per cent above or below the exact critical speed. The General Electric 
Company endeavors to have the critical speeds away from the operating 
speeds by not less than 15 per cent for four nodes and 10 per cent for six 
and eight nodes. Higher node speeds also must not approach the 
operating region. 

Variable speed turbines, such as those used on ships or locomotives, 
with direct connection to the load by means of gearing, present a more 
difficult problem. If there are any critical speeds below the maximum 
operating speed, they must be avoided for running speeds and must be 
passed through quickly in accelerating or reducing speed. It is obvi¬ 
ously safer to design all the wheels of such a turbine to have critical 
speeds well above the maximum operating speeds, and since these tur¬ 
bines do not approach the maximum limiting size, it is generally possible 
so to design them. 

11-3. Axial Vibration of Blades 

As the blades on a turbine rotor pass through a revolution, they are 
subjected to variations of flow due to the wakes of the stationary blades 
or nozzle partitions and to the lack of symmetry of neighboring exhaust 
or extraction passages. The impulses resulting from passing through 
the wakes are usually of such high frequency that they are resonant only 
with modes of blade vibration containing many nodal points, and the 
resulting energy transfer is small. The disturbance due to unsymmetrical 
exhaust hoods, with numerous transverse struts, will be of a much lower 
frequency, and low as well as high harmonics may be excited. 

If a row of fairly long blades were mounted on a heavy rigid wheel, 
with rigid connections at the bases, the only axial vibration that could be 
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present would be blade axial vibration, and there could be no wave 
motion, since no energy could be transmitted through such a stiff base 
from one blade to another. Frequencies of blade axial vibration would 
then depend on the blade dimensions and material and the mode of 
vibration. Several modes are illustrated in Fig. 1112; the actual mode 
occurring in a given case would depend on where and how the periodic 
deflecting force was applied. 

If, however, the blades are mounted on the rim of a wheel having 
elasticity, the wheel and blades will vibrate axially, as described in the 
preceding section, with definite nodal patterns at different frequencies. 
It will be noted that these nodal patterns, shown in Fig. 11-9, extend less 
and less deeply into the disc as the nodal 
number increases, and tests show that 
the frequencies become more closely 
grouped together at the higher nodal 
numl>ers. If the blades are long, the 
pattern may extend scarcely l>elow the 
blade bases, indicating that, for these 
higher nodal numbers, the axial vibrat ion 
is taking place mostly in the blades. 

Such vibrations must then be taking 
place at blade axial vibration frequencies, 
which can be considered the upper limit 
of wheel axial vibration. In reaction blades, set into a heavy rotor, it 
is apparent that blade vibrations do not extend into the rotor. 

Shrouding has a definite effect on both axial and tangential vibration. 
A shroud section extends over a group of from two to five blades, main¬ 
taining the distances between the tips; it is riveted or welded to the 
blades. In axial vibration, the whole group may vibrate in the same 
phase, the end blades of a group may swing in opposite phase, with the 
shroud section oscillating axially about its central point, or the two 
forms of vibration may be superimposed. Sometimes the shroud sec¬ 
tions interlock so that the swinging vibration cannot occur. Lashing 
wires, connecting adjacent blades between their bases and tips, have a 
stiffening effect similar to shrouding. 

The foregoing assumes that the blade sections are symmetrical with 
respect to the plane of rotation, with the principal axes of inertia normal 
and parallel to this plane, a condition favorable for independence of 
tangential and axial vibrations. Many forms of impulse blades approxi¬ 
mate this condition. Reaction blades, however, are decidedly unsym- 
metrical, and the principal axes of a section, one of which is approxi¬ 
mately parallel to the chord, lie at considerable angles with the plane of 
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rotation. Vibrations of such blades are complicated, but as a rough 
approximation may still be considered resolvable into axial and tangential 
vibrations. There is no nodal wheel vibration to cause blade axial 
vibration, since reaction blades are not mounted on wheels. Owing to 
the difference of pressure on the two sides of the thin exit edge of the 
blade, there may be severe twisting vibrations, particularly if there is 
no shroud. 

As regards vibration frequency, the blading of a reaction turbine may 
be divided into three large groups. The first is the control stage, with 
one or two rows of impulse blades on a wheel, in which the blades have a 
natural frequency of 25 to GO times running speed, or 1,500 to 3,GOO cycles 
per second. The second group includes the intermediate reaction blades, 
with frequencies of 8 to 20 times running speed, or 480 to 1,200 cycles 
per second. The exhaust blades constitute the third group, with lowest 
frequencies. 

11-4. Tangential Vibration of Blades 

These may occur in a standing wheel or with a blade or group clamped 
in a vise (Fig. 11*13), excited by a mechanical vibrator or an a-c electro¬ 
magnet (11:8). In a running turbine, small irregularities in the steam 
force on the blade, periodically repeated, may be sufficient to initiate 
vibration. In either case, if the frequency of the periodic force 
approaches the natural frequency of the tangential vibration of the 
blade, or a multiple of it, resonance will occur and the vibration amplitude 
may assume dangerous proportions and cause destructive repeated 
stresses. Single blades clamped in a vise may be made to vibrate in a 
number of modes (Fig. 11*12). The frequencies of these modes vary, 
the first with a free end and no node being the lowest. According to 
the blade dimensions and wheel speed, resonance might occur when 1, 2, 
3, 4, etc., tangential vibrations of the blade take place per revolution of the 
wheel. Blade tangential frequencies are affected by the fit of the base in 
the wheel groove, by the shroud and lacing, and by the speed, centrifugal 
force stiffening the blade considerably and raising its frequency. Com¬ 
parisons of the results of blade-vibration tests on wheels running in the 
testing machine, with standing tests of the same blades, give data from 
which the running frequencies of the blade tangential vibrations can be 
estimated from standing tests. The frequency of a finished blade can 
be adjusted somewhat by tuning, as previously described. To raise the 
frequency, the stiffness may be increased by stiffer shrouding, by more 
rigid welding at the shrouding, or by lacing, or the mass may be decreased 
by removing blade material near the tips. To lower the frequency, 
stiffness must be reduced at the shroud or by removing metal near the base. 
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A hazardous condition arises when the blade tangential frequency is 
2 per wheel revolution. Assume there is rotor unbalance; each turbine 
blade then receives a cycle of vibratory impulses once each revolution, 
transmitted to it from the rotor through the root fastening. If a long 
low-pressure blade has a natural frequency of 2 cycles per revolution 
then the unbalance impulses reinforce the natural vibratory motion and 
there is primary resonance. The General Electric Company attempts 
to design and tune blading so that the 2, 3, and 4 vibrations per revolu- 



Fio. 11*13. Test stand for harmonic vibration of blades. (Allia-Chalmcrs Manufacturing 
Company.) 

tion condition will be at least 15, 10, and 5 per cent, respectively, away 
from the operating speed [11.7). Amplitudes for higher frequencies are 
so small that they give little trouble. 

The number of stress cycles experienced per day of running by a turbine 
blade is so enormous (15 million or more) that it apparently should fail 
in a day or two if it is going to fail due to repeated stress. However, 
actual failures sometimes come only after weeks, months, or even years of 
running. This suggests that the conditions causing the extreme ampli¬ 
tude and hence the excessive stress may occur only occasionally, say. 
when the turbine is passing through some critical speed on being started 
or stopped or on some particular load condition; it might then take years 
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to accumulate enough cycles of excessive stress to cause failure. Or 
maximum amplitude might occur only once per revolution, and the 
number of repetitions of this peak amplitude would determine the length 
of life before failure. 

11-6, Vibrations of High-pressure Impulse Blades with Partial Admission 

In the preceding sections dealing with vibration, full admission of 
steam around the periphery has been assumed. While variations of the 
steam velocity over the breadth of each nozzle may initiate axial or 
tangential vibrations, the magnitude of the variation of the periodic force 
is small. By careful design and construction and use of material of suit¬ 
able damping capacity, blades can be made to withstand the stresses due 
to the maximum amplitudes arising from this cause. The condition of 
resonance, avoidable by tuning the blade, may be called the nozzle-wake 
resonance of the blading. 

For high-pressure turbines now in use, steam at 1,000 to 1,500 psia or 
more is often supplied over only a portion of the periphery of the first 
wheel. Each of the several groups of nozzles is supplied with steam 
through its individual valve, and the governor opens these valves con¬ 
secutively as the load on the unit increases and closes them in reverse 
order as the load diminishes. At full load there may or may not be full 
admission, depending on whether the turbine is of large or only moderate 
capacity (Sec. 8-3), but at part load, many nozzles arc closed and there is 
bound to be admission over a small arc only. The pressure in the first 
stage is then low; hence the nozzle exit velocity is high. The blades will 
therefore be running in and out of the high velocity and fairly dense 
steam discharged from the nozzles over the active arc, 00 times a sec¬ 
ond for a 3,600-rpm machine if all the nozzle groups extend in a single 
unbroken arc or 120 times a second if the active groups are separated into 
two portions. Since the steam force exerted on such a high-pressure 
blade may be of the order of 350 lb, the blade is subjected to the sudden 
application and removal of a large load, repeated with high frequency. 
These conditions favor the excitation of vibrations. 

Figure 11-14 [11:9, 11:10, and 11:11] represents the development of a 
portion of a blade ring, with a group of nozzles discharging steam into 
the blading; the resulting steam force on each blade rises from zero to a 
maximum in period I, is constant during period II, and falls to zero in 
period III. In Fig. 1115 the blade-load diagram is replaced by a simple 
rectangle, representing sudden application and removal of the steam 
force. In Fig. 11-16 the vibration of a blade at the left has been carried 
over from the previous revolution, with some decrement due to damping, 
and the deflection due to the suddenly applied force is assumed to be in 
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Fio. 11*14. General diagram of intermittent steam load. {Kroon.) 




Fig. 11*16. Vibration amplification due to passing through steam jets. (KroonA 
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phase with the carried-over vibration, resulting in a large increase in 
amplitude. Vibration will continue over the nozzle arc, except for 
decrement due to damping. When the blade passes out of the steam 
jet, the load will be removed suddenly, and if the consequent reduction of 
deflection is in phase with the blade vibration, there will be another 
increase in vibration amplitude. In the absence of sufficient damping, 
amplitude will build up in successive rotations until excessive stresses 
result, and the blade will be in danger of failure. This might well be 
called nozzle group resonance of the blading. 

It has been shown by Kroon (11:9) that the total amplitude of vibra¬ 
tion of a blade running in and out of a jet, with instantaneous loading at 
entrance and unloading at exit, can be expressed approximately by 

Total amplitude = y„( 1 + 

\ no 

where y, t = static deflection of blade under steam force F 

n = cycles of blade vibrations per revolution of wheel 
5 = logarithmic decrement 

In an illustration given by Kroon, where n = 30 and 6 = 0.01, the total 
amplitude = 7.67 y t ,\ 7.67 is here the magnification of the static stress 
that is caused by the oscillation. He also shows that, with gradual load¬ 
ing and unloading, each extending over one, two, or more whole natural 
periods of blade vibration, there will be no magnification due to oscilla¬ 
tion and the only effect of the load will be to shift the oscillatory motion 
an amount equal to the static deflection under the steam force. 

The logarithmic decrement is a measure of the force which resists vibra¬ 
tory motion. With damping, the amplitude of successive vibrations 
decreases and the ratio between two successive amplitudes can be shown 
to be c*. where 6 is the logarithmic decrement. When amplitudes of 
vibration decrease rapidly, i.e., become small with only a few vibrations, 
damping and 6 are large, and conversely. For turbine blades, materials 
with large damping capacity or large logarithmic decrement are desired, 
and there is a great difference in materials in this respect. Figure 11-17 
from Kroon (11:9) shows how 12 per cent chrome steel compares with 
15 per cent chrome-35 per cent nickel steel and 18 per cent chrome-8 per 
cent nickel steel, when subject to various maximum stresses. Figures 
11*18 and 11*19 show how damping of this steel varies with frequency and 
with temperature. For a given steel, it varies with heat-treatment; it is 
also reduced by long operation under vibrating conditions. Usually no 
correlation exists between blade strength and its ability to damp vibration. 

Vibration dampers have been developed, suitable for use in turbine 
blades. One type (11:12) consists of a capsule sealed in the outer end of 
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a blade; inside the capsule is a cylindrical metal roller (or a sphere) and a 
fluid of high viscosity. As the blade vibrates, the cylinder is thrown from 
side to side, which forces the liquid from side to side and absorbs energy. 
By proper choice of the roller and capsule dimensions, the combination 
can be tuned. 

With the introduction of high pressures for steam turbines, 1,000 to 
1 500 psia, breakage of first-stage blades operating under partial admis¬ 
sion became fairly common, and replacing these blades with heavier ones 
made no improvement. Vibration was suspected, but experimental 
verification was difficult, since experiments must be carried out on a full- 
size machine with the high steam pressures and temperatures actually in 
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use. The Westinghouse Electric Corporation, in cooperation with the 
Philadelphia Electric Company, constituted one group which undertook 
the investigation [11:13, 11:9, and 11:10]. A special 10,000-kw turbine 
(Fig. 11-20) was built, mounted on a hollow shaft, and had two rows of 
blades. The central shaft hole (Fig. 11-21) communicated with holes 
drilled radially outward through each wheel and extending on outward 
through the length of the blade to be investigated. A beam of light, 
projected axially into the hollow shaft, was reflected outward through the 
radial hole by a mirror, back again through the same radial hole by a 
mirror plug located at the blade tip to the mirror in the shaft bore, and 
out of it to a receiving screen or camera. The light beam was focused 
eccentrically on the screen so that, when the shaft rotated without blade 
deflection, the light spot described a circle. When the blade vibrated, 
the beam was deflected on each side of this circle, forming a wavy path, 
from which the amplitude and period of the blade vibration could be 
deduced. 
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Fio. 11-20. 


Kxporiuiontal turbine for investigating blade vibration. (Kroon.) 



Km;. 11*21. Experimental turbine: method of determining blade vibration. (Kroon.) 






VI BRA TIONB 


329 


This experimental turbine was installed in the power plant mentioned 
and supplied with steam at 1,250 psig and 900 F. It had a water brake 
and its own generator. Vibration, of the kind indicated generally by 
Fig. 11*16, was soon proved to exist, after which blade and wheel modifica¬ 
tions were tried until the correct forms, base attachment, and materials, 
to eliminate excessive vibration were developed. One interesting obser¬ 
vation was that, on entering the first jet, the blade was likely to be 
deflected backward, as if it were given a slap by the entering steam. 
Reducing the suddenness of application and removal of the load on the 



Fio. 11-22. Improved form of optical system for observing vibrations of steam turbine 
blades during ope ation. (Ouxna and Trumplcr.) 


blades by suitable changes in the end nozzles of the group proved an 
effective means of reducing maximum amplitudes. Attempts to move 
the natural frequency from the region of excitation frequency were not 
successful, because turbine speeds varied over a small range in normal 
operation, natural frequencies of the blades were also varied by tem¬ 
peratures and loads, and it was impracticable to avoid overlapping of 
these ranges. 

An improved method of studying the vibration of turbine blades during 
operation, described by H. W. Owens and W. E. Trumpler, Jr. (11:15], 
is shown in Fig. 11*22. 

11-6. Generator Vibrations 

Vibrations due to any unbalance aro of course just as serious in the 
generator rotor as in the turbine rotor; in addition the proportions of the 
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generator rotor are such that it has appreciable flexibility. With the 
general adoption of a speed of 3,fi00 rpm and a two-pole generator, a new 
difficulty to appear was 120-cycle vibration. It arose from two causes. 
One was due to the slots milled into the rotor to hold the rotor windings; 
these made the rotor more flexible about an axis parallel to the poles. 
When the poles are in the horizontal plane, the rotor deflection due to 
gravity is greater than when the poles are vertical, hence the rotor 
“jumps” twice each revolution. The remedy was to cross-slot the rotor, 
thereby making it equally flexible in the two planes at 90 deg. 

The second cause of 120-cycle vibration was the distortion of the stator 
by the rotating field; the field exerts a large force on the stator core, which 
makes the latter slightly elliptical in form. This elliptical distortion 
revolves at rotor speed, causing 120-cycle vibration through the gen¬ 
erator frame and from it to the foundation. The transmission of the 
vibration from the core to the frame was prevented by separating the 
two and supporting the core from the frame by links which permit motion 
of the core in a radial direction but none tangentially. 



CHAPTER 12 


STRUCTURAL ELEMENTS, MATERIALS, AND STRESSES 

A successful steam turbine is the result of the solution of many difficult 
problems and of the skillful coordination of a multitude of details in the 
fields of analysis, technical research, metallurgy, measurement, shop 
manufacturing methods, and testing. Turbine building has contributed 
greatly to the art of machine construction and in turn has benefited by 
the development of this art in other fields. Volumes could be written 
covering the details of design and construction, and the student wishing 
such information will find much of it published in the technical press. 
For lack of space, there will be included here only a few items selected 
from those which are peculiar to steam turbines. 

12-1. Effect of High Temperature 

The principal obstacle to the continued rise of the initial temperature 
of steam supplied to turbines is the effect of high temperatures on the 
properties of materials. J. R. Carlson, of the Westinghouse Corporation 
[12:1] has suggested that the “ages” of steam-turbine development are: 
that of cast iron prior to 1920, of cast steel from 1915 to 1932, and of 
alloy steel from 1928 to the present. With cast iron, the temperature 
limit was 450 to 500 F, above which cast iron grows in size and becomes 
useless on account of distortion and weakening. With carbon-steel 
castings, the maximum limit was raised to about 750 F, above which 
there is so much yielding or creep that parts made of it became useless 
after a relatively short time. With allov-steel castings and forgings, 
especially the latter, temperatures of 925 to 950 can be used safely and 
progress is being made in the direction of 1050 to 1150 F, with pressures 
up to 2,000 psig. 

Any metal maintained at a high temperature and subjected to a con¬ 
stant load, as by a weight hung on a bar, will yield or c reep, e ven though 
the load produces a stress much lower than the yield point as found by 
the ordinary rapid loading test. The amount of creep is relatively large 
at first but settles down to a lower and fairly steady rate with the passage 
of time (measured in thousands or ten thousands of hours) [12:2]. The 
rate varies with the load and of course is greatly different for different 
metals. Parts of a turbine subject to high temperature may, if the creep 
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rate of the material of which they are made is too large, increase in size 
to a point where they will no longer function and must be replaced. 
Such replacement may be entirely proper in certain services, as for gas 
turbines in airplanes, where limited life is accepted, but in steam turbines 
for power plants, a long life under fairly steady load is desired, and 100,000 
hr, equivalent to WY^ years of continuous operation, is mentioned as a 
goal; with actual intermittent operation, much of the time not at highest 
temperature, the life will be greatly lengthened. The parts of a turbine 
subject to highest temperature are the steam piping, stop and governing 
valves, steam chest, n ozzle block, an d nozzles. If external by-pass 
governing is used (Sec. 8-3), the whoTelirst stage with its wheel, blades, 
and section of shaft or rotor, and perhaps several additional stages, will 
be subjected to the high temperature. All these must be made of 
materials with a limited creep rate, if they are to have a satisfactory life. 

The yielding of metals stressed under high temperature also manifests 
itself in the behavior of bolts. In a flanged joint, the bolts may be 
tightened to such a load that there is no leakage of fluid through the joint. 
However, due to creep, the bolt slowly lengthens; hence the pressure 
exerted on the parts held together slowly decreases, and the joint may 
eventually leak. This is called relaxation . The joint might be kept 
from leaking by periodic retightening, but it is clear that, for satisfactory 
service of the joint, the metal of which the bolts is made should have such 
a low creep rate and the stress in it should be sufficiently low, so that 
after relaxation the bolt will exert sufficient force to keep the joint tight 
for an indefinite time [12:2]. 

Table 121 (12:3) gives some representative values of relaxation stresses 
for various bolt materials; this is the stress, determined experimentally, 
which the bolt material will support almost indefinitely at the specified 
temperature. 


Table 12-1. Allowable Relaxation Stresses in Bolts, psi 


Temperatures 


t»01-750 F 

751-850 F 

851-950 F 

0.35 per cent carbon steel.. 

18,000 

Not used 

Not used 

Not used 

Chrome-molybdenum steel. 

Tungsten-chromium-molybdenum 

25,000 

22,000 

18,000 

Not used 

steel. 

25,000 

22,000 

18,000 

14,000 


Another effect of high temperatures on materials, particularly variable 
temperatures, is th ermal shock , which is defined as the condition existing 
when the temperature gradient across a section of material is great 
enough to cause excessive stresses due to differential expansion. If the 
inside of a casing or pipe is heated very rapidly, it tries to expand, but the 
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cooler outer surface restrains it; the inner surface .nay thea be cnishcrf 
When the pipe cools, the interior is in a state of tens.on and .f the stress s 
hich enough a crack will start. If the cycle is repeated often enough, the 
tl .ack will enlarge and eventually cause failure. This effect .s most 
serious in materials which have a high coeffic.ent of expansion, and t 
happens that this is the case with some alloys that otherwise are desirable 
for high-temperature use; they must therefore be used with caution. 
To minimize shock, it is good practice to eliminate h 'R h - tc "'P" r ^ tu ^ 
gradients by using heavy insulation on ouj erjmface^exposedto much 

lower temEeritumi^dJo^revent, wherever 

temperature. All high-temperature equ.pment should be heated and 
cooled slowly. It is obvious that thick walls may suffer more from 
thermal shock than thin walls; an .mportant advantage of the 3,000-rpm 
turbine over the larger and slower machine is that thinner walls may be 
used with smaller dimensions of parts. 


12-2. Construction of Turbine Cylinder or Shell 

Thp evlinder. which carries the diaphragms and nozzles (impulse tur¬ 
bine) or'the fixed blading (reaction turbine), is carried by the frame or 
rasing The bearings which hold the rotor concentric with the cylinder 
are also supported by the frame. The cylinder and frame are often com¬ 
bined. The frame may be divided into two parts as far as functions are 
concerned, and these usually coincide with the parts into which it is 
physically divided for manufacturing purposes. They are: 

1. High-pressure end, containing or associated with the steam inlet 
and governing valves, nozzle chambers, nozzles, high-pressure shaft seal, 
control stage of blading, and about half the single-row stages, thrust 
bearing, and No. 1 journal bearing 

2. Low-pressure end , containing the remaining stages and including the 
exhaust hood, condenser connection, low-pressure shaft seal, and No. 2 
journal bearing 

The low-pressure end is exposed to relatively low temperatures and 
hence is made of cast iron or built up of steel plate; the exhaust hood of a 
condensing turbine is often not insulated. The last low-pressure stages 
of the cylinder extend into the hood, in order to allow bearing No. 2 to 
be brought close to the last turbine stage and so shorten the span between 
bearings. The form of the hood is designed to guide the steam around 
the 90-deg turn downward and into the condenser with the least pos¬ 
sible turbulence. The pressure difference on the two sides of the hood 
surface is close to 2,000 lb per sq ft; hence construction must be sub¬ 
stantial to avoid distortion which might produce rubs between blades 
and diaphragms. Braces and ribs are provided for stiffening purposes 
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(Figs. 1-36, 1 *38, and 1 *40); they are detrimental because they cannot he 
placed so as to avoid turbulence at all loads, since flow directions change 
with change in load on the unit. 

It was formerly the practice to arrange nozzles around only one-half 
the circumference of the two-row stage, either the top half (Fig. 15-3) or 
the bottom half (Fig. 1-48), or if the nozzles extended over the full 
circumference, to have admission valves on the top half only, with 



F:o. 12-1. Cylinder j*cction and vulve chest assembly. (Worthington Pump and Machinery 
Corporation.) 


passages leading the steam to the bottom as well as the top half (Figs. 
12*1 and 15 0). With the high temperatures now in use, it is considered 
more desirable to locate the admission valves symmetrically in the 
upper and lower halves of the shell (Figs. 1 *39, 1*44, 1 *49, 12-2, 12-5, and 
12-10) and to have diametrically opposite groups of nozzles opened 
simultaneously. This tends to preserve align ment of the shel l and main¬ 
tain the small runn ing cleara nces fliat are so necessary for high economy. 
However, this doubles the frequency of the detrimental impacts caused 
by blades running in and out of the high-velocity steam jets (Sec. 11-5). 
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u An brine exposed to the highest temperature and pressure, the 
Jh "tsu section is also complicated by the presence of the govm mng 
!£55« valves and the shaft sea.s^ For tmg-tujj % 

^“Ktings and niekel-ehromium-molybdenum steels 

for forging prove satisfactory. Quoting from [1- 4] 

actual'vorking stress is extremely important. Uncontmlled thermal stress added 


to steady-state stress may easily use up the allowed design margin. As a result, 
the high-pressure section of a turbine designed for operation above 950 F must 
be reduced to as simple a structure as possible. The approach to such a design 
is to separat e the jteam_chcst from th e turbine cylinder so that the lat ter becomes 
a relatively simple shel l (Fig. 12-3).The nozzle chambersT'vhich are normally 
cast integral with the turbine casing, as in Figs. 121, 15 3 and 15-6, are separate 
and are flexibly fixed to the basic structure of the cylinder (Figs. 12-4 and 12-5). 
This construction eliminates a differential temperature gradient through the wall 
between adjacent nozzle chambers and reduces this important component of ther¬ 
mal stress. . . . For temperatures above 950 F and including 1000 F, it is planned 
to use a low-chrome-carbon-molybdenum steel. For temperatures above 1000 F 


'lo. 12-2. A 25.000-kw 3.600-rpm 19-sta*e turbine with double shell. 
’ ompany .) 


(General Electric 
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and for the particular application of 1050 F, stabilized 18-8 stainless steel will l )e 

used in the construction of those tur¬ 
bine parts subjected to top temperature. 

Another method of reducing the 
difficulties from high temperature 
and pressure is the double-shell con¬ 
struction, described in [6:7] and 
illustrated in Figs. 12-2 and 12-5. 
Quoting, 

Basically, the principle is to surround 
the working parts of the turbine with a 
steam-tight shell carrying its own bolt¬ 
ing flange, and to build around this a 
second shell. The space between the 
two shells is maintained, by communi¬ 
cation with a lower stage in the turbine, 
at a pressure intermediate between the 
initial pressure in the inner shell and the 
atmosphere. The total pressure drop 
is thus divided into two stages; neither shell need be as thick as it would otherwise 
have to be in a single-shell machine. The inner shell is heated on both sides by 



Fio. 12-3. Sketch of superposed turbine 
having valve chest separato from cylinder 
and flexibly connected to it. (Falk tier, 
Trans. ASME.) 



Fio. 12*4. Cylinder construction with flexible nozzle-chamber attachment. ( Allis - 
Chalmers Manufacturing Company.) 
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Fig. 12-5. Double-shell cylinder construction with flexible noxile-chamber attachment. (Westint/houne Electric Cor. 
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the steam, a:;d as a result of all these factors, there is much less tendency for the 
shells to distort, and the turbine may be much more rapidly brought up to oper¬ 
ating temperature without danger of undue internal stresses or distortions. Dis¬ 
mantling of turbines of this type has been made easier owing to the greater ease 
of handling the smaller shell bolts and to the reduced distortions. 

12*3. Turbine Cylinder Joint 

The horizontal joint between the upper and lower halves of the cylinder 
must be made tight without packing of appreciable thickness, and the 

bolting presents some problems. The 
joint finish is important; lapping of the 
mating surfaces is desirable where prac¬ 
ticable, but on large work a ground joint 
made up with boiled linseed oil has proved 
satisfactory. 

For older turbines with moderate pres¬ 
sures and temperatures, the flanges shown 
in Fig. 12*6 were satisfactory. This 
joint is relieved, with bearing areas left 
along the cylinder bore and along the 
outside of the joint; tightening of the 
nut with a wrench produces pressures on 
both bearing areas and that near the bore 
must lie enough greater than the total 
steam force tending to open the joint, to 
ensure against leakage. Cooling of the 
outer edges of the flanges below the average cylinder temperature distorts 
the cylinder; this can be remedied in part by slotting the flange outward 
from each bolt hole, as shown in Fig. 12-11. 

With increasing pressures, several improvements were made. 
“ Wrenching" the nuts was unsatisfactory, both on account of the damage 
done to the thread surfaces by the heavy sledging usually necessary on 
the wrench and the space necessary for the wrench. Present practice in 
tightening is as follows: The bolts (stud bolts, with a nut on each end) are 
inserted and tightened snugly but not heavily, and the angular position 
of the nut is marked. An electric heating element, inserted in an axial 
hole in the bolt, heats the bolt and lengthens it. The nut is then turned 
an amount calculated to give the desired compression in the joint and 
initial stress in the bolt when the bolt has cooled; the bolt stress can be 
checked by measuring the elongation. The permissible bolt stress is 
taken as a fraction of the experimentally found relaxation stress for the 
particular bolt material used and the temperature to which it is to be 



Flo. 12-0. Plain bolted flange cylin¬ 
der joint. 
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SS'i?*!^In^bolUoad tftS Nation mu' e t -tilT^e' the desired 
safety factor over the steam pressure tending ’ 

to open the joint. 

The nuts have cylindrical bodies, with a 
“hex” on top (Figs. 1-30, 1-35, 12-8, and 

1210). A smaller wrench can be used, allow¬ 
ing the cylindrical surfaces to be brought 
close together, with much closer spacing than 
is possible with standard wrenches on nuts of 
conventional dimensions. Alloy- and hard¬ 
ened-steel nuts are used with high-temper- 
ature bolting, as the creep of threads in 
mild-steel nuts not only reduces the bolting 
force but also makes it practically impossi¬ 
ble to remove the nuts after a short period 
at high pressure [12:1]. The threads in the 
nuts are machined very slightly tapering, 
increasing in diameter from the bolt end 
toward its body. This ensures that the load 
will be carried first by the threads at the top 
of the nut, assisted by more and more of the lower threads in turn as the 
load increases and the bolt stretches. In parallel threads, the load is 
carried almost entirely by the lowest threads [6:7]. 

With these improvements, it is possible to use more bolts with a smaller 
pitch and to bring them closer to the cylinder bore, producing narrow, 
deep flanges and long bolts (Figs. 12-7 and 12-10). This has been 
satisfactory up to 900 psia and 900 F, but for higher conditions it begins to 
be difficult to get enough bolts in the region of higher pressure [12:5]. 
One remedy is to use the double-shell construction described in the 
previous section. Another, used by the Allis-Chalmers Manufacturing 
Company, is shown in Fig. 12-8. Its general purpose is to increase the 
number of bolts producing compression in the bearing surface of the 
joint, without incurring the thermal distortion due to wide flanges. 
The flanges are stepped, having two depths. Narrow clamps with two 
rows of bolts, arranged staggered, hold the flanges together, the effect of 
the outer clamp bearing pressure being to transfer the pull of the second 
row of bolts well toward the line of action of the inner row. The small 
passages shown in the clamp are to pass steam through the clamps as 
soon as it is admitted to the turbine. In Fig. 1211 is shown an example 


Fio. 12-7. Cylinder joint with 
deep flanges and long bolts. 
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V 

Fig. 12-8. Clamped and double-bolted Fio. 12-9. Cylinder joint with wedge 
flanged joint. ( Golonka , Tram. ASME.) clamps and bolts. ( Martin, Proc. Inat. 

Mach. Engra.) 


Fio. 12-10. Cylinder joint flanges and bolting. (General Electric Company.) 
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bore as the l.olt pull in the two previous figures, however. 



\v j 

| ,<, 1211 Cylinder joint flninso for lO.OOO-kw :i.iilM>-r,>... turbine, initinl condition* 1.250 
|W ig. 000 F. 400 |»»i|t back ,.refute. (.4//iWMmcr« Mann far I,in no Com^ny.) 

12-4. Control of Expansion 

A steam turbine 15 ft in length, will expand approximately 1 > in. over 
the length at room temperature, when the temperatures of its two ends 
are raised to 900 F and 100 F |12:1). Near the hot end (Fig. 12 12). the 
thrust bearing is one point at which there is no relative axial motion 
between the rotor and the stator. The exhaust easing, at the cold end of 
the machine, is keyed to the foundation so as to prevent any axial motion 
at the center of the exhaust opening, while allowing lateral expansion. 
Longitudinal keys located on the turbine center line under the exhaust 
casing and under the thrust pedestal at the hot end fix the position ot the 
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unit laterally while permitting longitudinal expansion. The one point 
fixed in space is at the center of the exhaust casing, at the intersection of 
the lateral and longitudinal keys. Lateral keys at the hot end permit 
lateral expansion of the casing there. When steam is admitted to a cold 
machine, the cylinder, anchored at the exhaust end, expands toward the 
hot end, carrying the rotor with it and decreeing the axial clearance 
upstream of each moving row. However, the rotor heats and expands 



even more rapidly and more than counterbalances the cylinder expansion, 
hence the necessity for ample clearance at the low-pressure end. 

Figure 12-13 shows the exhaust end of a small turbine (see Fig. 1-57), 
supported on keyed plates set in the foundation; the center line of the 
casing is held laterally midway between these plates but with some longi¬ 
tudinal freedom afforded by deflection of the anchor rod. Figure 12-14 
shows the support for the thrust end of the same turbine; lateral expansion 
of the casing is allowed by transverse keys, and the other expansions by 
flexible / or U supports. 

A method of providing for expansion in a tandem-compound machine 
is shown in Fig. 12*15. 









1**10. 12-14. Typical support for high-pressure end of a turbine. (W'tslinuhonxr Electric 
Corporation.) 


s ntrrrruM. klkmksts, mateuim ~s. am> sthessee 


l-,u. 1213. Typical support of exhaust casing for condensing turbine. (\\'i*tinjl,o„*, 
El, clric (’orpornlion.) 
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12-6. Internal Cylinder Arrangements 

In older turbines, the stationary blades (reaction turbine) or the nozzle 
diaphragms (impulse turbine) were set directly in the turbine shell 
(Figs. 1-8 and 115), and any distortion of the shell during change of 
temperature might reduce clearance enough to cause a rub. An improve¬ 
ment was made with the use of cylinder rings consisting of an inner 
cylindrical or conical shell, within which the nozzle vanes or diaphragms 
were set, this being attached to the outer shell by an annular rib. This 
construction tends to relieve the fixed vanes and nozzles of the distortion 
experienced by the outer shell, the rings remaining nearly round. Later 
these rings, also called blade-ring assemblies in reaction turbines, were 
made separately and set in place in the cylinder casting. Both attached 
and separate rings are shown in Fig. 1-32, an older reaction machine. 
In Fig. 1 -35 there are three separate rings in the high-pressure section 
and three attached rings in the low-pressure section. Examination of 
the various turbines represented will show that this is now common 
practice. In compound machines with two units, the high-pressure unit 
will be made up with separate rings and the low-pressure unit with 
attached rings (Figs. 1 *37, 1 *39, and T40). By the use of separate rings, 
the high-pressure shell, of steel or alloy steel, is much simplified. Iron is 
used for the low-pressure casting, which can then be much more intricate. 

As shown in Fig. 12T6, separate rings are supported by lugs at the 
sides, which permit radial expansion but hold the center of the ring in the 
correct horizontal plane. Pins at the top and bottom hold the center of 
the ring in the correct vertical plane; the ring can therefore expand freely 
in all directions but remains concentric. The top and bottom halves of 
the separate rings are bolted together before the top half of the shell is 
put in place, as illustrated in Fig. 1-29; leakage is thus reduced or elimi¬ 
nated. Sometimes a tongue-and-groove joint is made in the rib carrying 
the ring. In Fig. 12T7 are shown three similar rings of different manu¬ 
facture. Steam can get all around the blade rings and they stay round; 
but leakage at the circumference is prevented by the interstage-leakage 
ring (Fig. 12-16), against which the blade ring is forced by the pressure 
difference over the ring area transverse to the turbine axis. The effect 
of ring construction is to allow operation at smaller clearances and thus 
reduce leakage. Rings in the turbine bottom half are well shown in 
Figs. 1-27 to 1-29 and 1-36. 

When the rings are connected to the shell by cast ribs, the internal 
bolting on them must be done after the top half of the shell is in place, by 
the use of nuts extending through the top half of the shell. 

Diaphragms in impulse turbines must be strong enough to withstand 
high temperature, high pressure differences, and large changes of pres- 
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Fio. 12*16. Blade-ring assembly for high-temperature tone of reaction turbine. ( W eating- 
house Electric Corporation.) 



I'io. 12*17. Blade-ring assemblies, three different zones of turbine. ( Allis-Chalmers 
Manufacturing Company.) 
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sure; since they carry the diaphragm packings, they must remain accu¬ 
rately concentric with the shaft, within 0.010 in. if possible, despite their 
own radial expansions and some distortion of the cylinder. The method 
of support is similar to that described for the reaction-turbine cylinder 
rings. 

12-6. Construction of Rotor 


Rotors for 1,800-rpm impulse turbines are generally made by shrinking 
wheel discs on a shaft turned in steps to progressively smaller diameters 
toward the ends, with rings for diaphragm seals between the wheels, or 
these rings may be omitted. In the low-temperature section, the wheels 
are keyed to the shaft by separate, oppositely located keys. In the high- 
temperature section, the wheels may leave contact with the shaft under 
the combined influence of centrifugal force and sudden increase in tem¬ 
perature. A pin bushing is keyed to the shaft and held within the bore 
of the wheel by radial pins; the wheel may then increase its bore dimension 
and yet stay central and continue to drive the shaft. 

Rotors for 3,G00-rpm impulse turbines are machined from a solid forg¬ 
ing, first-stage control wheel and all, as illustrated in Figs. 1-42 and 1-49. 
This obviates difficulties arising from separate wheels and seal sleeves and 
produces a short, rigid rotor, with a critical speed raised so high that 
operation entirely below it is feasible. Such a rotor has great stability 
with changes in load and temperature and allows the maintenance of 
smaller clearances, which compensate for the somewhat greater circum¬ 
ference of the leakage area of the labyrinth seal. 

Reaction turbines are usually made with forged one-piece rotors, solid 
except for an inspection hole bored nearly or entirely the full length 
(Figs. 1-25 and 1*35). In a few cases a hollow forging has been used, 
with a shaft stub end fitted into it at one or both ends; such a rotor is 
sometimes termed “bottle-bored” (Fig. 1 33). The control-stage wheel, 
if used, and the balance pistons are formed integral with the rotor. 

In either type, if the turbine is near the limiting maximum output, the 
blades of the last stage or last few stages may require axial-entry bases 
(Sec. 12-9); if more than one, they must be made and bladed sepa¬ 
rately and shrunk on seats provided for them on the rotor spindle 
(hig. 1-40). 


Low-pressure double-flow rotors are built in similar variety. Such a 
rotor may consist of a single large forging into which the blades are set in 

%°° Ve .% 7 > 66 • f r g,ng "'* h a laSt - atage wheel on at each end 

', f; 1 3 ' ) ’ 0r " lth more than one such wheel (Fig. 1-40), or it may be 
bu.lt up ent.rdy of wheels shrunk on a shaft (Figs. 1-52 and 12 18) 
Another form (Fig. 1219) has no through shaft but is made up of forged 
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Fio. 12-19. Low-pressure rotor, welded construction, for 147.000-kw tandem-compound 
turbine. ( Allia-Chalmera Manufacturing Company.) 


discs fitted and welded at their edges, with double-thickness end discs 
carrying the shaft ends. This construction ensures the high quality of 
material that can be supplied in forged discs and provides nearly the 
same rigidity as a solid rotor. 

The shaft ends may be made in one piece with the rotor, as in Fig. 1-40, 
or may have separate flanged shaft ends bolted to the ends of the main 
rotor at one end, as in Figs. 1 *49 and 1-41, or at both ends. The 
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diameters of the bearing journals are kept small so as to reduce friction 

After machining and heat-treating, each rotor is heated while rotating 
slowly on a special lathe in a furnace and is indicated for runout or 
eccentricity. The runout will usually increase to from 5 to 15 mils at 
700 to 900 F. A readjustment then takes place, probably in the machined 
surfaces, and the rotor usually comes back to a hot runout of not more 
than 1 or 2 mils more than its cold runout, and on cooling the runout 
does not change greatly. On a second heating, it will not usually go 
through the same cycle but will go to the hot runout directly. Some 
shafts have a large hot runout which cannot be corrected by a second 
heat-treatment and must be rejected (6:7]. 

Given a rotor with satisfactorily low runout, it must be maintained in 
that state. Any operating conditions which allow different temperatures 
on opposite sides of the rotor will cause bowing outward toward the 
hotter side. When a turbine is stopped, the bottom portion cools more 
rapidly than the top, tending to bow the shaft upward. It requires many 
hours for the machine to cool off to a uniform temperature so that the 
rotor will again be straight, and if the turbine is started during this 
period, vibrations will appear and serious wear of the labyrinth packing 
may result. It has become customary, at least in turbines of 10,000 
kw or above, to use a turning motor, placed on the bearing between 
turbine and generator and connected to the shaft by suitable reducing 
gear. It comes into action when the turbine, after its steam is shut off, 
has “coasted” until its speed is reduced to a low value and continues 
to drive the rotor at this low speed as long as desired. The fanning 
action of the blades keeps the hot vapors in circulation. The rotor is 
thus kept straight, and the turbine can be started immediately if required. 
There are different practices as to turning speed; one company uses 3 rpm, 
another 30 rpm, the justification for the higher speed being the more 
rapid movement of the gases within the casing and the more uniform 
temperature maintained. 

12-7. Bearings 

A single-cylinder multistage turbine generator normally has four bear¬ 
ings, Nos. 1 and 2 for the turbine and Nos. 3 and 4 for the generator, 
with flexible couplings between the two shafts (Figs. 1-35 and 1-42). A 
tandem-compound machine normally has six bearings, two each for the 
high- and low-pressure turbines and two for the generator (Fig. 1-37). 
The larger the number of bearings, the more difficult it is to secure and 
maintain their accurate alignment and the greater the loss due to fric¬ 
tion; hence there is a tendency to eliminate some of the bearings, and it 
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is common practice to omit the flexible couplings, connecting the rotors 
solidly together from one end to the other, with only a single thrust 
bearing. Thus a single-cylinder turbine generator, especially in the 
smaller sizes, may have only three bearings, one of those normally 
between the turbine and the generator rotor being omitted. A tandem- 
compound turbine generator may similarly have only five bearings, one 
of those normally between the high- and low-pressure turbines being 
omitted (Fig. 1-49). These machines are usually large ones and are so 
heavy that it is not feasible to eliminate one of the bearings between the 
low-pressure turbine and the generator rotor. Note the limitation on the 
number of stages between one pair of bearings given in Sec. 010. 

Note that the single bearing (No. 2) between the high- and low-pressure 
sections of the tandem-compound machine in Fig. 1 -49 is enclosed within 
the exhaust hood, in order to reduce the distance between bearing centers. 
This bearing receives air through the bottom of its housing, by means of 
a pipe entering through the front wall of the exhaust hood; the air leaves 
through the top of the hood, and circulation is induced by the chimney 
effect. 

Steam-turbine bearings are usually of the self-adjusting sleeve type, 
lined with tin-base babbitt. They operate at high rubbing speeds, and 
experience has led to designs which are efficient and reliable (12:7 and 
12:8]. The maximum allowable load per square inch of projected area is 
from 200 to 225 psi; with the size of shaft usually required kept to the 
minimum necessary to carry the torque and provide satisfactory stiffness, 
the ratio of l/d for the bearing varies from 0.8 to 1.3. The bearing horse¬ 
power is approximately proportional to the square root of the unit load 
on the bearing when other conditions are constant (12:7]. The clearance 
between the bearing bore and journal surface is from 0.001 to 0.002 in. 
per in. of bearing diameter. Surface speeds are of the order of 200 fps, 
and the shaft is fully film supported, giving a coefficient of friction of the 
order of 0.005 for 1,800-rpm machines and 0.01 for 3,600-rpm machines. 
Heavier loads could easily be carried at running speeds, but in starting 
and stopping, boundary lubrication exists and there is danger of damag¬ 
ing the bearing. For machines larger than 10,000 kw, it is customary, 
during starting and stopping, to pump oil at 1,000 psi pressure into the 
bearing at a highly loaded point so as to float the shaft while the speed is 
too low to form an oil film. 

The oil usually supplied to turbine bearings has a viscosity of 150 sec 
Say bolt Universal at 100 F [12:8]. Owing to the high surface speed, so 
much heat is generated that it must be removed. Instead of the water 
cooling used at one time, sufficient oil is pumped through the bearing to 
keep it cool, and this oil is cooled by water circulation in an oil cooler 
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before it is returned to the bearings. Present practice is to supply this 
oil at 110 to 120 F and to allow 20 to 30 F rise of temperature in passing 
through the bearings. This results in the circulation of far more oil than 
is required merely for proper lubrication; the amount is controlled in 
part by the clearance provided in the bearing and by additional openings 
in the unloaded part of the bearing, sufficient to pass the necessary 
amount. 

The friction power is easily measured from the amount of oil circulated 
and the rise of temperature. It depends on the load, the bearing dimen¬ 
sions, the revolutions, and the oil viscosity at the temperatures used. 
For 3,600-rpm units, it runs from 40 to 100 hp per bearing, depending on 
the size of the unit. Data for making calculations for specific cases are 
given by Wilson (12:7). As an illustration, for a 3,G00-rpm unit having 
a 12-in. diameter shaft and a bearing loaded to 176 psi projected area, the 
frictional loss per bearing works out at 70 hp and about 30 gpm of oil 
per minute per bearing must be pumped. Assuming a 25,000-kw machine 
and allowing for two turbine bearings, the bearing loss is 0.42 per cent, 
•exclusive of the power required to do the pumping. 

During starting and stopping, an independently driven oil pump is 
required, but when running at operating speed, a centrifugal pump on 
the turbine shaft is often used to supply the oil. The pressure developed 
by such a centrifugal pump varies roughly as rpm 2 ; hence this discharge 
pressure is often used to operate the governing mechanism. Or, a second 
centrifugal oil pump, delivering at considerably higher pressure than 
required for the bearings, is used to do the governing and also to operate 
emergency overspeed and stop valves and other control functions. The 
controls are always arranged so that failure of lubricating-oil pressure 
will immediately shut the turbine down. 

12*8. Turbine Wheels 

A turbine wheel of simplest form is a flat disc, usually with a hole 
through its center for mounting on a shaft or spindle. Elastic theory 
shows that, when such a disc is rotated at high speed about its axis, the 
stress, radial or tangential, is greatest at the center of an unpierced disc. 
However, the presence of even a very small hole through the’disc along 
its axis theoretically doubles the tangential stress at the circumference of 
this hole; the radial stress there is of course zero. As the hole is increased 
in diameter, the tangential or hoop stress increases, both at the bore and 
at the periphery. Also, as we move outward from the bore through the 
metal, the hoop stress, a maximum at the bore, decreases, rapidly at 
first and then more slowly. The radial stress is zero at the bore and at 
the periphery, with a maximum somewhere between. At any point, the 
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radial stress is always less than the tangential stress. Nearly flat discs 
are shown in Figs. 1-8, 112a, 115, 118, and 1*53. 

Since the hoop stress decreases from the bore outward, it is evident 
that the metal in the outer part of a disc of uniform thickness is not 
stressed as much as that near the bore; hence the disc thickness can be 
decreased as we go outward, reducing the amount of metal at the outer 
radii which in turn reduces the stresses due to centrifugal force at the 
bore. The contour of a wheel which shall have constant tangential stress 
at all radii can be determined mathematically; it is called a wheel of 
uniform strength. If necessary, a wheel without any center hole can be 
attached to a shaft or it can be forged in one piece with the shaft for 
extremely high speeds. 

Turbine wheels are enlarged into a hub at the bore, necessary for hold¬ 
ing the wheel firmly in position after shrinking it on and to provide for 
keying. Rings are sometimes shrunk on the ends of the hub to give 
greater holding power. Wheels used at the high-pressure ends of turbines 
are often greatly increased in thickness at the periphery, into a heavy 
rim (Fig. 6*21); one or two rows of blades may be attached to the rim,' 
which contributes greatly to the centrifugal forces acting on the wheel 
but nothing to its strength (Figs. 1*9, 113, 117, and 1*57). When 
rotating at speed, a rim tends to expand more, due to centrifugal force, 
than a flat disc of the same diameter; hence the rim attached to the disc 
does not “pay its way”; part of its weight is added to the weight of the 
blades in producing centrifugal stress. A very generous fillet joining the 
rim to the disc or web is essential, on account of the large dead weight 
carried by the disc at this point. Such wheels are limited in the blade 
speeds at which they may operate. 

A radial temperature gradient has considerable effect on tangential 
stresses. If the temperature is higher near the hub, the expansion there 
reduces the stresses near the hub, increasing them at larger radii. If the 
temperature is highest at the rim, the stress there is reduced and trans¬ 
ferred to the metal nearer the hub. 

The effect of centrifugal force on a completed wheel shrunk on the 
shaft is ta increase all diameters slightly. If the increase at the bore is 
sufficient to remove the pressure due to shrinking, the drive is then 
through the key only. Any further expansion may cause looseness and 
lack of concentricity, unless cared for as described in Sec. 12*6 above. 
It is also evident that the stresses should not be above the elastic limit 
anywhere in the wheel, even at considerably more than the 10 per cent 
overspeed allowed by the emergency governor. 

The many modifications of wheel contour from the simple flat disc 
render wheel design a matter of adopting a profile based on experience 
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and then determining the stress by calculations which can become very 
complicated if high accuracy is attempted [12:9]. Such designs have 
been checked by rotation at operating speed in a wheel-testing machine, 
where the increase in diameter can be measured and also the strains at 
various points on the disc and rim surfaces by means of strain gages. 
Tests have also been made to destruction, usually of small, flat discs or of 
model wheels [12:10] and including the determination of the speed at 
which appreciable permanent increase in diameter occurs, this indicating 
that the elastic limit has been exceeded. 

12-9. Blade Fastenings and Strength 

The reliability of a steam turbine is largely bound up in the reliability 
of its blades, and failure of any one of them may wreck the machine; it 
will cause much trouble and expense in any case. A turbine blade and 
its base attachment must be strong enough and rigid enough to hold it in 
place on the circumference of the rotor indefinitely, when acted on by: 

1. Centrifugal force. This is usually the predominating force, is 
radial, and produces tensile stress over the root section. 

2. Steam-driving force. This is tangential and operates at near mid¬ 
height of the blade, producing bending stresses which are largest near the 
blade root. This stress is largest at starting, or in marine turbines during 
reversal. 

3. Deceleration tangential force. Occasional, caused by sudden decel¬ 
eration due to sudden large increase of load on the generator, such as a 
short circuit. Torsional vibrations arising from periodically varying 
torque of the generator will produce tangential forces. 

4. Vibration forces. Amplification of tangential or axial vibration 
due to resonance, as discussed in Chap. 11. 

In addition, they should not be subject to corrosion or erosion and must 
be capable of being manufactured accurately and cheaply and of being 
assembled in the rotor grooves securely. 

The blades are attached to the rotor by one of the following methods: 

1. Machined in one piece with rotor disc. Very expensive, justified 
only in special cases where subject to very high speed and perhaps 
high temperature 

2. Welded to rotor disc. Light weight, but unsatisfactory as regards 
maintenance. Used in some gas turbines 

3. Inserted radially in a circumferential groove or slot in the rotor disc 
or drum, and fastened by: 

a. Dovetail base (Figs. 12-20a, 113, and 118) 

b. T-shaped base, single (Figs. 12-206 and 12-20c); multiple (Figs. 

12-20d and 12-20e), the last often being called a fir-tree base 
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c. Wedging or caulking in combination with either of the two pre¬ 
ceding methods (Fig. 12-21a or 12-215) 

4. Hooked over circumferential ribs on the two sides of the periphery 
of the rotor disc, called straddle mounting (Figs. 12-20 h to 12-20j). 
This also has radial entry, like 3. 

5. Inserted radially in plain straight-sided slot in the disc periphery 
and held by one or more pins placed axially through the disc and the 
blade tang (Figs. 6-25 and 6-40) 



Fiq. 12-22. Low-pressure reaction Fio. 12-23. Low-pressure 

blade, axial entry. ( AUi$-Chalmers reaction blade, axial entry. 

Manufacturing Company.) ( Allia-Chalmcrs Manufac¬ 


turing Com/tany.) 

6. Inserted axially in formed slots spaced uniformly around the 
periphery of the disc, called axial-entry base (Figs. 12-22, 12-23. 
12-25c, and 12-26 to 12-28) 

The dovetail form has been largely superseded because it becomes loose 
when the turbine is subjected to repeated heating and cooling. The 
T-shaped base carries the centrifugal force by normal pressure over the 
area of the contact shoulders. The purpose of the multiple T-shaped 
base is to gain additional contact surface without weakening unduly 
either blade root or wheel-rim sides by deep cutting. Fracture of the 
blade root at any neck (Fig. 12-20e) is resisted by the strength of the metal 
at that neck plus the compression on the contact shoulders at greater 
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radii. With correct design, the total resistance to fracture will be the 
same at all necks; hence the resistance equals that at the neck of greatest 
width at the greatest radius. All shoulders should be machined to the 
curvature of the wheel groove where they rest and not left flat. 

Tangential forces, whether from steam or inertia, tend to swing the 
blades forward from their correct radial position, sliding the radial sur¬ 
faces on one another. This is resisted partly by clamping tightly together 
these flat radial surfaces of the blade bases, partly by close fitting of the 



bases in the grooves, partly by the reinforcing afforded by tying the 
blades together at the tip by the shrouding, and often at one or two other 
points by lashing wires. 

For radial entry of the blades, the circumferential slot is widened at 
one point sufficiently to allow the base of a single blade to be passed into 
the slot. The blades are inserted one at a time into this gate and slid 
around the slot until the circumference is nearly full, the space remaining 
at the gate being less than that required for one blade; it is then filled in 
by a special stop piece. For balancing reasons, this remaining space is 
often divided between two points 180 deg apart. Sometimes the gate is 
closed by welding after blading is completed. 
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For axial-entry blades, the periphery is divided into a whole numbei of 
blade pitches by an indexing operation; no stop piece is required. This 
arrangement has been used for the impulse blades of a single-, ow control 
staee (Figs 8-6 to 8-8), because of the difficulty of arranging a satis¬ 
factory stop piece [11:11]. It is also used for attaching long low-pressure 
blades (Figs. 12-22, 12-23, 12-25e, 12-26, and 12-27). Such a base can 
easily have a larger dimension axially (Figs. 12-22 and 12-23) than would 



(a) (M (c) Ml (<•> 

Fio. 12-25a to e. Reaction blades of varying lengths. ( Westinohonsc Electric Corporation.) 

be possible in a circumferential slot, giving the blade greater axial 
stability. This large axial dimension also provides sufficient contact 
area at the base fastening to carry the large centrifugal force due to the 
long blade, in spite of the small arc available at the blade root (Fig. 12-22). 
Axial-entry blades require a wheel which stands above the neighboring 
wheels sufficiently to allow the blades to be entered, or sufficiently large 
axial spacing for this purpose, unless it is a last-stage wheel; therefore it 
cannot be used on a drum. 

There are two forms of straddle bases: Figs. 12-20/ and 12-20^ show 
radial-entry blades with widened bases, the edges of these bases being 


358 


STEAM 77 /{SIXES 


set into grooves in the wheel rim and increasing the stiffness of the 
fastenings in both directions. Figures 12-20 h to 12-20A: show straddle 
mountings with the slot in the blade base instead of the wheel rim. The 
prongs of the fork are kept from spreading under load by the toes pro¬ 
jecting into the circumferential grooves on each side. This type of blade 
mounting reduces rim weight and therefore decreases disc stresses. It is 



Flo. 12-20. Reaction blade with curved Fio. 12-27. Reaction blade with straight 
axial entry. ( inyhouse Electric ('or- axial entry base. ( Allis-Chalmera Monu- 
pornlion.) factoring Company.) 

especially satisfactory when used with the solid forged rotor with wheels 
formed by turning deep grooves. 

The base forms in Fig. 12-21 are used with drum construction: a and b 
for the rotor and c for the stator, for holding reaction blades assembled 
and brazed together in groups. The side piece in Fig. 12*2la and 6 is 
caulked or rolled down under heavy pressure so as to expand and fill the 
side groove. Blades formed as at c are entered in the stator slot at the 
horizontal joint of the cylinder. Bases like d are rhombic-shaped in 
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plan, with one altitude enough greater 
entered radially in the rotor slot, they 
can be turned to about 45 deg and 
the teeth will engage corresponding 
grooves in the side walls of the slot. 
The residual opening is filled by a 
special piece. It should be noted that 
blade fastenings using separate wedges 
or holding pieces have given trouble 
due to loosening when used at high 
temperatures, and have been replaced 
for such service by one-piece fastenings. 

Any looseness of the blade in the 
groove is most undesirable. Initial 
fitting may be close, but the inserted 
blade must be slid around to its final 
position in the slot, and manufactur¬ 
ing tolerances must be allowed. Even 
if tight initially, there is compression 
of the bearing surfaces the first time 
the wheel is run to speed and the tur¬ 
bine loaded, squeezing down minute 
irregularities which held the surfaces 
slightly apart. In Fig. 12-29 a loose 
blade is shown at a, the possible tan- 


than the other so that, after being 



Fig. 12-28. Impulse blades with bulb- 
and-shank attachment base. ( De Laval 
Steam Turbine Company.) 


gential tipping at 6, and possible axial tipping at c, all exaggerated, of 
course. One remedy for this looseness is a half-round or flat key or caulk- 



(a) (b) (c) 


Fig. 12-29. Effect of loose fit of blade base in slot. 


ing piece driven under each blade when it is in its place, as shown in Figs. 
12-206, 12-35, and 7-15. In Fig. 8-1 the use of three caulking pieces is 
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illustrated. However, excessive tightening is cumulative in its effect on 
the disc or drum and must not be overdone. Expansion stresses may be 
added to the stresses due to tightening the blades. 

Centrifugal force will hold the T base tight against the contact shoul¬ 
ders, counteracting the tipping tendency of the tangential forces, if the 

moment of centrifugal force about 
the edge of the bearing area at P is 
greater than the moment of the steam 
(or other) tangential forces; this 
is called centrifugal stability. Allen 
[11:11] recommends that the ratio of 
the centrifugal moment F e X L c (Fig. 
12*30) to the steam driving-force mo¬ 
ment F , X L, be greater than 3 for a 
single blade or greater than 6 for a 
pair of blades tightly shrouded to¬ 
gether. If, with looseness in the 
blade-base fits, there is insufficient 
centrifugal stability, the blade (or 
group of blades) may jump every 
time the steam nozzle arc is entered 
and the repeated shocks from these rapid movements will eventually 
break the blades. 

The steady stress at any section of a parallel blade is a combination of 
direct tension due to centrifugal force and bending due to steam force, 
both acting on that portion of the blade between the section and the tip. 
The direct tensile stress, a maximum at the root and decreasing radially 
outward, is not reduced by increase of sectional area, since increased 
section simply means a greater load carried on a proportionately larger 
area, resulting in the same stress. The impulsive steam force at entrance 
due to U i and the reactive force at exit due to l\ combine to give a 
resultant which tends to produce bending of the blade as a cantilever 
beam, about an axis approximately parallel to the chord of the blade 
section. The moment of this force and the stress due to it are both a 
maximum at the blade root. The combined direct and bending stress is 
also a maximum there and diminishes with increase of the radius at which 
the section is taken. If the blade is tapered, the direct stress diminishes 
less rapidly outward, while the bending stress can be made to increase at 
greater radii. It is therefore possible to design the blade as a cantilever, 
with constant combined direct and bending stress, and the blade material 
is much more effectively utilized. Higher blades for a given root section 
can be used without exceeding allowable root stresses or smaller sections 
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for a given height. All blades with a blade-height ratio of 25 per cent 
or more are tapered. The ratio of the sectional area at the base to that 
at the tip is used as a measure of the 
amount of taper; in one case this blade- 
section-area ratio was C. The blade width 
must not be reduced too much at the tip, 
because there the blade pitch is a maxi¬ 
mum, the greatest transfer of energy per 
unit of blade height occurs there, and it is 
especially important to retain adequate 
guidance of the steam flow. 

An approximation to the stress due to 
centrifugal force in a blade may be ob¬ 
tained as follows: Assume that a rod of 
uniform section area A is placed radially and rotates at N revolutions 
per second (Fig. 12-31). The tensile stress at any radius r will then be 

_ centrifugal force of part beyond r 
' “ area A at r 



Fio. 12*31. Centrifugal force on a 
parallel blade. 


The centrifugal force of an element of thickness dr at radius r is 

dC = "lAi: x 4 t*ATV 
9 

The centrifugal force of the portion from n to r* is 


C |-2 


4yir 1 AN i 

9 



^ (d - r ? ) 


The stress at r, is this quantity divided by A. Substituting y = 450 lb 
per cu ft and N = 60, we have for the stress in psi, if r is in feet, 

/ = 6,900(rf - rj) = 6,900/1 [ 1 - (^) ] (121) 

If we place r x — 0, the stress at the axis will be found. Taking r 2 = 3, 
then the stress = 9 X 6,900 = 62,100 psi. If r 2 = 4, / = 110,400 psi. 

If the blade-height ratio r* = 0.25, the limit for parallel blades, then 
r x = 0.5r 2 , and Eq. (12-1) becomes / = 6,900 X r\ X 0.75, which, with 
r = 3, gives / = 46,580 psi. 

The methods of photoelastic analysis have been used to aid in estimat¬ 
ing the stresses in steam-turbine blade roots (12:11]. 

The relative effects of direct tensile and vibratory bending stresses in a 
turbine blade may be represented by the diagram shown in Fig. 12-32. 
Let the abscissas be the extreme fiber static tensile stress = centrifugal 
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direct stress + static steam bending stress, and the ordinates the extreme 
fiber tensile stress due to vibration, varying with amplitude and termed 
vibratory stress. When vibratory bending is absent, the limiting stress is 
at A, the static yield point of the material. When the static tensile 
stress is zero, the alternating bending-stress endurance limit is obtained, 
at B. If a straight line is drawn between these two points, the ordinate 
to it at any specified static tensile stress will give approximately the 
amount of vibratory stress which can be carried in addition to the static 
tensile stress. If there is no resonance, as at very low frequencies, then 
the vibratory stress is simply that due to the variation in the steam force, 
termed steam-vibratory stress. If resonance is present, however, the 



Fio. 12-32. Fatigue-strength diagram. (Owens and Trumpler.) 


vibration amplitude and hence the vibratory stress are greatly increased, 
being controlled only by the damping factors present. The amplification 
or magnification factor is defined as the ratio of the actual vibratory stress 
to the steam-vibratory stress. The actual vibratory stress resulting 
from such amplification must not exceed the allowable value indicated by 
the ordinate to the line AB. It is evident that amplification due to 
resonance must be small in blades which have a high direct stress, as is 
the case with long low-pressure blades. The amplification factor may 
be looked on as a factor of safety for vibration and should be evaluated 
for all critical points such as the fillet at the root, the junctions of lashing 
wires or stubs, and the tenon connecting the shroud to the blade; with 
good design these critical amplification factors should be approximately 
equal. Ihe minimum value of the amplification factor permissible for 
use in design is determined from statistical analysis of the performances of 
a large number of blades [12:12]. 
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12*10. Shrouding and Lashing 

The uses of shrouding were outlined in respect to impulse and reaction 

blades in Secs. 611 and 7*13, respectively. 

The following are various forms of shrouding that are in use: 

1 A flat or formed strip is bent around over the tips of the blades, and 
tenons on the blade tips project through holes punched or drilled in the 
strip; the tenons are riveted (Figs. 

1*26 and 7-16), spun (Fig. 12-33), 
brazed, or welded. The shroud 
ring is more easily fitted to blading 
having the same height at entrance 
and exit, that is, square-topped 
blading (Fig. 7-11), and the con¬ 
struction is somewhat stronger than 
when the blade tops slope and re¬ 
quire a conically formed shroud ring 
(Figs. l-12a, 6-21, and 6-25). It has 
been found by experiment that rota¬ 
tion losses are measurably decreased 
if the tenon heads, when riveted, 
are formed into smooth spherical 
surfaces (Figs. 12-34, 81, and 8-2) 
or if the construction is such that 
no projections exist (Fig. 12*36). 

2. The outer ends of the blades 
are enlarged and are so formed that 
they fit closely together; a flat strip 
is placed in a groove turned in the 
outer surface and is finally welded or brazed in place (Fig. 6-25). The 
separate shroud sections are sometimes formed so as to interlock at their 
ends. 

3. Methods 1 and 2 are combined. Shroud sections formed integral 
with the blades are reinforced with an outer flat shroud band, riveted in 
sections covering four or five blades, by means of tenons formed on top 
of the integral shrouds (Fig. 6-39). This construction damps vibration. 

4. On the tips of long low-pressure blades is welded a small double¬ 
cantilever section of shrouding having a length slightly less than the blade 
pitch (Figs. 12*22 and 12-23). After the blades are assembled in the 
rotor, the adjacent ends of each pair of shroud sections are welded 
together (Fig. 1-34), making a continuous shroud for as many blade 
pitches as desired. 



Fio. 12-33. Spinning head on blade tenon 
holding a shroud band. 
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piece 


Seating strip 


Direction of 
steam flow 


Cylinder . Locking 


Shrouds riveted Caulking 

to blades segments 

Fio. 12-34. Radial seals for reaction blad¬ 
ing. (Wcslinghouac Electric Corporation .) 


1**10. 12-35. Radial seals for first rows of 
reaction blading of a large turbine. (AUis- 
Chalmers Manufacturing Company.) 


l io. 12-30. View of blades and seals at cylinder joint of Fig. 12-35. ( Allis-Chalmers 

Manufacturing Company .) 
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5 Blade bases and integral shrouds are all welded together or are cast 
together, making a group of two to four blades practically m one piece 
(Figs. 6-40, 8-6 to 8 - 8 ). This and method 3 pro¬ 
duce blade structures of great strength and stiff¬ 
ness, able to withstand the large periodic forces 
due to partial admission. 

Shroud rings were formerly made continuous, 
but the ability of the shroud ring to change its 
dimensions rapidly with change of temperature, 
as compared with the more massive disc or wheel 
rim, caused loosening of the tip riveting or the 
blade fastening or even caused breakage of the 
blade or shrouding. It is therefore customary to 
make breaks in the shroud ring at regular inter¬ 
vals, thus tying the blades together in groups of 
2 , 3 , 4 , or even 10 or 12 each, instead of a com¬ 
plete ring (Figs. 1-9, 117, 1-50, and 8-2). How¬ 
ever, it is the practice of one firm [ 11 : 8 ), on 
low-pressure blading of maximum size, to use a 
continuous shroud with its sections welded to¬ 
gether under such controlled temperature difference between spindle and 
blades that after completion, when both arc at room temperature, the 



II 

I 
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Fio. 12-37. Radial and 

axial .seal for reaction tur¬ 
bine of low capacity. 
( Allis-Chalmera Manufac¬ 
turing Comjtany.) 



Fxo. 12-38. Radial and axial seals for high-pressure reaction blading. ( Allis-Chalmers 
Manufacturing Company.) 

shroud is under compression. Experience has shown little trouble due to 
breaking the shroud, except where unbalanced steam flow conditions exist. 

Lashing. In older reaction turbines, where shrouding was not used, 
lashing was depended upon to hold the blade in its correct position and 
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to stiffen the blade structure. Lashing is often used on long blades in 
addition to shrouding. A simple method, suitable for blades not heavily 
stressed, was to draw a heavy wire through holes punched or drilled 
through all the blades at the same radius and, after the blades were set 
in the slot in the rotor and correctly adjusted as to the tip spacing, to 
braze or silver-solder the lashing wire to each blade. Since a hole is a 
source of weakness, reinforcing bosses were formed in the blade forging 
at the location of the hole. A further improvement was to omit the hole 
and to weld short pieces of the lashing wire or rod from one blade to the 
next, after assembly. This welding operation on the blade after it had 
been heat-treated seriously affected its strength. Present practice is to 
weld short stub ends of the reinforcing wire (often of airfoil-shaped 
section) on each side of each blade at the proper location, during machin¬ 
ing. After completion of machining, heat^treatment, and assembly, the 
lugs on adjacent blades approach or touch each other (Figs. 12-26, 1-34, 
and 7-16); the lug ends can then be welded without damaging the stress- 
resisting qualities of the heat-treated blade material. Another method 
is to slip a short tube over the ends of the lugs and to silver-solder it to 
them (Fig. 12-22). There is no hardening of these lashings or shroud 
parts, due to welding, because nonair-hardening materials are used, and 
local heating does not extend to the body of the blade. 

Tests of Shrouding and Lashing. The importance of shrouding and 
lashing in connection with the vibration of blades was suggested in Sec. 
11-3. Blade groups assembled with shroud and lashing wires are tested 
[12:13] by vibrating them by some form of mechanical, electric, or 
pneumatic vibrator of controllable frequency (Fig. 1113). At resonant 
frequency only a small amount of energy need be supplied by the vibrator 
to maintain constant amplitude, and this energy is a measure of the 
energy absorbed by damping. The amplitude of the vibrating assembly 
is measured by a microscope or other convenient means, the load required 
to produce static deflection corresponding to this amplitude is found, and 
from it the stress in the structure can be calculated if desired. Deter¬ 
mination of the maximum amplitude of vibration which can be withstood 
an indefinite number of times gives the strength of the combination of 
blades and lashing. By varying the diameter of a lashing wire and its 
distance from the blade base, the combination which will carry the largest 
load may be found. For ideal conditions, the stresses in blade and wire 
should be such that failure is equally liable to occur in either element. 
However, blade fractures in service are serious, and fractures in wires 
can be detected easily; it is therefore preferable to adopt proportions 
which will ensure prior failure by the wire [11:8]. 
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12-11. Blade Seals 

Seals are widely used on reaction blading to reduce the leakage of 
steam from row to row through the clearance spaces. Figure 12-34 
show's an arrangement in which thin stainless-steel strips in ribbon form 
are rolled into grooves turned in the surfaces of the rotor and the cylinder 
and retained by soft-steel caulking rings, giving two restricted clearances 
or seals per row' between seals and the machined surfaces of the shroud 
rings. This clearance cannot be adjusted, but if (he seal is worn away 
by a rub, it can be replaced. These thin metal strips, 0.01 to 0.02 in. 
thick depending on service, are used only over moderate pressure dif¬ 
ferences that are insufficient to bend them. Figure 12-37 shows another 
form of seal suitable for a turbine of low capacity, with two radial seals 
on the stator blades and one each radial and axial seals on the rotor 
blades; by adjusting the rotor to the right, the axial clearance is reduced. 
The rib on the rotor surface prevents steam from blowing straight 
through. Figure 12-35 shows sealing arrangements for a turbine of 
larger capacity, and Fig. 12-3C is a photograph showing these seals on 
the first few rows of blades in a turbine. Formed seal rings, set in 
grooves, give three seals over each row, with good deflection of through 
flow. 

In Fig. 12-38, intended for high-pressure reaction blading, there are 
three radial seals for each blade row and an axial seal on the upstream 
edge of the moving row in addition. These seals are formed by shrouds 
that are each made up of a channel section and an L section, w'elded 
together and then welded to the blade tips. Note the location of the 
axial seal; it is undesirable to place this on the downstream edge of the 
moving blade tip, because leakage steam passing through this clearance 
enters the main flow at high velocity and creates disturbance in it. 
Low'-pressure blades are not usually provided with seals, but Fig. 7-15 
shows a single radial seal strip over the tip of each blade, moving or fixed. 

Simple impulse blades do not often have seals, even if there is a small 
amount of reaction in them, but two-row impulse wheels often have so 
much pressure drop that seals are desirable. Figures 6-23 and 81 show- 
two designs. Both radial and axial seals are used on the first, and axial 
seals only on the second. 

New turbines are started w-ith radial seals made with such a small 
clearance that the seal rings will wear away in early operation to a mini¬ 
mum that can be maintained in service. Axial seals are brought into 
contact while under load at normal operating speed and temperature, by 
shifting the rotor endwise by means of the thrust adjustment. After the 
seals have worn slightly and have become equalized, the rotor is moved 
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hack to give the proper safe clearance for operating conditions. For 
shutting down and starting, the clearance is set at a greater value, 0.030 
to 0.040 in., than the operating value. Tapered stops are adjusted to 
hold the endwise movement of the rotor between these limits; after 
operating conditions are reached, the rotor is moved to the position of 
minimum safe clearance [12:14]. 

12*12. Blading Materials 

Materials that have been used in the past for impulse blades are brass, 
phosphor bronze, carbon steel, nickel steel, pure nickel for very high 
temperatures, and stainless steel or monel metal in locations where cor¬ 
rosion occurred. Castings were used in small machines and also drop 
forgings. Machining the blade in one piece with base and shroud section 
became common at an early date, although the largest low-pressure 
blades are still often forged and then machined all over. 

For reaction blades there were formerly used brass, carbon steel, cop¬ 
per-clad steel, phosphor bronze, manganese copper, and nickel steel. 
Pure nickel, stainless steel, and monel metal were employed as previously 
described. Reaction blades of parallel section were drawn or rolled to 
the desired cross section in straight bars, cut to length, the end upset and 
formed for the attachment base, and the tip beveled to a thin edge. The 
base was also often formed by alternating a distance piece or spacer with 
the blades when they were assembled; this spacer might or might not 
be welded or brazed to the blade. Warped and tapered reaction moving 
blades of larger sizes are forged and machined. Stationary warped 
blades of the larger sizes are cast of bronze, often hollow to save weight. 

Beside being heavily stressed, blading is subject to erosion and cor¬ 
rosion. The former is a wearing action, due to solid or liquid impurities 
brought over from the boiler in the steam or to the water in wet steam 
(Sec. 6-2G). The latter is a chemical action and is due largely to reac¬ 
tion of the blading metals with materials brought over from the boiler, 
to nonhomogeneity of the blade material, and to ordinary oxidation at 
times when the turbine is not in operation. 

At the present time the qualities required in a material for turbine 
blading may be stated as strength, machinability, weldability without 
air hardening, resistance to corrosion, high damping capacity, responsive¬ 
ness to simple heat-treatment, good endurance limit, uniform structure, 
freedom from impurities liable to cause stress corrosion, and low or 
moderate cost. For blading exposed to highest temperatures, the creep 
rate should be low, the coefficient of thermal expansion low or moderate, 
and the metal should be especially resistant to corrosion at high tem¬ 
perature and to any internal changes. It is now the usual practice to 
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machine blades from bar stock, complete with base and shroud. Even 
twisted and tapered blades are thus machined by specially developed 
milling machines. Large low-pressure stationary blades have been made 
of sheet metal of the required characteristics, formed to shape and 

welded. 

Table 12 2. Turbine-blading Alloys 



Cyclops 

17-A 

13-chronic 
stainless iron 

Shroud 

material 

Weld 

rod 

Carbon . 

0.35-0.45 

0 06- 0 13 

0.10 

0.10 

\ T iekel .. 

19-20 

0 50 max 

9 

12 

Chromium. 

7-8 

11.5 -13.0 

19 

25 

Silicon 

0.95-1 25 

0 50 max 



Manganese. 

Columbium. 

0 55-0.75 

0 25- 0 80 

0 7-1.0 



Table 12-2 has been made up from data in the article on turbine blading 
by Allen (11:11) as representing the practice of the Allis-Chalmers 
Manufacturing Company. The first material has good qualities at high 
temperatures, does not air-harden, and hence can be welded without 
special precautions. It has an ultimate strength at room temperature 
of 105,000 psi, and the proof stress at 0.01 per cent plastic yield is about 
50,000 psi. The second material, called chrome iron, has greater strength 
and is more corrosion resistant. It has a damping capacity many times 
that of most other alloys. Its superior strength and uniform quality 
make it desirable, especially for large highly stressed blades, and it is 
widely used, although on account of its air-hardening quality, welding 
must be carefully planned and carried out. 

Many other alloys with different compositions are in use, and experi¬ 
ence is constantly resulting in improvements, especially for materials 
resistant to the highest temperatures. 











CHAPTER 13 
LOSSES 


1 he losses in nozzles and in blade and guide passages have already 
been considered in Chaps. 3 and 7. The remaining losses may be con¬ 
sidered under the heads of leakage losses, rotational losses, steam-pressure 
drop, radiation, leaving loss, and electrical loss. 

13*1. Leakage 

The losses which may occur through leakage are as follows: 

A. High-pressure shaft-gland packing 

B. Low-pressure shaft-gland packing 

In addition, leakage may occur at the following points in an impulse 
turbine: 

C. Diaphragm labyrinths or carbon packings at the shaft 

D. Diaphragms, joints at the periphery with the casing, and transverse 
joints 

Leakage may occur at the following points in a reaction turbine: 

E. Balance pistons 

F. Blade-tip shrouds 

Some illustrations of the various methods of preventing leakage are 
shown in Figs. 13-1 to 13-16. 

Three distinct types of shaft packing are in use for steam turbines, 
singly or in combination. 

First, water seal , in which a small, rudimentary centrifugal pump 
runner, tight on the shaft, rotates in a concentric chamber which has no 
peripheral discharge and, by establishing a high water pressure in the 
outer part of the chamber, prevents steam from passing [13:1]. It is 
shown in Fig. 13-16 and in combination with labyrinth packing, in Figs. 
13-15, 13-1, and 13-3. It can stop leakage completely under conditions 
appropriate for its use but must be continuously supplied with a small 
amount of pure water under moderate pressure and consumes an appre¬ 
ciable amount of power. Sufficient water must be circulated to prevent 
the formation of vapor in the runner chamber (Fig. 13-3). 

Second, contact or solid packing generally consists of rings of carbon, 
fitted about the shaft and held in a housing concentric with the latter. 
Each ring is in a separate compartment and the ring sections are held 
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Fig. 131. Typical high-pressure shaft and diaphragm packings. (General Electric 
Compiny.) 



Fio. 13-2. Shaft-gland packing, lower half. (General Electric Company.) 


together by a garter spring (which must hold its tension at high tem¬ 
peratures) and are kept from turning in the compartment by a suitable 
stop. The ring faces are made accurately flat and parallel, and the 
annular plate forming the compartment side, against which the carbon 
ring is forced by steam pressure, should be of noncorroding material 
(and not merely the iron or steel of the casing), so that the ring or its 
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segments can have complete freedom of movement at all times. How¬ 
ever, springs exerting axial pressure are also used, strong enough to 
produce sufficient friction to keep the rings from riding on the shaft 
Carbon rings are shown in Figs. 1310, 1311, 1-59, and 110 and in com¬ 
bination with labyrinth packing in Fig. 119. Smaller clearances can be 
maintained with this packing (0.002 instead of 0.010 in.) and hence 
smaller leakage than with labyrinth packing; this packing occupies less 
axial space, but its conditions of satisfactory use are somewhat limited. 
One manufacturer does not use it when the temperature in the casing is 
over GOO F, when the shaft is 10 in. diameter or larger or when the surface 



lie. 13-3. Scaling gland for high-back-pressure turbine. 
Company.) 


(Allx9-('halmers Manufacturing 


speed of the shaft is 10,000 fpm or higher. The coefficient of expansion 
of carbon is very small, and cold clearance must be liberal; the leakage 
occurring at starting and at changes of load is therefore likely to be 
excessive. 

Third, labyrinth packing, in which the steam tending to pass through 
the leakage area is throttled many times and in addition is made to follow 
a devious path. The blade seals described in Sec. 1211 are forms of 
labyrinth packing. While many varieties of labyrinth have been tried 
for shaft and diaphragm glands and for balance pistons, only a small 
number of really different labyrinths are now used. Three arrangements 
of a labyrinth unit are shown in Figs. 13 6, 13 7, and 13 1. A unit ring, 
cast of lead bronze which wears without generating excessive heat, in 
four or six segments, is placed in a suitable groove in the stator (dia¬ 
phragm or shaft-gland housing) and is forced radially mward against 
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shoulders or hooks in the groove sides by springs; a garter spring in Fig. 
13-6 a series of coil springs in Fig. 13 7, one behind each segment, and a 
series of flat springs in Fig. 131. A retainer at the horizontal joint pre¬ 
vents rotation of the ring unit, and accurate finish of the low-pressure 
side of the groove and ring provides a steamtight joint at this point. 
The springs must retain their elasticity at high temperature. Serrations, 


Fio. 13-4. 
pany.) 



shallow and deep alternating and variously formed, are turned on the 
inner cylindrical surface of each unit ring, and the surface of the adjacent 
rotating part has a series of grooves or rugged high and low teeth, match¬ 
ing the deep and shallow labyrinth rings (Fig. 13 5). Thus the flow 
through any clearance area is directed away from the following clearance 
area, helping to transform the kinetic energy into heat, as desired. The 
edges of the labyrinth rings are turned sufficiently thin so that rubbing 
on contact will not produce enough heat to cause distortion, but they are 
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left with enough strength so that, when starting up, a slightly eccentric 
shaft will push back the ring segments. The springs are therefore made 
rather flexible. At times of overhaul, enlarged clearances can be reduced 
by remachining the radial hooks, or complete new rings can be inserted. 

Labyrinth packing used for balance pistons in reaction turbines is 
shown in Figs. 13 8, 13-9, and 13-3. It is desirable to be able to adjust 
balance-piston clearances; hence they arc made axial, although the 
arrangements shown in Figs. 13-8a and 13*9 also contain radial clearances 
that arc not adjustable. The desired axial clearance (with small leakage) 
is obtained after running conditions have been established by adjusting 


Fio. 13-5. High-pressure scaling gland. ( AUis-Chalmcrs Manufacturing Company.) 


screws at the thrust bearing near the high-pressure end of the shaft as is 
shown in many of the figures in Chap. 1. It will be noted that steam 
must leak radially inward through these axial clearances, against the 
action of centrifugal forces; this diminishes the amount of leakage. 

Where shaft packing must work over a wide range of loads, as in the 
units of compound turbines, with internal pressure changing to vacuum 
at times, labyrinth packing is used, with steam supplied to an inter¬ 
mediate chamber in the packing. With low internal pressure, the steam 
keeps air from leaking in. At high internal pressures, this sealing steam 
must be cut off, the sealing-steam chamber then becomes a leak-off 
chamber (Fig. 13*4), and it must be vented to a lower point in the turbine; 
both changes should be made automatically so that steam will not 
escape into the engine room. Sometimes a small motor-driven exhauster, 
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discharging to a small condenser, is used. Note the use of these steam- 
seal glands at both ends of the reaction-turbine rotor in Fig. 1-25. 

Carbon-ring seal or water seal is often used in addition to labyrinth 
seal to pack shaft glands against large pressures, the labyrinth serving to 
break down the high pressure and the carbon or water seal to stop most 
or all of the flow that leaks past the labyrinth. Leak-offs are usually 
arranged at one or more intermediate points above the final seal, to carry 
away leakage steam. 

Labyrinth packing , whether for high or for low pressure, has alternating 
constrictions (clearances) and enlargements (chambers) arranged in 




Fio. 13-6.' Labyrinth seal for diaphragm or inner gland. (W eslinohousc Electric Cor¬ 
poration.) 

sequence in such a way that the kinetic energy developed by flow through 
any clearance is destroyed by turbulence in the succeeding chamber 
before the flow reaches the next clearance; packing which destroys all the 
kinetic energy each time is said to be ideal. The enlargements must be 
above a certain minimum size, and the incoming jet must not be allowed 
to flow directly toward the next opening. When steady flow has been 
established through such a packing, there will be nearly complete throt¬ 
tling of the steam from the initial pressure p,- to p r , the pressure of the 
atmosphere or other space into which the packing discharges its leakage, 
and the following conditions will exist: 

A. Definite steam conditions p, v, and t will be established throughout, 
these being such as to place the state point of the steam that is at rest in 
each chamber on a constant enthalpy line through the initial state point 
at pi. 
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B. The same weight of steam must flow through each constriction, but 
the volume in cubic feet per second will be increased each time. 

C. If all the clearances have the same area, the velocity must increase 
at each successive throttling, requiring a greater Ah t each time to pro¬ 
duce this greater velocity; hence the ratio p*/pi at each clearance 
steadily decreases from the inlet of the packing to the outlet. Hence 
P2/P1 will be large (p 2 nearly equal to p 1) at the inlet and small at the 
outlet. 

• D. At no constriction can the velocity be greater than the acoustic 
velocity: since this applies to the last clearance which has the greatest 
velocity of any, the velocities at all the other constrictions must be less 
than the acoustic. 

E. A certain minimum number of constrictions will be required to 
bring the critical pressure at the last constriction down to p„ the ambient 
pressure; with this number, steam leaking out of the packing will be at 
p,. The ratio of this value of p, to the initial pressure p x is the critical 
pressure ratio for the whole labyrinth. It can be shown theoretically 
[13:2 and 13:3) that this over-all critical pressure ratio will be 0.317 for 
5 throttlings, 0.199 for 15, and 0.157 for 25 throttlings. 

F. With the critical number of constrictions described in E, decreasing 
the ambient pressure p< below the critical value p, (er) will not change the 

leakage flow, but raising the ambient 
pressure will decrease the leakage 
flow since the velocity through the 
last constriction will then be de¬ 
creased; all intermediate pressures 
will be raised slightly. 

The problem of determining the 
probable leakage for a given number 
of constrictions each having a given 
clearance or of determining the num¬ 
ber of constrictions of a given clear¬ 
ance necessary to reduce the leakage 
to a given amount may be solved 
graphically [13:4) or analytically [13:2, 13:5, and 13:6). Full solutions 
are more involved than can be included here, but an equation to be given 
presently furnishes a very fair approximation to actual labyrinth flows, 
with a calculated leakage in all cases somewhat greater than experi¬ 
mentally found values. 

Labyrinth clearances vary from 0.010 to 0.008 in., or even down to 
0.004, provided that the unit rings are mounted in such a way as to have 
proper flexibility, i.e., with sufficiently weak springs. 



Imo. 13-7. Spring-loaded labyrinth seal. 
( Allis-Chalmcrs Manufacturing Company.) 
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The considerations involved in determining the magnitudes of the 

various leakages will now be stated. 

A. In the high-pressure shaft gland of an impulse turbine, there are 
first several units of labyrinth packing, followed by a leak-off. Any 
steam leaking through the labyrinth has come through the stage 1 nozzles 
and blading; it performs no useful work thereafter unless it is led by the 
leak-off connection to a point in the turbine where the pressure is always 
below atmospheric. Following this leak-off comes the water seal, with a 
unit of labyrinth on each side. Leakage steam cannot reach the atmos¬ 
phere, air cannot leak in past the water seal, and any water overflow from 
the water seal cannot escape outward and get into the turbine bearing. 
Several leak-offs are often used (Fig. 1-59); also carbon-ring packing is 
sometimes used instead of water seal (Fig. 119). Figure 13*12 may be 
used for determining leakage, but intermediate steam leak-offs and the 
final water seal complicate the calculations. 

In the reaction turbine there is no direct leakage of steam from stage 
1 outward, since such leakage must first pass one to three balance piston 
labyrinths, and several leak-offs. 

' B. At the low-pressure shaft packing, air tends to leak inward; it may 
be prevented by a water-seal packing or by a steam-sealed labyrinth 
packing having steam above atmos¬ 
pheric pressure supplied to an inter¬ 
mediate point in the packing. As 
long as a small amount of steam 
leaks outward, it is certain that no 
air can be passing inward. The 
steam leaking inward has no effect 
on flow through the turbine but 
may affect the vacuum very slightly. 

At low speed, in starting, the water 
seal is ineffective and steam is used, 
both to seal against the atmosphere 
and to minimize the flow of water 
along the shaft into the cylinder with possible distortion due to unsym- 
metrical cooling. However, “flooding” the seal is sometimes used to 
prevent air inrush during starting. 

C. In the diaphragm shaft seals of an impulse turbine, which are usu¬ 
ally of the labyrinth type [occasionally carbon rings (Fig. 1 -59)], the 
amount of leakage is of diminishing importance from the high- to the 
low-pressure end. This will be evident if we assume the same clearance 
at all diaphragms which, with constant shaft diameter, gives the same 
leakage area for all. If for simplicity we assume the same enthalpy drop 



(a) (6) 

Fio. 13-8. Balance-piston labyrinth seals. 
( Allis-Chalmcrs Manufacturing Company.) 



378 


STEAM TURBINES 


between any pair of stages, then there will be the same flow velocity 
through each diaphragm-gland leakage area. This constant flow velocity 
would give the same volume of leakage through each diaphragm clearance, 
but the weight flow would decrease with each drop of pressure and increase 



Fig. 13-9. Balance-piston labyrinth seal. (Westinghouae Electric Corporation.) 


of specific volume. If the pressure ratios for the last stages are smaller 
than critical, then Eqs. (3-51) and (3-52) would be applicable. 

In an impulse turbine, this leakage, varying at each stage, constitutes 
a deduction from the steam doing useful work in the stage. The working 



Fig. 13-10. Carbon packing-ring details. {Worthington Pump and Machinery Cor¬ 
poration.) 


steam divided by the sum of the working steam and the steam constitut¬ 
ing leakage, or by the total turbine flow, gives the leakage efficiency of the 
stage. This approaches unity toward the low-pressure end. The leak¬ 
age steam also tends to cause a pressure difference on the two sides of a 
wheel and produce axial thrust, as described in Sec. CTO. 
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The data of Fig. 13-12 may be used for calculating the diaphragm gland 
labyrinth leakage. With reasonable clearances the leakage may approach 
3 per cent at the first diaphragm, diminishing to perhaps 0.03 per cent at 


^//"Leakage past the diaphragms and cylinder rings, both at the hori¬ 
zontal joint and around the periphery where seated, must be considered 
due to defects of manufacture; to calculate it requires some sort of esti¬ 
mate of the leakage areas, which can be made only after a knowledge of 



Fio. 1311. Carbon-packed shaft gland. (Worthington Pump anti Machinery Corporation.) 


the workmanship. It should not he large in any case and will be progres¬ 
sively less important toward the low-pressure end, for reasons just 
presented. 

E. There are one, two, or three balance pistons in reaction turbines, 
according to the type, as described in Sec. 7-11. The pressure drop over 
each balance piston is usually larger than critical, and since the diameter 
is large, carefully designed labyrinth packings, giving a true throttling 
effect at each ring, are required to reduce leakage to a reasonable amount. 
Martin [13:71 gives the following equation, which is said to give good 
results if the pressure drops are not too large: 


8alance piston leakage, Ib/hr 
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where pi = initial pressure, psia 

w b = leakage, lb per sq in. per sec 
r = Pl /(final pressure beyond balance piston) 

Vl = specific volume of steam at pressure p i 
£ = number of balance-piston throttlings 

The curves of Fig. 1312 also offer a means of determining the balance- 
piston leakage; here leakage is assumed to vary directly as the absolute 
pressure and the clearance in thousandths. Usually the leakage vanes 
from 5 to 8 per cent for the first piston, from 4 to 7 per cent for the second, 
and from 2 to 2)4 per cent for the third, the lower values calling for very 
close clearances. Steam leaking past the first piston does no work in the 
high-pressure blading but combines with the steam passing to the inter- 
mediate-pressure blading and does work there. Steam leaking past the 
second piston may do some work in the low-pressure blading, but steam 
leaking past the last piston goes to the condenser. 

F. The leakage past the blade tips, especially at the high-pressure 
end, has been stated to be the most serious loss occurring in this type 
of machine. The relation of clearance to per cent leakage has been 
explained in Sec. 710 and also the effect of the leakage flow in disturbing 
the flow of the main body of steam (Sec. 913). Stodola [4:15] and 
Goudie [7:1] give as a rough and ready rule to count 1 per cent of leakage 
area as 2 per cent loss of leakage efficiency; others suggest 1 per cent of 
leakage area as equivalent to 3 per cent loss of leakage efficiency. 

The diagram shown in Fig. 13-13 gives the ratio 

working steam 
1,4 ~~ total steam 

calculated for various blade lengths and mean blade diameters by means 
of an equation derived by Goudie, the clearance being determined by 
Speakman’s formula [Eq. (7-19)], already given, for blades with 20-deg 
exit angle. 

13-2. Rotational Losses 

The important rotational losses in turbines are as follows: 

A. Disc friction 

B. Fanning action of idle blades 

C. Journal and thrust-bearing friction 

D. Water-sealed gland-power loss 

A and B. Disc Friction and Fanning of the Idle Blades. Considerable 
power must be applied to revolve even a smooth disc at a high speed in 
air, owing to two causes: first, fluid friction between the air and the disc; 
and, second, a centrifugal pumping action of the disc, tending to cause a 
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movement of the air along the disc radially outward. The latter can be 
much diminished, especially at low speeds, by making the clearance on 
both sides of the disc as small as possible; at higher speeds this inclosing 
is less effective. Stodola 1 (4:15) gives the following formula for the 
horsepower lost in rotating a wheel, without blading, in air: 


hp«i = 0.0G08 



D* 

v 


(13-2) 


where D = mean blade-ring diameter, ft 
For constant revolutions, this loss varies as d s . 

The blading on the periphery of the wheel exerts a fanning action on 
the air and consumes additional power, depending on the speed and the 
blade height. If the blading is active all around (full peripheral admis¬ 
sion), this part of the loss will be negligible; if the inactive arcs are 
enclosed by shields attached to the casing with small clearance (Fig. 
6-23), the loss will be moderate, but if the inactive sectors rotate in free 
steam, the loss will be excessive. Stodola gives for this loss, 


hp > _ 0.458 (0|U -*)<*■ • 

Adding the two losses, inserting two constants, changing to d in inches, 
and simplifying gives 




(13-3) 


where m 


n 


W 

d 

v 

d 


a constant to allow for different media. It may be taken as 
1.0 for air, high-pressure or very highly superheated steam 
and vacuum, 1.2 for superheated steam at atmospheric pres¬ 
sure, and 1.3 to 1.5 for wet steam 

a constant to allow for the amount of shielding and reduction 
of clearance on the sides of the disc; this is highly variable 
but may easily be as small as 0.50 to 0.25 for small- to 
medium-diameter wheels, respectively. With wheels run¬ 
ning free, n = 1 
blade velocity, fps 
blade-ring mean diameter, in. 
specific volume 

percentage of active circumference/100 


1 Stodola’s book should be consulted if the reader is interested in the data from 
which the equations were deduced. Owing to experimental difficulties, results are not 
entirely consistent. 
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C = a constant = 1 for a single row of blades, 1.25 for two rows, 
and 1.8 for three rows 
h = blade height, in. 

Xo correction is necessary for the steam friction of the shaft supporting 
an impulse wheel, on account of its small diameter. 



Fio. 13-14. Rotation loss for single-stage two-row turbines with atmospheric exhaust. 
(De Laval Steam Turbine Company.) 

A few trials with Eq. (13-4) will show the considerable magnitude of 
the loss due to fanning of idle blading when the arc of admission is small 
(6 is then small). To obviate this, a large arc should be used, or if this 
reduces the nozzle and blade heights excessively, the wheel diameter can 
be reduced. Two-row wheels with partial admission at full load usually 
have shielding over the inactive arc of the circumference. 

Figure 13-14 shows the rotational loss in horsepower for single-stage 
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turbines with two-row wheels and atmospheric exhaust. Correction 
factors provide for one- and three-row wheels and for back pressure other 
than atmospheric; the diagram horsepower loss is to be multiplied by the 
factor. 

For a reaction turbine, the drum friction loss is so small that it can be 
neglected. Since reaction turbines always run with full admission, there 
is no correction for an inactive sector. 

The use of backing turbines in marine installations was described in 
Sec. 8*10. During ahead operation there is a loss due to the reverse 
rotation of the backing turbine, and during backing operation there is a 
loss due to the reverse rotation of the high- and low-pressure ahead tur¬ 
bines, both rotations taking place in steam at exhaust pressure. The 
General Electric Company has supplied the following information relative 
to these rotation losses: 

For the usual case in which the backing element is integral with the 
low-pressure turbine shaft, the power required to drive the ahead turbine 
in backward rotation is the sum of the rotation losses of the ahead ele¬ 
ments, the gear losses, and the bearing losses. The rotation losses when 
backing will be of the order of 4 to 8 per cent of the full-power-ahead 
output; the methods of determining them are rather approximate at the 
present time due to lack of accurate test data. The best empirical 
formulation from data now available is as follows: 


Rotation loss in kw 


where X 
N 


l 


= -(—Y 

V \1,000/ 


(13 4) 


z 


C(d/\0)'h' 

iV 

= rpm 

d = mean blade-ring diameter, in. 
h = radial height of blade, in. 

C = a constant which is a function of the details of the blade form 
and angles. For typical modern design, the value of C 
ranges from 0.7 to 1.0 

This formulation for reverse rotation also applies to the astern element 
when running ahead. The power then required is merely the backward- 
rotation loss of the astern element, all gear and bearing losses being 
charged to the ahead turbines. This rotation loss amounts to from to 
1J6 per cent of the total full-power-ahead output. 

C. Journal and Thrust-bearing Friction. The location of turbine bear¬ 
ings and the supplying of lubricating and cooling oil to them were dis¬ 


cussed in Sec. 12*7. 

Numerous formulas have been offered for the loss in shaft bearings. 
One, giving the loss in Btu per minute, is the following, derived by Martin: 
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E b = 0.00853d 2 LV (13-5) 

where d = diameter of journal, in. 

I = length of journal, in. 

N = rpm 

Note that this Btu loss is entirely from useful work and, taking account of 
thermal efficiency, is roughly equivalent to three to five times the value in 
heat supplied to the turbine. 

Another formula recommended by an American firm is 

E b = 7 F»V»Sl X 10" 5 (13-6) 


where F = unit load, psi 

Vj = speed of journal surface, fps 
S - Saybolt viscosity, sec at outlet oil temperature 
These formulas require a knowledge of the dimensions of the bearing; 
for design work it is usually sufficient to assume a shaft bearing loss of 
\/ 2 per cent of the rated load of the turbine (see Sec. 12-7). 



Fio. 13-15. Labyrinth and water 
seal. 



Fig. 13-16. Water-sealed gland. 


In most land-type turbines, the end thrust is partially or completely 
counterbalanced, the thrust bearing simply serving to hold the rotor in a 
definite position and maintain clearances. In marine turbines having 
Kingsbury thrust bearings, the loss in a thrust bearing may be taken 
equal to the loss in one shaft bearing. 

D. Water-sealed Gland-power Losses. A water-sealed gland is vir¬ 
tually a small centrifugal pump which maintains a ring of water under 
pressure in the chamber surrounding the impeller (Fig. 13-16). H. M. 
Martin gives the following formula for the loss in horsepower per impeller: 

'«■ - j [> (sy - (sy - (sol 


(13-7) 
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where D 0 = extreme outer diameter of impeller, in. 

D\ = inner diameter of rotating ring of water on one side of 
impeller 

D 2 = inner diameter of ring on other side 
N = rpm 

Such water-sealed packings are ordinarily used for packing against 
vacuum or low steam pressure. If it is attempted to use them for high 
steam pressures, the difference between D x and D 2 must be considerable, 
and this makes D 0 large; consequently the speed of the impeller periphery 
is large, and considerable power is consumed. Hence water-sealed pack¬ 
ings are used for high steam pressures only when preceded by labyrinth 
or other form of packing with a leak-off which will lower the pressure 
against the water seal (Fig. 13-3). The cooling effect on the shaft and 
adjacent bearing produced by a water seal is sometimes of importance. 

13*3. Steam-pressure Losses 

The initial pressure is the pressure existing on the boiler side of and 
directly preceding the throttle valve, the latter being wide open during 
operation. A steam-pressure drop approximating 5 per cent of the 
initial absolute pressure but depending of course on the design of the 
particular inlet system may be assumed to take place through the steam 
strainer and governing valves, up to the nozzle chambers. This drop 
may be assumed to be at constant enthalpy, thus increasing the entropy 
of the admitted steam. The isentropic enthalpy drop from the new 
initial state to the final pressure will be less than before; this decrease in 
Btu of available energy is the loss due to the admission system. In 
marine installations having more or less complicated maneuvering valve 
systems, a larger drop may be expected. 

The inlet or entrance pressure is the total pressure in the nozzle 
chamber. 

13*4. Radiation and Conduction Losses 

Percentage losses of heat due to radiation are comparatively small in 
most cases and may generally be neglected. The high-pressure end is 
usually relatively small in diameter and is thoroughly insulated. Tur¬ 
bines having a two-row impulse wheel have an especial advantage in 
regard to radiation, in that the high-temperature steam is confined in a 
relatively small nozzle chamber, and after the steam has emerged into 
the surrounding casing, it is so much lower in temperature that external 
radiation loss is greatly decreased. Internal heat transmission through 
chamber walls may be appreciable, owing to the high fluid velocities on 
both sides of metal walls. 
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The low-pressure casing and exhaust connection, being filled with 
steam little above atmospheric temperature, are not insulated. 

Small turbines, such as used for mechanical drives, have a much greater 
ratio of surface area to energy passing through and may have radiation 
and conduction losses of several per cent. 

13-6. Leaving-velocity Loss 

The velocity of the steam at exit from the last row of blading of a 
turbine is V 2 and the flow is usually approximately axial at rated load. 
Immediately downstream, the spaces due to the blade-edge thickness close 
up, resulting in a cylindrical jet with an axial velocity V t - V*(l - m ) 
where m is the blade-edge thickness coefficient. This is the leaving 
velocity, and its corresponding kinetic energy, varying as V\ t is the 
theoretical leaving-velocity loss. In any particular case this loss can 
be expressed as a percentage of the total available energy per pound 
(= Ah,). Assuming that an appropriate value of the available energy 
for older turbines with low initial pressure and temperature is 300 Btu 
and for modern turbines is 600 Btu per lb, the leaving loss in Btu and in 
percentage of the available energy corresponding to various leaving 
velocities will be as in Table 131. In the last line, the leaving-velocity 


Table 131. Leaving-velocity Losses 


Leaving velocity, fps 

600 

800 

900 

1,000 

1,100 

1,200 

Rin oniiivalent 

7 2 

12.8 

16.2 

20 0 

24.2 

28.8 

Percentage of 300 Btu. 

2.40 

4.26 

5.40 

6.67 

8.06 


Percentage of 600 Btu. 

1 20 

2 13 

2 70 

3.33 

4.03 

4.80 

600 Btu, with 20 per cent extraction.... 

0.96 

1.70 

2 16 

2.66 

3 22 

3.84 


loss for Ah, = COO Btu is also shown on the assumption that with regener¬ 
ative feed heating only 80 per cent of the power generated comes from 
steam that has passed all the way through the turbine. 

Maximum flow volume through the annulus will occur when the 
velocity V 2 (or V 2 ) is normal to the plane of rotation, usually approxi¬ 
mately true for loads near the rated load, but with lighter loads the flow 
will have a large forward component. 

It is apparent that the larger the last annulus and hence the smaller 
the velocity the smaller will be the leaving loss, but since large exhaust 
ends and the accompanying long blades and high blade speeds are 
expensive, a compromise is made between efficiency and cost, and leaving 
velocities of 900 to 1,000 fps would be appropriate for a drop of 600 Btu. 
For turbines approaching limiting maximum capacity, larger leaving 
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losses are generally accepted and also higher exhaust pressures, along 
with other devices requisite to pass the necessary amount of steam 
through the turbine. 

From the designer’s point of view, any modifications of the cycle or of 
operating conditions which will reduce the steam flow to the condenser 
for a given amount of power output will reduce the relative importance of 
the leaving loss and allow increase of its absolute value, with consequent 
increase in the limiting maximum capacity. Three recognized methods 
are (a) to use regenerative heating in which steam is extracted, for feed¬ 
heating purposes, from the main stream during its passage through the 
turbine; (6) to raise the initial pressure and temperature of the steam so 
that the available energy per pound will be greater; and (c) to increase 
the total enthalpy drop of each pound of steam by reheating it. Regen¬ 
erative feed heating has been in general use for many years, pressures and 
temperatures have risen greatly and are still rising, and the number of 
plant installations employing reheating is rapidly increasing. 

If the exhaust hood and passage leading to the condenser can be made 
to gradually increase in cross-sectional area or be given a diffuser form, 
the exhaust-steam velocity will decrease and its pressure and temperature 
increase, and it will not be necessary to maintain so low a pressure (and 
temperature) in the condenser. Stated otherwise, for a condenser tem¬ 
perature and pressure dictated by the available condensing water, the 
pressure at the last stage annulus can be made lower with a diffusing 
hood than with an ordinary hood, enabling the turbine to utilize a greater 
portion of its available energy. This was usually impracticable with 
1,800-rpm turbines on account of their already large dimensions, but it 
has occasionally been done with 3,G00-rpm machines. 

The leaving-velocity loss is less at part load and also with poorer 
vacuum, since the specific volume of the steam is then smaller. In 
winter, with cold condensing water, the vacuum is good and the turbine 
available energy is increased, but this advantage is partially neutralized 
by the greater leaving loss. In summer, when the vacuum is poorer, the 
smaller turbine thermal efficiency is partially compensated by the reduced 
leaving loss. 

13-6. Exhaust-pressure or Hood Loss 

If the condenser inlet could be placed directly at the final-stage annulus, 
then the exit and condenser pressures would be identical, there would be 
no hood loss, and the total loss would be only the leaving-velocity loss. 
However, the actual connection is much more complicated. The steam 
leaves the blading in a horizontal direction, modified perhaps by the 
presence of some whirl, enters the exhaust hood, divides, passing to each 
side of the reentrant portion of the hood, is turned downward through 
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on <w among various ribs and braces, and is delivered to the condenser a 
considerable distance below through the exhaust connection. Observa¬ 
tion has shown that the flow tends to crowd toward the generator side of 
the hood, that it may be unsymmetrical due to whirl, and that there is 
considerable variation in velocity over the section of the stream (13:8J. 



Fio. 13-17. A 50,000-lcw three-cylinder reaction turbine. Crawford Avenue. Chicago. 
Exhaust from high-pressure cylinder is reheated and returned to intermediate cylinder. 
Vertical condensers. 


If a considerable part of the exhaust opening is located under the bladed 
part of the cylinder, as in Figs. 1 *53 and 1 *54, flow distribution will be 
adversely affected. The drop in pressure required to overcome resist¬ 
ances and produce flow through the hood, absorbs part of the available 
energy without producing output. Improvements have been made by 
the application of aerodynamic principles and tests of models, resulting in 
the directing of the steam so that the whole area of the exhaust hood is 
utilized for steam flow; this also aids uniform distribution of steam in the 
condenser. Also the 90-deg turn has been reduced to 45 deg in some 
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designs by the use of vertical-tube condensers as shown in Fig. 13-17; 
this plan has not been extensively adopted, partly because of the increased 
floor space required. Since the leaving-velocity loss is more or less 
inflexibly determined by the economics of blade speed and annulus 
dimensions and cannot be greatly reduced, decrease of the hood loss 
by every possible means, including diffusion, assumes considerable 
importance. 

An early paper by E. L. Robinson (13:8) deals with the determination 
of leaving velocity and hood losses, and a later one by G. B. Warren and 
P. H. Knowlton (13:9) gives in some detail a method of calculating their 
effects on steam and heat rates and efficiency of turbines of various sizes 
and types, with extraction for regenerative feed heating, and at various 
fractions of full steam flow. Neither can be given here on account of 
space limitation, but examination of these papers will repay the interested 
student. 

13*7. Total Exhaust Loss 

I he sum of the leaving-velocity lass and the exhaust-pressure loss 
constitutes the total exhaust loss. For given exhaust steam conditions 
and annulus area, the exhaust loss will vary with the volume flow through 
the annulus. Figure 13-18 (supplied by the General Electric Company) 
shows a curve of exhaust loss versus condenser flow for a 15,000-kw 
3,f)00-rpm Preferred-standard turbine, other data being given on the 
figure. The form of such a curve as this depends on the last-stage blade 
velocity and form and on the hood design, and in this case it is based on 
data from tests on General Electric turbines. (In Fig. 10 of reference 
(13:9) are given similar curves for 11 different annulus areas of General 
Electric turbines.) It will be noted that the exhaust loss first decreases 
as the total condenser flow decreases and then begins to increase again; 
this increase at very small steam flows is due in part to the inclusion of 
the internal turbine losses which occur in the last few stages of the tur¬ 
bine at low exhaust flows. They are not strictly exhaust losses, but their 
inclusion as such makes for simplicity in calculation (13:9). 

Quoting from Warren and Knowlton, 

The “percentage exhaust loss” might be considered as that percentage by 
which the output of the turbine would be increased were the exhaust loss to be 
reduced to zero and the energy so made available to the turbine to be utilized at 
the “average turbine efficiency ” prevailing at the conditions under consideration. 


Exhaust loss, kw 


Btu per lb loss X flow X average efficiency 
3412.75 


Exhaust loss, per cent = 


exhaust loss, kw X 100 
output, kw 


03-8) 
03 9) 
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The above equations hold for the case where there 
feed heating, and the flow is that to the condenser, 
when the flow is the same throughout the turbine 


is extraction for regenerative 
For non-extraction operation, 


exhaust loss in Btu per lb X 100 
Exhaust loss, per cent = total available energy = A 


(13*10) 


It should be remembered that these factors are percentages and are therefore not 
directly additive or subtractive when the efficiency is not 100 per cent. 


expression: 



To use this diagram for exhaust conditions other than tin. abs and ttpercent moisture, 
read on the horizontal sco/e at the corrected flow obtamed from the following 


6527(111.9) 

where Qc and Q a are the corrected and actual condenser flows respecti vely^ 
in lb per hr, /J 

y - S p vol of dry sat vapor at actual exhaust pressure, - S *" 

y • moisture fraction - £— 

This curve includes the loss in internal efficiency which occurs 
at light hods, as obtained from tests. / 

In using the loss from this curve to obtain the endpoint 
of the condition line inclusive of exhaust toss, 
multiply the figures by086, which is the 
approximate internal efficiency. . 

Add the result so obtained to the ]/ 

end point of the condition line )/\ 

without exhaust loss. X~ 


V 


y 


850psig, 900 F, 1.5 in tig abs, 
blade t7in. long, 52 in. mean diameter f 
exhaust annulus 25.6 sg ft area 



60 90 100 

Total condenser flow, 1000 lb per hr 

Fio. 1318. Exhaust loss vs. condenser flow. 15.000-kw Preferred-standard impulse tur¬ 
bine. (General Electric Company.) 


For extraction operation, the exhaust loss in per cent from Eq. (13*9) will 
generally be, at rated load, in the neighborhood of 60 per cent of the percentage 
exhaust loss at the corresponding load under non-extraction conditions, depend¬ 
ing on the amount of extraction and the non-extraction exhaust loss. This is 
because the exhaust loss per pound at rated load varies approximately as the 
square of the exhaust flow, and the exhaust loss in kilowatts varies as the loss per 
pound times the flow; hence at fixed load conditions, and with the exhaust flow 
changing as a result of extraction, the exhaust loss in kilowatts and so the per¬ 
centage loss, varies about as the cube of the exhaust flow. Thus, if by virtue of 
a considerable amount of extraction for feedwater heating, the exhaust flow is 
dropped 15 per cent at constant load, as compared with what it would be under 
non-extracting conditions, the percentage exhaust loss would be only about 62 per 
cent (« 0.85 3 ) of what it would be with the same non-extracting load. This, of 
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course, does not hold at lighter loads, at which, as may be seen from Fig. 13-18 a 
reduction of flow may cause an increase in exhaust loss. 

The economically desirable compromise on the value of the exhaust 
loss as defined by Warren and Knowlton appears to be around 4 per cent 
at rated load with of course larger or smaller values at maximum or 
fractional loads, respectively. 

The following exhaust losses have been given for an Allis-Chalmers 
turbine (11:11). The turbine data are: 3,GOO rpm, double-flow low- 
pressure end, 20-in. blades, mean blade-ring diameter G0.5 in blade 
speed 950 fps, annulus area 2G.4 sq. ft, and opening coefficient (gaging) 
0.6. I he steam conditions were 1,200 psig, 925 F, 29 in. Hg vacuum, and 
lour stages of feed heating. The exhaust loss, expressed as a per cent of 
the total adiabatic drop, including corrections for feed heating and under¬ 
expansion, is as shown in Table 13-2. 

Table 13-2. Exhaust Loss for a Reaction Turbine 
Rated load, kw Exhaust loss, per cent 

40,000 1 9 

50,000 2.9 

60,000 4.0 

Variation in Efficiency and Output with Vacuum. In Fig. 13-19 [ 13 : 9 ] 
is shown the approximate effect of change of vacuum on the turbine out¬ 
put in kilowatts per 1,000 lb per hr 
exhaust flow, for several different 
constant-weight flows per hour per 
square foot of annulus area. Thus, 
for a 25 sq ft annulus with 4,000 lb 
per hr per sq ft flow, the total flow 
per hour will be 100,000 lb. If the 
exhaust pressure changes from 1 to 
2 in., then the change in kilowatts 
per 1,000 lb is —7.5 and the total 
change in kilowatts = 


100 X (-7.5) = -750 kw 

The new efficiency corresponding to 
the reduced output with the same 
throttle-steam flow may then be 
determined. Each of the constant 
flow curves is stated to be the 
average for a number of different machines on which tests have been 
made. Attention is called to Table 6-1 showing areas and blade speeds 
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l-io. 13-19. Effect of vacuum change on 
turbine output. (Warren and Knowlton .) 
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corresponding to various annuli and to Table 81 showing the output for 
annuli of various dimensions. 


13-8. Electrical Loss 

The custom of stating the performance of a turbine-generator unit in 
terms of electrical generator output makes a knowledge of the electrical 
losses necessary, even through they are not strictly a turbine loss. The 
curves of Fig. 13-20 giving generator efficiencies at rated loads are based 
on tests of General Electric generators of recent production [13:91, for 
1 800 and 3,600 rpm and for both air- and hydrogen-cooled units. In 



Fio. 13-20. Generator efficiency at rated load. (Warren and Knowlton.) 
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Fio. 13-21. Factor for generator loss at part load. (Warren and Knowlton.) 


Fig. 13-21 are given factors for determining the generator loss at part 
load, to be used in connection with Fig. 13-20 (see Sec. 16-5 for definition 
of rated capacity in relation to power factor). 

Brown and Drewry [13:10] give the following rough rule for generator 
efficiency: 


Efficiency 


0.98 - 


0.055 




ilowatt rating 


1,000 


rating 

load 


(13-11) 


13*9. Mechanical Loss 


The power consumed in bearing friction, in driving water-seal impellers 
and oil pumps and in overcoming governor resistance, is practically 
constant for a given machine, whatever the load. Brown and Drewry 
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113:10] give the following rough rule for the total mechanical loss: 
Loss in per cent at normal rating = 


Since the loss in energy units is constant, the percentage loss varies 
inversely as the load fraction. 


ITT „ (1312) 

( kilowatt ra ting 

1,000 



Fio. 13-22. Mechanical losses in kilowatts. (Warren and Knowllon.) 


A more accurate estimate of mechanical loss may he found from Fig. 
13-22, from Warren and Knowlton. This is for General Electric con¬ 
densing turbines, and the values for 
3,600-rpm machines are given by the 
dashed curves. It will be seen from 
the figure that the mechanical loss is 
a function primarily of the low-pres¬ 
sure annulus area and secondarily of 
the rated load. 

Reduction Gears. The loss in re¬ 
duction-gear bearings and between 
tooth surfaces is generally considered 
separately from other mechanical 
losses. Figure 13-23 shows curves 
20 Percent Of full°pow e r 80 U3 :11] for efficiencies of main reduc- 

F.O. .3 23. Efficiency of main reduction ‘!° n , ( 0r " aVal VeSSe ‘ S > both 

gears. (Mitchell.) single and double reductions. The 

De Laval Steam Turbine Company 

[16 :3] states that the efficiency of large single-reduction gears is usually 

between 98 and 99 per cent or even higher, while for large double-reduction 

units it ranges between 97 and 98 per cent. 

At part load, gear efficiencies fall off, slowly if speed is also reduced as 

in marine applications but more rapidly if speed is held constant. Small 

units will show proportionately greater losses and hence lower efficiency. 
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Figure 13-24 is an example of gearing for a turbine-driven tanker 
This is double-reduction gearing with single-pinion nested-type divided 

main gear. 


Fig. 13-24. Doublo-rcduction Rearing. {Wutinghou$c Electric Corporation.) 

13-10. Variation of Losses with Load; Summary 


The losses discussed in this chapter (in kilowatts or Btu) may he 
roughly classified according to their variations with load, for constant 
speed operation, as follows: 

A. Decreasing with increase of load; fanning of idle blades of partial 
admission stages 

B. Constant; bearing friction, oil pump, and ^ \ f To fa/losses Si 

governor drives; water-sealed gland work £ 

C. Increasing directly with increase of load; c ■§ \y/ 

steam leakage at shaft glands, at diaphragm | 

glands, or at balance pistons; disc friction ° Leavmgksse^^C 

D. Increasing as the square of the load; 0 Output 

leaving-velocity and exhaust-pressure losses, FlG . 13-25. Summation <>i 
generator losses losses. 

When expressed in percentages of load, A and B decrease, C is constant, 
and D increases as the load increases. In Fig. 13-25, the variation of the 
percentages of leaving, exhaust, and generator losses is shown by one 
curve, and the variation of the sum of the other losses by another curve. 
The curve of total losses obtained by summation shows a minimum, and 
this indicates the load at which the turbine will be most economical 
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(provided that the nozzles and blades are properly designed for this 
load). At a somewhat greater load the initial cost of the machine per 
kilowatt will be so decreased that the total cost of power produced by it 
per kilowatt-hour will be a minimum, even though the leaving losses are 
increased. 

Stodola gives a summary of losses in reaction turbines in Table 13-3. 


Table 13-3. Tirbine Losses, per cent 


Loss 

Size of unit 

Small 

Large 

lotnl losses through friction in the turbine blades, including leakage 
losses at blade tips. 

40 

8-10 

8-10 

8-10 

20 

a_s 

Leaving loss, kinetic energy. 

Rotation loss of drums, work in shaft packings, bearing friction. 

leakage loss through balancing pistons. 

o o 

3-5 

3-5 


1 hese losses appear large according to present performances; they should 
all be scaled down, particularly blading and leakage losses. 









CHAPTER 14 

EFFICIENCY, REHEAT FACTOR, AND CONDITION LINE 

The term "efficiency” is usually defined as the ratio of result to effort 
but in the present subject there are so many values which might be taken 
for the result and so many for the effort that care must be taken to dis¬ 
tinguish between them. A number of efficiencies have already been 
intfoduced, and more are to follow; as the total number will be consul - 
able it seems desirable to give them all comprehensive consideration at 
this point and to assemble their definitions at one location for easy 

reference. 


14-1. Efficiency 

The diagram in Fig. 14 1 shows the flow of energy through a three- 
stage turbine without extraction or resuperheating, the various energy 
quantities being indicated by either name or symbol. In Fig. 14-2, a 
portion of a corresponding Mollier chart is shown. 

Of the total amount of heat Q i supplied to a turbine per pound of 
steam, only a certain portion AH, is available for work if the turbine is 
operating on the Rankine cycle. Of this available energy, part is lost 
by leakage at the shaft packings and by radiation, part is passed along to 
the condenser as kinetic energy and reheat and is lost, but a large part 
E { is turned into work. Of this mechanical work, some is lost by journal 
and gear friction, by water-seal gland work, and by work required to 
drive the governor and the oil and other pumps; the remainder E e is 
available for doing useful work at the turbine coupling—it is often termed 
“brake work." The generator or other machine which the turbine 
drives through the coupling has losses and delivers the work E ct less than 
it receives from the turbine. The portion of Qi which is rejected to the 
condenser is Qi. 

Referring to Fig. 14-2, we see that, if AH, = H A - H F is the ideal avail¬ 
able energy between the initial conditions and the final pressure, the 
ideal thermal efficiency based on the Rankine engine cycle, feed-pump 
work being neglected, is 

rjt r = = Rankine-cycle efficiency (14-1) 

Wi 


397 



5VJS 


STEAM runsIXICS 


ha 

hi 

A//5 


All quantities in Btu |K-r pound of steam. 

Vi - heat supplied to turbine. 

- heat rejected by turbine. 

" enthalpy of steam, initial. 

” enthalpy of steam, final. 

- adiabatic decrease in enthalpy. 

- available energy for whole turbine. 

- internal work, mechanical energy delivered 

to the shaft inside turbine, 
c. - external work, mechanical energy delivered 
F - V , r bme * h » fl a* coupling, 
fi. - work delivered by generator or other driven 
machine; output of combined unit. 

V' “ reheat for turbine as a whole. 

«un»u 1 at.ve available energy. 

(AA.)i. (^•)». (AMs. etc. -energy available per 
turbine stage. 

o' «*’ °*. C ' " wo [ k d «j iv ®red to shaft per stage. 

9'i. flrt. etc. - reheat for a stage. 
n<r - ideal thermal efficiency, based on Rankine 
cycle. 

-jo - internal thermal efficiency, based on energy 
developed within turbine. 

>H» - brake thermal efficiency, based on energy 
delivered to abaft colliding. 

*»'• " combined thermal efficiency, based on 
energy delivered by driven 
machine. 

1 • " internal or engine efficiency. 
v ■ external or brake efficiency. 
ijm — stage efficiency. 

•»« - nozzle efficiency. 
i»m - blading or diagram efficiency. 

V - leakage efficiency of a stage. 

- efficiency of carry-over of 
kinetic energy of steam. 

•»»* " combined efficiency of nozzles 
and blading in a stage. 




Internal 
' I to shaft 


External 
* delivered 
by shaft 


At the 
switch • 
board 


Fio. 14-1. Energy flow in a turbine with three 


pressure stages. 
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The internal thermal efficiency corresponding to the indicated thermal 
efficiency of a reciprocating steam engine, is 


Vl . = Q = internal thermal efficiency 


(14-2) 


The actual or brake thermal efficiency, based on mechanical work 
delivered, is 

V6 = ^ - brake thermal efficiency (14*3) 

Q i 


thermal efficiency of the turbine combined with the generator 


The actual 
or other driven machine, based on 
the energy delivered by the latter, is 

= §; = combined 

thermal efficiency (14-4) 

The ratio of to Vm which is a 
relative efficiency, is 

Ei/Qi _ E x 
* m A HJQi A//. 

— engine efficiency (14-5) 

This very important efficiency is also 
often termed the efficiency ratio and 
the internal engine efficiency. It is a 
measure of the closeness with which 
the actual turbine approaches the 
ideal in performance. Similarly, the 



Fio. 14*2. H-S diagram for a turbine with 
three pressure stages. 

ratio of rjtb to vir or 


v. = = Zj7 = brakc_en 8 ine efficiency 

might be called the external efficiency in contrast to Eq. (14-5). 
the ratio of rju to v, r , or 


(14-6) 

Finally 


Voa 


over-all or combined engine efficiency (14-7) 


Ec/Qi = Ec_ 

A HjQx A H. 

Rotational efficiency corresponds to the mechanical efficiency of a recipro¬ 
cating engine; it is the ratio of the work delivered by the turbine coupling 
to the work delivered to the shaft or drum inside the turbine. 


Vr = 


E f 

Ei 


rotational efficiency 


(14-8) 
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The engine efficiency Vi is also often defined in terms of steam econo¬ 
mies as follows: If 

w r = lb of steam per kwhr for Rankine cycle = 

and 


then 


Wi — lb of steam per kwhr to shaft inside turbine = 


3,413 

E { 


Vi = engine efficiency 


Wr = 

Wi A H. 


(14*9) 


This equation is incorrect if applied to regenerative and reheat cycles, 
however. 

Another important rate quantity is the heat rate, which is defined as 
the Btu supplied per kilowatt-hour, or 


Heat rate = w X heat supplied per lb of steam 

the value of w used depending on whether the Rankine cycle, internal or 
brake heat rate is desired. 

Passing now from the turbine as a whole to the consideration of indi¬ 
vidual stages, as, for example, the first stage in Fig. 14*2. (A h,)i will be 
the ideally available energy down to the pressure p, in the stage, and 
of this, the portion e ix is turned into useful work. The remainder 
(A/i,)i — e.i = q r \ 4- /Ci is the reheat passed on to the next stage; q rl is 
due to steam friction in the nozzles and blading, the disc friction loss, and 
the energy in the leakage steam, and /C, is the exit kinetic energy from the 
blading. The ratio 


V.i = 


e.i 

(AA.), 


—+ K '^ = sta 8 e efficiency (14-10) 


This is often called the hydraulic efficiency of the stage. 

If carry-over is to be included, reference should be made to the H-S 
diagram for two stages shown in Fig. 5 30 and to the text of Sec. 5-12. 
With carry-over efficiency of v<c per cent, the equation for stage efficiency 
is 


V.t = 


(Ah t )i + y eo X Kp — (g r i + Ki) 
(A h t ) x + K„ - K x 


stage efficiency (14*11) 


The carry-over will not be constant throughout the turbine but will usu¬ 
ally increase with the blade height. 

The relation of the various energy quantities in the stage is indicated 
in Fig. 14* 1 by the various streams. It is evident that the reheat of one 
stage is passed along with the unavailable energy rejected from that 
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stae e the two merging and becoming the energy supplied to the next 
Sage The portion (A h.) t is made available by the second drop m pres¬ 
sure and of this, e,i is useful work and q„ is rejected to the third stage. 
The'final stage reheat q„ passes to the condenser. Figure 1410 shows a 
somewhat similar diagram for a whole turbine, including its relation to 

the regenerative feed-heating system. , . 

Now it might seem that the summation of the successive values of 
.i Fig 14-2 would equal AH,-, however, because the lines of constant 
pressure on the Mollier chart diverge toward the right, a given pressure 
drop represents a greater available energy in those regions of greater 
entropy corresponding to the later stages of a turbine. Hence we may 

Say XAh, = R/ AH, (1412, 


where R, = a constant greater than unity, termed the reheat factor. 

This quantity will be discussed in more detail presently; it will suffice 
now to say that it varies from unity to perhaps 1.065, with the magnitudes 
of AH, and the superheat and with the excellence of design and construc¬ 
tion of the turbine. From Fig. 14-2 it evidently increases with the per¬ 
centage of reheat; i.e., it increases as the turbine-stage efficiency decreases. 

By inspection of Figs. 14 1 and 14-2, it will be evident that the total 
work delivered to the shaft, which is the sum of the works of the individual 

E, = 2e, = Zij„ Ah. = tj.,2 Ah. = r,„R, AH. (1413) 


provided that i)„ is the same for all the stages, 
the engine efficiency defined in Eq. (14-5) as 

E, i)„R/AH. 

Vi ~ AH, ~ AH. 


We may therefore express 


n.tR, (14*14) 


or the engine efficiency of the whole turbine is greater than the efficiency 
of a single stage in the ratio R/i 1. Also, 


R f = ^ (1415) 

V$i 

Another important quantity is cumulative available energy , often termed 
cumulative heat. If in Eq. (14*12) the summation 2A h, starts at the high- 
pressure end and stops at any stage Z instead of continuing to the last 
stage, the result is the cumulative available energy to that stage or 

A H c = 2* AA, = Rf{&H,)\ (1416) 

Rf being the reheat factor value applying from the initial conditions down 
to stage Z. 
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Nozzle efficiency was discussed in Sec. 3 17 and blading efficiency in 
‘ ecs. 5-5, 6-9, 7-4, and 7-18. Leakage efficiency was defined in Sec 13-1 
Efficiencies Usually Attained. The value of the engine or internal 
efficiency of turbines in actual use, varies widely according to the size and 
type of the machines. Values approximating 85 per cent have been 
claimed recently in tests of machines designed especially for high effi¬ 
ciency. \ alues from 75 to 80 per cent should be obtained with any of the 
arger units of modern type operated under improved modern conditions 
in sizes from 20,000 to 00,000 kw. With less favorable conditions as to 
steam pressure, steam temperature, bearing loss, and vacuum, they may 
lop to /0 per cent. The internal efficiencies of smaller machines are 
natu,-ally less, varying from 60 to 70 per cent, while for the small units 
used for driving auxiliaries, values as low as 30 per cent may be expected. 

It might be added that still higher efficiencies are obtained with the 
large-size units installed in American stations, where the tendency is to 
operate a few very large units rather than a considerable number of 
moderate-size ones. See values in ( hap. 10. 

14-2. Reheat Factor and Condition Curve, Constant Vtl 

1 he relation of the reheat factor to turbine design can best be illustrated 
by an example. 

Assume that a six-stage impulse turbine is supplied with steam at 150 
psia and 540 F and is so proportioned that Ah. = 69.0 Btu in each stage 
and that the stage efficiency is 70 per cent. 

From Keenan and Keyes’s tables or the Ellenwood charts, the initial 
enthalpy is 1,295.0 Btu and the initial entropy 1.6810, shown by the loca¬ 
tion of the point A in the Mollier chart (Fig. 14-3). Subtracting 69.0 
from h, gives 1,226.0, the enthalpy after adiabatic expansion from A, the 
entropy remaining at 1.6810. This locates point B,. 

Only 70 per cent of Ah., shown by AD, is turned into work, the 
remainder DR, = 0.30 X 69.0 = 20.7 Btu = q, being reheat and going 
to increase the enthalpy and entropy along the constant-pressure line 
H,C,. the resulting enthalpy being 1,226.0 + 20.7 = 1,246.7 Btu and the 
entropy becoming 1.7050. This is the condition of the steam approach¬ 
ing the second stage, where the action is repeated, and similarly for 
stages 3 to 6, until the point E, is reached, termed the end point. The 
final pressure is 1 in. Hg abs, the final enthalpy 1,005.2, and the final 
entropy 1.8700. The curve .4 £6 is termed the condition curve or line or 
the expansion line of the turbine. The quality of the steam (degrees 
superheat or percentage moisture) and the specific volume may also be 
noted at each point if desired. The calculation is advantageously 
arranged as shown in Table 14-1. 



Enthalpy, B.t.u. 



Fig. 14-3. Condition curves 
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Table 14-1. Energy Distribution for Six-stage Turbine 


Stage 

Enthalpy 

Entropy 

Pressure 

1 

, 1.2950 

69 0 

1.6810 

150 

1,226 0 
20.7 

74.8 

2 

1,246.7 

69.0 

1.7050 

1,177.7 

20.7 

34.0 

3 

1,198.4 

69.0 

1.7330 

1,129.4 

20.7 

13.9 

4 

1,150.1 

69.0 

1.7630 

1.081.1 

20.7 

5.10 

5 

1,101.8 

69.0 

1 7960 

1.032 8 
20.7 

1 66 

6 

1,053.5 

69.0 

1.8315 

984.5 

20.7 

1 in. Hg 

1,005.2 

1.8700 


The theoretically available energy is found as follows: 
ho = 1,295.0 at 150 psig and 540 F 
h x = 903.7 at 1 in. Hg and 1.6800 entropy 
A//, = 391.3 Btu available energy 

The reheat factor is 


6 X 69.0 
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This applies to a six-stage turbine. If the operation is repeated for tur¬ 
bines of*2 4, and 12 stages, each time choosing (by trial) such a value of 
a;, that the resulting final pressure will be 1 in. Hg, the expansion curves 
^ A and AE.t respectively, will result, the individual stages not 
being shown for these three cases. Table 14-2 summaries the results of 


Table 14-2 Effect of Varying Number of Stages 

(*• = 0.70) 


Number of 
stages 

Stage avail¬ 
able energy 

Final 

enthalpy 

Final 

entropy 

Hf 

_ 

12 

34 8 

1,001.8 

1.862 

1.067 

6 

69 0 

1,005 2 

1.870 

1 .058 

4 

102.4 

1,006 9 

1.872 

1.052 

3 

135 8 

1,008 6 

1.874 

1.043 

2 

201 2 

1,012.2 

1.880 

1.032 

l 

390 9 

1,020.1 

1.894 

1.000 


these trials, including also the data for a three-stage turbine. ’From this 
table it will be noted that the reheat factor increases as the number of 
stages increases, this being accompanied by a decrease in the final 
entropy. A curve for 20 stages would lie very slightly to the left of 
AEn and would have a value of R f somewhat greater than 1.067; if a 
curve were drawn for an infinite number of stages, it would practically 
coincide with that for 20 stages. Thus, for any specified initial condi¬ 
tions, final pressure, and stage efficiency there is a limiting value of li, 
corresponding to an infinite number of stages, and for any finite number 
of stages the value of R/ will be less. For a different value of r\ tti the 
value of R f also will change, decreasing as v., increases, toward the value 
unity when T), t = 1.0. Variations in initial conditions—pressure and 
superheat—also affect R f . Small changes in vacuum have little effect, 
though Rf is notably different for noncondensing turbines. 

Given the initial conditions of the steam, the final pressure, and the 
stage efficiency, it is of great importance in steam-turbine design to be 
able to predict the value of Rf in order to avoid the labor indicated by 
Table 141, and for other reasons which will appear in the chapter on 
design. Various equations have been proposed, empirical and other¬ 
wise, to show what may be expected, but a series of curves seems most 
satisfactory. 

Methods of drawing expansion or condition curves on the Mollier 
chart for an infinite number of stages have been published in two papers 
by E. L. Robinson of the General Electric Company [14:1 and 14:2). 
The papers should be consulted for details of the procedure, but Figs. 
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14-4 and 14-5 from the earlier paper give numerous condition curves for 
'° and 80 per cent stage efficiency, respectively, with various initial 
steam conditions. Goodenough’s steam-table data were used. Curves 
marked “lines of constant internal efficiency” are drawn through the 
initial conditions for which the internal efficiencies are constant, the back 
pressure always being 1 in. Hg. The form of these curves indicates the 
great gain in efficiency obtainable by high pressure or high superheat or 
both. For an expansion to 1 in. Hg, the value of R f may be found by 



dividing the internal efficiency corresponding to the starting point, by 
the stage efficiency. For expansions to other final pressures, the internal 
efficiency must be found by dividing the actual decrease in enthalpy 
along the proper condition curve, AH, by the isentropic drop in enthalpy 
AH,; this divided by the stage efficiency will give R/. 

An easier and more elastic method of finding R f is afforded by Fig. 
14-6, from Robinson’s second paper mentioned. This figure, based on 
Keenan and Keyes’s tables, gives values of the reheat factor /?« for an 
infinite number of stages of 80 per cent efficiency and for various initial 
conditions and available energies. The following rules are given for 
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Fig. 14-5. Condition curves for various initial conditions. I in. Hr aha. back pressure and 
80 per rent stage efficiency. (Robinson.) 



Fig. 14*6. Reheat factors for various enthalpy drops and initial superheats and for an 
infinite number of stages of 80 per cent stage efficiency. (Robinson.) 
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adjusting the value of It « found from the figure, for the actual number of 
stages, and for the actual stage efficiency. 

1. For Z stages, the heat recovery (/?« — 1) is decreased by a fraction 
of itself nearly equal to the reciprocal of Z. 

2. For a stage efficiency ij al , the heat recovery is greater or less nearly 
in proportion as the stage loss is greater or less than for 80 per cent 
stage efficiency. 


Fio. 14-7. 
(Robinson.) 



Reciprocal of Number of Sta9es 
Ratio of actual to theoretical heat recovery for various numbers of stages. 


Application of these rules results in Eq. (14-17), 

« x -l + (7?.-l)(l-i)(L^) (14-17) 

As an example, using the data from which Table 14T was prepared, 
pi = 150 psia, fi = 540 F which is equivalent to 181 F superheat, 
p 2 = 1 in. Hg, and A//, = 391.3 Btu. Figure 14-6 gives = 1.047. 
Substituting Z = G and n.i = 0.70 in Eq. (14T7), we have 



/0 3\ 

= 1 + (1.047 - 1) (1 - 0.167) 

= 1 -f 0.047 X 0.833 X 1.5 = 1.0587 


Figure 14-7 affords a somewhat more accurate correction for the number 
of stages; from it we should obtain 0.84 instead of 0.833 as above, giving 
R z = 1.0596, which is approximately the value previously calculated 
(Table 14-2). 
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other methods of drawing condition lines are described in [14:3] and 
[14:4];. 

14-3. End Point 

The determination of the condition of the steam as it leaves the turbine 
or as it is called, the location of the end point, from a set of turbine test 
data, is an important and instructive application of some of the foregoing 

^As an example, assume an old 1,800-rpm turbine rated at 50,000 kw 
with steam at 265 psig, superheated 200 F, and exhausting at 1 in. On a 
test at which the generator output was 38,000 kw, which is the maximum 
with the primary valve furnishing all the steam (no steam by-passed to 
later stages), the steam pressure at the primary valve (practically the 
entrance to the first row of nozzles) is 226 psia, throttling having taken 
place from the initial pressure. The steam rate is 10.20 lb per generator 
kilowatt-hour. 

Total steam = 38,000 X 10.20 = 387,600 lb per hr 

The generator efficiency is obtained from Fig. 13*20, assuming an air¬ 
cooled generator; at 50,000 kw the efficiency = 0.9775 and the generator 
loss = 0.0225. From Fig. 13*21, the generator loss factor at 

38,000 _ 3 
50,000 4 

approximately is 1.22; hence the loss during the test was 

1.22 X 0.0225 = 0.0275 

and the generator efficiency = 0.9725. Hence the turbine delivers to 
the generator coupling 38,000/0.9725 = 39,080 kw. 

The mechanical loss, from Eq. (13*12), at rated load is 

4 

Loss = —= = 0.565 per cent 
V50 

which is equivalent to 50,000 X 0.00565 = 282 kw, constant at all out¬ 
puts. On Fig. 13*22, the curve for 58 sq ft annulus at 50,000 kw gives 
approximately the same value; this area will be checked later. 

The internal kilowatts delivered to the shaft within the tur¬ 
bine = 39,080 + 282 = 39,362 kw; hence the steam per internal kilo¬ 
watt-hour = 387,600/39,362 = 9.85 lb and the internal work 

Ei = = 346.5 Btu per lb of steam 
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The steam is throttled from 279.7 to 226 psia; this constant enthalpy 
operation is represented in Fig. 14-8 by the line A A', thus locating A', 
the initial point of the condition curve. From the isentropic expansion 
from A' to 1 in., 

h A = 1,322.0 s A = 1.664 = s F 
ihr = 894.2 

AH. = 427.8 Btu 

and rji = 346.5/427.8 = 0.809. Also, enthalpy at end point 

h K = 1,322.0 - 346.5 = 975.5 Btu 

At 1 in. Hg this corresponds to 5 = 1.815, thus locating the end point E. 
The specific volume is 577 cu ft. 

If the nozzle-inlet steam conditions, exhaust pressure, and internal 
efficiency are known, the problem is simpler and is illustrated in the last 
seven lines of the above paragraph. 

The approximate velocity through the last stage annulus may be cal¬ 
culated as follows: 


Steam volume flow 


Velocity through annulus 


387,600 X 577 
3,600 
62,000 


62,000 cfs 


58 


= 1,070 fps 


which is equivalent to 22.8 Btu or 22.8/427.8 = 5.22 per cent of the 
isentropic enthalpy drop. The annulus area of 58 sq ft is therefore 
reasonable, although perhaps somewhat small at rated load. 

The end point E, giving the pressure and total enthalpy of the steam 
leaving the exhaust opening of the turbine, is thus determined, but the 
condition line is properly not drawn through it but through a point at 
lower enthalpy on the same exhaust-pressure line. In the H-S diagram 
of Fig. 5-30, with carry-over taken as 100 per cent, K 2 is the leaving- 
velocity loss (there is no hood loss in this figure), and the condition line 
passes through C' 2 and not through E. It is usually considered that the 
exhaust loss is mostly a turbine loss rather than a last-stage loss, and 
Warren and Knowlton (13:9] suggest that the fraction tj, of the exhaust 
loss be charged against the whole turbine and only the fraction (1 — »j,) 
against the last stage, ^ being the internal efficiency. They give the 
following method for locating the true end point I of the condition line 
on the H-S diagram (Fig. 14-11). 

Let FD be the exhaust pressure and E the end point as determined in 
the preceding example, and let Y , the vertical distance of C below E , be 
the total exhaust loss as determined from test or from curves of exhaust 
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Fio. 14-8. Condition curves drawn by various rules. 
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loss (Sec. 13*7). The vertical distance X is to V approximately as Un- 
internal efficiency is to 100 per cent, thus locating point /. This might 
be termed the “end point of internal efficiency,” or the end point of a 
turbine with zero exhaust loss. 

The internal efficiency will then be the internal shaft work (ho — h,) 
divided by the isentropic enthalpy drop, and the remaining portion X of 
the exhaust loss is not included in the internal efficiency. 

14*4. Forms of Actual Condition Curves 

In Sec. 14-2 it was assumed that all the stages in a turbine have the 
same efficiency. This is hardly ever the case, for the following reasons: 

1. Efficiencies of stages operating in the superheated region are higher 
than those in the wet region. According to Brown and Drewry (13:10], 

The internal efficiency down to the saturation line is 10 per cent 

greater than the internal efficiency of the portion in the wet region, (14-18) 

for straight reaction turbines. 

According to Blowney and Warren (14:5], 

There is 1.15 per cent decrease in turbine stage efficiency for each 

1 per cent increase in the average moisture content in the stage. 

As an example, if the stage efficiency when operating superheated were 
0.85, then with 10 per cent moisture in the steam it would be 

0.85(100 — 1.15 X 10) = 75.2 per cent 

Other authorities in various papers use 1 per cent instead of 1.15 per cent 
in the above rule. Soderberg’s statement as to the effect of moisture 
(Sec. 6-2G) should also be noted. 

2. Stage efficiencies tend to be less at high pressures owing to decreased 
blading efficiencies, decreased leakage efficiencies, and increased rotational 
losses in the more dense steam. Decrease in blade-ring diameter, keep¬ 
ing the same flow area, allows longer blades and gives improvement in all 
three respects (see Sec. 8-7 for data on the marked reduction with pres¬ 
sures of 1,500 psig and above). 

3. Stage efficiencies at the final rows of the exhaust end tend to be lower 
owing to the greater blade-exit angles, particularly in turbines approach¬ 
ing the maximum capacity limit and also where low cost is an important 
consideration. 

The curves AE it AE t , AEs , and AE\%, in Fig. 14*3, were drawn with 
constant stage efficiency, and it should be noted that they are slightly 
concave upward. Higher stage efficiency would cause the condition 
curve to be steeper. Hence a straight line between .4 and E would 



EFFICIENCY , REHEAT FACTOR, AND CONDITION LINE 



BSBSlSfiMssasigsss^sssis 


5fif4 f Jftrl 4 ft ft 31 £ i &£ftft' Ml 5? - ft fr£ Mi g 

^^»«»W5i2«»S3®S , sg»®g®SjJS£2l8g 
T£W£ 4 *fi r &f&w* f &i hm® ^^teSUESSSsSS 

oafflK(i5K^»ffl;Mite2^ggggSgfcg»; 

feS&a8gH^&w;. jw& WllagBgggg 

K»«««»fi«iHKailMlBi!wgHB!gg98g 




§ S ® a i S5Zf5fcriWK:«fitt»ww»5gM^j 


■'/z5Mtf«r/»* 


ftg^»KES28s»gSSt3SPBfi 


»»«B»'^s2iiaiaiBg|^ gBjp|S9ggg 
B0»aK8Si&»SIB»B&a «£ SM&SSB 


B0S89SiS9SRfiW®g.M Sg&ggB 

_ -- M , - a , ■ .'< . » • i. M'4^: '^KT 






M 


JEST MARK GROSS KW. 

LOAD 


ars*m r snx r dvr4HVX 
Sfi&SISSeifiBfiSSB XV&i 
£**l5ifii0E30eKftir' 


t. 








rftfi 








*22 




Fio. 14-9. Condition curves for a 94.000-kw impulse turbine operating at various loads. 
(NELA.) 
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indicate lower efficiency in the high-pressure regions, with an increase in 
efficiency toward the low-pressure stages. Conversely, a greater upward 
concavity than AE signifies high efficiency at the upper end and low 
efficiency toward E. Changes in curvature may occur; curve AJE 8 
represents the condition curve of an impulse turbine having a two-row 
velocity-stage wheel followed by eight pressure stages of greater effi¬ 
ciency. Moisture in the low-pressure stages may also produce a change 
of direction in the curve. 

Figure 14-9 shows several condition curves of a large impulse turbine 
[14:6]. This is a two-cylinder tandem-compound 21-stage machine with 



22.67% 


Input from stromjets 

NOTH Gross bad 
•99.404kw. 

100 % of heat input 
and output" 

1.4441m /0 9 & tv. per hr. 


Fig. 14-10. Heat-balance diagram at 99.404 kw of an impulse turbine with four-stage 


regenerative feed heating. ( NELA .) 


18 stages in the high-pressure unit and 3 stages in the double-flow low- 
pressure unit. It operates at 1,500 rpm, normally with steam at 400 
psig and 725 F and with 1.5 in. Hg abs back pressure. Steam for regen¬ 
erative feed heating is extracted at the fifth, tenth, fourteenth, and 
eighteenth stages, Fig. 1410 showing a heat-balance diagram at a gross 
load of 99,404 kw, with extraction at all four points. The break in slope 
of the condition curves at or slightly below the saturation line is to be 
noted. 

Figure 14-8 shows the location of the initial and end points A' and E. 
To draw the correct condition curve between the two requires knowledge 
of the type of turbine, enthalpy drop per stage, and efficiency of each 
stage; with these data there can be prepared a table like Table 14T, 
which will give the pressure, enthalpy, and entropy at each stage. A less 
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time-consuming method, closely approximate, is to assume the enthalpy 
drops in blocks of say 20 or 25 Btu, giving to each the average efficiency 
probable in its region, based on knowledge accumulated from past 
experience. Other approximations are: 

1. Draw a straight line connecting the points and take it as the con¬ 
dition curve. Dividing it into two parts at the saturation line (point C), 
which is at the pressure 23 psia, we find that the average efficiency * of 
the portion in the superheated region = e/Ah, = 1G0/205 - 0.780 and 
of the portion in the saturated region, i?, = 0.815. 

If the turbine is of the reaction type, by the Brown and Drewry 
rule (Eq. (14*18)), the average internal efficiency in the superheated 
region should be 10 per cent higher than in the wet region. The single 
straight line of the preceding paragraph must be replaced by a line 
broken at the saturation line, the point C» being selected by trial to give 
the desired 10 per cent difference in the efficiencies of the two portions. 
The condition curve may then be taken as the broken line consisting of 
two straight portions; flat curves will give a closer approximation, but 
they should not be tangent at C\. The rule of 
Eq. (1418) was derived at a time when initial 
steam conditions were considerably lower than 
at present, and with the increased proportion of 
the whole turbine expansion taking place in 
regions of high pressures, the average efficiency 
in the superheated region is probably less than 
10 per cent above that in the wet region. 

2. In the Warren and Knowlton paper [13:9) 
the following approximate method of drawing 
the condition line is given, based on experience 
with General Electric turbines: 

Given the initial and end points A and / on 
the H-S diagram (Fig. 1411), draw a straight 
line from A to /; the true state line will lie above 
this line in the upper portion and below it in the 
lower portion, crossing it at N about 25 per cent 
of the way down from A to /. If the mid-point 
between N and / is M and the constant-pressure 
line through M is drawn, the true state line will 
cross this pressure line about 6 Btu below M. 

3. If the turbine has a one- or two-row control stage for its first stage, 
knowledge sufficient to locate the state point J 2 (Fig. 14-8), at the end of 
the first stage, is necessary; this may be the pressure and temperature of 
the steam or the stage enthalpy drop and efficiency. The form of the 
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remainder of the curve may be found by use of method 1 , 2, or 3 as may 
be appropriate. 

The principal use of the condition line is to determine the pressures at 
the various temperatures at which it is desired to extract steam for feed 
heating, which of course must come at and not between stage conditions. 
The AIEE-ASME Preferred Standard for 3,600-rpm condensing steam- 
turbine generators (see Table 16* 1) gives standard values for saturation 
temperatures at extraction openings of 175, 235, 285, and 350 F for four 
heaters for units 11,500 to 30,000 kw rating, and a fifth temperature of 
410 F for a fifth heater for units of 40,000 and 60,000 kw, each with 
tolerances of plus or minus 10 F, which are to be unilateral, i.e., all 
temperatures plus or all minus. The actual rise of temperature due to 
extracted steam is of the order of 200 to 250 F for four heaters. 

Consider operation at rated load, without extraction. All throttle 
steam will pass through to the condenser, and with a given annulus, there 
will be a definite exhaust loss. Now assume that, with the same load 
on the turbine, there is extraction for feed heating at four openings. The 
bled steam does work only part way through the turbine, and less steam 
reaches the condenser, but in order to carry the same load, the throttle 
steam must be increased, increasing the amount of steam going to the 
condenser. By heat-balance methods, the exact throttle steam and 
amount to the condenser can be found. Warren and Knowlton [13:9) 
state as an approximation, 

Generally, the amount of steam extracted is about 1 per cent of the throttle 
flow for each 10-deg rise in feedwater temperature. At constant load, the throttle 
flow is increased about as much as the condenser flow is decreased, the average 
flow remaining constant. Thus, if the feedwater temperature is raised 200 deg 
through the heaters, the throttle flow will be increased 10 per cent and the con¬ 
denser flow decreased 10 per cent. At lower feed water-temperature rises, the 
condenser flow tends to be decreased more than the throttle flow is increased, and 
vice versa at higher feedwater-temperature rises. From this rough rule, it 
becomes possible to determine an approximate exhaust loss for extraction 
operation. 

The efficiency of a turbine at part load is different, usually less than at 
full load. There is throttling at the high-pressure end (following the 
nozzle control stage if one is used), reducing the available energy. The 
relative angle /3 of flow into the blading is increased, hence blading effi¬ 
ciency is reduced. Exhaust pressure and exhaust moisture are reduced, 
increasing slightly the available energy and the internal efficiency at this 
end and steepening the condition line slightly. The exhaust loss is usu¬ 
ally reduced. Throttling tends to move the condition line toward the 
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right and reduction of blading efficiency tends to make it less steep. 
From data of efficiency at full load and curves of correction factors for 
part loads on the turbine and generator, the efficiency at part load may 
be determined. Knowledge of the approximate nozzle inlet pressure for 
each fractional load must be had, in order to locate the upper end of the 
condition line. 

14-6. Turbine Total Wheel Speed 

Some general relations connecting the number of stages, blade speed, 
revolutions per minute, and efficiency are of interest. 

Each stage of a turbine transforms a certain net amount of enthalpy 
into kinetic energy represented by V\/2g. For the turbine as a whole, 
the summation of these quantities, Z(V\/2g) = AH, the total enthalpy 
transformed into kinetic energy, or it is also equal to AH.R,. Hence 


Substituting V\ 


or 


W'/p\ 



= R, AH. 



- p'R f AH. 


1W 2 = 2gp'R/ AH. 


(14-20) 


In this equation, the value of AH. depends on the initial conditions and 
final pressure of the steam. The reheat factor R f depends on the same 
quantities plus the stage efficiency vu and the number of stages Z but 
does not change rapidly with the last two. The value of p for highest 
efficiency, while changing with the type of blading (impulse or reaction), 
has a fairly definite value throughout the turbine for blades all of one 
type; lowering p below this value will lower the efficiency. The quantity 
XW 2 for highest efficiency therefore appears to be independent of output 
or revolutions but depends primarily on the initial conditions and final 
pressure of the steam and on the type of stage which determines p. 
Writing 


we have 


2 W* = 2 (*■ dN) 2 


x 2 2(rfW J ) = 2gp 2 R f AH. (14-21) 


If conditions are such that the right-hand member of Eq. (14-21) is con¬ 
stant and the number of stages is also fixed, then d and N must vary 
oppositely, and the turbine consists of Z stages of small diameter at high 
N or of the same number of larger stages at small N. The former results 
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in a smaller and cheaper turbine, but the maximum practicable value of 
•V has a limit on account of vibration difficulties. However, in cases 
where speed reduction is required anyway, as in marine propeller drives, 
high turbine speeds are the rule for both mechanical and electrical drive. 

For central-station power generation, .V must be constant and cannot 
be greater than 3,000 rpm. For constant N, we have 

= (t ,V)*2d 2 

and if 2d 2 = 'LZd} m , where dj, is the mean square of diameters, then 

2IP = (T.V)*2Zdi = 2gp*Rj AH. (14-22) 

The turbine length is proportional to the number of stages Z and its 
cross-sectional area to dj,; therefore 2 Zd* m is proportional to the turbine 



Quality factor QF 


Fio. 14-12. Efficiency mid quality factor for multistage turbines. (Dc Lattd Steam Tur¬ 
bine Company.) 

volume, which is constant for maximum efficiency and constant N. 
This volume is proportional to weight and cost, and these can be reduced 
only if p or A/1, is reduced, with sacrifice of efficiency in either case. 

The result of dividing 2IF* by AH, is termed the quality factor QF ; 
it is the amount of 2IP per unit of isentropic enthalpy drop. From 
Eq. (14-22) the value of QF would be, in mechanical units, 

QF = = 2 gp*R f X 778 = 50,000p 2 fl, (14-23) 

For high efficiency, p = about 0.47, and R / may be taken at 1.04; sub¬ 
stitution of these values gives 

QF = 50,000 X 0.47* X 1.04 = 11,480 

A curve of values of QF, derived from tests of fairly large turbines, plotted 
against brake-engine efficiencies, is shown in Fig. 14-12, furnished by the 
De Laval Steam Turbine Company [16:3]. Larger values of the quality 
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factor accompany higher efficiencies. The curve is empirical but can be 
used in preliminary design, to compare the effects of using alternative 
values of blade speed, wheel diameter, and number of stages, or it maj 
be used to compare actual turbines. Such designs and comparisons must 
take account of the type of turbine and of its size; generally efficiency 
increases with size. 



CHAPTER 15 

OUTPUT VARIATION AND GOVERNING 


Turbines are started or stopped by manipulating a stop valve which is 
tightly shut when the turbine is not operating and wide open when it is 
running; this valve is customarily though erroneously called a throttle 
valve. I he amount of steam admitted to the turbine nozzles and blading 
is automatically controlled by the regulating, governing, or admission 
valves through which it flows after leaving the stop valve. The position 
or amount of opening of these valves is controlled by the governor , which 
is usually of the fly-ball or Watt type; centrifugal oil pumps are 
also used, resulting in hydraulic governors. The aim of governing in 
power-station turbines is practically always to maintain constant rotative 
speed under varying load; in a-c turbine generators the requirements as 
to constancy of frequency and hence as to constancy of speed are very 
exacting. In extraction turbines for industrial purposes, there is often a 
requirement that the extracted steam must be maintained at a constant 
designated pressure; a second or pressure-control governor is then 
required, in addition to the speed-control governor. 

The study of governing may be divided into two parts: First, there are 
the mechanisms and accessories used to control the turbine speed, and 
the results achieved as to constancy of speed, or what is termed regula¬ 
tion. Second, there are the thermodynamic processes involved in the 
different methods of governing used, and their effects on the turbine 
efficiency at part loads. 

16-1. Governors for Small Turbines 

Small turbines arranged for nominally constant speed usually have a 
single governing valve (Fig. 151), balanced for easy movement, whose 
position (and hence the extent to which it allows steam to flow past it) is 
determined by the speed of the turbine shaft. The one valve supplies 
steam to all the nozzles in Figs. 15T and 1T3, but separate hand-con- 
trolled valves are often arranged to shut off some nozzles or groups of 
nozzles from the main steam supply, in order to improve economy during 
long-continued periods of light load, by using fewer nozzles to expand the 
steam. The governor weights, moving outward when the speed increases 
due to removal of load, close the admission valve against the small force 
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of friction. The emergency valve in Fig. 15-1 is closed by a spring when a 
latch is opened by the outward movement of a spring-controlled pin (not 
shown) in the base of the governor, when the turbine speed exceeds the 
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Fio. 15-1. Mechanical shaft governor for small turbine. 
chinerjj Corporation.) 


In Fig. 15-2 the steam valve is moved by a piston in a cylinder, under 
the influence of oil supplied under pressure by a gear pump. The centrif¬ 
ugal governor, through a lever, moves a small balanced pilot valve con¬ 
trolling the flow of oil to and from the cylinder; this requires so little 
force that there is no reaction on the governor. As the piston moves, it 
carries with it one end of a long lever and restores the pilot valve to its 
mid-position, where all ports are closed; motion then stops. This is 
called an oil relay, or servomotor. It magnifies the very small force 
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exerted by a .small sensitive governor into a large one which easily 
comes any resistance to valve movement. 

If Oil pressure 
is lost, spring 
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16-2. Governors for Large Turbines 

For larger machines, it is better to use several valves instead of one, 
each supplying one nozzle or a group of nozzles, to open or close them 
consecutively and to operate them by a servomotor or by two servo¬ 
motors in series. In Fig. 15-3 the latter arrangement is shown. A small 
centrifugal governor at A rotates on a vertical axis and is driven by 
spiral gearing from the turbine shaft; the centrifugal force of its weights 
is opposed by both gravity and spring pull. The collar of this governor 
moves the primary servomotor pilot valve B, whose position controls the 
movement of oil to and from the primary servomotor cylinder C. The 
piston in this cylinder, through the levers D, E, and F and their linkages, 
moves the main pilot valve G , admitting oil to the main servomotor 
cylinder, which moves the main piston H. The upper end of its piston 
rod is thus moved vertically, and the rack / carried by it, through pinion 
J, rotates shaft S on which are a series of cams K. Each cam raises its 
valve by means of a rocker, against the force of a spring. The cams are 
set in the order in which it is desired to have the nozzle groups supplied 
with steam. 
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I*'iG. 15 4. Cam-lift valve gear, governor, and servomotors. (Allis-Chalmers Manufactur¬ 
ing Company.) 
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The various adjustments provided by the series of pivot holes in 
several of the levers in Fig. 15 3 should be noted; these, with the hand- 



Fig. 15*5. Diffuser-type steam valve. 
(Worthington Pump and Machinery 
Corporation.) 


wheel just above the governor, consti¬ 
tute a means of changing speed and also 
a means of adjusting the regulation , or 
variation of speed over the load range, 
to a desirable value. 

Figure 15*4 shows an equivalent gov¬ 
ernor, differing in details, one of these 
being the use of a gear sector and pinion 
instead of a rack and pinion for rotating 
the camshaft through the necessary 
angle. 

Contrasted with the cam lift of Figs. 
15*3 and 15-4 is the bar lift of Fig. 15-(j. 
Here two lift rods operated by the main 


servomotor piston pass through the 
valve-chest cover and support a horizontal bar. This bar carries the 
steam valves, which have stems fitting loosely in vertical holes through 



Fio. 15 0. Steam-chest section with bar lift for governing valves. {W estinghouse Electric 
Corporation.) 


the bar. The valves are raised by the locknuts on the stems above the 
lift bar, and as the stems can be made of different effective lengths, they 
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can be arranged to open the valves in any desired order when the bar is 
lifted. An advantage of this valve-opening mechanism over the cam lift 
is that only two high-pressure packings are required on the lift rods, instead 
of one on each of the six to eight valve stems as in the cam arrangement. 

The characteristics of the diffuser type of steam valve shown in Fig. 
15-5 (also in many other figures in the text) are important in connection 
with governing. The variation in sectional area of the steam flow 
through a partly opened valve of this type resembles that in a venturi 
tube; hence there is a large recovery of the kinetic energy at the throat, 
and the valve causes a considerably smaller pressure drop due to throt¬ 
tling than older types designated by the term plug valves. It also has 
another valuable property. Let us define full lift as that position of the 
open valve at which flow will not be increased by any further movement 
of the valve. Then, as the diffuser-type valve is opened, the flow 
through it increases linearly with the lift, up to about 80 per cent of the 
full lift; thereafter the flow increases at a decreasing rate, up to full lift. 
Plug valves show a much wider deviation from the linear relation. 

16-3. Hydraulic Turbine Governor 

In this system (Fig. 15*7 and [15:1]) there are two centrifugal oil 
pumps. The main oil pump supplies a large quantity of oil at relatively 
high pressure, for operating servomotor pistons and for lubricating and 
cooling bearings. The governing oil pump supplies little oil and its dis¬ 
charge pressure is moderate, but it is carefully designed so that this oil 
pressure is accurately proportional to the square of the speed. The 
orifice or “leak” from system 1 (high-pressure oil) to system 2 (governing 
oil) simply keeps oil system 2 filled with cool oil but does not influence 
the pressure in it since excess leaks out through the slanting holes near 
the shaft end. 

The cup valve 3, carried by an expansion bellows, is forced upward by 
the pressure in 2 and downward by the pressure above the cup. If the 
ratio of the bellows area to the cup area is 5 to 1, then the pressure above 
the cup will be five times that in 2. Thus, assuming constant speed, if 
the pressure above the cup falls, the cup will be forced up, flow past it 
will stop, and leakage through the orifice above the cup from system 1 
will raise the pressure. Excessive pressure, however, will force the cup 
down and leakage around it will immediately occur, restoring the ratio of 
pressures. As long as the speed and the pressure from system 2 are 
constant, the servomotor piston 6 will receive no pressure and will remain 
at rest. If the shaft speed increases, pressure in both systems will rise; 
that above the cup and extending over to 4 will be in proportion to the 
pressure in system 2, or five times its value. Relay-piston pilot valve 4 
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will be forced down, carrying relay valve 5 with it and admitting high- 
pressure oil from system 1 into the space below the servomotor piston 0 
and releasing oil above it. The piston will move upward, lowering the 
steam valves and reducing the steam flow. The pilot valve 4 will be 
raised by lever 8 and spring 9, allowing relay valve 5 to return to its 
mid-position under the influence of the spring beneath it, closing the 
ports and stopping further motion. It is apparent that the device at 3 is 
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Hydraulic turbine governor. (Westinghouee Electric Corporation.) 


a pressure transformer and that, with the control exerted by the pressure 
in governor system 2, piston 6 may have applied to it a far greater force 
than could be exerted by the direct use of pressure from 2 in a cylinder. 
Speed variation may be arranged by the handwheel 7; this can be con¬ 
nected to a supervisory station by some form of remote control. 


16-4. Governor Regulation 


In any speed-controlling governor, one part always rotates with shaft 
speed and performs some function or produces a result which varies more 
or less directly with the speed; it can be said to measure the turbine 
speed. In the fly-ball governor it is the motion of the governor collar 
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as the increase of centrifugal force with speed raises the weights against 
the force of gravity (or pull of a spring). In the hydraulic governor it is 
the change of pressure in the oil discharged from a small centrifugal 
pump. In an electrical governor, it is the change of voltage produced by 
the rotation of the armature of a small generator. The collar (using 
terms referring to the fly-ball governor from now on) should have a 
definite position for each turbine speed and should be connected to the 
steam-admission valves in such a manner that the valves are moved 
toward the closed position as the turbine speed increases. Thus for 
light loads, less steam is admitted, and conversely. The definite speed 
for each collar position thus corresponds to a definite load, higher speed 
for smaller load. The two extremes of governor collar position cor¬ 
respond to no load and full load; the collar has a definite stroke, and this 



Fig. 15-8. Speed variation at different regulations and load fractions. 

corresponds to full stroke of the servomotor piston, which is sometimes 
used instead. 

The decrease of speed from no load to full load, divided by the full-load 
(or rated) speed is called the regulation. For 4 percent regulation, the 
speed of the turbine might increase from 3,600 to 3,744 rpm when full load 
is gradually and completely removed; the cycles would then increase from 
60 to 62.4 per second. The regulation can be reduced or increased by 
adjustment of a properly designed governor and its connected mechanism. 
It might even be reduced to zero, resulting in a theoretical form termed 
an isochronous governor. Large, medium, and zero regulations are illus¬ 
trated by the lines in Fig. 15-8. 

The presence of friction in the governor mechanism prevents immediate 
and full governor response to a gradual change of speed, because it keeps 
the collar from moving until the speed has changed sufficiently to produce 
enough force to overcome the friction. There is thus a range of speed 
change above and below the mean, termed the dead band , over which the 
steam valves are not moved by the governor. As a result, when a change 
of load comes, the response movement of the steam valve will not occur 
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simultaneously with the change in speed but will lag behind. Because 
of inertia of governor parts, the speed may then change sufficiently to 
overshoot the value corresponding to the new load, and the governor, 
finally catching up, will produce an excessive movement of the steam 
valve, changing the speed back too far in the other direction. This 
oscillation of speed above and below the mean speed is termed hunting. 
A certain minimum percentage of regulation is essential to prevent hunt¬ 
ing, the amount depending on the characteristics of both governor and 
load variation. The less the regulation and the smaller the friction the 
greater the sensitivity but the less the stability. A governor which does 
not hunt, even with sudden and considerable changes of load, is termed 
stable. However, the considerable speed change which accompanies 
stability obtained by large regulation is usually (but not always) unac¬ 
ceptable, so that regulation is usually kept as small as reasonable stability 



Time 

Flo. 15-9. Speed changes following sudden increase of load. 

or freedom from hunting will allow. Figure 15-9, showing variations of 
rpm with time, before and after the sudden addition of a load, will 
illustrate this. In a, the speed changes at once to the new value and 
continues there; this is ideal but seldom occurs. In b there are only a 
few oscillations of rapidly decreasing amplitude, which is satisfactory. 
In c, the first amplitude is large and it diminishes slowly over many cycles, 
while in d, the poorest, the cycles continue indefinitely, or there is hunt¬ 
ing. The amount of oscillation, divided by the rated speed, is a measure 
of the stability. 

Speed changers are incorporated in most steam-turbine governing sys¬ 
tems, by which the speed can be changed, manually or automatically. 
Thus after a change of load and speed, the speed can be brought back to 
the original value by resetting the speed changer, but danger of hunting 
is obviated by giving the governor sufficient regulation at all settings of 
the speed-changing device. Figure 1510 [15:2] shows the performance 
of a governor having a speed changer by representing, for five different 
percentages of rated power output, the way the percentage of rated speed 
will change with different settings of the speed changer. Zero for the 
speed changer corresponds to lowest speed of the turbine, and the settings 
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are shown in percentage of the total travel of the changer. In Fig. 
15*10, the lines for different percentages of power output are not parallel, 
giving different regulations at low- and high-speed settings of the speed 
changer. A regulation of 4 per cent at rated load and speed is shown. . 

A speed changer is essential if constant frequency (GO cycles, 50 cycles, 
etc.) is to be maintained by the generator in a single isolated unit. If 
several turbine generators are operating in parallel, all must deliver the 
same frequency, that of the system. Suppose a machine is to be syn¬ 
chronized and connected into the operating system. It is first brought, 
into phase with the system, while unloaded, and after being connected, 



Fio. 15-10. Steady-state speed regulation having different values for different speed- 
changer sottings. ( AIEE-ASME Recommended Specifications, 1949.) 


must operate on the same frequency. In order to make this machine 
take over part of the system load, its speed changer must be moved in 
the direction that would make the turbine rotate faster if it were not 
connected in the system; with the new setting the turbine will then share 
in the variations of the system load. An illustration is the whipping of 
one horse of a four-horse team; he tries to go faster, without much success, 
but he does pull a greater share of the load. The extent to which each 
turbine in a system will share in load changes will depend in a very com¬ 
plicated way on the characteristics of the governors of each of the turbines 
in the system, and by control of those characteristics, the operator can 
bring about more or less automatic distribution of the load among them, 
according to loading schedules. Occasional manual corrections are 
required. The frequency of the system is the combined result of the 
governor characteristics of all the units in the system. It can be adjusted 
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by moving all the speed changers a small amount or by changing one or 
wo a considerable amount, which will, however, change the load distri 
bution. 

Figure 15*11 gives a representation of the percentage of rated speed 
variation with percentage of rated power output, at the particular speed- 
changer settings which give four specified fractions of rated power. The 
general slope of each curve is the regulation for that load. If we move 
downward to the right along curve D, speed decreases as power increases 
but not uniformly, l'hc irregularities are due to the characteristics of 
the diffusion-type steam valve, as explained in a previous paragraph. 



As each valve increases its lift from 80 per cent to full lift, the steam flow 
increases at a much lower rate than for smaller lifts; hence the speed drops 
with increase of output and gives a downward turn to the curve, termi¬ 
nated by the start of opening of the next valve. Thus the regulation 
changes considerably at those points where each steam valve is nearly 
wide open. It is measured at any point by the slope of the curve at that 
point; this is called incremental speed regulation. This quantity varies 
above and below the over-all speed regulation; too small a value at any 
point means the possibility of instability and hunting at that particular 
speed-changer setting and load; too large a value means too large a speed 
change for a small load change. 

The lag of governor movement behind speed change due to friction in 
the mechanism has been mentioned. There is another lag, due partly 
to inertia of the parts of the mechanism and partly to the time required 
for relay action and oil flow in the servomotor system. All lag must be 
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kept very small in modern high-speed turbines, because the rotational 
inertia is so small that speed changes are very rapid. The condition is 
especially serious for 3,600-rpm superposed units of large capacity, which 
have relatively small rotors (small Wr*) and have large energy flow 
through them. Complete loss of the electrical load on such a machine 
would allow the rotor to accelerate to a speed past the safe limit in a 
fraction of a second; this will give an idea of the speed and certainty of 
action required in the governor. Large servomotors, with large oil 
valves and sure supply of high-pressure oil, are essential for rapid motion. 
The power required to move the mechanism may amount in such cases 
to 200 hp or more. An additional emergency governor of the inertia 
type is also used; it is inoperative in ordinary swings of load, but with a 
sudden increase, it will close the inlet valves before speed has fully 
increased. 

Some numerical values of various ratios discussed above will be given, 
from the specifications of [15:2]. This reference contains much addi¬ 
tional information and should be consulted by those interested in turbine 
governing. If and when issued, the “ASME Test Code for Speed, Pres¬ 
sure, and Temperature Responsive Governors” will give a broad treat¬ 
ment of governors and methods of testing them. 

Steady state means constant speed or slowly changing speed, excluding 
transient conditions resulting from large instantaneous changes of load. 

Steady-state regulation shall be within the range of not less than 3 and 
not more than 4 per cent when the speed changer is set to give rated 
speed at rated output. 

The speed changer should be capable, at zero turbine output, of chang¬ 
ing the speed from 95 to 105 per cent of rated speed and at maximum 
turbine output of bringing the speed to 102 per cent of rated speed. 

Dead band is the total speed change within which there is no change in 
the position of the governor-controlled valves; it should not be more than 
0.06 per cent of rated speed for units of 10,000 kw and over. 

Stability is measured by the amount of speed oscillation. The governor 
on an isolated unit shall be deemed stable if the sustained speed does not 
vary more than 0.07 per cent of the rated speed, for units of 5,000 kw 
and over. 

Many books and many technical papers have been written dealing 
with various features of governing. References [15:3] to [15:7] deal 
especially with steam-turbine governing and will be found valuable. 

16-6. Governing of Automatic-extraction and Back-pressure Turbines 

The general purpose and character of these turbines has been stated in 
Sec. T3, and diagrams showing some of the various possible arrangements 
are shown in Fig. 15T2. Considering first the single automatic-extrac- 
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tion condensing turbine, it will be seen that the inlet end of such a machine 
is much like the corresponding portion of an ordinary condensing turbine. 
Just beyond the stage at which the pressure in the turbine approximately 
equals the pressure desired in the extraction line, a diaphragm across the 
casing prevents further flow of steam except through the extraction valve. 
The valve is not in the extraction line but controls flow to the condenser. 
A grid-type extraction valve is shown in Fig. 1*58. with wedge-shaped open¬ 
ings registering with similar openings in the seat. The movable disc is 
rotated about the turbine axis to open or close the ports in the diaphragm, 



Fio. 1513. Single-extraction governing using a three-arm lever. (General Electric 
Company.) 

through the agency of a pressure governor. Full peripheral admission 
to the stage below the extraction results from this form of construction. 
Poppet-type extraction valves are shown in Figs. 1 -56 and 1 -.59 and are 
indicated in Figs. 1513 and 1514; they are used for higher extraction 
pressures. The valve chest, valves, and gears closely resemble the high- 
pressure inlet valves for the turbine; nozzle group control by means of 
either cam or bar lift may be used. Partial admission of steam can be 
arranged with this type of extraction valve, and it may be important since 
the volume flow to the condenser may be greatly reduced with a large 
amount of extraction. 

Figure 1513 shows a schematic diagram for a single automatic-extrac¬ 
tion turbine. Let us first assume that the three-arm lever is removed, 
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that the speed governor is connected to the steam-inlet valve-liftine 
mechanism, and that the pressure governor is similarly connected to the 
extraction valve. If increased output is demanded from the turbine 
generator, extraction requirements remaining constant, the speed will 
arop and the speed governor will open the admission valve to supply 
more steam. When the increased flow reaches the diaphragm, it will 
raise the pressure above the desired value and the pressure governor will 
open the extraction valve and release more steam to flow through to the 
condenser. This will increase the power output and raise the speed, 



which will cause the speed governor to partially close the inlet valve, with 
another correction by the pressure governor and valve, etc. A similar 
sequence of actions and corrections will follow a change in the demand for 
extraction steam at constant power output. The governing is slow, since 
events must take place in sequence, because two partially unrelated flows 
are not handled simultaneously. The result is hunting. 

In Fig. 1513 as drawn, a response by the speed governor to a demand 
for more power output and therefore for more inlet steam raises the whole 
three-arm lever and opens both valves at once, the ratio of the two lifts 
being determined by the relative lengths of the two arms so that the 
pressure at the extraction point remains constant. If, on the other hand, 
a demand arises for more extraction steam with no change in the power 
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output, then the drop in pressure at the extraction point tips the three- 
arm lever to the right, opening further the high-pressure inlet valve and 
partially closing the extraction valve, thus admitting more steam and 
sending more out through the extraction system. However, the addi¬ 
tional steam admitted is less than the additional extraction quantity, 
because more power is generated in the stages above the extraction point 
and hence less is needed from the stages below it. The ratio (increase of 
throttle steam over that required for zero extraction)/(amount of 
extracted steam) is nearly constant for any given turbine and set of steam 
conditions. It is called the extraction factor and varies from 0 to 1 as the 
extraction pressure is raised from exhaust pressure to inlet pressure by 
designing for extraction at points of progressively higher pressure 115:8). 

Figure 1514 shows a more complicated case where there are two extrac¬ 
tion points and two interconnected three-arm levers. By following 
through the effects of a change in power requirements, or in one or both 
of the extraction requirements, it can be seen that the interconnection of 
levers and linkages will produce movements of the valves in the correct 
direction. In these two schematic diagrams, all relays and servomotors 
have been omitted, but of course they are required in practice. As a 
matter of fact the governors of automatic-extraction industrial turbines, 
with their frequent and sudden changes in demand for power and heating 
steam, are worked harder than are those of straight condensing turbines 
in central stations. 

A back-pressure turbine is used to deliver large quantities of steam at a 
given pressure for an industrial process, incidentally generating whatever 
power can be obtained by the expansion of boiler steam to the process 
pressure. It is better than a reducing valve because of the power 
obtained as a by-product. This power is a variable quantity, being 
dependent only on the amount of process steam called for; hence another 
turbine must make up the balance of the power needed. This turbine is 
speed governed in the usual way, and its generator is paralleled with the 
back-pressure turbine generator; it thus controls the speed of both 
machines. A speed governor is also provided on the back-pressure 
machine, but it is ordinarily inactive, the amount of steam admitted to 
the turbine being under the control of a back-pressure governor. How¬ 
ever, if control by the speed-governed turbine is lost in any way, as by 
the breaking of the electrical connections, the speed governor will take 
charge and prevent a rise of speed to the point where the emergency 
governor will trip the throttle. 

15-6. Governing of Reheating Turbines 

These turbines were discussed briefly in Sec. 8-8. Reheating is usually 
profitably employed only on turbines of large output, so that they are 
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likely to be compound or even three-unit machines. Such turbines have 
the usual speed governor controlling the admission of high-pressure steam 
and also an emergency overspeed stop. If the electrical load is suddenly 
lost for any reason, the speed governor will close the admission valves 
but there is so much steam in the volumes between the admission valves 
and the condenser, including the turbine, the reheater coils, and the piping 
to and from the reheater, that its expansion may produce overspeed of 
the rotor of the completely unloaded machine. A means of preventing 
this is to have an intercepting valve (see Fig. 8-9) in the return line from 
t e reheater close to the turbine, which is normally wide open but, under 
the control of the speed governor, will close before the speed increase has 
become dangerous, thus bottling up the steam in the reheater and its 
piping. To prevent damage to the reheater and piping if the main 
admission valve should leak or should fail to close completely, a rehealer 
safety valve is used, discharging into the atmosphere. A steam-unloading 
valve may also be used, located close to the turbine and connecting the 
reheater return to the condenser but normally closed. This valve will 
be opened by the governor at a predetermined overspeed, discharging 
the steam from the high-pressure cylinder, reheater, and piping, directly 
into the condenser, and by-passing the low-pressure turbine. Both 
intercepting and unloading valves are operated by the same oil as the 
governor servomotor and are set to move before the overspeed trip func¬ 
tions (which will shut the turbine down completely). If the overspeed is 
temporary and does not go over about 5 per cent above normal, return of 
load causes the speed to drop back and the governor will move the inter¬ 
cepting and unloading valves back into their normal positions. 

Detailed discussion of the methods of controlling reheat turbines will 
he found in [15:9] to [15:12]. 

16-7. Operational Control of Steam Turbines 

In order to operate a steam turbine properly, the engineer must have 
the various handwheels, levers, etc., concentrated at convenient points 
on or near the turbine, and near them he must also have the various 
gages and indicating instruments which will tell him what is going on 
within the machine. Figure 15-15 illustrates an arrangement of the 
controls and instruments for a large reaction turbine. For proper con¬ 
trol of the unit as part of a power plant, many of the instruments and 
some of the controls are duplicated in a central control or dispatchers' 
room. 

For giving information or warning of defective conditions not shown by 
the above instruments, which are designed for normal operation, certain 
other equipment called supervisory instruments have been developed and 
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are permanently installed on a number of large important machines; they 
are also used to make tests for the location of troubles. They are indi¬ 
cators (or recorders) of shaft eccentricity, bearing vibration, shell expan¬ 
sion turbine rpm, and camshaft position (or valve lift). An interference 
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Fio. 15-15. Steam-turbine controls and gages. ( Allis-Chalmrra Manufacturing Company.) 

indicator is also included. These instruments perform the following 
functions: 


The eccentricity indicator shows the amount by which a point on the 
shaft surface fails to move in a true circle, and it is a measure of the 
amount of bend or bow in the shaft. This is probably the most important 
of the group of supervisory instruments. 

The bearing-vibration indicator (with one pickup for each bearing and a 
central indicator switched to each pickup) shows the horizontal and 
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vertical movements of the bearing pedestal; it is a measure partly of the 
condition of the machine and partly of the eccentricity of the shaft. 

The shell-expansion indicator shows the axial displacement of a point on 
the turbine shell relative to the foundation; any such movement should be 
smooth, indicating absence of sticking in the foundation slideways. If 
such sticking does occur, enormous forces may be exerted, producing 
deflections sufficient to cause rubs. 

The speed indicator shows the turbine speed at which events shown by 
the other indicators occur, particularly during starting and stopping 
operations, and rotation under the turning motor. After the generator 
is on the line, its speed is practically constant. 

The camshaft-position indicator shows the amount of opening of the 
steam valves at any time. 

Recording instruments are preferable because they make permanent 
records which can be analyzed at leisure and compared with records made 
under other conditions. 

Experienced engineers, aided by a “listening rod” held against various 
parts of a turbine, can detect abnormal noises. An interference indicator 
which magnifies these sounds electrically and delivers them to earphones 
or a loud speaker is an important part of the supervisory equipment. 
With all these aids, the real location and cause of vibration troubles can 
be determined and remedied. Broken blades and incipient cracks in 
shafts have been noted by means of these instruments before they caused 
a bad failure. Their development and some of the results achieved are 
described in references (15:141, (15:15), and (15:16). 

Records made at regular intervals of the pressures at various stages in 
the turbine with the accompanying operating conditions are important 
in the detection of the accumulation of deposits in the nozzle and blading 
passages (see Sec. 16-6). 

16-8. General Considerations 

Though the inherent efficiency of the steam turbine is nearly constant 
over a wide range of load, the usual methods of governing cause large 
losses at low loads due to throttling. At overloads also the efficiency 
falls off, principally owing to increased leaving loss. There is, therefore, 
for a given turbine operating under given initial steam pressure and tem¬ 
perature and given exhaust pressure, a certain load at which the turbine 
requires the smallest amount of energy supply per kilowatt-hour; this is 
termed the best load or most economical load (abbreviation, M.E. load), 
and the heat rate increases at greater or smaller loads. If the turbine is 
to be operated at constant load, as for centrifugal pump or blower drives 
or for many marine turbines, then it is of great importance to secure the 
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lowest, possible heat rate at that load, and economy at other loads will 
receive little consideration. Central station or industrial turbines can 
seldom be operated at constant load, however, and furthermore must 
have reserve capacity. The average load must then obviously be less 
than the maximum that can be carried and often must be less than the 
most economical load. Economy at part loads is therefore usually also 
of great importance; economy at overloads, since they are usually of 
short duration, is of less importance, (see Sec. 81). 

16-9. Variation of Pressures 

The turbine as a whole may be considered as a steam nozzle with a 
large pressure drop; the flow of steam through it is given approximately 
by Eq. (3-51). 

0.4106/1 erPo 

w = - £ ~ 

Inspection of the Mollier chart will show that governing by throttling of 
superheated steam causes only a small drop in the temperature; neglecting 
this and assuming To constant, we see that the weight flow of superheated 
steam through a turbine is directly proportional to the absolute inlet 
pressure , and tests bear out this statement. This inlet pressure is defined 
as the pressure before the first row of nozzles in an impulse turbine and 
before the first row of stationary blades in a reaction turbine. Tests of 
turbines also show that the inlet pressure at most efficient load is generally 
less than the throttle pressure by about 5 per cent of the absolute value 
of the latter, this amount of drop 
through the governing valve being 
about the minimum consistent with reli¬ 
able governing (Sec. 13-3). At smaller 
loads the inlet pressure falls off with the 
steam flow as explained above, owing to 
closing of the governor valve; at greater 
loads it also falls off owing to additional 
frictional and throttling losses resulting 
from higher steam flow through the con¬ 
trol system. This last loss of pressure 
from that at the point of best economy 
is approximately in proportion to the squares of the steam flows at 
the two loads. Thus, if at best load the throttle drop is 15 lb with 
200,000 lb of steam flow, then with 250,000 lb flow the loss will be 
(25/20) 2 X 15 = 23.5 lb. 



Total Steam used by Turbine 


Fig. 15*16. Pressure changes at part 
load. 
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Figure 1516 shows how the pressure at any given point such as A, B 
or C in a turbine may vary with the quantity of steam flowing; the rela¬ 
tion is linear as just stated. Turbines are sometimes provided with 
pressure-measuring connections at every stage, but more often the only 
aval able points for measuring pressures are at one or more points near 
the high-pressure end where steam is admitted to carry overloads and 
at from one to four points farther down in the expansion where steam is 
extracted for feed-heating purposes. The variations in the pressures at 
these different points are shown in Fig. 15-27 for a 50,000-kw impulse 
turbine; the abscissas are loads, however, instead of steam flow. This 
relation also is approximately linear. 

1510. Willans Line and Curve of Steam Rate 

If the steam supplied to a turbine is measured at various loads, with 
constant initial steam conditions and exhaust pressure, and the results 
are plotted with total steam supplied as ordinates and the kilowatt out¬ 
puts (or fractions of rated output) as abscissas, the result will be a line 

similar to GEL , in Fig. 15-17, called the 
Willans line. If the steam rates are calcu¬ 
lated from this curve for a number of 
points by dividing the ordinates by the 
abscissas, the result is the curve of steam 
rate or economy curve gel , also shown in 
Fig. 15-17. 

The portion GE of the Willans line be¬ 
tween no load and most efficient load is 
usually approximately straight. The in¬ 
tercept OG on the Y axis is the no-load 
steam or that required to keep the turbine 
running at speed but delivering no power. The meaning of the X-axis 
intercept OF will be explained presently. 

I he straight portion GE of the Willans line is evidently determined 
when the total steam required at any two loads is known. The two 
obvious points are no load and most efficient load; the ratio of the total 
steam at these two loads varies with the type of turbine and is determined 
from tests. With a straight reaction turbine it runs around 0.10. 
Martin [13:7) states that for high-pressure turbines the total consumption 
at no load is approximately equal to the full-load total consumption X 
15/p 0 , where p 0 is the inlet pressure at full load in pounds. 

The various methods of governing and the effects of each on turbine 
economy are most easily explained by use of the Willans line. The range 
from no load to most efficient load will be considered first. 



Fio. 15-17. Willans line and curve 
of stcum rate. 
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16-11. Ideal Nozzle-control Governing 

Assume the ideal case of a pressure-stage turbine where there is separate 
control of all the nozzles at every stage and at reduced load only sufficient 
nozzles in each stage open to carry the load. The pressures and veloct.es 
at any point in the turbine will then be constant whatever the load, and 
therefore nozzle and blading efficiencies will also be constant If there 
were no losses, the output would be exactly proportional to the number 
of first-stage nozzles in operation, and the Willans line would be a straight 
line passing through the origin OB (Fig. 1518). With losses, which 
would be constant except for exhaust loss and for those due to the varying 
arcs of admission, sufficient steam would have to be provided to over- 
come them as well as to carry the load, so that the line OB would be 
raised a distance OD, this being the amount of steam necessary to over- 


Fio. 15-19. Stoam-rato curves. 

come the losses and drive the turbine without load. The distance OC 
would then be the power which would have to be supplied from an outside 
source to drive the turbine at operating speed, without supplying any 
steam. 

The steam-rate curve corresponding to OB would be the straight hori¬ 
zontal line ah of Fig. 1519, the (constant) steam rate being dependent 
merely on the slope of OB in Fig. 15-18. The steam-rate curve cor¬ 
responding to DE would be de, obtained by dividing the ordinates of 
points on DE by their abscissas. 

15-12. Governing by Throttling 

Assume now the other extreme, where all the steam supplied to the 
turbine is throttled on its way to the first-stage nozzles. As the inlet 
pressure decreases, the pressure drops in each of the stages must decrease; 
hence the steam speeds resulting from the pressure drops must also 
decrease. Since the blade speed remains constant, the velocity diagrams 
will change as indicated in Figs. 15-20 and 15-21 for impulse and reaction 
blading, respectively; hence p = W/Vi increases and we have the relative 
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velocity L [ striking the back of the blade and causing loss of blading 
efficiency (Sec. 6-2B). Nozzle efficiency is also less due to overexpansion- 
hence both nozzle and blading efficiency decrease as the load is decreased 
The nature of the variation of the other losses has been discussed in Sec 
13-10, but for the present purpose their total in kilowatts may be assumed 
constant for loads up to the most efficient load. 

The total steam flow at most efficient load will be the same as for the 
nozzle-controlled turbine, since there is then no throttling; hence the 
Willans line for throttle governing will pass through E as before (Fig. 
15-18). Since the internal efficiency falls off at lower loads, the total 
steam will not decrease so fast toward no load as it does for nozzle control, 
the Willans line being less steep and becoming EG instead of ED. The 
increased no-load steam OG needs explanation; the losses have been 
assumed the same as before, but the greatly lowered internal efficiency 



causes a larger amount of steam to be required just to maintain speed and 
overcome losses. Whether or not the line GE remains straight depends 
on the manner of decrease of efficiency; in most turbine tests it comes out 
straight or with a slight upward concavity at low loads. 

I he intercept OF is greater than the power required from an outside 
source to maintain speed with no steam supplied, which is still OC, on 
account of the decreasing efficiency of nozzles and blading at low loads. 

15*13. Effect of Throttle Governing on Condition Curve 

Since throttling is a constant enthalpy operation, the state point 
representing initial steam conditions on the Mollier diagram (Fig. 15-22) 
moves horizontally to the right when the turbine is throttle-governed. 
If Q\ is the energy supplied and A\E\ is the condition curve for the most 
efficient load, then A \F i and A \G\ (measured on the Btu scale) are, 
respectively, the available energy AH t and the work E { . The Rankine- 
cycle efficiency rj lr = AiF x /Q lt and the internal efficiency Vi = Afii/A^Fx. 
After throttling to A i} Vtr is very evidently decreased, but the effect on 
ru is small; a series of trial calculations will show that iji decreases slowly 
as the initial pressure is reduced by throttling. This is verified by exam- 
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ination of the constant internal efficiency curves of Figs. 14-4 and 14-5. 
As the condition curves in these figures are drawn with constant stage 
efficiency, it is evident that R f = Vi/v.i 
must decrease as throttling increases. 

The assumption of constant stage 
efficiency is of course not justified in 
actual turbines, and the increased num¬ 
ber of stages operating in the superheated 
region with throttling causes an increase * 
in the average stage efficiency rj lt , which ^ 
may and usually does cause an increase 
in i h . On the other hand, throttling re¬ 
duces the enthalpy drop and hence the 
steam velocity for each stage, and with 

constant rpm the value of p will increase; n rop * 

. • ,| re - ft j„ apoo |„ Fio. 15-22. Effoct of throttling on 

this usually affects rj, t adversely. location of condition lino. 

Condition curves A 3 E 3 and A 4 E «repre¬ 
sent the effect of still more throttling, and the reduction in the total 
available energy A//. becomes very evident. 

The use of throttle governing, in connection with by-passing of early 

turbine stages in order to carry heavy 
H A\ loads, has been discussed briefly in Sec. 

\ 8-5. 

16-14. Governing by Nozzle Control on 

B'/ First Stage 

'g \\ In the H-S diagram of Fig. 15-23, let 

\\ AF be the isentropic expansion line for a 

\\ turbine with a two-row wheel, C\ being 

\\ the state point of the steam leaving this 

U wheel at full load. At part load, steam 

G? y E }S is admitted at the same initial conditions 

G ==•to fewer nozzles and the pressure in stage 

vy' 1 1 drops, giving an increased enthalpy 

Fy' drop in stage 1 and resulting in exit eon- 

—- S ditions at C 2 . The location of C 2 relative 

Fio. 15 - 23 . Effect of governing by to the line ACi depends on the relative 
nozzle control, H-S diagram. . f , 

efficiencies of the two-row wheel with 


Fio. 15-23. Effect of governing by 
nozzle control, H-S diagram. 


the two different enthalpy drops. The enthalpy drop from C 2 to E 2 for the 
remaining turbine stages is less than it was from Ci to E\. The steam 
speed at the nozzle exits of stage 1 increases, but at the nozzle exits for the 
other stages it decreases, just as it does for throttling governing. We may 
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therefore say that, for a constant-speed turbine, as output is decreased 

the value of p decreases for nozzle-governed stage 1 but increases for the 
remaining stages. 

The Willans lines ED and EG of Fig. 15-18 are for full nozzle control 

y * V u? "!* control, respectively, the former being more econom- 

, Tj 1 loads as shown b y the corresponding steam-rate curves ed 
and eg of Fig. 15*19. It naturally follows that, with nozzle control in the 
first stage only^ the Willans line (not drawn) would pass through E and 
he between ED and EG, approaching ED as the fraction of load carried 
by the nozzle-controlled stage approaches 100 per cent. If there are n 
pressure stages carrying equal loads, then the fraction is \/n. If the 
ater stages increase in diameter, the above simple relation no longer 
ho ds but a summatiof can be made, and an equivalent relation found. 

If the^ first pressure stage has two velocity stages, it delivers approxi¬ 
mately four times as much power as a simple pressure stage of the same 
diameter; hence the fraction would be increased to 4/n. For example 
in a turbine having a two-row first stage followed by eight simple stages’ 
the first wheel delivers four times as much work as any of the others or 
one-third of the work of the turbine [see condition curve AJE% (Fig. 
14-3)). The Willans line would then tend to lie only one-third of the way 
from ED to EG. It will not, however, pass through E, because the effi¬ 
ciency of a two-row wheel is less than that of the four single-row stages it 
replaces, even at. most efficient load, and its use lowers appreciably the 
turbine efficiency. Therefore HJ (Fig. 1518) will be the probable 
Willans line and hj (Fig. 1519) the corresponding steam-rate curve, 
poorer at most efficient load but better at light loads. This improved 
economy at light loads, combined with decreased size and cost of the 
unit, is the justification for the wide use of a two-row first stage combined 
with governing by nozzle control. By increasing or decreasing the first- 
stage diameter, its proportion of the total work may be varied over wide 
limits. (Compare the relative diameters of the first-stage wheels of 
Figs. 1*8, 1*9, and 115). 

With this type of governing, the power developed by the two-row first 
stage increases with the number of nozzles as more nozzles are opened, 
up to the point at which the first-stage pressure is about 55 per cent of the 
inlet pressure. Thereafter, as more nozzles are opened, the work per 
nozzle of the first stage decreases, though the work of the stage increases 
owing to the additional nozzles. Finally the back pressure rises to such 
a value that the total work of the stage begins to decrease. If these 
events are followed through in reverse direction, it will be seen that, as 
the load decreases, the work done by stages after the first falls off much 
more rapidly than the work of the first stage which increases at certain 
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loads; hence a larger fraction of the total load is earned by the control 
stage at part load than at full load. This is primarily because the first 
stage always receives its steam at full pressure and has its greatest 
enthalpy drop at part load, while the remaining stages have to take what 
is left of the original available enthalpy drop. 

Complete nozzle control of individual nozzles, even on the first stage 
alone is costly to arrange and is also unnecessary unless the highest 
economy over a wide range of load is desired. It is present practice to 
use six or eight nozzle groups for the first stage, each with its own control 
valve and with the valves opening in succession, with only slight 

overlapping. ... 

The statements in Secs. 8-3 and 8-4 as to the use of two-row and single¬ 
row stages for governor-control purposes should be reviewed. 


16-16. Overloads 

So far we have been considering the portion of the operating range 
bounded by no load and most efficient load. For the following reasons it 
is very desirable to be able to carry loads beyond the most efficient: 

1. If the load is constant, the turbine can be designed to carry this load 
at its most efficient point and still have reserve capacity in case of unfore¬ 
seen loads or of lowered steam pressure or vacuum. 

2. If the load is variable, the most efficient output of the turbine can 
be arranged to equal the average load, which obviously must be much less 
than the maximum. 

3. The initial cost per kilowatt of the turbine and accessories and the 
overhead are decreased by operating a turbine at as high a load as 
possible. 

Customs in the rating of turbines have had many changes. At one 
time they were rated at most efficient load, and the maximum capacity 
was a variable amount above this, up to 25 per cent, 1 depending on the 
manufacturer. At another time, turbines were rated at their maximum 
capacity under the specified conditions, maximum efficiency being under¬ 
stood to be at some lower output. The “ AIEE-ASME Preferred Stand¬ 
ard for Turbine Generators” (Sec. 10-2) specifies “capability” at 10 per 
cent above “rating” but gives “rating” at 1 )<i in. Hg abs and “capa- 


1 The limitation on output imposed by the generator must not be overlooked. 
Large overloads may be safely imposed on turbines by various means provided in the 
original design without much additional cost, but the heating of the windings of a 
generator by heavy currents places an absolute limitation on generator overloads, 
and the designed maximum output must not he exceeded. If built larger than 
needed so as to provide large overload capacity, then a generator habitually operates 
at reduced efficiency, and its initial cost is proportionally increased. 
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bility” at in. Data for these standard turbines published by the 
large turbine companies show heat rates a minimum for rated output. 

The increased output from most efficient to maximum may be obtained 
in the following ways: 

1. With group nozzle control, the desired overload can be carried by 
providing sufficient nozzles in the original design, rated load being carried 
with less than the full number of nozzles. However, efficiency is low at 
small loads, because of the small arc of admission and excessive pressure 
drop through the nozzles. 

2 . \\ ith throttling control and full peripheral admission on the first 
stage, the turbine could be designed for most efficient output at throttled 
steam pressure and then the maximum load secured by raising the inlet 



Kig. 15-24. Will a ns lines and steam-rate Fio. 15-25. By-pass governing, 

curves for by-pass governing. 


pressure above that for most efficient operation and thus supplying excess 
pressure to the nozzles. This very convenient system was formerly 
much used, but it is evident that economy at most efficient load is sacri¬ 
ficed, being less than it would be at maximum possible inlet pressure. 
The economy at overloads is not improved, because of the rapidly lower¬ 
ing stage efficiency and the rapidly increasing leaving losses. This 
arrangement also gives especially poor economy at very light loads. 

3. With throttling control and full peripheral admission in the first 
stage as in the second method given, the turbine may be designed for 
most efficient output with wide-open primary, throttled for partial loads. 
Secondary and tertiary valves may successively gradually open to admit 
steam to later stages in the turbine (see Fig. 1-32) for overloads. The 
Willans lines are shown in Fig. 15-24; the wide-open primary valve sup¬ 
plies the total steam at most efficient load, this steam being supplied at 
point 1 of Fig. 15-25. If the by-passed stages between 1 and 2 are dis¬ 
regarded for a moment, it is evident that the Willans line for the remain¬ 
ing stages supplied by the secondary valve will be higher and steeper 
than GE. It will be higher at most efficient load because the internal 
efficiency is lower with the reduced number of stages and steeper because 
the no-load consumption is only slightly increased by the change in the 
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point of steam admission. It will curve upward at the right end because 
of the greatly increased leaving loss with larger steam flows. A similar 
curve 3 would result from supplying all the steam through the tertiary 
valve 3 (Fig. 15-25). Of course the intermediate stages cannot be dis- 



Output Kw. 

Fio. 15-20. Total-steam and steam-rate curves for a 60,000-kw impulse turbine. 



Output Kw. 

Fio. 15-27. Pressures at various loads in a 50.000-kw impulse turbine. 

regarded; as the secondary is gradually opened, the pressure is backing 
up on the stages between 1 and 2 and decreasing their efficiencies and 
works. Tests show the presence of breaks in the curve when the sec¬ 
ondary opens; the effect is similar when 2 is wide open and 3 starts to 
open. The condition when a valve is fully open is termed a full-valve 
point. Actual Willans line and steam-rate curves will usually resemble 
the examples given in Fig. 15-26 for a 50,000-kw turbine. Figure 15-27 
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shows how the pressures at various points in the same turbine vary with 

the load. The load ranges at which the various valves open sometimes 

overlap so much in actual turbines that the breaks in the curves are 
indistinct. 

4. A combination method of governing involving nozzle control up to 
a certain load, with by-passing at higher loads, was described in Sec. 
8-3. Figure 15-28 shows the heat-rate curve for a large regenerative feed- 
heating machine governing on this principle. The constancy of the heat 
rate over the range from 80,000 to 174,000 kw is notable. 


12.5, 


| , I2.0| 
1 - 


1.0 


7 1 f -1 -1-1-1-1-1-r 

Governor operates eight control valves by rotating a camshaft. 
Valves Nos. / and 2 admit to nozzle chambers around half -1 
the velocity stage; No.3 admits to nozzle chambers around 
one fourth, and No.4 around the remaining fourth of the. 
same stage. Valves Nos. 5 and 6 by-pass the velocity stage 
and admit to the nozzles of stage 2. Valves No 7 and Q 
by-pass three stages and admit to nozzles ofstage4. All ~ 
openings overlap, i.e., No. 2 starts to open before No. / is 
fully open. etc. 


10.5 


10.0 


\ 




80 100 120 140 

Load .thousands of kilowatts 

Fio. 15-28. Heat-rate curve for a 100.000-kw impulse turbine. 


The scalloped form of the heat-rate curve in Fig. 15-28 may be explained 
as follows: If it is assumed that the turbine is governed entirely by group 
nozzle control of the first stage, then the sloping straight lines of Fig. 
15-29 will represent approximately the total amount of heat supplied in 
Btu per hour at various outputs for different combinations of the nozzle 
groups. Thus line bf represents the heat consumption with steam sup¬ 
plied to group 1, variation in output being produced by throttling and 
point / representing wide-open condition. Line eg represents the heat 
consumption with groups 1 and 2 operating together, varying degrees of 
throttling of the two groups producing changes in output between 0 and 
R. Line dh represents the total heat consumption with a third group 
added and line ei with a total of four groups working together. The 
total consumption of heat at any given output such as N will be greater 
with two groups than with one (Nm will be greater than Nf) because of the 
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greater throttling with more nozzles developing the same output. Hence 
the curves for more groups will lie successively higher. 

The heat-rate curves in Btu per kilowatt-hour for various power out¬ 
puts are calculated from each of the above total-heat-consumption curves 
and plotted in Fig. 15-30 as BF, CG t DH , and El, points F, G, H, and / 
corresponding to wide-open conditions for the steam supplied to the 
group combinations. Now assume that the turbine is operating at point 




Fio. 15-29. Heat supplied vs. power out- Fio. 15-30. Heat rate vs. power output, 
put, varying numbers of nozzles. varying numbers of nozzles. 

F with one group of nozzles wide open and that somewhat more output is 
called for. The governor will partially open the steam supply to the 
nozzles of the second group; this additional steam will be highly throttled, 
and since its available energy is thereby greatly reduced, the heat-rate 
curve will rise sharply toward M. As the output increases, the throttling 
will decrease so that the heat-rate curve will turn downward again, 
eventually passing through G; the last portion may be slightly convex 
downward. Similar conditions will exist between G and H and between 
H and I. Overlapping the openings, i.e., starting to open group 2 before 
group 1 is entirely open, will diminish the sharpness of the upward turns 
beyond F, G, and H and make the scallops shallower. 



CHAPTER 16 

TURBINE PERFORMANCE 

The performance of a steam turbine, as discussed in Chap. 2 and 
Sec. 141, may be expressed as its steam rate in pounds of steam per 
kilowatt-hour, as its heat rate in Btu per kilowatt-hour, or as its efficiency. 
The first is not a valid measure of economy, and it is not reliable for 
comparison of the performance of turbine generators unless they operate 
under closely similar initial steam conditions, exhaust pressure, and feed- 



Roted load,megawatts 


Fio. 16*1. Over-all engine efficiencies of large General Electric condensing turbine- 
generator units vs. rated load. (Drawn for 300 F initial superheat. 4 per cent exhaust loss, 
and 1.25 per cent mechanical loss at all ratings. Full lines. 1.800 rpm, dash lines, 3,600 
rpm. Generator efficiencies assumed as shown; hydrogen cooling. Figures on curves are 
throttle pressures, psig.) (Warren and Knowlton.) 

heating arrangements. It is valuable as a measure of steam flow, and 
two steam rates are recognized with extraction units—throttle-steam 
rate and condenser-steam rate. The heat rate, pounds of steam per 
kilowatt-hour X Btu supplied per pound, is a most useful measure of 
performance, indicating exactly what each unit of work is costing in fuel- 
heating value. Engine efficiency is a measure of the excellence of design 
and construction, considering the conditions under which the turbine 
works. Noncondensing turbine generators have high heat rates but 
often have high engine efficiency, while high-pressure condensing turbines 
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To obtain turbine efficiency at any _ 
initial superheat, divide efficiency 

at 300F superheat by this - 

correction factor i 


O90 O 100 200 300 400 500 600 

Initial superheat, deg F 

Fio. 16-2. Throttle-superheat correction factors. ( Warren and Knowlion.) 

Per cent of maximum throttle flow 
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v> n . rTT I 1 I I I I 1 I I I I I faAj erhpress) 

0.3 04 05 0.6 

Rati0 . _J-* h tem p- F abs 

Throttle temp, F abs 


Maximum throttle flow, cu ft per sec 


Efficiency correction factor for part Curve 3.600 rpm 
loads - 1.00 - (Scale A X Scale B) 



W. 


rpm I Steam conditions 



50 or leas 150 or leas All 

50-125 150-375 All 

125 and up 375 and up Used only up to 825 F 


Fio. 16-3a, b, and c. Partial-load correction factors for condensing turbines. ( Warren and 
Knowlton.) 
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having a low heat rate may also have a low engine efficiency. Since the 
heat rate of an engine that could turn all of the supplied heat into work 
is 3413 Btu per kwhr, this quantity, 3413. divided by the actual heat 
rate, is the thermal efficiency, which is an over-all measure of the excel¬ 
lence of the cycle, operating conditions, design, and construction. 

16-1. Engine Efficiencies 

A comprehensive presentation of available data on the efficiency of 
arge impulse turbines is given in a paper by Warren and Knowlton 
(13:9). Figure 16-1, from this paper, shows the over-all engine effi¬ 
ciencies of large General Electric condensing turbines at rated loads, in 
curves which have been plotted from the results of a methodical analysis 
of the test data on a considerable number of machines of different 
capacities and characteristics. The test data have been reduced to show 
the full-load performance with nonextraction operation, 300 F initial 
superheat, 4 per cent exhaust loss, and 1.25 per cent mechanical loss, at 
all ratings. The generator efficiencies used are shown by the two curves 
at the bottom of Fig. 16-1. The efficiencies are given for turbines of 
1,800 and 3,600 rpm and for various throttle pressures in pounds per 
square inch gage. 

For other operating conditions, corrections may be made to the values 
from Fig. 16-1. Figure 16-2 gives superheat correction factors. Figure 
16-3 provides for the determination of correction factors for part-load 
operation. Corrections for different generator efficiencies and different 
mechanical losses may be made with aid of curves given in Secs. 13-8 and 
13-9. Corrections should also be made for exhaust losses other than 4 
per cent and for regenerative extraction, but owing to the complication 
of the methods and to space restrictions, the descriptions will be omitted 
here. The reader should consult the original paper, in which numerical 
examples are also given. 

Inspection of Fig. 16*1 will show the effects of high steam pressures in 
decreasing engine efficiency and of turbine size in increasing it. Increase of 
speed (1,800 to 3,600 rpm) has opposite effects in small and large turbines. 

16-2. Heat- and Steam-rate Curves 

The establishment of “ Preferred Standards for Large 3,600-rpm Steam- 
turbine Generators” by the Joint Committee of the AIEE and ASME, as 
discussed in Sec. 8-11 and shown in Table 16-1, has resulted in the building 
of these standard machines for the same operating conditions by all the 
turbine manufacturers. Several have published data on the perform¬ 
ances that should be expected by all the machines in the series as manu¬ 
factured by them. Table 16-2 is an example of such data, for a 15,000-kw 
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Fio. 16-4. Four-stage feed-water heating cycle. (General Electric Company.) 

Table 16*1- Preferred Standards for Large 3,600-rpm Three-phase 60-cyci.e 
Condensing Steam-turbine Generators 



Air¬ 

cooled 

gener¬ 

ator 

Hydrogen-cooled generator rated for 

0.5 psig hydrogen prensure 

Turbine-generator rating, kw 

11.500 

15.000 

20.000 

30.000 

40.000 

00.000 

Turbine capability.* kw. 

12.050 

16.500 

22.000 

33.000 

44.000 

60.000 

Generator rating, kva. 

13.520 

17.047 

23.529 

35.294 

47.058 

70.588 

Power factor. 

0 85 

0.85 

0 85 

0 85 

0.85 

0.85 

Short-circuit ratio. 

0.8 

0.8 



0.8 

0 8 

Throttle pressure, psig. 

600 

850 


t~ii 

/850 or 1.250 \ 

/850 or 1,250\ 

Throttle temperature. F. 

825 


Baal 

K22 

V, 900 or 950/ 

V. 900 or 950/ 

Number of extraction open- 







ings.. 

4 


n 

OB 

5 

5 

Saturation temper- First... 

175 

175 

175 

175 

175 

175 

aturcsf at open- Second 

235 

235 

235 

235 

235 

235 

ings at "turbine- Third.. 

285 

285 

285 

285 

285 

285 

generator rating" Fourth 

350 


350 

350 

350 

350 

with all extraction Fifth. . 

... 



410 

410 

410 

openings in ser¬ 







vice, F 







Exhaust pressure, in. Hg abs 

1.5 



1.5 

1.5 

1.5 




Hydrogen-cooled generator operated at 




15 psig hydrogen pressure 


Generator capability at 0.85 







power factor, kva. 



27.058 

40.588 

54.117 

81,176 


* The "turbine capability" is guaranteed continuous output at generator terminals when the tur¬ 
bine is clean and operating under specified throttle steam pressure and temperature and in. Hg abs 
exhaust pressure, with full extraction from all extraction openings. 

t A tolerance of plus or minus 10 F applies to above saturation temperatures. (Tolerances should 
be unilateral so as not to reduce the spread in temperature between adjacent extraction openings.) 
(Mteh. Eng.) 
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unit, from a publication 116:2) by the General Electric Company, which 
contains similar data for the other Preferred-standard units. Figure 
16-4 is a diagram for the standard four-stage feed-water heating system; 
for three heaters, No. 4 heater is omitted. The corresponding tables for 



10 20 30 40 50 60 x 10* 


Turbfne-generoto»* rating.kw 
Fio. 16-5. Heat rates of Preferred-standard units. 



Load, kw Load, kw 


Fio. 16-6. Heat-rate curve for 15.000- Fig. 16-7. Heat-rate curve for 60,000-kw 

kw condensing unit. ( AllU-Chalmera condensing unit. ( Allia-Chalmers Manu- 

Manufacturing Company.) featuring Company.) 

the other Preferred-standard machines must be omitted on account of 
the space required. Figure 16*5 shows, however, a comparison of the 
heat rates for sizes 15,000 kw and above, at 100 per cent output, 1}^ in. 
Hg abs back pressure, and with four heaters in operation. The effect of 
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W size is clearly shown and also the improvement with the change 
of^team Conditions from 850 psig and 900 F to 1,250 psig and 950 F, m 

standard machine is shown in 

PiJ h lG-6 from the Allis-Chalmers Manufacturing Co. The data from 
Table 16-2 will be found to agree approximately with the heat rates a 

Ta r[ e 16 2. Performance Data for 15.000-kw Preferred-standard Unit* 

TaB1, (3,600 rpm, 850 psig, 900 F)_ 




Straight 

Extraction performance, 
four heaters 

Extraction performance, 
three heaters 

Exhaust 
pres¬ 
sure. in. 

Hk aha 

Per 

cent 

rated 

load 

• 

conden*- 

ing- 

stcam 

rate. 

Ib/kwhr 

— 

Heat 

rate. 

Btu/ 

kwhr 

Feed- 

water 

tem¬ 
per¬ 
ature. F 

Throttle- 

steam 

rate, 

Ib/kwhr 

Conden¬ 

ser- 

steam 

rate. 

Ib/kwhr 

Heat 

rate. 

Btu/ 

kwhr 

Feed- 

water 

tem¬ 
per¬ 
ature. F 

Throttle- 

steam 

rate. 

Ib/kwhr 

Conden- 

ser- 

stenm 

rate. 

Ib/kwhr 

1 in. 

25 

50 

75 

100 

no 

8 63 
7.87 
7.68 
7.73 
7.70 

11.159 

10.055 

9.086 

9.624 

9.647 

254 

294 

323 

345 

354 

9 07 

8 46 

8 35 

8 47 

8 SO 

7.64 

6 83 

6 54 

0 48 

6 48 

11.347 

10.237 

9.860 

9.791 

9.812 

204 

237 

260 

279 

285 

8 85 

8 20 
8.05 

8 12 

8 18 

7 84 
7.01 
0.71 

0 64 

6.65 

14 in. 

25 

50 

75 

100 

no 

8.06 

8 10 
7.82 
7.80 
7.80 

11.506 

10.287 

9.832 

9.720 

9.707 

256 

296 

324 

346 

3M 

9 42 

8 66 

8 48 

8 50 

8 61 | 

8 02 

7 07 

0 72 

6 02 

6 00 

11.701 

10.473 

10.009 

9.889 

9.873 

205 

238 

201 

279 

280 

9.19 

8 40 
8.18 

8.21 

8 24 

8.21 

7 25 

0 89 
0.79 

6 77 

2 in. 

25 

50 

75 

100 

no 

9.20 

8 28 

7 98 
7.92 
7.89 

11.983 
10.522 
U». 057 
9.872 
9.851 

258 

298 

325 

347 

355 

9 77 

8 87 

8 09 

8 70 

8 74 

8 38 

7 29 

0 94 

0 79 

6 76 

12.185 

10.711 

10.237 

10.043 

10.020 

207 

240 

262 

280 

287 

9 54 

8 00 

8 37 

8 34 

8 37 

8 60 

7 48 
7.12 

0 96 
6.94 

24 in. 

25 

50 

75 

100 

no 

9.60 

8.40 

8.12 

8 03 

8 01 

12.294 

10.730 

10.209 

10.003 

9.958 

260 

299 

326 

348 

356 

10 04 
9.06 

8 82 

8 83 

8 85 

8 0S 

7 49 

7 09 

6 93 

6 88 

j 12.500 
| 10.924 
10.392 
j 10.177 
10.128 

209 

231 

263 

281 

288 

9 79 

8 78 
8.51 

8 46 

8 46 

8 88 

7 09 
7.27 
7.10 

7.06 


• General Electric Company. 


the angles or “full-valve points” on the curve. Values of the heat rates 
for the 60,000-kw standard machine from the tables agree with the curve 
in Fig. 16-7. Tables supplied by the Westinghouse Electric Corporation 
give values closely corresponding to those of the other two manufacturers. 

The cause of the scalloped form of the curves was given in Sec. 15*15. 

The following examples of performance curves are from nonstandard 
machines: Figure 16-8 shows the heat and steam rates for a 60,000-kw 
1,800-rpm machine, with steam conditions 185 psig. 500 F, and \\£ in. 
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F «o. 10-9. Heat-rate curve for a 120.000-kw cross-coin podfid condensing unit. 
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Fio. 16-12. Steam rates of 100.000-kw Essex turbine generator. This is a 3,600-rpm 
tandem-compound machine, the initial steam conditions being 1.250 psig and 1000 V and 
exhaust at 1.5 in. Hg abs. The high-pressure section has 19 stages with extraction con¬ 
nections at stages 7, 10. 13. 16. and 19. The double-flow low-pressure section has 5 
stages with extraction at stages 20. 21. and 22. The steam flow is controlled by eight 
primary valves which admit steam to the first stage and four internal valves which by-pass 
steam to the inlet of stage 4. The valving sequence is arranged so that seven of the 
primary valves open consecutively for the first seven admission points; the four by-pass 
valves are next opened together for the eighth admission, and finally the eighth primary 
valve is opened for the ninth admission. The valve openings do not overlap. 

The rises in heat and steam rates at loads above 93.000 kw are caused by the opening of 
the internal by-pass valves. The sloping lines connect points on the different curves with 
the same valve setting and hence with the same steam flow. (Renton and Neal.) 

Hg abs exhaust pressure. The low initial pressure and temperature 
account for the poor economy. 

In Fig. 16*9 is shown the heat-rate curve for a 120.000-kw, 3,000-rpm, 
1,800-rpm cross-compound turbine, 1,450 psig. 1000 F, and 1.23 in. Ilg 
abs exhaust pressure. 

As an example of a small superposed turbine, similar to the one shown 
in Fig. 1-44, Fig. 16T0 is the steam-rate curve for a 1,200-psig 900 F 
380-psig back-pressure machine. The isentropic enthalpy drop in this 
machine is only 140 Btu. The heat-rate curve for a larger machine is 
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Fio. 16-13. Heat-rate curve for a 50.000-kw superposed turbine. 
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eiven in Fig. 16-13, which is for a 50,000-kw turbine generator, with 
conditions 1,600 psig, 950 F, and 200 psig exhaust pressure. 

Curves of heat rate and steam rate for a 100,000-kw 3,600-rpm machine 
am shown in Figs. 16-11 and 16-12, with a brief description of the turbine 
and the governor-valve arrangements [16:5, 16:6]. 

16-3. Performance Curves, Medium and Small Turbines 

From the diagram in Fig. 1614 may be obtained the brake-engine 
efficiency of multistage De Laval steam turbines having outputs from 



40 50 60 70 80 100 200 500 400 500 

Rated bhp 

Fia. 16-15. Curves of brake-engine efficiency vs. horsepower, noncondensing single-stage 
turbines. {De Laval Steam Turbine Company.) 


200 to 10,000 bhp for different initial pressures and 100 F superheat. 
Two different groups of curves give efficiencies for condensing turbines 
with 28 in. vacuum and for noncondensing turbines with atmospheric 
back pressure. Correction curves are given for use when other super¬ 
heats and vacua are used, and factors for obtaining the efficiency at half 
load are given. The theoretical steam rate calculated from the isentropic 
enthalpy drop, divided by the brake-engine efficiency, gives the approxi¬ 
mate actual brake steam rate. 

In Fig. 16-15, also furnished by the De Laval Steam Turbine Company 
[16:3], efficiency curves are given for smaller single-stage noncondensing 
turbines; they are used in the same manner as just described. The 
improvement in efficiency with increase of speed in these small machines 
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I*io. 16-16. Curves of brake-engine efficiency vs. horsepower, single-stage, noncondonsing 
turbines. (Worthxngton Pump and Machinery Corporation.) 



Fio. 1617. Curves of brake-engine effi¬ 
ciency vs. horsepower, multistage condens¬ 
ing turbines. (Worthington Pump and Ma¬ 
chinery Corporation.) 



Fio. 16-18. Curves of brake-engine effi¬ 
ciency vs. horsepower, multistage noncon¬ 
densing turbines. (Worthington Pump and 
Machinery Corporation.) 
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, i ue to higher blade velocity and higher p) is apparent. There is also 
even more improvement if geared drive is employed, which makes possible 
the attainment of still higher blade speed (Sec. 6-9). 

Figures 16-16, 16-17, and 16-18, furnished by the Worthington Pump 
d Machinery Corporation, show efficiencies and horsepowers at various 
speeds for single-stage noncondensing, multistage condensing, and multi¬ 
stage noncondensing turbines, respectively. The method of using the 
data from the curves is described above. 

10.4 performance of Extraction Turbines 
These were described briefly in Sec. 1-2G, and their governing was dis¬ 
cussed in Sec. 15*5. . . 

An extraction turbine must have a high-pressure element large enough 
to pass sufficient steam to generate the maximum power output while 



0 25 50 75 100 125 


Per cent of output 

Fio. 1619. Flow diagram for an extraction Fio. 16-20. Flow diagram for a inixcd- 
turbine. pressure turbine. 

extraction is also at its maximum; the low-pressure element then receives 
only sufficient “cooling” steam to keep it from overheating, and generates 
no appreciable power. The low-pressure element must be large enough 
to pass all the steam from the high-pressure element when there is no 
extraction but the load on the unit is a maximum. 

Figure 16*19 shows the throttle (or total) flow at various outputs and 
extraction rates (15:8). The line marked “zero extraction” shows the 
throttle flow which passes through both elements when no steam is 
extracted; it is the ordinary Willans line. There are two limits: maximum 
load, represented by the vertical line at 100 per cent output (for 0.80 
power factor; 125 per cent output for unity power factor), and maximum 
throttle flow, represented by a horizontal line through the point of maxi¬ 
mum power output plus the required extraction at maximum power 
output. 

The sloping lines, approximately parallel to the zero extraction line, 
marked “constant extraction flow” and with various percentages, give 
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the total flow at various outputs and with various rates of extraction. 
At constant output, throttle flow increases as the per cent of extraction 
increases. As the output is reduced while keeping a constant extraction 
quantity, a point is reached at which the extraction line takes all the 
throttle steam, none (except the cooling steam) going through the low- 
pressure element to the condenser. Any further reduction of load will 
diminish the extraction flow at the required extraction pressure. This 
limit is marked “minimum flow to exhaust”; also “maximum extraction.” 

If the load is increased while keeping a constant extraction rate, one of 
two things may happen; (a) the maximum allowable output for the 
generator will be reached or (6) the maximum flow which the low-pressure 
element can take is reached. The first tends to take place with large 
extraction rates because of the large output of the high-pressure element; 
the latter occurs with small extraction rates because then nearly all the 
throttle steam reaches the exhaust. 

A mixed-pressure turbine is in many ways the reverse of an extraction 
turbine. Figure 16*20 shows the throttle flow at various outputs for 
such a turbine. The line marked “zero low-pressure admission” is 
again the Willans line, and the sloping lines parallel to it are for different 
amounts of low-pressure steam admitted. Throttle flow of course 
decreases with larger low-pressure admission. The turbine must have a 
high-pressure element large enough to generate the required output when 
no low-pressure steam is admitted and must have a low-pressure element 
large enough to develop the required output on low-pressure steam alone, 
cooling steam only being admitted at the throttle. The former is the 
maximum and the latter is the minimum throttle-flow limit. With a 
given constant admission of low-pressure steam, as the power output is 
increased the throttle flow increases until either of two limits is reached: 
(a) the maximum allowable generator output or (6) the maximum flow 
which can pass through the low-pressure element with the given steam 
pressure. The first tends to occur with small low-pressure admission 
because of the large output of the high-pressure element, and the latter 
naturally occurs with large admission of low-pressure steam. 

Steam rates corresponding to any of the lines on the preceding diagrams 
are obtained by dividing the ordinate by the abscissa at each point, as 
usual. Steam-rate curves are usually of value only for the lines of no 
extraction or no low-pressure admission. 

Figures 16*21 and 16*22 show curves for an extraction and a mixed- 
pressure turbine, respectively, each of 2,500-kw output. Actual Willans 
lines are not exactly straight and are not always parallel, so that the 
simple straight limit lines shown in the previous diagrams become 
curved. 
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16-6. Power Factor and Rated Capacity 

Th e rated capacity of a steam-turbine generator is usually stated in 
kilowatts (kw) at 80 or 85 per cent power factor. Alternating-current 
generators are rated in kilovolt-amperes (kva) or the product of the 
voltage and amperage for which the machine is designed. Generator 
power factor is the ratio kw/kva, always less than unity because the 
voltage and current are never exactly in phase; hence the power produced 

, ; ) n , ™:' ayS le f than the kva ' ,f a steam-turbine generator is rated 
at 0,000 kw at 80 per cent power factor, then at unity power factor it 
could produce 10.000/0.80 = 12,500 kw provided the turbine could 
supply sufficient power; this is usually provided. On the other hand at a 
ow power factor, say, 0.50, the generator kva may be 10,000 but the 
kilowatt output is only (0.50/0.80) X 10.000 = 6,250 kw, although rated 
voltage is being generated and rated current carried in the generator 
circuits; more cannot be allowed without exceeding the specified tem¬ 
perature rise in these circuits. It thus appears that electrical generator 
and circuit characteristics limit the power which ran be developed and 
at times require the turbine to operate at part load. 

16-6. Turbine Troubles 

The importance of preventing contacts between parts of the rotor and 
stator during operation, called rubs, has been mentioned many times 
These occur less frequently as experience is gained by the manufacturer 
and the operator, but with changes of conditions, such as the continual 
increase of initial temperature and pressure, expansion and other troubles 
are always promoted, and the possibility of a rub is always present. The 
result of a bad rub is shown in Fig. Ifv23. 

Another difficulty that has become more serious with rise of tempera¬ 
tures is that of deposits, on the surfaces of blades and nozlles, of solids 
carried over from the boiler; an example is shown in Fig. 16-24. Down to 
the “water line" or “dew point” in the turbine, deposits are usually 
water soluble, below it, water insoluble. The latter is largely silica. 
Prevalence of deposits is not dependent on the particular type or design 
of turbine, but there is less trouble in tidewater plants, on shipboard, and 
where loads are highly variable. Modern superposed turbines' are 
especially liable to suffer from the carry-over of deposits, because they 
operate at the highest temperatures and have small parts. 

Even an extremely small percentage of carry-over, when multiplied by 
the large flows and prolonged periods of continuous operation, may 
result in serious deposit accumulations. 

The effect of deposits is to reduce the flow capacity of the unit, raise 
the stage pressures, and increase the load on the thrust bearing. It can 
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I*iu. I6-1M. Silica deposit on exhaust side of blades of a large impulse turbine. 
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be detected by comparing pressures at all points in the turbine where 
measurement is possible with the pressures at the same points when the 
turbine was new (or clean) and operating at the same conditions. The 
soluble deposits may be removed most easily by washing, which is done 
by reducing the superheat slowly until the steam is wet, and running for 
a time with wet steam. Shutting the turbine down for a few days, with 
consequent cooling off, will bring about the presence of much condensa¬ 
tion moisture on starting again, which will remove part of the deposit. 
It may also be accomplished by reducing the load for a few hours each 
week, advancing the moisture region much nearer the inlet. 

The insoluble deposit, usually silica, is usually very hard and tenacious 
but can be removed by opening the turbine, scraping, or sandblasting; 
grinding the blade surfaces is unsafe on account of the possibility of 
starting cracks. Silica may also be removed by supplying a solution of 
caustic soda with the steam for a period, stopping and starting with 
periods of rest. The solution must then be thoroughly washed out of all 
parts of the turbine, condenser, and condensate pump, and the con¬ 
densate must be discarded during the time of use of the caustic soda. It 
is doubtful if the caustic soda can be removed from such places as the 
spaces back of labyrinth packing rings, where it may remain and cause 
trouble [16:4). 

Prevention is of course better than cure, and with high operating tem¬ 
peratures. it is imperative to keep down the amount of silica in the boiler 
water. It is very beneficial to vary the load on the unit systematically, 
and if possible, to stop it long enough to let it cool off at regular intervals! 



CHAPTER 17 
DESIGN 


The design of a steam turbine, like that of any other important 
machine, involves a judicious combination of theory with the results of 
experience, governed to a great extent by the economic element, cost 
The progress of any particular design involves a continuous senes of 
compromises of what is most efficient, what will operate most reliably, 
and what will cost the least. Advancement has been fairly gradual, 
because the sums of money involved are very large, and no one builder or 
user is willing to reach out very far into untried territory lest disaster 

As^an aid to design, particularly for obtaining results quickly, the 
different companies have devised methods of calculation and have 
accumulated and worked up data representing their experience and 
research. Beside being quite naturally considered as the valuable 
property of the company, the amount of data is so voluminous that its 
publication is impracticable. However, numerous technical papers writ¬ 
ten by experts in the turbine field have been published from time to 
time, making available much useful information on certain specific 
problems in the turbine field. It will be evident that the methods of 
design outlined in the following pages are not those of any firm building 
turbines, nor are the coefficients and other data exactly those used by 
any of them, though they are reasonably close to what might be expected. 

This chapter includes the following design problems: 

1. Design of a pressure-stage impulse turbine with constant stage 
diameter 


2. Preliminary design of the final stages of a turbine 

3. Design of a velocity-stage turbine 

These have been worked through in sufficient detail to show the methods 
of determining nozzle and blading dimensions and turbine losses and 
efficiencies. The methods of these three problems, as well as data given 
in the previous chapters, are combined in the design of an impulse turbine 
with a two-row control stage, followed by single-row stages of increasing 
diameter toward the low-pressure end. However, the method of solution 
of this more comprehensive problem is merely outlined, and it is left to 
the student to work out the details. 
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17*1. Preliminary Data 

The problem is presented to the designer in various ways, but ordinarily 
the following are specified: initial steam conditions, exhaust pressure, and 
capacity in horsepower or kilowatts. The rpm may be unspecified, as in 
marine or locomotive sets for electric or geared drive, or may be definitely 
determined by the a-c frequency to be generated. Highest possible 
economy is usually desired but with a limit on the price. Of course a 
purchaser may specify an economy which cannot be obtained except at 
prohibitive cost, but since he usually must have the turbine, he will 
make concessions, and competition between manufacturers will usually 
produce the best proposition possible with the stage of turbine develop¬ 
ment then reached. 

From the information given in the preceding pages of the text, it is 
evident that the large number of variables complicates greatly the design 
of a turbine. Thus, for satisfactory efficiency, it is usually necessary to 
have numerous stages which increase in diameter from the inlet to the 
exhaust end. All wheels turn at the same speed, but IF, Vi, k H , lc h , 
q, 0, y, leakage efficiency, disc friction, and fanning loss may all vary 
from stage to stage. Losses due to supersaturation and moisture also 
enter as variables in the wet region, so that each stage must ultimately 
be computed individually. Unfortunately, the condition line, which is 
the logical starting point, can only be approximated until all the stage 
efficiencies are known. An abbreviated method of provisional calcula¬ 
tion is therefore necessary for the experienced designer, and for the 
beginner additional simplifications are desirable. In this first design 
problem, therefore, constant stage diameter is assumed and the variations 
of many of the other quantities listed above are neglected. Low initial 
steam pressure is selected in order to reduce the number of stages. 

17*2. Design Problem: Pressure-stage Impulse Turbine 

Calculate the principal dimensions of the nozzles and blading of a 


turbine for the following conditions: 

Kilowatts delivered by generator. 5,000 

Revolutions per minute. 2,400 

Maximum blade speed, fps. 570 

Initial steam pressure, psia. 150 

Initial temperature, F. 540 

Lxhaust pressure, in. Hg. I 

Nozzle exit angle, deg. 20 

Blading to be symmetrical 


All stages to have same diameter at mean blade height 
Nozzle control governing for stage 1 
Turbine to be similar to Fig. 171 and to Fig. 1-20, 
except that it will have no two-row wheel 
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The problem divides itself naturally into two parts: 

A. Energy distribution and velocity relations 
B Capacity, steam flow, and area of passages 

A. Energy Distribution and Velocity Relations. Specific volumes of 
♦he steam at the beginning and end of the expansion will be needed, so 
they will be determined at once. 

Vo = 150 lb to = 540 F ho = 1,295.0 so =1.081 = 3.80 

Pl = 1 in. a i = 0.8105 M = 903.8 s, = so - 532 

Ah, = 391.2 Btu 



Fio. 171. Pressu re-st uro impulse turbine. (De Local Steam Turbine Company.) 


From Eq. (5*23), for maximum efficiency, 


cos a 0.9397 
p 2 2 


0.4098 


In Sec. 6-9, however, it was shown that, considering disc friction and 
fanning, the value of p for maximum efficiency should be less than this. 
Adopting p = 0.42, we have V\ = 570/0.42 = 1,357 fps. The entrance 
triangle of Fig. 17*2 may then be constructed (a scale of 200 ft per in. or 
less should be used for this), and L\ will be found as 845 fps. To deter¬ 
mine k b) use Eq. (615) and Fig. 6*30. The angle 0 = 33.34 deg, and for 
symmetrical blades (180 — X) will be twice this, or 00.68 deg approxi¬ 
mately. Since the specific volume varies with each stage, the factor K 
will be variable; however, in the present problem it will be assumed con- 
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stant at the average value. Assuming o/r, = 0.40 in Fig. 6-30, with the 
initial specific volume = 3.86 cu ft and K = 0.0037, 

k b = 0.97 - X 0.0037 = 0.923 

Similarly, with the final v = 532, k b = 0.961, and the average of the two 
will be taken as k b = 0.942. 

We then have U 2 = 0.942 X 845 = 795 fps. Completing the exit 
triangle, we obtain V 2 = 448 fps. The blading efficiency may be calcu¬ 
lated by Eq. (5*27); substituting the velocities from Fig. 17*2, 

1.357* - 448* - 845* + 795* 

-1^5P- = 0847 

If preferred, trigonometric functions may be used in the calculation. 
Thus, Fi* = Fx cos a = 1,357 X 0.9397 - 1,275 fps, and U u = F, 



sin a = 1,357 X 0.3420 = 464 fps. Tan 0 - - IF) = 46^ 05 

= 0.658, whence 0 = 33.34 deg. l\ = C,,/sin 0 = 464/0.5496 = 845 
fps. U 2 = 0.942 X 845 = 795 fps. U if = i\ sin 7 = 796 X 0.5496 = 
438 fps. F*, = IF + l\ cos 7 « 570 - 796 X 0.8354 - -95 fps. 
Tan 5 = (/j,/F 2 „ = 438/( — 95) = —4.61, whence 6 = 102.24 deg. 
F 2 = V 2 //sin h — 438 0.9772 = 448 fps. The blading work = \V(V ]v 
- F 2ir )/778 g = 570 X 1,370/778? = 31.2 Btu. The blading efficiency 
may also be calculated by Eq. (5*21). 

r?6i = 2p(cos a — p)(l ■+• k b ) = 2 X 0.42(0.9397 - 0.42)(1 + 0.942) 

= 0.847 

It is of interest to calculate the maximum possible efficiency for sym¬ 
metrical blades; by Eq. (5*24a), 


(Vbl)n>MX = 


cos* a 


(1 + k b ) = 0.857 


The value of V\ found above is the actual velocity at exit from the 
nozzle; selecting k n from Fig. 3-20 as 0.965 will give 

V 1 ^ 357 1 «nr 

iVl = 0965 ^ 1 ' 406 
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which corresponds to Ah, = 39.5 Btu. 1 lie nozzle efficiency 

rj n = 0.965 2 = 0.931 


and the combined nozzle and blade efficiency 

rj nb = 0.931 X 0.847 = 0.788 

The average loss due to disc friction and fanning will be assumed to bo 
3 per cent and the average stage leakage, \ P er cent (both to be checked 
later), giving for the stage efficiency 

n. t = 0.788 X 0.955 - 0.752 


The value rj,t = 0.75 will be adopted provisionally. 

The number of stages will be determined next. At the beginning of 
part A, the available energy was found to be Ah, = 391.2 Btu. For this 
enthalpy drop and 182 deg superheat, Fig. 14-6 gives R f = 1.0465, which 
can be used without correction for determining the approximate number 


of stages. 


Z 


391.2 X 1.04C5 
39.5 


10.36 


Selecting 10 stages, R / may be corrected as follows: 

R, = 1 + (1.0465 - 1) X 0.9 X “ 10523 


Trial Ah, 


391.2 XJ.0523 
10 


41.2 Btu 


This is 1.6 Btu greater than 39.5 and will cause a slight increase in V\ 
which will be taken account of later. 

A table similar to Table 17T is now prepared in the same manner as 
was Table 14T but with the quantity Ah, = 41.2 Btu subtracted and 
Qr — 41.2 X (1 — 0.75) = 10.3 Btu added, this being performed 10 
times. By use of the Ellenwood and Mackey charts, the values of 
entropy, pressure, temperature (or quality), and volumes may be deter¬ 
mined and entered in the table. Usually the desired final pressure is not 
exactly reached in the first attempt (as in the present case); the trial 
values of Ah, and q r must then be changed and another trial made. [An 
estimate of the necessary change may be made by taking l/Z of the final 
error in enthalpy, dividing it by t,„ and deducting it from (or adding it to) 
the trial Ah, to get the corrected trial value. A new q r must also be found, 
using the same A convenient check on the accuracy of the steam- 
chart work as it progresses can be had in the entropy values; they should 
increase slowly and regularly. The steam volumes marked volume B and 
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volume C in Table 17* 1 are the respective volumes before and after reheat 
is added and correspond to points B x and C i, li 2 and C 2 , etc., in Fig. 14*3. 
On the second trial the correct value of Ah. was found to be 41:00 Btu 
and q r = 10.25 Btu; Table 17*1 was made with these values. Figure 
17-3 may now be drawn with V x - 223.8 \/0.931 X 41.0 = 1,383 fps 
instead of 1,357 fps as before; the revised blading efficiency may be found 
directly from Eq. (5-21) with p = 570/1,383 = 0.412; it will be found that 
ijbi = 0.845 instead of 0.847, and the change may be neglected. The 
assumption of 0.942 for average k n may be checked at this point, since 
the specific volumes are now available from Table 17*1. 



The total internal work per pound of steam is 

Ei - 10(41.00 - 10.25) = 307.5 Btu 
whence the engine or internal efficiency of the turbine is 


307.5 
" 39L2 


0.786 


The reheat factor may be checked here; it should be 


_ ru _ 0.786 
' *. 0.75 


1.048 


Allowance for the mechanical losses will be made by use of Eq. (13*12), 
giving 1.8 per cent of the internal work of the turbine. Radiation will be 
assumed as one-fourth of 1 per cent, making a total of approximately 2 
per cent. Hence 

r>< = 0.786 X 0.98 = 0.770 


Ideal steam rate = 
Brake steam rate = 


3,413 

391.2 

8.72 

0.770 


8.72 lb per kwhr 
11.32 lb per kwhr 


Thus far, the capacity of the turbine has not entered into the calculations 
(except in the equation for mechanical losses) and the derived data will 
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Table 171. Energy Distribution for a 10-staoe Turbine 


At nozzle exit 


Stage 0 ?wh£| Enthalpy Entropy Pressure 







End point 




1.100 

10 


1.038 

10 
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14.0 
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Volume | 
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3.86 

449 
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apply to a turbine larger or smaller than the one specified, as long as it is 
operated under the stated conditions. 

B. Capacity, Steam Flow, and Area of Passages. The approximate 
efficiency of the generator may be found from Eq. (13*11), as 0.95. The 
energy delivered by the turbine in kilowatt units will then be 

» = 5,263 kw 


and the nozzles of the turbine must discharge 


11.32 X 5,263 
60 X 60 


16.55 lb steam per sec 


In addition to this, allowance must be made for steam which flows through 
the stage 1 nozzles and then leaks out of the high-pressure shaft gland. 
Until the shaft diameter has been settled and the packing designed, this 
amount is unknown; considering the low steam pressure, the amount will 
be assumed at 1 per cent. Hence the stage 1 nozzles must pass 


16.55 

0.99 


16.72 lb per sec 


which is the steam charged to the turbine. The corrected over-all steam 
rate is therefore 16.72 X 3,600/5,000 = 12.04 lb per kwhr, and the tur¬ 
bine steam rate is 11.43 lb per kwhr. The total cross-sectional area of 
the nozzles may now be calculated for each stage, and the results are as 
shown in Table 17-2. 

Column 5 is required to determine which of the nozzles expand through 
more than the critical ratio and therefore have throats; stages 7 to 10 fall 
under this head. The numbers in italic type in column 6 are the initial 
enthalpies for the stages expanding past the critical pressure, obtained 
from Table 17-1. The same velocity V\ = 1,383 fps is used in column 12 
for all stages. The steam flow 16.55 lb per sec is used for all stages after 
the first. 

The numbers of nozzles at each stage and their dimensions will now be 
determined. The sections at both throats and exits will be calculated as 
if they were square or rectangular (although actually trapezoidal as 
already mentioned), using for the area the height times the breadth at 
mean height. As stated in Sec. 6.5, the height of impulse blades should 
not be less than to 2 per cent of the blade-ring mean diameter, and 
the nozzle heights must be smaller by the amount of cover or overlap. 
Fanning losses are introduced by assembling the nozzles in two or more 
groups with blank spaces between, a necessary procedure in as small a 
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Table 17 2. Calculation of Nozzle Areas 
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turbine as the present design, but these losses are less than what would 
be incurred by using blades of very small height and low efficiency. 

Mean circumference of blade ring = W X = 570 X s r —L 

rpm 2,400 

= 14.25 ft = 171 in. 

and the mean diameter = 54.40 in. The blade heights therefore should 
not be less than 0.816 to 1.09 in. A nozzle height of 0.90 in. will therefore 
be tried for stage 1. It will have a section area = 0.90 2 = 0.81 sq in., 
and 9.21/0.81 = 11.38 nozzles are required. As it is convenient to 
have an even number of nozzles, 12 w ill be adopted and each will be 
9.21/12 = 0.768 sq in. in area or \/0.768 = 0.876 in. square at exit. The 
peripheral space occupied by each nozzle or the nozzle pitch (Fig. 4-1), 
allowing for the thickness of the nozzle partitions by the use of the 
coefficient m = 0.90, is 
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Pitch = ( sin 20° 87 X 0.90) = 2 85 in ' 

The total arc occupied by the 12 nozzles will be 12 X 2.85 = 34.20 in.; 
the complete circumference is 171 in., so that the percentage of active 
periphery is 34.20/171 = 0.200. Figure 4-15 shows how, even with a 
diaphragm made in halves, the complete circumference may be available 
for nozzles, though in some forms of construction, blank spaces of about 
2 in. must be left on each side of the diametral joint. The maximum 
number of nozzles that can be accommodated is 171/2.695 = 63.5; 60 
nozzles will be used in the later stages having full admission, and the 
pitch there will be 17 J^o = 2.850 in. 

Table 17*3. Calculation of Nozzle Dimensions 
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The calculation for the number of nozzles and the space occupied is 
repeated for each stage, the nozzle exit being kept approximately 0.877 
in. square except for the small adjustments necessary to provide an even 
whole number of nozzles. Table 17-3 gives the results. At stage 5 the 
condition is reached where there is insufficient space for the required 
number of square-section nozzles of the selected dimensions; hence 60 
nozzles are used in this and the remaining stages. The breadth and 
pitch are calculated from this number for these stages, and the nozzle 
height in each stage is increased as may be necessary to provide the 
required area. 

The nozzle height for the last stage is excessive. In accordance with 
rules given in Sec. 6*5, the height of the blades should not exceed 20 per 
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cent of the blade-ring mean diameter, in a small turbine like the one being 
designed. The limiting height is therefore 0.20 X 54.4 = 10.88 in. The 
height of the last row of nozzles may therefore be 10.50 in. which, with a 
small allowance for overlap, will give a blade height of 10.9 in. 

The height being thus limited, the necessary area must be obtained in 
some other way; alternatives are discussed in Secs. 6*5, 71 and 8-2. The 
least costly will be adopted in the present design, that of increasing the 
nozzle- and blade-exit angles. The general expression for the section 
area through the nozzles at exit is 


whence 


Area = hSm sin a 


Sin a 


area 

hSm 


_998_ 

10.5 X 171 X 0.9 


= 0.018 


and a = 38.17 instead of 20 deg. Since the pitch is kept the same, this 
change increases the nozzle breadths at both throat and exit. The new 



exit breadth = pitch X sin a X m = 2.85 X 0.618 X 0.9 = 1.585 in. 
The new throat breadth = 959/(60 X 10.5) = 1.523 in. These revised 
dimensions are included in the last line of Table 17-3. 

A new velocity diagram should now be drawn for stage 10, as shown in 
Fig. 17-4. The calculated blading efficiency is 0.61. The nozzle effi¬ 
ciency is 0.931, and since (as will appear later) the disc friction and 
leakage losses are practically negligible at this stage, we have 

V.t = Vnb = 0.931 X 0.61 = 0.568 

The leaving velocity is 822 fps, equivalent to 13.5 Btu or to 3.45 per cent 
of the available energy for the whole turbine. It is evident that stage 10 
blading does only 0.61/0.847 = 72.2 per cent of the blading work done 
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by the other stages and that the output of stage 10 is 0.5(38/0.75 = 0.758 
of the other stage outputs. 

Blading Heights. The blade-entrance heights must be slightly greater 
than the nozzle-exit heights, as explained in Sec. 6-5. This overlap will 
be assumed at about 0.06 in. at top and bottom or 0.12 for the whole 
height, for small blades. For stages 1 to 5, where the nozzle heights 
range from 0.877 to 0.900, the blade-entrance heights will all be made 
1.000 in. The cover will be gradually increased to 0.4 in. in stages 7 to 
10 (Column 3, Table 17-4). 


Table 17-4. Heights of Blades 
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%The blade height at exit should Ik? greater than the calculated entrance 
height on account of the decrease in relative velocity due to friction, as 
explained in Sec. 6*5. For stage 1, U\ = 868, L\ = 817, k b = 0.942, 
h n = 0.877, and the blades are symmetrical. Hence from Eq. (6-9), 

ht ~ K Tl ~ k, ~ 0.942 “ 0,932 

This is less than the entrance height arbitrarily selected in column 3, and 
since it is not desirable to diminish the height of the blade passage, it will 
be kept constant and made equal to 1.00 in. This value will also be 
satisfactory for stages 2 to 5. In stages 6 and 7 the heights at entrance 
and exit should be equal and in stage 8 there is so little difference that 
the heights might be equal there. For stage 9 the increase is greater but 
still small. For stage 10 the limiting height, for entrance and exit, is 
10.90 in. 
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Table 17-5. Disc Friction and Fanning Losses 


Stage 

Horsepower 

Stage 

Horsepower 

r~ 

54.2 

6 

3.1 

2 

37.9 

7 

1.8 

3 

23.9 
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1.1 
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5 

5.2 
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0 3 



Total 

140.9 


Calculation of Disc Friction and Fanning Loss. Substituting the 
quantities for stage 1 in Eq. (13-3) and using m — 1.1, n = 0.5, and 
c = 1 g» ve 


hp = 1-1 


X »•* X (Ss)' X ra X + (I - 0,20) ! 


X 1.0 1 - 6 


26 

54.2 hp 


oss 


This loss must be calculated for each stage. Values of v with reheat are 
taken from Table 171, values of 0 and average h from Tables 17-3 and 
17-4, respectively, and m is varied from 1.1 to 1.46 in intervals of 0.04. 
The results are as shown in Table 17-5. The total is equivalent to 105.5 
kw, which is about 2 per cent of the kilowatts delivered to the turbine 
coupling. It is important to note that over 90 per cent of this loss takes 
place in the first four stages. 

Calculation of Diaphragm Shaft-packing Loss. ' Diaphragm leakage 
may be estimated most easily by means of Fig. 13*12, which will be 
assumed to apply to interstage packing for impulse turbines. Assuming 
for the present problem a clearance of 0.015 in. and a shaft diameter of 
14 in., the leakage, for the diaphragm between stages 1 and 2, with three 
rings, the pressure of 100 psia, and the pressure drop nearly to the critical., 
will be 

1 ' 650 x um x = 2 - 475 lb p- hr 


The total steam passing through the turbine per hour is 

16.55 X 3,600 = 59,580 

If the above leakage is divided by this total, the stage leakage is 4.15 
per cent. Taking two rings for each of the remaining stages, calculating 
the percentages as above, and taking the average of all gives 1.26 per 
cent average stage leakage for the whole turbine. 

Check of Calculation of Kilowatts Delivered to Coupling. A check may 
now be made, using calculated values in place of some of the values which 
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were previously assumed. The steam supplied to the turbine is 


16.72 X 3,600 = 60,192 lb per hr 

Of this, 612 lb per hr leaks through the high-pressure gland after passing 
through stage 1, leaving only 59,580 lb. The average diaphragm leakage 
is 1.26 per cent, or the average steam passing through the stage nozzles 
and doing work is 59,580 X 0.9874 = 58,829 lb per hr. It was assumed 
that one-fourth of 1 per cent of the available energy was lost owing to 
radiation; while allowance for this really should be made by reducing the 
initial enthalpy, its effect may be approximated by a reduction of steam 
flow. Deducting this quarter of 1 per cent leaves 58,682 lb per hr. 
Since the ideal steam rate = 8.72 lb per kwhr, this steam should produce 


58,682 

8.72 


6,730 kw 


The combined nozzle and blading efficiency ij^ is 0.788, so that 

6,730 X 0.788 X 1.048 = 5,555 kw 

where H f = 1.048, is the nominal work delivered by the blading = 555 
kw per stage. 

Because of the increase of its blade angles, stage 10 does only 0.722 of 
the work of the other stages. Also, stage 1 has the benefit of approxi¬ 
mately 1 per cent more steam than any of the other stages, so that the 
quantity (0.278 — 0.01) X 555 = 147 kw should be deducted, leaving 
5,408 kw delivered by the blading. Deducting the work of disc friction 
leaves 5,408 — 106 = 5,302 kw delivered to the shaft. Finally, allowing 
for the 1.8 per cent mechanical losses leaves 


5,302 X 0.982 = 5,207 kw 

delivered to the turbine coupling. This is 1.08 per cent less than the 
desired 5,263 kw, and a recalculation, with larger steam flow and increased 
flow areas, is indicated. 

Discussion. The considerations omitted in order to simplify the prob¬ 
lem will now be discussed. 

1. No allowance was made for carry-over. In a design like that shown 
in Fig. 171, conditions are favorable for carry-over for all stages having 
full peripheral admission, which would include stages 5 to 10 of the present 
problem. The partial admission stages 1 to 4 are spaced more widely to 
allow the flow to the successively larger nozzle arcs. For the small tur¬ 
bine of the problem, a value of 50 to 75 per cent is probably justified for 
Veo, the larger values applying to the stages with longest blades. In 
developing Table 171, the value of Sh a = 41.0 should be decreased in 
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each stage for which the nozzles receive carry-over energy. Assuming 
average r, eo = 0.60, we find from Fig. 17-3 that with V 2 = 459, cor¬ 
responding to 4.2 Btu, 

Net Ah. - 0.6 X 4.2 = 38.5 Btu 

Since the same work is performed per stage, but with less thermal energy 
supplied, the stage efficiency increases and will now be 

«. = 0.75 X = 0.798 

which is an increase of 6.4 per cent. An additional stage may be justified. 

In preparing Table 17-1 we will then use for stages 1 to 4, Ah. =41.0 
and q r - 10.25 Btu, tj., being 0.75, and for stages 5 to 10, Ah. = 38.5 
and q r = 38.5 X (1 — 0.798) = 7.78 Btu. Since the reheat factor 
changes when we pass from one group to the other, its use is of less value 
for indicating the probable stage-enthalpy drops, although the average 
value can be taken. 

2. The blade-velocity coefficient k b was assumed constant, whereas it 
varies with the specific volume v (Sec. 6-8) and thus affects the efficiencies 
of the individual stages. Until a preliminary design is carried through, 
however, the factors needed to determine k b are unknown. 

3. The blade-exit angles were not reduced. In Sec. 6-3 it was pointed 
out that it is preferable to utilize the kinetic energy corresponding to V 2 
by improving carry-over, rather than to decrease V 2 by large reduction 
of the blade-exit angle, in a multistage turbine. However, the use of at 
least sufficient reduction to justify the actual blade-exit height increased 
by overlap is good practice and even a little greater reduction, without 
increase of blade height, thus introducing a small amount of reaction, 
gives improved stage efficiency. 

4. Increase of specific volume due to reheat while the steam is passing 
through the nozzle and blade passages was neglected in calculating the 
exit heights of the nozzles and blades. The effect is negligible in this 
problem but is given consideration in another problem (Sec. 17*4). 
Also, the expanding portions beyond the throats of those nozzles having 
throats may be cut shorter or omitted entirely, and other nozzles are also 
cut short, giving a small amount of underexpansion at rated load. 

5. No account was taken of the variations in effective flow caused by 
stage leakage. An increasing percentage of the flow passes through the 
nozzles and blade passages toward the low-pressure end. increasing the 
stage work there, relative to that at the high-pressure end. The total 
work remains approximately the same, but the nozzle and blade heights 
should be slightly less at the high-pressure end and greater at the low- 
pressure end. 
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6 . The coefficients of nozzle discharge were assumed to be the same 
throughout, whereas those for nozzles in the superheated region will be 
less, and those in the wet region, greater than unity. 

7. Undercooling would cause a loss of available energy in the one or 
two stages covering the region between the saturation and the Wilson 
lines. If the turbine always operated at one output, provision could be 
made in the design for this loss by allowing a greater enthalpy drop for 
that particular stage, but since variation in load causes a variation in the 
number of stages operating in the wet region, it is hardly possible to make 
specific allowance. The amount is small in any case. 

8 . The decrease in efficiency of the last five stages due to moisture in the 
steam should have been included. In the last stage, for example, the 
average quality is 0.900, and the dry-stage efficiency is 0.568; hence by 
the rule of Eq. (1419), the efficiency corrected for moisture would be 

r m = 0.508(100 - 1.15 X 9.40) = 50.7 per cent 

Since the efficiency in the superheated region is 75 per cent, the last 
stage delivers only 0.507/0.75 as much work as the superheated stages. 

9. All stages were of the same diameter, whereas decreasing the 
diameters of the early stages reduces the loss due to friction and fanning 
and increases h, although it also necessitates increasing the number of 
stages. The use of blade rings of varying diameters requires varying 
assignments of energy to the stages, roughly in proportion to the square 
of the blade-ring diameters. 

10. No special provision was made for meeting the limitation on the 
flow area of the last stage, and its efficiency came out unnecessarily low. 
A greater enthalpy drop should have been assigned to this stage, and a 
method of preliminary calculation of the proportions of the final stages 
that will ensure maximum practicable stage efficiency is given in Sec. 17-3. 

11. An increase in the blade-ring diameter of the last stage and hence 
of the blade speed in that stage would be desirable. This would remove 
the necessity for the large blade and nozzle angles and thus improve the 
stage efficiency. 

12. The use of a two-row wheel in place of the early stages of the tur¬ 
bine would have many advantages, as discussed in Sec. 0-6, especially 
in connection with governing, which has not been considered at all. 
The steam rate would be raised, however, and the difficulty in the last 
stage somewhat aggravated. 

17-3. Preliminary Calculation of Final Stages 

It is often very desirable to make a preliminary estimate of the pro¬ 
portions of the final stages in order to determine the possibility of a pro- 
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posed turbine design and, if the design is possible, of the efficiency and 
the energy assignments for the final stages before proceeding with the 
design of the earlier stages. 

Suppose it is proposed to design a turbine for the following conditions: 

Revolutions per minute. 3,600 

Mean diameter of last blade ring, in. 32 

Maximum allowable blade height, in. 6 

Estimated steam flow, lb per sec. 10 

Final pressure, in. Hg. 1 

Estimated final entropy (end point) . 1.75 

Leaving loss, Btu. ^ 

The possibility of meeting the requirements may be investigated as 
follows: 

The projected area available for steam flow through the last blade ring, 
using a blade thickness coefficient m = 0.9, is 

Circumference X blade height X m = 32 X w X G X 0.9 * 543 sq in. 

The turbine leaving loss, 7 Btu, corresponds to a velocity of 592 fps, 
which is the velocity in the exhaust hood. The leaving velocity from the 
blading, which is V 2 , is greater, because of the area occupied by the 
thickness of the blade edges, and is 592/0.9 - G58 fps, equivalent to 
8.7 Btu. When V 2 is parallel to the axis, the maximum steam flow, for 
the allowed leaving loss, is taking place; hence 

Maximum steam flow = 058 X 54 9i44 = 2,480 cfs 

Since the specific volume at 1 in. Hg and s = 1.75 is 550 cu ft, the above 
flow corresponds to 2,480/550 = 4.47 lb per sec. The proposed design 
specifying 10 lb per sec is therefore impossible. The design of the 
last three stages for the maximum possible flow under the prescribed 
conditions, 4.47 lb per sec, will be carried on. Designate these three 
stages as X , V, and Z. 

Stage Z. For stage Z the velocity diagram in Fig. 17*5 is started with 
V 2 axial and W = (•*%) XtX 3,000/00 = 503 fps. The closing line 
of the exit triangle U 2 = 828 fps, also sin y - 65 9fc28 = 0.795, and 
7 = 180 — 52.05 = 127.35 deg. To find k b , use the method in Sec. 
6 * 8 ; (180 — X) may be taken at 105 deg [approximately 2 X (180 — 7 )). 
v = 550 cfs, l\ = 850 fps (approximately), and o/r f = 0.45. It will be 
found that k b = 0.904 is justified; hence f'i = 828/0.904 = 800 fps 
instead of the 850 assumed. 

The nozzle-exit height will be taken 0.3 in. less than the blade-entrance 
height of 0 in., or 5.7 in., and the blade-entrance angle will be determined 
as if the blade-entrance height were 5.7 in. This entrance angle 8 may be 
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derived from Eq. (6-8), neglecting reheat in the blade passages and 
assuming equal edge-thickness coefficients. 

h 2 _ U\ sin 0 _ 6 _ 860 sin 0 

h x ~ U 2 sin 7 “ 5.7 " 8.28 X 0.795 

whence sin 0 = 0.807 and 0 = 53.8 deg. The velocity diagram may now 
be completed, and from it, a = 34.50 deg and V\ = 1,226 fps. This 
nozzle-exit velocity V\ is equivalent to 30.0 Btu. From Fig. 3-20, 

k n = 0.965 or Vn = 0.965* = 0.931 

and the energy necessary for the stage = 30/0.931 = 32.2 Btu. Note 
that this is not the same as M«. 

To calculate the stage Z efficiency, the losses will first be totaled. The 
nozzle loss = 32.2 — 30.0 = 2.2 Btu. Since the energy equivalent of 



U\ = 860 fps is 14.8 Btu and of U 2 = 828 fps is 13.7 Btu, the loss in the 
blading is 14.8 - 13.7 =1.1 Btu. The leaving-velocity loss is 8.7 Btu. 
The leakage and disc-friction losses are almost negligible at this stage; 
0.3 per cent will be assumed, or 0.1 Btu. The total loss is 

2.2 + 1.1 + 8.7 +0.1 = 12.1 Btu 

The leaving loss for stage Y will be assumed to be 2.5 Btu. (This is 
much less than the leaving loss for stage Z because the blade angles will 
be much smaller. If the assumption is in error, correction can be made 
later.) If the carry-over is 80 per cent, or 2.0 Btu. then the isentropic 
enthalpy drop A h, for stage Z is 32.2 — 2.0 = 30.2 Btu. The stage Z 
efficiency by Eq. (1411) is »u = (32.2 - 12.1)/30.2 = 0.665, excluding 
moisture loss. 

To allow for moisture loss, the average moisture in the stage must be 
estimated. At the end point of stage Z the moisture is 14.8 per cent. 
We do not now know the location of the initial point but may assume 
temporarily that the moisture there is 14 per cent, or the average in the 
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stage is 14.4 per cent. By Eq. (1419), the efficiency allowing for moisture 
will then be 

= 0.665(100 - 1.15 X 14.4) = 55.5 per cent 

the stage work will be 

E. t = 0.555 X 30.2 = 16.8 Btu 
and the stage reheat, 

q r - 30.2 - 16.8 = 13.4 Btu 

In Fig. 17-8 is shown a portion of the Mollier chart near the end point A. 
The stage reheat subtracted from the end-pomt enthalpy gives the 
enthalpy at E the ideal end point for stage Z, 940.5 - 13.4 - 927.1 Btu. 
At this enthalpy, and p = 1 in. Hg, s = 1-726 which is the stage Z m.t.a 
entropy. If the stage Z isentropic enthalpy drop Ah. - 30.2 is added 
to 927.1, we obtain 957.3 Btu for the initial enthalpy at B, at which the 
pressure p B = 1.78 in. Hg, = 323 cu ft, and moisture = 14.2 per cent. 
(The average of this moisture with the final moisture is 14.5, checking 
closely enough the previously assumed 14.4 per cent.) 

Stage Y. We now have the end conditions of stage Y } since they are 
the same as the initial conditions of stage Z\ h B = 957.3, p B = 1.78 in. Hg, 
s* = 1.726, v B = 323. and moisture = 14.2 per cent. For stage Y, the 
blade height and thickness coefficient will be assumed the same as for 
stage Z ; hence the net area for axial flow = 543 sq in. as before, and the 
axial component V t/ of the exit velocity V t will be 

, 4.47 X 323 X H4 _ 3g2 fp> 

This is the leaving velocity for stage Y and corresponds to 2.9 Btu loss, 
whereas the loss for stage Y was assumed to be 2.5 Btu. The error, in 
terms of carry-over, is 0.80 X 0.4 = 0.3 Btu, and the enthalpy drop 
Ah. should have been 32.2 - 2.3 = 29.9 instead of 30.2 Btu, slightly 
increasing the efficiency, decreasing the initial enthalpy and pressure, 
and increasing the volume. While the discrepancy will be neglected 
here, it should be removed by recalculating with the now known value of 
the stage Y leaving loss. 

Taking V 2 axial and coinciding with V 2 / and W = 503 fps as before, 
the closing side of the exit triangle (Fig. 17-6) is l "2 = 632 fps, equivalent 
to 8.0 Btu, and sin 7 = 38 %32 = 0.605; whence 


7 = 180 - 37.24 = 142.76 deg 
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For the values (', = 660 (assumed), v = 323, (180 — X) = 75 deg 
(approximately), o/r t = 0.45; we find A* = 0.962 and hence 

1 1 = 0^62 “ b5< fps 

equivalent to 8.6 Btu, instead of the assumed 660 fps. We then have 

h “ 632 X 0.605 or si "^ = 0 - 613 and & = 37.80 deg 

The velocity diagram may now he completed, and from it, a = 21.8 deg. 
and V\ = 1,107 fps. This nozzle-exit velocity is equivalent to 24.5 Btu. 

Stage Y 



Fio. 17-6. Velocity diagram for stage Y. 


k n = 0.965, rj n = 0.931, and the energy required for the stage = 

IMi - 26 3 B ‘“ 

The losses for stage Y are: 


Nozzle loss - 26.3 — 24.5 - 1.8 

Blade loss (Ui) 8.6 - (U,) 8.0 - 0.6 

leaving loss (V t ) - 2.9 

Estimated leakage and disc friction - 0.3 
Total losses, except moisture =5.6 Btu 


Assuming a leaving loss of 2.1 Btu from stage X , with 80 per cent carry¬ 
over, or 1.7 Btu, we get Nh, = 26.3 — 1.7 = 24.6 Btu, 

E„ = 26.3 - 5.6 = 20.7 Btu 

and the “dry efficiency’* »?,» = 20.7/24.6 = 0.842. 

The final moisture for stage Y was 14.2 per cent; assuming the initial 
moisture to he 13.2, or the average 13.7, we have for the efficiency 

rj tl = 0.842(100 - 1.15 X 13.7) = 0.710 

whence 


and 


E. t = 0.710 X 24.6 = 17.4 Btu 
q r = 24.6 - 17.4 = 7.2 Btu 
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In Fig. 17-8, the Mollier diagram is continued and the initial enthalpy foi 
stage Y is found to be h c = 974.7. the initial entropy Sc = 1-714 the 
pressure p c = 1-37 psia, the specific volume v c = 215 cu ft, and the 
moisture 13.3 per cent, the last checking approximately with the assumed 
value. These are also the end conditions for stage .Y. 

Stage X. The nozzle- and blade-exit angles have been decreasing 
from stage Z toward the earlier ones, and inspection indicates that stage 
X will be normal and similar to those suitable for higher pressures in the 
turbine. Hence the leaving velocity will not necessarily be axial; the 
angle 5 made by it, as well as the other angles, may be selected from 
general considerations of efficiency, leaving the blade height to be deter¬ 
mined. Since the higher pressure stages are generally smaller in diam¬ 
eter. let it be assumed in the present design that the blade-root diameter 
is to be decreased 0.5 in. below that for Y and Z, also that the nozzle 


Stage X 



Flo. 17-7. Velocity diagram for stage X. 


angle is to be 18 deg. For stages )’ and Z the blade-root diameter was 
32 — 6 = 26 in. Let us make the tentative assumption that the blade 
height will be 5 in., the root diameter = 25.5 in., and the mean diameter 
d m = 30.5 in., corresponding to IF = 480 fps. Taking p = 0.44, 
V\ = 1,091 fps, equivalent to 23.7 Btu. With k n = 0.905, %V\ = 1,130. 
equivalent to 25.5 Btu. The velocity diagram (Fig. 17-7) may be 
started with V\ = 1,091 fps, a = 18 deg. and IF = 480 fps. giving 
U i = 653 fps and 0 = 31.13 deg; k b can then be found to equal 0.959. and 
from it, V 2 = 626 fps. Taking a small reduction of exit angle, from 
31.13 to 30 deg, the exit triangle may be completed, giving \\ = 331 fps, 
equivalent to 2.2 Btu, and 6 = 101.7 deg. (The leaving loss is thus 2.2 
instead of 2.1 Btu as assumed in making the calculations for stage Y, 
which is sufficiently close.) The losses for stage X are: 


Nozzle loss = 25.5 — 23.7 =1.8 

Blade loss (U,) 8.5 - (U,) 7.8 = 0.7 

Leaving loss (V t ) =2.2 

Estimated leakage and disc friction =04 
Total losses, except moisture =5.1 Btu 
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The stage preceding stage X will be slightly smaller, and the leaving loss 

may be assumed at 2.0 Btu; with 80 
per cent carry-over, 

Ah, = 25.5 - 1.6 - 23.9 Btu 



Fio. 17-8. \Ioilier diagram for stages 
X, Y. and Z. 


or 


h 2 


icv 


E„ = 25.5 — 5.1 = 20.4 Btu, and rj„ 
(dry) = 20.4/23.9 = 0.854. The final 
moisture for stage X is 13.3 per cent ; if 
the initial moisture is assumed to be 
12.3 per cent, the average will be 12.8 
per cent, and 


ri,i ! 
E.,- 

and 


0.854(100 - 1.15 X 12.8) = 0.728 
0.728 X 23.9 = 17.4 Btu 


q r = 23.9 - 17.4 = G.5 Btu 

On the Mollier diagram (Fig. 17-8) the 
above data determine point G at 
So = 1.7045, and D the initial point, 
at ho = 992.1 Btu, p„ = 2.07 psia, 
Vo = 145 cu ft, and moisture = 12.2 
per cent, checking closely with the 
assumed value. 

The blade height may be determined 
from the flow-volume equation, 

wv = area X Vt = x d m h 2 m sin 6 X V 2 


447 X 215 X 12 


7 T d m m sin 5 X V 2 
= 4.96 in. 


x X 30.5 X 0.9 X 0.975 X 331 


= 0.413 ft 


With d m = 30.5, d r = 30.5 — 4.96 = 25.54 in. which is close to the 
desired value of 25.5 in. If the difference had been sufficient to require 
a recalculation, use could be made of Eq. (718) as follows: 


h = C Jr 


When changing the proportions of a stage, v remains constant; hence the 
equation becomes hd 2 = C, or 
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This will determine simultaneous values of h and d m , from which one rela¬ 
tion can be selected that will give the desired value of d m - h. 

To find hi for stage X blades, we have 


hi _ Uj sin 7 
h 2 U i sin 0 


hi 


4.96 X 


626 X 0.5 
653 X 0.517 


= 4.60 in. 


If this is made the nozzle height h* and the blades have square tips 
(Sec. 6-5), there will be an overlap of 4.96 — 4.6 = 0.30 in., which is 
somewhat excessive for these short blades but would probably be used 
in preference to using sloping blade tips. 

The design of the earlier stages could now be started from the high- 
pressure end, using point D, the initial point for stage X, as the end 
point for these stages. Or, if desired, the design backward from stage 
X may be continued until the saturation line is crossed, where the 
moisture corrections will drop out and the efficiencies will remain more 


nearly constant. 

The above problem illustrates a limiting case. The last stage dry 
efficiency is very low, 0.665, because of the high leaving loss allowed with 
such a small blade velocity, but reduction of the leaving loss would 
decrease the allowable steam flow below 4.47 lb per sec. Increase of 
blade velocity would greatly improve the efficiencies of the last two 


stages. 

If it is necessary to have a flow greater than 4.47 lb per sec, additional 
area must be obtained by increasing the blade height or the blade-ring 
diameter, or an increased leaving loss must be accepted. If less flow is 
required, then the leaving loss may be reduced and the blade angles 
decreased, the efficiencies being thereby considerably improved. 


17-4. Design Problem: Velocity--stage Impulse Turbine 

Calculate the principal dimensions of the nozzles and blading of a 
noncondensing turbine for the following conditions: 


Kilowatts delivered at shaft coupling. 750 

Revolutions per minute. 3.600 

Maximum allowable blade speed, fps. 500 

Initial steam pressure, psia. 150 

Initial temperature, F.. 540 

Exhaust pressure, psia. 16 

Nozzle angle, deg. 20 


The turbine is to have a rotor like Fig. 1-17 but with only two wheels. 

A. Energy Distribution, Velocities, and Stage Pressures. From the 
given conditions, 

po = 150.0 to = 540 h 0 = 1,295.0 = 1.6811 = $i v Q = 3.86 

pi = 16.0 ax = 0.952 ih\ = 1,105.5 # x = 23.55 

Ah, = 189.5 Btu 
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Since there are only two pressure stages, no attempt will he made lo 
derive the probable value of the reheat factor from the data. The 
following calculations are the result of a number of trials, necessary 
because of the interdependence of the blade angles, velocities, and velocity 
coefficients. Each trial was carried through as far as the determination 
of the engine efficiency. 

Assuming a reheat factor of 1.028, the enthalpy drop per stage will be 
A/t, = 1.028 X = 97.0 Btu 

and 

iV t = 223.8 \/970 - 2,202 fps 

From Fig. 3-20, k n = 0.954, and therefore V x = 0.954 X 2,202 = 2,100 fps. 
Using IF = 450, corresponding to p = 0.214, the velocity diagram may be 
started (Fig. 17*9), giving 0 X = 25.2 deg and U x = 1,084 fps. To find k h 



by the method of Eq. (6T5), it is also necessary to know 7 , v, and 0 / 77 , 
which must be approximated by the preliminary trials. Let 71 = 160 deg, 
v = 8.4 cu ft, and o/r f = 0.35. Then X = 7 — /3 = 100 — 25.2 = 134.8 
deg, and 180 — X, needed in Eq. ( 6 * 15) is 45.2 deg. We then have 

= 0.97 - X 0.0027 = 0.870 

and U 2 = 0.87 X 1,684 = 1,465 fps. Continuing the diagram, with 
(180 — 71 ) equal to the original nozzle angle, 20 deg, gives V% = 1,055 fps 
and 5i = 151.6 deg. For the guide blade, a 2 is reduced to 23 deg, giv¬ 
ing (180 - X) = 180 - (61 - a 2 ) = 51.4 deg. Taking o/r, = 0.40, we 
obtain from Eq. (615), 

= 0.97 - X 0.0029 = 0.91 
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We then obtain V 3 « 0.91 X 1,055 - 9G0 fps. By continuing the dia¬ 
gram we find U 3 = 572 fps and 0, = 41.0 deg. Assuming y 2 = 150 deg 
gives (180 — X) = 71 deg, and with o/r f = 0.50, k b = 0.934 and 
U K = 0.934 X 572 = 534. The diagram then gives V A = 267 fps, the 
final exit velocity, and 6 2 = 92.5 deg. 

Having all the velocities, the blading efficiency may be calculated by 
Eq. (5-33), giving r,u = 0.753. Since k n = 0.954, = 0.910 and the 


Table 17 6. Enerot Distribution for Velocity-stage Turbine 


Stage 

Xozale 
or wheel 

Enthalpy 

Entropy 

Pres¬ 

sure 

Nozzle exit 

With reheat 

Temper¬ 

ature 

Volume 

Tem¬ 

per¬ 

ature 

Volume 

1 

N 

1,295.0 

97.9 

1.681 

1 722 

. 

1.770 

150 

540 

3 86 



W 

1,197.1 
33 2 

53 9 

327 

8 45 

2 

N 

1,230 3 
97.9 

392 

9.21 

1 V 

1,132 4 
33 2 

16 0 

x - 0.98 

24 4 

Endpoint. 1,165 6 

245 

26 0 


combined nozzle and blading efficiency Vnb = 0.685. The leakage from 
stage 1 to stage 2 will be assumed at 2 per cent; the average for the two 
stages will be 1 per cent. Disc friction and fanning will be assumed at 
2H cent, the sum being 3H P er cent. Hence the stage efficiency 
rj tt = 0.965 X 0.685 = 0.661. The value 0.66 will be used. 

Table 17-6, like Table 17T, is now prepared, but trials show that the 
value Ah, = 97.9 must be used instead of 97.0 Btu, and 

q r = 97.9 X (1 - 0.66) = 33.2 Btu 

The pressure in stage 1 is 53.9 psia. While the temperatures or qualities 
are not needed for getting volumes if the Ellenwood and Mackey charts 
are used, it is usually advantageous to record them. 

The total work per pound of steam = E { = 2 X (97.9 — 33.2) = 129.4 
Btu. Hence the internal engine efficiency = rji = 129.4/189.5 = 0.683, 
and R f = 2 X 97.9/189.5 = 1.033, instead of 1.028 as previously 
assumed. Also ,T r i = 223.8 V97.9 = 2,212 instead of 2,202 fps, and 
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Vi = 2,110 instead of 2,100 fps. The effect on efficiency found from the 
velocity diagram will be entirely negligible; the steam velocities will be 
increased somewhat less than 0.5 per cent. It might be considered 
desirable to redraw the diagram; it will not be done here. 

The losses are assumed as follows: 

Per cent 


Bearing friction. 3.0 

Radiation. 2.0 

Pump and governor drive. 1.5 

Total.. 6.5 


The external or brake-engine efficiency is therefore 

r) e = 0.935 X 0.083 = 0.038 

The ideal steam rate - 3,413/189.5 * 18.01 lb per kwhr. The brake 
steam rate = 18.01/0.038 = 28.3 lb per kwhr delivered at the coupling. 

B. Dimensions of Nozzles and Blades. Stage 1. The total steam 
used = 28.3 X 750 = 21,220 lb per hr or 5.90 lb per sec. Stage 1 nozzles 
expand from 150 to 53.9, the critical pressure being 

Per = 150 X 0.5457 - 81.8 lb 

po = 150 to = 540 ho = 1,295.0 s 0 = 1.0811 - s er 

Per = 81.8 ter = 409 h tr = 1,234.5 Ver = 6.16 

bher = 60.5 Btu 


This corresponds to a velocity V tr = 1,740 ft, and we have 


, 5.9X0.10X144 . .. 

A, r -T740- = S< 1 ,n - ^broat area 

We also have, from values already determined, 

4 5.9 X 8.45 X 144 0 <n . 

A i = - 2 ~ j io - = 3 40 S( 1 m - tota * exit area 

With 3,000 rpm and 450 fps blade speed, 

00 


Circumference = 450 X 


3,000 

Diameter = 28.60 in. = 2.380 ft 


7.50 ft = 90.0 in. 


The blade height should not be less than \% to 2 per cent of the 
blade-ring diameter, or 0.428 to 0.572 in. for this case. Let us assume 
round nozzles, approximately ? 4 in. in diameter at exit, each with the 
area of 0.442 sq in. The number required would be 3.40/0.442 = 7.70. 
If seven nozzles are used, the area of each is 3.40/7 = 0.486 sq in. area or 
0.787 in. diameter at exit. They will each have a throat area of 0.430 
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sq in. and a throat diameter of 0.740 in. With round nozzles, the edge- 
thickness coefficient may be raised to perhaps 0.94hence 


Pitch 


diameter 
sin a X 0.94 


0.787 _ 

0.342 X 0'94 


= 2.45 in. 


and seven nozzles occupy 17.15 in. of arc or 0 = 17.15/90 = 0.1905 of 
the complete circumference. 


Table 17-7. Blade Heights 



Calculated 

Adopted 

Height first moving row at entrance. 

0 787 

0.84 

/t, — height first moving row at exit = 0.787 X 71 ^oi 

1 .125 

1.13 

Height guide blade at entrance. 

1.125 

1.20 

hi — height guide blade at exit — 0.787 X 71 $375 . 



Height second moving row at entrance. 



ht — height second moving row at exit — 0.787 X 7,6 £g6- • 




The blade heights are shown in Table 17-7, both as calculated by Eq. 
(611) and as adopted. The blade-entrance heights are determined by 
adding a small amount of cover to the preceding exit heights, as shown 



Fig. 17-10. Sections of velocity-stage blading. 


in Fig. 17-10. The stage-height ratio = 2.119/0.787 = 2.69. which is 
within the limits stated in Sec. 6-7. 

• Figure 6-23 shows a method of arranging round-section nozzles which may make 

m = 1 . 0 . 
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The nozzle and blade heights in Table 17-7 were calculated without 
allowance for the increase in volume due to reheat, and since there is a 
considerable amount due to the high steam velocities, it is worth while 
to digress for a moment to determine the effect. 



Fig. 17*11. Expansion and reheat in a velocity-stage turbine. 

The nozzle efficiency being rj n = 0.954* = 0.910, , 

Nozzle reheat = 97.9 X (1 - 0.91) = 8.81 Btu 
Adding this to the enthalpy at the nozzle exit, from Table 17-6, 

1,197.1 + 8.8 = 1,205.9 Btu = enthalpy at nozzle exit including reheat. 
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At this enthalpy and 53.9 psia, the volume is found to be 8.67 instead of 
8.45 cu ft. Therefore the exit area might be increased to 

0.486 X = 0.499 sq in. 

8.45 

corresponding to a diameter of 0.797 in., an increase of 0.01 in., which is 
insufficient to affect the blade-entrance height adopted above. 

The blading efficiency was found to be 0.753; therefore the loss in the 
blades is 0.247. The kinetic energy of the steam entering the blades at 
Vi — 2,110 fps is 89.0 Btu; hence the loss in the blading equals 

0.247 X 89.0 = 22.0 Btu 

Of this, 1.4 Btu is due to the exit velocity V 4 = 267 fps; hence the true 
reheat in the blade passages = 22.0 - 1.4 - 20.6 Btu. This, added to 
the enthalpy at the nozzle exit found above, gives 

1,205.9 + 20.6 = 1,226.5 Btu 

for the enthalpy of the steam leaving the last row of blading. At 53.9 
psia this would correspond to a volume of 9.15 cu ft. The exit height of 
the last row might then be increased in the ratio 9.15/8.45 = 1.082, and 
h A should be increased to 2.294. New values of h 2 and h z could be found 
in the same way, or by interpolation. 

The above apparent deficiency in the flow area through the blades is by 
no means negligible. It is, however, questionable whether the violent 
turbulence which is responsible for at least part of the reheat has been 
converted back into heat by the time the steam has reached the last row 
of the group. Also, it was mentioned in Sec. 6-7 that there was a possible 
gain from such a reduction of area for the flow through three rows. 
Neglecting the reheat in the calculations is equivalent to a reduction of 
J “ (1/1-082) = 7.8 per cent. Figure 1711 shows, on a portion of the 
Mollier chart, the turbine enthalpy drop and the reheats calculated above 
for stage 1. 

Stoge 2. The nozzles of this stage expand the steam from 53.9 to 1C 
psia, the critical pressure being 29.4 psia. 

Vo = 53.9 t„ = 392 ho = 1,230.3 s„ = Srr = i. 72 l 

P" = 294 t" = 278 h„ = 1,178.0 v„ = M.6 

AA, = 52.3 Btu 

This value of Ah, corresponds to a throat velocity V er = 1,618 fps. 

Stage and gland leakage can be taken into account at this point. 
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Assume a 3-in. shaft, five rings of labyrinth packing, and 0.020-in. clear¬ 
ance for the interstage packing. The line for five rings in Fig. 13-12 may 
be extended, giving a flow of 250 lb per hr, to be corrected for the present 
conditions as follows: 

Leakage = 250 X ^ X ^ = 269 lb per hr 


Leakage through the shaft gland at the low-pressure end will be negligible, 
since the internal pressure is only 16 lb. At the high-pressure end, the 
pressure is 53.9 psia. An eight-ring labyrinth gland will be assumed, 
with outer packing of carbon rings and a leak-off between the two leading 
to the exhaust. From Fig. 13-12 the leakage will be 170 lb which, cor¬ 
rected as above, gives 183 lb per hr. 

Sum of the two leakages = 452 lb = 0.126 lb per sec 

or 2.14 per cent of the internal steam flow. This leakage steam has done 
work in stage 1; hence the average loss for the whole turbine is 1.07 per 
cent. The net flow through the nozzles of stage 2 is 


Hence 


5.90 - 0.13 = 5.77 lb per sec 




5.77 X 14.6 X 144 
1,618 

5.77 X 24.4 X 144 

2,110 


7.50 sq in. 
9.61 sq in. 


It is desirable to use a duplicate of the first-stage wheel in the second stage 
if possible. Therefore number of nozzles = Z = 9.61/0.486 = 19.76, 
or with 20 nozzles, each will have an exit area of 9.61/20 = 0.4805 sq in., 
corresponding to a diameter of 0.782 in., which is only 0.005 in. smaller 
than in stage 1. Identical blading can therefore be used, since the 
diameters of the nozzles at exit are so nearly alike. The throats will be 
7.50/20 = 0.375 sq in. in area or 0.691 in. in diameter, which is 0.049 in. 
smaller than the throat diameter of the stage 1 nozzles. The nozzle 
spacing can be the same as in stage 1; hence the 20 nozzles will occupy 
20 X 2.45 = 49.0 in. of arc, or 0 = 4 ?6o = 0 544 of the complete 
circumference. 

To calculate the disc friction and fanning loss by Eq. (13-3), the follow¬ 
ing data are required: d = 28.60 in., W = 450 fps, average moving-blade 
height = 1.42 in., c = 1.25, n = 0.50, m = 1 for stage 1 and 1.2 for 
'stage 2, v = 9.21 and 26.0 cu ft, and 0 = 0.1905 and 0.544, for stage 1 
and stage 2 respectively. Substituting, for stage 1, 
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„p . . X 0,0 x (Sff X If [5S + 0 -0.U05, xi™,'] 

1 1\ r"> r i i 


10.57 for stage 1 


Similarly, 

hp = 2.87 for stage 2 
Total loss = 13.44 hp = 10.0 kw 


which is equivalent to 1.33 per cent of 750 kw. 

Summary. The steam supplied = 21,220 lb per hr. Of this 

2.0 per cent is assumed ineffective, owing to radiation 
107 per cent is lost by gland and stage leakage 
3.1 per cent total loss 


or the effective steam = 21,220 X 0.969 = 20,560 lb. Since the ideal 
steam rate is 18.01 lb per kwhr, this steam should produce 1,141 kw. 
The combined nozzle and blading efficiency = 0.685; hence 

Eu = 0.685 X 1,141 = 782 kw delivered by the blading 

Deducting the work of disc friction and fanning, 782 - 10.0 = 772 kw. 
Allowing 3 per cent for bearing friction and 1.5 per cent for pump and 
governor drive, etc., or 4.5 per cent total, gives 

E b = 0.955 X 772 = 737 kw delivered to the coupling 
a deficiency of 1.7 per cent. 

Discussion. This turbine is approximately 80 per cent as efficient as 
a multistage turbine with single-row wheels, operating under the same 
conditions. Its low cost, small size, and ruggedness are its compensating 
advantages. Since half the output of the turbine could be governed by 
nozzle control in stage 1, the efficiency need not fall off so much at part 
load as for a throttle-governed multipressure-stage turbine, which is 
advantageous where the average load factor is low. 

For the sake of comparison the same steam conditions were used as in 
the first design problem, but it is unusual to have a turbine of this type 
operating entirely in the superheated region. The blading efficiency of 
stage 2 was assumed to be the same as stage 1; but with the greater 
values of k b resulting from the increased steam volumes, it would actually 
be perhaps 2 per cent greater, resulting in the delivery of approximately 
that percentage of additional work by the second stage. 
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17-6. Design Problem: Turbine Generator with Two-row Control Stage 
Followed by Pressure Stages of Increasing Diameter, Impulse Blad¬ 
ing Throughout 

Calculate the principal dimensions of the wheels, nozzles, and blading 
of an impulse turbine for the following conditions: 


Net electrical output of generator, kw. 10,000 

Revolutions per minute._. 3,600 

Initial steam pressure, before throttle, psig. 000 

Initial steam temperature, before throttle, F. 825 

Exhaust pressure, in. Hg abs. 

Maximum allowable leaving-velocity loss, per cent of avail¬ 
able energy... • * 

Governing by nozzle control in stage 1, remaining stages to have full 
admission. Pressure drop through the governing valves will be 5 per 
cent of the absolute initial pressure. Straight condensing operation, 
with neither reheating nor regenerative feed heating 

The following blade speeds in feet per second are not to be exceeded: 


Two-row control stage, at mean blade height. 

I-ast stage, mean blade height. 

Last stage, blade tip. 

The following blade-height limits are to be observed: 


500 

1,000 

1,100 


Stage 1, not less than 0.75 in. height 

Stage 2, (first single-row stage) not less than 1.7 per cent of the mean 
diameter and not less than 0.6 in. 

Last stage, not greater than 0.30 of the mean blade-ring diameter 

A judicious compromise is desired between the high initial cost of large 
last-stage blade-height ratio and the high operating cost of large leaving- 
velocity loss. The turbine is to have a general similarity to the one 
shown in Fig. 1-42. 

1. The first step is to determine the available energy and to select a 
probable nonextraction engine efficiency or heat rate from the data in 
Chap. 16 on Performance. From these can be found the approximate 
steam consumption in pounds per kilowatt-hour, the approximate end¬ 
point enthalpy at 1.5 in. Hg pressure (Sec. 14-3), and finally the specific 
and total volumes at the end point. From the maximum blade speed 
and blade-height ratio, determine the projected area of the maximum 
final annulus and the resulting kinetic energy in the leaving steam. If 
this is greater than that allowed by the limiting percentage of the avail¬ 
able energy specified in the data, the design is impossible, and one or more 
of the conditions must be modified. If it is below that limit, the blade 
height may be reduced, and the blade speed also by reducing the diameter, 
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both modifications operating to reduce the cost of the turbine, or the 
leaving loss may be reduced below the stated maximum limit, which will 
improve the turbine efficiency. 

2. The final low-pressure stages Z, X , and Y may then be designed in 
succession, as explained in Sec. 17-3, using 80 or 85 per cent carry-over. 
It may be desirable to reduce the diameters of Y and X progressively, 
keeping constant root diameter as shown in Fig. 1 -42. These calculations 
will give the works of the stages, also their efficiencies, dry and wet, 
and the stage pressures. When the stage becomes normal, having a 
nozzle angle of 15 to 18 deg and with no arbitrary increase of blade angles 
to provide enlarged area for steam flow, its dry efficiency will be normal 
and will decrease only slightly for earlier stages. Show stages X, Y, and 
Z on a Mollier diagram, like Fig. 17-8. 

3. The next step is to design stage 1, the two-row velocity stage, follow¬ 
ing, with suitable modifications, the method shown in Sec. 17*4. Assume 
a nozzle angle of 15 deg. Trying a suitable value of p, the steam velocity 
may be determined and the velocity diagram drawn, giving data for 
blading efficiency. Several trials may be required. From the steam 
velocity V\ and k n can be found the iscntropic enthalpy drop; subtracting 
this from the initial enthalpy will give the enthalpy at the stage 1 pres¬ 
sure, from which the pressure is found. Determine the nozzle-exit area, 
the number and dimensions of the nozzles and blades (observing mini- 
mum-height limitations), and the percentage of the periphery occupied, 
furnishing data for the calculation of disc friction and finally of the stage 
work and stage efficiency. 

4. Deducting the useful work of stage 1 from the initial enthalpy will 
give the enthalpy at exit from stage 1; with the stage 1 pressure deter¬ 
mined above, the entropy at this point is found. The isentropic enthalpy 
drop from this point to the exhaust pressure, 1.5 in. Hg, is the available 
energy A H, for the portion of the turbine made up of the single-row stages, 
which can now be treated as a separate turbine. 

5. The diameter of the wheel of stage 2 must be selected by trial, such 
that the height of the blading shall not be less than the minimum specified 
in the data. The simplest method is probably to assume the blade speed, 
say, 350 fps, draw the velocity diagram, with a nozzle angle of 12 deg, and 
determine the nozzle efficiency and the nozzle height necessary to pass 
the required steam flow with full admission. If the height is less than the 
minimum allowed, the wheel diameter must be reduced to increase the 
nozzle height, or conversely, and a second trial made, Eq. (7-18) being 
useful for the purpose. When the height and diameter are satisfactory, 
find the combined nozzle and blading efficiency and the blading work. 
Subtracting the disc friction, which may be provisionally assumed at 1 kw 
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for this small stage, will allow the determination of stage 2 efficiency. 
1 he small nozzle angle of 12 deg helps to increase the heights in the early 
stages; when the steam volume has increased so that this is no longer 
necessary, the angle should be increased to 14 to 10 deg. 

6 . Determine the efficiency of stage 3. The efficiencies of all stages 
following stage 2 will be raised by carry-over, which is lacking for stage 2. 
Assuming the same diameter for stage 3 as for stage 2, the same work is 
done and the same energy must be supplied, but this is partly furnished 
by the carry-over from stage 2 (which may be taken as 60 per cent in this 
part of the turbine. The isentropic enthalpy drop is therefore reduced 
by the amount of the carry-over, and the efficiency is increased. The 
efficiency thus calculated may be termed “ normal ” for the high-pressure 
end of the turbine. The per cent of carry-over is gradually increased to 
80 or 85 per cent in the final stages. 

7. It is now necessary to make some assumptions as to the form of the 
rotor profile between stages 3 and Z, involving the number of stages to 
be used and their diameters. Early increase in blade height is important 
in the high-pressure stages, so the increase of blade-ring mean diameter is 
slow for stages 3 to 5; at most the blade-root diameter is kept constant 
and increase in blade height goes to increase the tip diameter, with a 
smaller rate of increase in the mean diameter. It is, however, simpler to 
keep the mean diameter constant. It is desirable that the contour of the 
rotor shall be a smooth curve, as in Fig. 1*42. To secure this, it is advis¬ 
able to lay out the rotor axis and the stage center lines spaced along it 
approximately as they will be in the finished rotor; if the blade-ring 
diameters are then laid off along these center lines, their progressive 
changes may be arranged to follow a smooth curve. The actual spacing 
of the stages is naturally not available at this point in the design; in the 
absence of other information on the subject, the following dimensions, in 
inches, may be used for trial values of the axial space occupied by each 
stage: 


Stage. 

Axial length. 

2 

3 00 

3 

3.00 

4 ; 
3 00 1 

5 

3 00 

6 

3.10 

7 

3 20 

8 

3 35 

9 

3.55 

10 

3.80 

Stage. 

Axial length. 

11 

4 10 

12 

4.45 

13 

4.85 

14 

5 30 ' 

15 

5.80 

1G 

6.40 

17 

7.10 

18 

8.00 


I he diameters of stages 2, 3, X, Y , and Z may be shown on this skeleton 
diagram and a smooth curve drawn to include them. Diameters to be 
calculated presently may not fall exactly on this curve, but it will be a 
guide in making adjustments. 
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8 The stage efficiencies will gradually increase from the value at stage 
3 until the stage just before the saturation line is crossed; at this point 
the efficiency will generally be the highest in the turbine but will be 
slightly less than the “dry” value found for the efficiency of stage X in 
the trial design. Experience shows that there will be from 17 to 20 
single-row stages, of which the last five or six will be in the wet region. 
Estimate the average stage efficiency of the single-row stages, determine 
the reheat factor, and from the A/I, found in 4, find the cumulative 
energy [Eq. (14-16)] to the 1.5 in. Hg line. Make up a table showing a 
trial division of the cumulative energy into, say, 18 values of Ah, for the 
successive stages, calling it Table A. The first two values are those 
found in steps 5 and 6, the last three as found in step 2. The intermediate 
values must increase from the high-pressure end, slowly at first in order to 
let blade heights increase and then more rapidly. Note that the number 
may be changed up or down from 18, with increased or decreased cost, 
and that stages X and Y may be changed slightly, but stages 2, 3, and Z 
must not be altered. Removing a stage will increase the work required 
from the remaining stages; hence their diameters will be larger, reducing 
somewhat the concavity of the rotor profile, and conversely. After 
adjusting the enthalpy drops, keeping their total equal to the cumulative 
energy found above, calculate the values of V x , p, and IF; enter in Table 
A and from the values of IF, find the wheel diameters. These should 
fall on a smooth curve on the diagram of rotor contour; if they do not, 
adjustment (or the correction of errors) must be made. When the values 
are satisfactory, enter the stage efficiencies assumed above into the table 
and then calculate and enter the values of q, — (1 — rj,i) Ah,. 

9. Prepare a trial energy-distribution table like Table 171, calling it 
Table B and starting it with two-row stage 1. The data prepared in 
Table -4 should be inserted in three columns immediately following the 
column headed “stage number” or column 1, with the three headings 
Ah,, rj,t (estimated), and q r . The subtractions and additions indicated in 
the column headed “enthalpy'' may then be performed, and by the use 
of the Ellenwood and Mackey charts, the entropy and pressure columns 
may be filled in. If the final pressure does not fall on the 1.5 in. Hg line, 
alteration must be made. Usually a slight change in Ah, for stage A' or 
stage Y will suffice. When this is satisfactory, the table may be com¬ 
pleted by filling in the temperatures, qualities, and volumes. The end 
point found here may be compared with the result of the provisional 
calculation in 1. 

10. A large table of results, called Table C , for which suitable column 
headings are shown below, may now be completed as far as column 24. 
It is best to work across the table a line at a time, drawing a velocity 
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diagram for each stage. The carry-over in column 3 is determined each 
time from the value of K* in column 20 for the previous stage; it should 
he added to the values in column 2 to obtain the total energy for the stage. 


Table C . Results of Calculations for 10,000-kw 3,600-rpm Turbine 





• To include moisture loss for stages in wet region. 
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11. The diaphragm leakages from stage to stage should now be calcu¬ 
lated, the tabular method being used as indicated in lable U. ine 


Table D. Diaphragm Leakage from Stage to Stage 


Diaphragm 

between 

stages 

High 

side 

pressure, 

psia 

Pres¬ 

sure 

ratio 

Flow 

coeffi¬ 

cient 

Num¬ 
ber of 
rings 

1 

Nominal 

leakage, 

lb/hr 

Corrected 
leakage, 
lb/sec 

Leakage, 
per cent 

1 

2 

3 

4 

5 

6 

7 

8 

1-2 

2-3 









number of rings to use on the diaphragms is optional ; six or eight may be 
used on the first three or four diaphragms, reducing by two on the next 
four, etc., to three rings as a minimum. Assume a 14-m. shaft with 
0.020-in. clearance. Use Fig. 1312 for getting the nominal leakage. 
Include flow coefficient from Fig. 316, which is determined from the 
pressure ratio, in determining the corrected leakage. Calculate the 
average leakage in pounds per second. 

12. For calculating the high-pressure gland leakage, assume the shalt 
diameter at the labyrinth as 12 in., and use 20 to 30 labyrinth rings and 
0.010-in. clearance. This is smaller than the diaphragm clearance 
because the gland is closer to the bearing. Find the leakage in pounds per 
second. 

13. The disc-friction work for each stage should now be calculated. 
Since there is full admission in all of the single-row stages, the blade 


Table E. Work of Disc Friction 


Number 
of stage 

m 

n 

IF, 

fps 

d, 

in. 

v with 
reheat, 
cu ft 

Disc friction 

hp 

kw 

1 

2 

3 

4 

5 

6 

7 

8 

1 








2 








3 









heights are not needed. Enter the values, including that for stage 1, 
having headings as in Table E. Values of m may increase from 1 to 1.5 
toward the low-pressure end; n may similarly vary from 0.25 for the two- 
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row wheel, to 0.50 for the early single-row wheels, and gradually back to 
0.25 for the larger diameter low-pressure wheels. 

14. Before working out the nozzle and blade heights, the probable 
steam flow should be calculated more closely than in step 1 by observing 
the following: Of the total steam passing through the throttle, all goes 
through the two-row wheel except that a very small portion {}/\ per cent) 
is inactive to account for the loss due to radiation. After passing through 
the two-row wheel, some steam leaks out through the high-pressure 
shaft-gland packing and is of no further use. Some also leaks through 
the shaft clearance of the diaphragm 1-2; the remainder goes through 
the blading and nozzles and does useful work and will be called the 
“effective steam flow” for stage 2. If the average stage leakage is sub¬ 
tracted instead of the leakage for diaphragm 1-2, the average effective 
steam flow will be obtained. This quantity, multiplied by the total 
blading work per pound of steam (equal to the sum of the items in column 
24), will give the approximate total blading work in Btu per second, 
which may be reduced to kilowatts. Deduction of the total disc friction 
leaves the internal work. Allowance for mechanical losses by use of 
Eq. (13*12) and for generator efficiency by Eq. (1311) will give the new 
kw delivered by the generator, which should equal 10,000. With this 
sequence in mind, the revised calculation for the total steam flow may 
be made in reverse direction. 

15. Column 26, the effective steam flow for each stage, and column 27, 
the blading work for each stage (calculated from column 24), may then 
be filled out. Deducting the disc friction for each stage will give the net 
stage work which, totaled, will give the final net output of the generator. 
The steam rate and heat rate may also be determined. 

16. The final stage efficiencies may now be found and entered in 
column 30 and should be compared with those assumed for Tables A and 
B. Include corrections for moisture. 

17. Nozzle dimensions and blade heights may now be determined by 
calculations similar to those carried out for Tables 17*2, 17-3, and 17*4 of 
the text, calling them tables F, G, and H, respectively, in the present 
calculations. The blade heights laid out on the turbine contour sketch 
will show the form of the steam-flow path of the turbine. 



PROBLEMS 

Constants and coefficients, necessary for the solution of the following problems and 
not included in the statements, are to be selected from the text, proper consideration 
being given to the particular conditions in each case. 

CHAPTER 3 

31. Find the average values of the exponent k and the corresponding values of r«, 
for the following isentropic expansions of superheated steam: 

a. 1,500 psia and 950 F, to 700 psia 

h. 400 psia and 600 F, to saturation 

c. 100 psia and 600 F, to 35 psia 

d. 35 psia and same entropy as in b, to saturation 

e. 2 psia and 300 F, to saturation - c 

3-2. A nozzle is to expand 2 Ih of steam per second from 220 psia and 560 * to /o 

psia. Determine the necessary cross-sectional areas at the throat and exit and the 

exit velocity for 

a. Frictionlcss flow 

b. Flow with friction, using values of k m from Fig. 3-20 
Also determine for flow with friction 

c. Enthalpy and entropy of steam at exit 

d. Nozzle efficiency 

3-3. Steam at 84 psia and 97 per cent quality is expanded through a group of 
identical nozzles having a total area of 2.40 sq in. at their smallest sections, into a 
space where the pressure is 60 psia. Making proper allowance for friction by choice 
of k n , calculate 

a. Exit velocity of steam 

b. Steam flow in pounds per second 

c. Quality, flow volume, and specific enthalpy and entropy at exit 

3-4. Repeat Problem 3-3, with the same data except that the pressure at the dis¬ 
charge is 40 psia. 

3-6. Calculate the critical velocity of steam expanding in a nozzle from 200 psia and 
500 F by using steam-table or steam-cl^art values of enthalpy, and compare it with 
the acoustic velocity of the steam at the nozzle throat, as determined from the throat 
pressure and specific volume. 

3-6. The nozzles in a diaphragm are made by casting in a ring of curved partitions 
of sheet metal 0.10 in. thick, the exit angle of the partitions being 20 deg and their 
pitch 3.03 in. There is a complete ring of nozzles, and the mean diameter is 54 in. 
If the steam flow is 16 lb per sec, the specific volume of the steam at exit is 160 cu ft 
per lb, and the exit-steam velocity is 1,350 fps, find the required radial height of the 
nozzles at exit (see Sec. 4-4 for use of thickness coefficient). 

3*7. At the exit from the nozzles of the last low-pressure stage of an impulse turbine, 
the total area of cross section available for flow is 1,200 sq in. The required flow is 
19 lb per sec, the specific volume at exit is 600 cu ft per lb, the pressure is 1.25 in. Ilg 
abs, and proper allowance is to be made for frictional loss. What is the necessary 
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enthalpy drop, and what are the pressure, entropy, moisture, and specific volume at 
entrance to the nozzles, assuming zero entrance velocity? If the entrance velocity is 
500 fps instead of zero, what will be the enthalpy drop and the initial pressure and 
entropy? 

3- 8. From Fig. 8 in Keenan and Keyes’s "Steam Tables,” determine the approxi¬ 
mate value of k for iscntropic expansion of superheated steam in a nozzle over the 
range from 1,000 psia and 1000 F, down to the critical pressure, and find r„. Deter¬ 
mine the approximate average value of c, for the same range and find It. Using these 
values and assuming steam to be a perfect gas, find the critical temperature, specific 
volume, and velocity, and the nozzle discharge in pounds per second per square inch 
of throat area. With the same vnluc of k, determine the critical conditions and the 
nozzle discharge by using steam-chart values; tabulate the results for comparison. 

CHAPTER 4 

Note: Allowance for undercooling is to be made in calculations only when called 
for in the statement of the problem. 

41. A nozzle having a minimum section 0.72 in. square is designed to receive steam 
at 1,250 psig, 950 F, and 400 fps velocity and to expand it to 600 psia. What will be 
the exit velocity and the discharge in pounds per second, with allowance for friction? 
What horsepower might be developed from such a nozzle discharge with blading of 
100 per cent efficiency? 

4- 2. It is desired to have a nozzle discharge steam at atmospheric pressure into the 
atmosphere, with a velocity of 1,600 fps and a static temperature of 300 F. Making 
suitable allowance for friction loss, what should be the pressure and temperature of 
the steam entering the nozzle, if the entrance velocity is 500 fps? 

4-3. A nozzle is supplied with steam at 400 psia and 600 F; it is desired that 1 lb per 
sec shall be discharged with a velocity of 1,950 fps, including allowance for friction. 
Determine the discharge pressure and the throat and exit diameters of a round-section 
nozzle. If the included angle between the nozzle walls is 6 deg, determine the length 
of the divergent portion of the nozzle, assuming the nozzle axis to be straight. 

4-4. A nozzle receives steam at 45 psia and 560 F having a velocity of 480 fps and 
expands it to 4 psia at the flow rate of 1.5 lb per sec. Making allowance for friction, 
determine the throat and exit areas. If the throat section is square, but the height 
from throat to exit is kept the same as the throat height, and the diverging walls 
include an angle of 8 deg, determine the dimensions of the throat and exit cross sec¬ 
tions and the length of the divergent portion. If the nozzle axis is straight, but the 
divergent portion of the nozzle is cut off at an angle of 15 deg, what will be the long 
dimension of the nozzle opening? 

4-6. Steam entering a turbine nozzle has a*velocity of 300 fps, moisture of 4 per cent, 
and a pressure of 8 psia. The discharge is at 3.5 psia, and the area of the minimum 
section of the nozzle is 4 sq in. Determine the flow in pounds per second and the exit 
velocity, using the equilibrium method, with allowance for friction and allowing for 
moisture in determining the flow coefficient. 

4-6. A nozzle is supplied with steam at 26 psia and 8 per cent moisture and expands 
it to 8 psia. If the nozzle area at its minimum section is 1 sq in., determine the weight 
flow and the exit velocity from the nozzle, 

a. By the equilibrium method, allowing for friction 

b. By the equilibrium method, allowing for friction and the effect of moisture on 
the velocity coefficient 
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c By the two-phase velocity method, with allowance for friction 
By what factor should the discharge calculated by the equilibrium method (a) bo 
multiplied to give the same result as obtained by the two-phase method(c)? 

4.7. Steam at 70 psia and 350 F is expanded through properly shaped nozzles to 28 
psia. Calculate the exit velocity, with allowance for nozzle friction, 

а. By the equilibrium method 

б. By making allowance for undercooling in addition 


CHAPTER 6 

61. The relative entrance velocity of steam into impulse-turbine blading is 810 fps 
and is at an angle of 32 deg with the plane of blade rotation. If the blade-velocity 
coefficient is 0.92 and the blade-exit angle is 152 deg, what is the effective force exerted 
on the blading in the direction of its motion, per pound per second flow? 

6-2. The blade velocity of an impulse turbine is 600 fps, the angle a is 16 deg, 
P = 0.42, and angle 3-95 deg, and the absolute exit velocity from the blades is 335 
fps. Determine the following: 

a. The driving force on the blades, per pound per second flow 

b. The horsepower developed, per pound per second flow 

c. The angle of steam-flow deflection while passing through the blading 

6-3. Given the velocity of impulse blading - 520 fps, the nozzle angle - 17 deg, 
k b - 0.91, and the blades arc symmetrical, draw to a scale of 200 fps per inch three 
forms of velocity diagrams, like Figs. 5 10 to 512, and And the velocity of the steam 
at nozzle exit, the tangential force and the axial thrust in pounds exerted on the blades, 
the work done by the blading in Btu per pound of steam flow, and the efficiency of 
the blading, by the methods of Eqs. (5-20), (5-21), and (5-27), 

a. When the blade-speed ratio - 0.37 

b. When the blade-speed ratio - 0.44 

6-4. Repeat Problem 5-3 with the same data except that the angle (180 - 7) is 
made 8 deg less than the blade-entrance angle. 

6-6. A single-stage impulse turbine is to be designed for the following conditions; 
initial steam at 125 psig and 400 F, exhaust at 1.5 psig, nozzle angle - 17 deg, blade 
speed - 1,000 fps, and blades arc symmetrical. Take k\ from Fig. 3-20, calculate 
k>. from Eq. (615), draw the velocity diagram, and calculate nozzle efficiency, blading 
efficiency, and combined nozzle and blading efficiency. Assume that the blade 
width = in. and pitch - M in.; draw to scale, twice size, the sections of three con¬ 
secutive blades, the blade-edge thickness (measured along the periphery) being 0.04 
in. (For method of drawing blade sections, see Fig. 6-5.) 

Calculate the horsepower delivered by the blading with a steam flow of 3 lb per 
sec. Also find the total areas at throat and exit of the nozzles. 

6-6. With the same conditions as in Problem 5-5, except that the blade-exit angle is to 
be increased to 154 deg, determine the required data. The method of drawing the 
blade section is shown in Fig. 6-6. 

6-7. Steam leaves a nozzle at 2,500 fps, the nozzle angle being 20 deg. The exit 
angle of the blades is 160 deg, and the absolute blade-exit velocity is axial. If k,, is 
taken as unity, draw the velocity diagram and find the blade velocity, the blade- 
entrance angle, the blade efficiency, and the axial thrust for a How of 1 lb per sec. 

6 -8. Show that the value of p for maximum efficiency is, in general, equal to cos a/2Z, 
where Z is the number of moving rows in a velocity-compound stage of a turbine. 
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CHAPTER 6 

6-1. A row of impulse blades has an axial width of 1 in., the blade angle at 
inlet = 30 deg and at exit = 155 deg. The bladc-cdge-thiekness coefficient = 0.875 
and o/r / = 0.45. Draw to scale, twice actual size, three blades spaced at the calcu¬ 
lated pitch. 

6-2. If an impulse turbine with symmetrical blades has a nozzle angle of 20 deg and 
a blading velocity coefficient of 0.85, determine the maximum possible bluding effi¬ 
ciency. Then, if the speed of rotation is reduced by 20 per cent, other conditions 
being kept the same and the blades still symmetrical, determine (by calculation) tin* 
maximum possible efficiency. 

6-3. A wheel of an impulse turbine has a mean blade-ring diameter of 51 in. and 
rotates at 3,600 rpin. The nozzle angle is 17.5 deg and the blades arc symmetrical. 
Choosing a value of p suitable for high efficiency, and taking proper values of k H 
and h. from the text, draw the velocity diagram (200 fps per in. scale), and determine 
the blading work and efficiency, the combined nozzle and blading efficiency, and the 
stage-enthalpy drop. Show the process on a sketch of the II-S diagram. 

6-4. The steam conditions in the annulus following the Inst row of blades in a 
3,600-rpm turbine arc: pressure 1.5 in. Hg abs, moisture 10 per cent, and average 
axial velocity component 600 fps. If the blades of the last row are 23 in. high and 
have a tip speed of 1,400 fps, what is the steam flow in pounds per second? If the 
edge thickness coefficient is 0.92, what is the velocity of the steam as it leaves the 
blade passage? 

6-6. Assume that the results found in Problem 5-5 arc: total nozzle-exit 
area - 4.0 sq in., and total nozzle-throat area - 1.70 sq in. Determine the number 
of nozzles, the nozzle-section dimensions, and the blade dimensions under the following 
conditions: The nozzle section at the throat is approximately 0.60 in. square, the 
nozzle height at exit is the same as at the throat, the blade passage is 0.12 in. higher at 
entrance than the nozzle-exit height, and the thickness of the nozzle partitions at the 
exit edge is 0.075 in. and of the blade edges is 0.030 in. Find the pitch of the nozzles. 
Calculate the blade height at exit necessary to provide the increased area necessary 
on account of the velocity decrease caused by friction (Sec. 6-5). 

6-6. In Problem 6*5, suppose that the entrance and exit angles of the blades are 
arbitrarily made 34 and 156 deg, respectively, the same nozzle proportions and nozzle- 
exit velocity V\ being used. Draw the velocity diagram, and calculate from it the 
blade-entrance and blade-exit heights. Comparing with the results of Problem 6-5, 
what heights should be used? 

6-7. With the same initial and exhaust conditions for the steam as in Problem 5-5, 
the same nozzle angle, and symmetrical blades, draw the velocity diagram for a two- 
row velocity-stage turbine, taking p =0.18 and finding the different values of kt, for 
the three rows from Eq. (615). Calculate the blading efficiency, the combined 
nozzle and blading efficiency, and the horsepower with a steam flow of 3 lb per sec. 
Draw three blade sections in each row, taking suitable widths from Sec. 6-7. Assum¬ 
ing a nozzle height of 0.80 in. at exit, calculate the exit heights of the moving and 
guide blades, and draw the section showing the blade heights and breadths to scale. 

6-8. With the same data as in Problem 6-7, except that the exit angles 180 - 71 , 
180 — 7 j, and a 2 of the blades and guides are to be reduced a suitable amount, deter¬ 
mine the same quantities required in Problem 6-7. The value of p will probably 
require changing from the value 0.18 used there. 

6-9. The maximum desired steam velocity at nozzle exit for a given type of two-row 
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construction is 2,000 fps, the nozzle angle a being 16 deg. Selecting suitable values of 
A-„, p, and h and reducing the blade-exit angles a moderate amount, draw a velocity 
diagram; the final exit velocity is to have a small component in a direction opposite 
to that of the blade velocity (this may require more than one trial). Using data from 
the diagram, find the blading work per pound of steam, the efficiency, the isentropie 
enthalpy drop for the stage, and the combined nozzle and blading efficiency. 

6-10. Investigate the effect of steam specific volume on symmetrical impulse-blading 
efficiency as follows: A nozzle set at an angle of 16 deg with the plane of rotation dis¬ 
charges steam at 1,750 fps, the blade velocity being 820 fps. Draw the entrance 
triangle to a scale of 200 fps; determine values of k b from Eq. (615) for specific volumes 
of 300, 100, 30, 10, 3, 1, 0.3, and 0.1 cu ft per lb; and complete the velocity diagrams 
and calculate the blading efficiencies for each case. Make a plot of blading efficiency 
vs. specific volume; a logarithmic scale for volume is suggested. 


CHAPTER 7 

7*1. Calculate the steam flow in pounds per second through a ring of fixed reaction 
blading having a mean diameter of 30 in.; blade height - 0.87 in., and blades are 
gaged 25 per cent. The steam is at 10 psia and 280 F on the inlet side and 31 psia on 
the discharge side of the ring: the velocity of approach is 300 fps. Make the 
calculation * 

а. Neglecting the flow through the clearance area 

б. Determining the clearance and allowing for leakage through the clearance area 
(Secs. 712 and 13-1F) 

7*2. In a certain stage of a reaction turbine, the blade speed is 400 fps, the steam 
speed ( V\ — I/j) — 550 fps, and the exit angle of the blades and vanes is 20 deg. 
Draw the diagram, find 0, and calculate the available energy per stage, the work done 
per pound of steam, and the combined nozzle and blading efficiency, neglecting 
leakage, 

а. With rj f0 = 0 

б. With rjto - 70 per cent 

7-3. A reaction stage operates with steam flowing from the fixed vanes at a velocity 
of 670 fps and at an angle of 20 deg with the plane of rotation, the velocity of the 
moving blades being 560 fps. Assume carry-over to be 80 per cent, degree of reaction 
50 per cent, and use a nozzle-velocity coefficient from Fig. 3-20. Draw a velocity 
diagram to a scale of 200 fps per in., and calculate the isentropie and the actual 
enthalpy drops per stage. Determine the blading work per pound of steam flow and 
the stage efficiency, neglecting leakage. 

7-4. A reaction stage has the same steam and blade velocities, nozzle angle, and 
carry-over as in Problem 7-3. Two different degrees of reaction are to be considered, 
however, 40 per cent and 60 per cent. Draw the velocity diagrams for each, to a 
scale of 200 fps per in., taking nozzle-velocity coefficients from Fig. 3*20. Calculate 
the isentropie and actual enthalpy drops per row and per stage, for each case; also 
determine the blading work per pound of steam flow and the stage efficiency, neglect¬ 
ing leakage. Tabulate the data from this problem with those from Problem 7*3, and 
discuss. 

7-6. Derive the relations included in Eqs. (7*21) to (7-25). 

7*6. Show how to represent the process of flow through a reaction stage on the 
II-S diagram, following the method of Fig. 5-30. Show losses and kinetic energy 
changes in each of the rows. 
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7.7. Show how to represent on the H-S diagram, following the method of Fig. 5-30, 
the flow process through a two-row velocity-compound impulse stage. Show losses 
and kinetic-energy changes in each of the rows. 

7-8. Show how to represent on the II-S diagram, following the method of Fig. 5-30, 
the How process through a two-row velocity-compound impulse stage, in which reac¬ 
tion is present due to restriction of the areas through the blade passages. Show 
losses and kinetic-energy changes in each of the rows. 


CHAPTER 9 

9-1. A two-row control stage is supplied with steam at 1,250 psig and 050 F, and its 
nozzles expand the steam isentropically to the stage 1 pressure, 025 psig. Determine 
the other conditions in stage 1, and draw the velocity diagram, assuming a - 15 deg, 
no frictional losses, no reduction of exit angles, and final exit velocity axial in direction. 
What would be the temperature experienced by the leading edges of 

а. The stationary nozzles 

б. The first row of moving blades 

c. The guide blades 

d. The second row of moving blades 

Assume that the superheated steam can be treated as a perfect gas, with k — 1.275 

and R - 86. , ... ... , 

In an actual stage: with friction and turbulence but with the same initial steam 
conditions and final pressure, what changes will there be in the temperatures at each 
of the above-designated points, if any? Explain. 


CHAPTER 13 

13-1. The radial clearance of the single blade-seal ring on the shroud band of a row 
of reaction blading is 0.04 in. The diameter over the blade tips is 60 in., and the 
pressure drops from 30 to 22 psia in going through the blading. If the steam has 100 
per cent quality at entrance, calculate the leakage in pounds per hour. Assume a 
flow coefficient B = 0.60 

13-2. Calculate the leakage through the labyrinth packing of a balance piston m 
pounds per second per square inch of leakage area, where the pressure on the high side 
is 100 psia and the steam is superheated 180 deg, and the pressure on the low side is 
50 psia. Calculate for 5, 10, 20, and 40 rings. What is your conclusion as to the 
effect of increasing the number of rings on the balance piston? ... , . 

13-3. Smooth discs arc rotated in normal atmospheric air at a peripheral speed of 
800 fps. Compare the frictional losses in horsepower for discs of different diameters 
rotating at 1,200, 1,800, 2,400, 3,600. and 6,000 rpm. 


CHAPTER 14 


14-1. Using Fig. 14-9, and the accompanying data in the text, calculate for any one 
of the condition curves the engine efficiencies for each of the five portions of the tur¬ 
bine, these being from 

a. Admission to the first extraction point 

b. First to second extraction point 

c. Second to third extraction point 

d. Third to fourth extraction point 


e. Fourth extraction point to exhaust 
Also estimate for each portion the approximate 


reheat factor and the average stage 
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efficiency, ^at can you say as to the efficiency of the stages operating in the wet 
region of this turbine, as compared with the rules given in Sec. 14-4? 

14-2. A 110,000-kw cross-compound turbine receives steam at 413 psig and MU r 
at the throttle, the conditicns at the primary valve being 410 psig and 726 F. The 
exhaust is at 1.54 in. Hg abs. The output of the generator is 110,120 kw, with a 
combined steam rate of 9.00 lb per kwhr. Determine the enthalpy and entropy of 
the end point. 

CHAPTER 16 

16-1. A 50,000-k\v, 3,600-rpm steam-turbine-generator unit is supplied with steam 
at 1,250 psig and 950 F and exhausts at 1.5 in. Hg abs. Using the data of Figs. 161 
to 1 6-3, determine the approximate over-all engine efficiency at rated load, the 
generator and mechanical losses, and the turbine steam rate, heat rate, and internal 
efficiency. What will be the steam rate at 75 per cent of rated generator output 
(neglecting change in exhaust loss)? What will it be for 50 per cent and for 25 per 
cent? Plot a curve of total steam vs. fraction of rated load. 

16-2. Determine the approximate steam rate of a single-stage noncondensing 
200-hp and 2,500-rpm turbine, using steam at 250 psig, 100 F superheat, and with 10 
psig back pressure. 

16- 3. Determine the approximate steam rate for a multistage noncondensing 
200-hp and 2,500-rpm turbine, using steam at 250 psig, 100 F superheat, and with 10 
psig back pressure. Compare the results by using two different sets of data in Chap. 
16; first by Figs. 1614 and 1615, and then by Figs. 1616 to 1618. 

CHAPTER 17 

The following design problems cover a wide range of turbine sizes and types and 
are intended to be used for practice in applications of the methods explained in the 
text for the calculation of steam and heat rates, rotor diameters, nozzle and blade 
dimensions and forms, and turbine arrangements. These design calculations arc very 
valuable for giving a clear idea of the relations of the various features of a turbine, but 
they arc time-consuming in spite of the elimination from consideration of many minor 
factors. Selection should therefore be carefully made. For an absolute minimum, 
Problem 17-5 will be found desirable, followed perhaps by Problems 17-3 and 17-4 in 
addition. With more time available, the author has had good results with problems 
171, 17-3, and cither 17-6 or 17-7, with the addition of 17-2 and 17-8 if possible. 

17- 1. A multistage impulse steam turbine running at 3,600 rpm and delivering 
2,500 hp at the coupling receives steam at 165 psig and 600 F and exhausts at 2 in. 
Hg abs. The blade speed (at mean blade height) is not to exceed 725 fps, all stages 
arc to be of the same diameter, and the nozzle angle is 20 deg. Selecting proper design 
data from the text and making suitable allowances for the various losses, 

a. Determine the number of stages, the blading, stage, and engine efficiencies, the 
ideal and actual steam rates, and the pounds of steam supplied per second. Determine 
the stage pressures by preparing an “energy distribution table’' like Table 171. 

b. Determine the nozzle areas, nozzle and blade heights, arcs of partial admission, 
and actual disc friction. With the same leakage loss assumed in a, and allowing for 
moisture losses in the wet stages, calculate the turbine output in horsepower. (Note: 
If Problem 17-5, 17-6, or 17-7 is to be solved, part b may well be omitted.) 

17-2. Determine the principal dimensions of the wheels, blading, and nozzles of a 
4,000-rpm condensing turbine delivering 400 hp to the coupling of the machine through 
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reduction gearing. Steam is supplied at 250 psig and 500 F, and the exhaust is at 1 in. 
psig. Consider the use of 1 or of 2 two-row wheels, and select the one that is pref¬ 
erable. Determine the same quantities as in Problem 17-1 (sec note in Problem 17-1). 

17-3. Find the maximum possible flow of steam in pounds per second for a leaving 
loss equivalent to 12 Btu in a turbine rotating at 1,800 rpm with a maximum blade 
speed at mean blade height of 600 fps. The maximum allowable blade height is 20 
per cent of the mean blade-ring diameter, the final pressure is 1 in. Hg abs, and the 
final entropy is 1.78. 

17-4. Make a provisional calculation of the low-pressure stages of the turbine in 
Problem 17-3, starting at the last and proceeding backward until normal conditions 
arc reached, these being, in this case, a nozzle angle of 18 deg. Blade-entrance and 
blade-exit heights are to be equal until normal stages arc reached. Find the blading 
efficiency of the normal stage. (Note: If Problem 17-6 or 17*7 is to be solved, this and 
the previous problem may well be omitted.) 

17*6. A turbine generator which delivers 2.500 (or 5,000 or 7,500) kw of electrical 
energy at 3,600 rpm, with steam at 250 psig and 600 F, and exhausting at 2 in. Ilg abs, 
is to have a two-row wheel (nozzle angle = 16 deg), followed by single-row stages of 
constant diameter (nozzle angle - 20 deg). It is desired to keep the steam velocity 
at exit from the stage 1 nozzles down at least to 2,000 fps, and at exit from the nozzles 
of the single-row stages, to 1,400 fps. Determine the probable steam rate. Design 
stage 1; determine the steam conditions at the end point of stage 1, which will be the 
initial conditions for the remainder of the turbine consisting of single-row stages. 
Determine the number of single-row stages, and complete their design. Make a 
check calculation of the output, allowing for reduction of efficiency in the wet stages 
due to the moisture and due to increase in the nozzle and blade angles of the last 
stages, if any. 

17-6. A turbine generator is to deliver 7,500 (or 10,000 or 11,500) kw of electrical 
energy at 3,600 rpm, with steam at 600 psig and 825 F, and exhausting at 1.5 in. Hg abs. 
It is to have a two-row control stage, followed by single-row pressure stages with 
diameters increasing toward the low-pressure end. The blade speed of the two-row 
wheel shall be approximately 400 fps; the diameter of the first single-row stages shall 
be such that the blade height there is not less than 2 per cent of the mean diameter or 
less than 0.6 in. A nozzle angle as low as 15 deg is allowable for the first stages if 
necessary. The maximum blade speed of the single-row stages is not to be above 900 
fps, 850 being used if possible, and the blade-height ratio must not be over 0.30. The 
turbine is to be designed for straight condensing operation, with nozzle control in the 
first stage. (Note: The turbines of Problems 17-6 and 17-7 are representative of the 
type most widely used at the present time. The outline of a suggested method of 
design is given in Sec. 17-5. > 

17-7. The turbine design is to be similar to that in Problem 17-6, except that the 
power output is to be 15.000 (or 20,000) kw, with steam at 850 psig and 900 F. The 
blade speed of the two-row wheel may be as high as 450 fps and of the single-row wheels 
as high as 950 fps. The blade-height ratio is not to be over 0.33. 

17-8. A superposed turbine generator is to develop 40,000 kw at 3,600 rpm. The 
steam conditions are: initial, 1,250 psia, 950 F; and exhaust, 450 psig. ( onsideration 
is to be given to a control stage with one or with two rows of blading and the most 
desirable arrangement used. The single-row stages are to have wheels of constant 
mean diameter. In order to secure blades of sufficient height to be satisfactorily 
efficient, small blade velocities in the single-row stages must be used; likewise moderate 
steam velocities are used in the control stage, for good efficiency. 
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17-9. Determine the principal dimensions of the wheel, blading, and nozzles of a 
6 000-im condensing turbine, delivering 250 hp to the coupling of the machine, 
through reduction gearing. Steam is supplied at 150 psig and 500 F, and the exhaust 
is at 4 in. Hg abs. The turbine is to have a single two-row wheel. 

17-10. A mechanical-drive turbine running at 3,600 rpin delivers 100 hp through 
reduction gearing. It is supplied with saturated steam at 150 psig and operates 
against 3 psig back pressure. It is to have a single-row wheel, with a blade velocity 
of 900 fps. Determine the principal dimensions. 
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A 

Absolute velocity (sec Velocity) 

A-c generators, speed requirements of, 9 
vibration of, 329 
Accumulator, heat, 13 
Acoustic velocity, air, 75 
ideal gas, 75 
steam, 75, 79 
Adiabatic process, 60 
Admission, partial or full, 4, 91, 252, 334 
Advantages of turbines, 13 
Aerodynamic considerations, 270 
Airfoil nomenclature, 277-278 
Airfoil sections, 277 
Airfoil treatment of blading, 282-287 
Angle, of deviation, 102 
of flow, variation of, with radius, 236- 
240 

Angle exaggeration, 102 
Angles, blade (see Blading) 
nozzle (see Nozzle) 

Arc, nozzle (see Nozzle) 

Area ratio, in nozzle sections, 120-121 
in tapcred-blade sections, 361 
AS ME Steam Tables Committee, 64 
Aspect ratio, 103, 277, 292 
Attack, angle of, 280 
Available energy, 59, 61, 130 
(See also Distribution) 

Axial clearance (see Clearance, axial, 
radial) 

Axial flow, 7, 144 

Axial pitch (see Blading, reaction) 

Axial thrust, impulse turbine, 5, 151 
reaction turbine, 224 

B 

Backing turbine, 8, 268 
losses in, 384 

Back-pressure turbine, 10, 257 
governing of, 435 

Balance or dummy pistons, 5, 226, 379 


Balance holes, 204 

Balancing of rotating parts, 310-316 
Bearings and bearing friction, 349-351, 
385 

Bernoulli equations, 271 
Blade base entry, radial or axial, 355 
Blade centrifugal stability, 361 
Blade efficiency (see Blading) 

Blade fastenings, 353, 360 
Blade height ratio, 166, 181 
Blade loads and stresses, 353 
Blade materials, 368-369 
Blade ring, 151 
Blade-ring assemblies, 345 
Blade shielding, stellite, 177 
Blade speed (see Blading, impulse, reac¬ 
tion) 

Blade testing, 241-246 
Blading, Baumann multiple-flow, 7 
impulse, 139-205 
angle, at entrance for, 170 
at exit for, 178 
axial thrust in, 5, 151 
breadth of, 179 
carry-over in, 160-164 
clearance in, 5, 202 
radial, flow through, 203 
cover for, 182 

definition and purpose of, 139 
drawing sections of, 169 
edge thickness in, coefficient of, 168 
effect of, 168 

efficiency of, condition for maximum 
theoretical value of, 150 
definition of, 149 
variation in, with angle of deflec¬ 
tion, 196 

with blade speed and speed 
ratio, 198-200 
with blade width, 180 
with ratio of carry-over, 1 GO- 
164 

energy loss in, 150 
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Blading, impulse, form for, 165-167 
friction in, 146, 195 
height of, 181-185 

increase of, at exit, 179 
limitation of, maximum, 166 , 181 , 
186 

minimum, 185 
ratio for, 166, 181 
passage width in, 166-167 
pressure distribution in, 168 
pitch of, 165-167 

radius of curvature of face in, 105- 
166 

shrouding for, 166, 205, 363-366 
speed for, 201-202 

effect of change of, 170 
speed ratio for, 140, 198-200 
velocity coefficient for, 195-198 
velocity diagrams for, 142-146 
extended, condensed, polar, 144- 
145 

warped or twisted, 172, 236 
work done by, simple turbine, 146- 
149 

velocity stage, 157-158 
reaction, 206-232 

angles at entrance and exit for, 219 
axial thrust with, 224 
breadth of, 220 
carry-over in, 210, 212 
clearance in, 221, 226 
edge-thickness coefficient in, 215 
efficiency of, 213, 235 

conditions for maximum, 211 
as a nozzle, 209 

variation in, with blade speed, 213 
with blade width, 213 
with carry-over, 212 
end tightening in, 367 
form for, 215-217 
friction in, 287, 292 
gaging of, 218 
height of, 220 

limitation of, maximum, 221 
minimum, 221 

variation of, along rotor, 222-224 
lashing for, 227 
leakage at tip in, 221 
pitch of, 218 

axial, of rows, 227 


Blading, reaction, shrouding for, 227 
263 

side-entry ( see Entry) 
speed for, 214 
stage of, definition of, 206 
efficiency of, 211 
tapered, 222, 356 
thinning at tip in, 368 
velocity diagram for, 206-208 
general, 228 
warped, 222, 236 
work done by, 208, 230 
velocity-stage, 188-194 
angles for, 193 
breadths of, 194 
efficiency of, 158, 200-201 
guide for, 3, 154, 188 
height of, 193 
stage-height ratio, 193 
reheat in, 494 
shielding for, 190, 382 
speed ratio for, 200-201 
velocity diagrams for, 155, 191 
nomenclature, 193 
work done by, 157, 211 
distribution of, 158 

Bleeder turbine (see Extraction turbine) 
Boundary layer, 287 
separation of, 289 
Buckets, 8 

(See also Blading, impulse, reaction) 
By-pass, external, 252 
internal, 254 

By-pass governing (see Governing, by¬ 
pass) 

C 

Camber, 278 
Capability, turbine, 453 
Carbon packing, 4, 370, 378-379 
Carry-over, 160-164, 210-212, 400 
Casing, conical, 148 
Centrifugal-force effects, 195, 236 
Centrifugal stability of blades, 360 
Charts of steam properties, 62-64 
Circulation, 279 
Classification of turbines, 2 
Clearance (see Blading, impulse, reaction) 
axial, radial, 367 
leakage through, 380-381 
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Coefficient, of discharge, 84, 126-127 
edge-thickness, 103 
of impulse blade, 168 
of nozzle partition, 103 
of reaction blade, 215 
of lift and drag, 280 
of steam velocity in blades, 197 
Bclluzo’s equation for, 196 
of steam velocity in nozzles, 84, 107 
for superheated steam, 87 
for wet steam, 128 

Combination turbine, impulse and reac¬ 
tion, 5 

pressure and velocity-stage, 4 
Comparisons, of engines and turbines, 13 
of reaction and impulse turbines, 13, 
232-235 

Compound turbine, 6, 250 
Compounding, 153-154 
Condenser, vertical tube, 389 
Condition curve, definition of, 402 
for different turbines, 410-415 
forms of, 412-415 
effects of throttling on, 410 
relation of, to stage efficiency, 412- 
414 

Robinson’s method for, 406 
for 70 and 80 per cent stage efficiencies, 
406-407 

Conical flow sheet, 148 
Control, nozzle (see Governing) 

Control stage, single-row, 256 
two-row, 251-255 

Control of steam turbine, operational, 436 
Convergent nozzle (see Nozzle) 

Correction factors, for superheat and part 
load, 451 
Cover, 182 
Creep, 331 

Critical pressure and pressure ratio, 71-72 
experiments in, 118-119 
of a perfect gas, 70-71 
of steam, 73, 80 
Critical velocity, 75 
of a gas, 74 
of steam, 75, 79-82 

Cross-compound turbine, 6, 36-37, 456 
Cross-over pipe, 289 
Cruising turbine, 267 
Cumulative energy, 401 


Curtis turbine, Curtis stage, 4 
Cut-out governing (see Governing, nozzle 
control) 

Cycle, turbine, 51 
Rankinc, 51-55 
regenerative, 56-58 
reheating, 55-56 
Cylinder construction, 333 
double shell, 336 
Cylinder joint and flanges, 338 
Cylinder rings, 345 

D 

Damping, 324-327 

Deflection, flow, 145, 159 

Degree of reaction, 209 

Deposits in nozzles and blading, 464-466 

Design, data required for, 408 

impulse-turbine, pressure-stage, 468- 
482, 498-504 
simple, 151-153 
nozzle (see Nozzle, design of) 
preliminary, of final stages, 482-489 
velocity-stage turbine, 489-497 
Deviation of flow, for blades, 170 
for nozzles, 101 

Diagrams, velocity (sec Blading, velocity 
diagrams for) 

Diaphragm, 4, 95-96, 345 
extraction, 433 

Diffusing type steam valve, 425 
Dimensions of flow, 273 
Disc friction, 382 
Discharge from nozzle, 70, 73 
coefficient of, 84, 105 
volume, 81-82 

Distribution, of available energy, 159 
in six-stage impulse turbine, 401 
in ten-stage impulse turbine, 473 
in two-stage Curtis turbine, 489 
of pressure, in a blade passage, 292 
in a nozzle, 118-124 
of reheat in an impulse stage, 161-162 
of work in a velocity stage, 158 
Divergence of nozzle walls, 96 
Divergence ratio, 100 
Divided-flow turbine, 7 
Double-flow turbine, 6 
Double-motion turbine, 10 



526 


STEAM TURBINES 


Drag, 278 

induced and profile, 281 
Drag-lift ratio, 281 
Dummy-piston (see Balance piston) 

E 

Edgc-thickness coefficient (see Coefficient) 
Efficiencies, general lists of, 52-53, 399- 
400 

Efficiency, blading (see Blading, impulse, 
react ion) 

carry-over, 100, 210, 212, 400 
combined nozzle and impulse-blading, 
150 

combined nozzle and reaction-blading, 
210 

efficiency curves of constant internal, 
400-407 
engine, 452 
external, 53, 399, 502 
internal, 52, 399 
generator, 393 
hydraulic, 400 
leakage, 378 
mechanical, 393 
rotational, 399 
stnge, 400 

effect of high pressure on, 258 
less in wet region, 175-170, 412 
thermal, 52, 399 
Efficiency ratio, 399 
Ellenwood and Mackey charts, 04 
Emergency valve, 421 
End effect, 103 
End point, definition of, 402 
determination of, 409-410 
End thrust (see Axial thrust) 

Energy distribution (see Distribution) 
Energy equation, 01 

Energy loss in nozzles and blading, com¬ 
parison of, 150 
Enthalpy charts, 02 

Entrance angle (see Blading, impulse, 
reaction) 

Entry of blade base into rim, radial or 
axial, 355 
Erosion, 177 
Exhaust loss, 388 
Exhaust turbine, 12 


Exit angle (see Blading, impulse, reac¬ 
tion) 

Expansion line, path or curve (see Condi¬ 
tion curve) 

Expansion, losses from, 110 
over and under, 115, 123 
reversibility of, 59 
of turbine structure, 341-344 
Expansion ratio, 120 
Experiments, on blading, 241-247 
on nozzles, 104-117, 119 
Exponent for expansion, 73-74, 128 
Extraction diaphragm, 433 
Extraction factor, 435 
Extraction turbines, 11 
governing of, 431-435 
performance of, 401-403 
Extraction valves, grid and poppet types, 
433 

F 

Factor, extraction (see Extraction factor) 
power (see Power factor) 
reheat (see Reheat factor) 
stress-amplification, 362 
Fanning loss, 382 
Float of rotor, 203 
Flow, of air, 72, 81 
critical, 71-72 
axial, 7, 144, 146 

compressible and incompressible, 271 

in curved passages, 291 

dimensions of, 273 

helical, 8 

of ideal gas, 74 

nomenclature of, 60 

radial, 8 

of steam, 60, 65-67, 81 
compared with air, 80 
experiments in, 104 
superheated, 73 
wet, 74, 124, 127 
equilibrium method, 124-125 
two-phase method, 125 
streamline or laminar, 274 
subsonic, supersonic, transonic, 297, 
302 

tangential, 8 
turbulent, 274 
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Flow coefficients (see Coefficient) 

Flow deflection, angle of, 178-17!) 

Flow separation, 289 

Flow sheet, cylindrical, conical, 148 

Fluid, compressible and incompressible, 

270-271 

Friction (see Bearings; Blading, impulse, 
reaction; Nozzle) 

Full-valve point, 447-455 

G 

Gaging, 218 
Geared drive, 9-10 
losses in, 394 

Generator, efficiency of, 393 
overloads on, 445 
power factor of, 4G4 
speed requirements of, 9 
vibrations in, 329 
Governing, aim, 420 
by-pass, 257, 446 
valve, external, 252 
internal, 254 

effect on condition curve, 442 
of extraction turbines, 431-435 
general considerations in, 438 
by nozzle control or cut-out, 441,.443 
of reheating turbines, 435 
by throttling, 441 
Governor, hydraulic, 4, 425 
mechanical, 4, 421 
Governor regulation, 426-430 
dead band, 427, 431 
hunting, 428, 434 
isochronous, 427 
sensitivity of, 428 
speed changer for, 428 
stability of, 428, 431 
Governor valve, 3, 420 
Guide blades, 3, 154 

H 

Heat rate, 52, 400 
Heat-rate curves, 452 
Height ratio, blade, 166, 181, 221 
stage, 193 
Helical flow, 9 


History of steam turbine development, 
247-248 

Hood, exhaust, 333 
Hood losses, 388 
Hunting, 428, 434 

I 

Iin pact-tube method of flow-velocity 
survey, Kraft & Berry, 110-114 
New, 242-245 
Impulse, 139, 146 

Impulse blading (sec Blading, impulse) 
Impulse-reaction turbine, 5 
Impulse turbine, 3-5 
Impulse-turbine design (see Design) 

Index for expansion (see Exponent) 
Industrial turbine, 12, 435 
Inlet pressure, 386 
Instruments, supervisory, 437 
Intercepting valve, 436 
Interference indicator, 438 

J 

Jet, deviation of, 102 
expansion or compression of, at exit 
from nozzle, 78, 123 
Jet-impulse tester, 109-110 
Jet-reaction tester, 106-108 

L 

Labyrinth (see Packing) 

Lag. angle of, 311 
Lashing, 365 
Lead, nozzle, 194 
Leakage, balance-piston, 380-381 
carbon-packing, 372 
diaphragm-packing, in impulse turbine, 
379 

calculation of, for 10-stage turbine, 
479 

labyrinth-packing, 379 
losses through, 370 
past reaction blade tips, 380 
shaft-gland, 377 
Leakage efficiency, 378 
Leak-off, packing, 377 
Leaving-velocity loss, 387 
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Lift, aerodynamic, 278 
Lift bar or lift cam for governor, 424 
Ljungstrom steam turbine, 8 
Ixmd, most economical, 438 
no-load and overload, 440 
locomotive turbine, 200-262 
Ix>sses, bearing friction, 351 
drum friction, 384 
electrical, 393 
exhaust, hood, 388 
total, 390 

leakage (sec Leakage, losses through) 

leaving velocity, 387 

mechanical, 393 

moisture (see Moisture) 

over-and under-expansion, 115 , 123 

radiation, 380 

rotational, 381 

calculation of, for 10-stngc turbine, 
479 

fa.ming, 382 
for two-row wheels, 383 
steam-pressure, 380 
tip friction, 212 
variation of, with load, 395 
water-sealed gland, 370 
Low-pressure end, 187, 249 
Low-pressure turbine, 12 

M 

Mach lines, 303 
Mach number, 295, 297 
Maintenance of turbines, 14, 430-438, 464 
Marine turbines, 263-268 
Materials, 331-333 
of blades, 368-309 
damping capacity of, 327 
of cylinder, 335 
Mixed-pressure turbines, 11 
Models, use of, 105, 295-290 
Moisture in steam, 124 
effect of, on blading efficiency, 175- 
176 

on condition line, 488 
on erosion, 177 
on exit velocity, 128 
on nozzle-discharge coefficient, 127 
Mollier diagram, for steam, 04 
Multiple-flow blading (see Divided flow) 


N 

Noncondensing turbine, 10 
Nozzle, angle of divergence of, 96 
angle of position of, 100 
arc, 89 

condition of steam at exit of, 87 
control valve for, 4 
convergent, 77-79, 82, 87 
convergent-divergent, 83, 88 

critical pressure (see Critical pressure) 
curvature of, effect of, 124 
definition and object of, 59 
design for, 66-68, 82-83, 87-88 
diaphragms for, 4, 91 
efficiency of, 85-87 
exit area of, 83-88 
nominal, 97 
exit velocity of, 65, 86 
experiments on, 104-118 
flow in, 103 
form of, 84, 89-100 
height of, 102-104 
ideal, 59, 75 
length of, nominal, 97 
over- and under-expansion of, 115, 123 
reamed, 89 
reheat in, 85-86 
testing of, 104-114 
throat of, 69 

positive and negative, 100 
velocity coefficient of, superheated 
steam, 84, 87 
wet steam, 128 
Nozzle block, 89, 188 
Nozzle friction, 83-85 
Nozzle packs, 106-114 
Nozzle partitions, 90, 94, 180 
edge-thickness coefficient of, 103 
Nozzle pitch, 102 
Nozzle plate, 89 
Nozzle profiles, 67, 97-100 

O 

Obliquity of nozzle exit, 97, 107 
Outages, 14 

Overexpansion (see Expansion) 

Overlap, 182 
Overloads, 445 
Overspeeding, 171 



INDEX 


529 


P 

Packing, of balance piston, 377-378 
pressure drop in, 379 
carbon, 4, 370, 378 
diaphragm, 92, 375 
of glands, high-pressure 370, 377 
low-pressure, 377 
steam-scaled, 374 
water-sealed, 370 
labyrinth, 92, 372, 375 
clearances for, 376 
Packing losses (see Leakage) 

Parsons turbine, 5 
(See also Blading, reaction) 

Partial admission (sec Admission) 
Part-load operation, 171 
Performance of turbines, 450-404 
Pilot valve, 421-422 

Pistons, balance or dummy (see Balance 
piston) 

Pitch (see Nozzles; Blading, impulse, 
reaction) 

Power factor, 464 

Preferred Standards (see Steam turbine, 
standardization of) 

Preliminary design of final stages, 482-489 
Pressure, critical (see Critical pressure) 
distribution of, in blade passages, 167, 
292 

in nozzle, 118-124 
inlet, 439 
throat, 69 

Pressure connections in turbine, 440 
Pressure ratio, 70 
critical, 71 

Pressure staging, 4, 159-160 
Pressure variation in turbine stages, 439, 
448 

Propeller and turbine speeds, 9 

Q 

Quality factor, 418 
Quality of steam, 62 

R 

Radial clearance (see Clearance, axial, 
radial) 


Radial flow, 8 
Radiation, 386 
Rankinc cycle, 51 
Rateau stage or turbine, 4 
Rating of turbine, 445, 452 
Reaction, blading (see Blading, reaction) 
definition of, 141 
degree or percentage of, 209, 230 
in impulse blading, 184, 194 
Reaction method of measuring flow veloc¬ 
ity, 106-109 

Reaction stage, definition of, 206 
Reaction turbine, 5 

general considerations for, 206-208 
pure, 21 In. 

Recompression, 122 
Reduction gearing, 9-10, 394 
Reentry turbine, 9, 193 
Regenerative cycle, 56 
Regenerative turbine, 11 

amount of steam extracted by, 416 
Regulation (see Governor regulation) 
Reheat, in blading, 161 
in nozzles, 85-86, 161 
in stage, 161, 400, 494 
Reheat cycle, 55 
Reheat factor, 401 
Reheating turbine, 12, 258-260 
governing of, 435 

Relative velocity (see Velocity, relative) 
Relaxation, 332 
Repairing of turbines, 50 
Repeated-flow turbine, 9 
Resonance, 312 
Reversing chamber, 8 
Reversing of a turbine, impracticability 
of, 8 

Reynolds, Osborne, 75 
Reynolds number, 293-296 
Rings, cylinder, 345 
Rotation, free-vortex, 236 
solid, 236 

Rotation losses (see Losses, rotation) 
Rotation speed, 9 
Rotor, conical, 5 
drum-type, 225, 226 
high-pressure, 347 
hollow, 346 
low-pressure, 347-349 
stepped, 225 
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Rubs, 14, 464 
Runaway speed, 173, 260 

S 

Schlieren process, 305 
Seals, 370-381 
blading, 367 

Searching-tube experiments, 118-119 
Servomotor, 421 

Shielding blades, to reduce erosion, 177 
to reduce rotational loss, 189, 328-383 
Shock, normal, 122, 302, 306 
oblique, 123, 302, 307 
Shrouding (see Blading, impulse, reac¬ 
tion) 

Similarity, dynamic, 105, 294 
Single-flow turbine, 6 
Single-motion turbine, 10 
Single-pass turbine, 9 
Single-stage turbine, 3, 151-153 
Speed, of rotation, 9 
total wheel, 417 
Speed changer, 428 

Speed ratio (see Blading, impulse, reac¬ 
tion) 

Stage, efficiency (see Efficiency) 
pressure, 4 

size limitations of, 249 
Stage-height ratio, 193 
Staging or compounding, 153-154 
Stagnation conditions, 61, 272 
Stalling, of flow around an airfoil, 290 
of turbine, 174 

Standardization (seeSteam turbine,stand¬ 
ardization of) 

Steam charts, 62-64 
Steam Nozzles Research Committee, 
109-110 
Steam rates, 52, 400 
condenser, 58, 450 
curves of, 452 
throttle, 58, 450 

Steam turbine, advantages of, 13 
classifications of, 2 
definition of, 1 

standardization of, 268-269, 452-455 
Stellite shields, 177 
Stop valve, 420 

Straddle mounting of blades, 355 


Suction effect, 151 
Superheated steam, flow of, 73, 81 
Superposed turbine, 10, 257 
performance of, 457 
Supersaturation (see Undercooling) 
Supervisory instruments, 437 
Surface tension, 133, 136 
Symbols, energy and efficiency, 52-53 
general list of, xiii-xvi 
velocity, 142-144 
Synchronous speed, 170 

T 

Tandem compound, 6, 457 
Tangential flow, 8 

Temperature changes, effects of, 333, 
341-344 

Temperature-entropy diagram, 63-64 
Temperature variation in stages, 252- 
254 

Testing, of blades, 241-246 
of nozzles, 104-114 
Thermal efficiency, 52, 399 
Thickness of nozzle partition and blade 
edges (see Blading, impulse, reaction) 
Throat, 69, 74, 96 

positive and negative, 100 
(See also Nozzle) 

Throttling control for governing, 441 
Thrust on rotor (see Axial thrust) 

Thrust bearing, 224-225 
Tip leakage (see Leakage) 

Topping turbine, 10, 257 
Total pressure and temperature, 61, 272 
Total wheel speed, 417 
Tuning of vibrating parts, 319, 322 
Turbulence, in blade passages, 167-168, 
292 

in nozzle passages, 103 
Twisted or warped blading, 236-241 

U 

Unbalance, 311 
Undercooling, 79, 128-131 
Undercooling limit, 131-138 
Underexpansion (see Expansion) 
Underspeeding, 171 
Unloading valve, 426 



INDEX 


531 


V 

Valve, extraction, grid- or poppet-type, 
433 

governor, 420 

intercepting, 436 

nozzle control, 446 

primary, secondary, tertiary, 446 

unloading, 436 

Vanes, 5, 90 

Velocity, absolute and relative, 140, 142 
blading (see Blading, impulse, reaction) 
critical (see Critical velocity) 
of flow (see Flow) 
of whirl, 144 

Velocity coefficient (see Coefficient) 

Velocity diagram (see Blading, impulse, 
reaction, velocity-stage) 
general, 228 

Velocity stage, 3, 154-157 
design for, 489-497 
efficiency and work of, 157-158 


Vertical compound turbine, 6 
Vibration, 104, 194, 310 
of blades, 320-326 
of discs or wheels, 316 
of generator, 329 
modes of, 317, 321 

Vibration-stress-amplification factor, 362 

W 

Wake, 103, 290 
Washing turbine deposits, 456 
Water catcher, 176, 222 
Water rate (see Steam rate) 

Water-sealed shaft gland, 370 
loss in, 385 

Wet steam, flow of, 74, 81, 124 
Wheels, stresses and tests for, 351-353 
Whirl velocity, 144 
Willans line, 440 

Wilson line or limit, 129, 131-138 
on Mollicr chart, 135 
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